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Abstract

:

In the present work, the effects of different operating parameters on the performance of a gravity-assisted heat pipe-based indirect evaporative cooler (GAHP-based IEC) were investigated. The aim of the theoretical study is to evaluate accurately the cooling performance indicators, such as the coefficient of performance (COP), wet bulb effectiveness, and cooling capacity. To predict the effectiveness of the air cooler under a variety of conditions, the comprehensive calculation method was adopted. A mathematical model was developed to simulate numerically the heat and mass transfer processes. The mathematical model was validated adequately using experimental data from the literature. Based on the conducted numerical simulations, the most favorable ranges of operating conditions for the GAHP-based IEC were established. Moreover, the conducted studies could contribute to the further development of novel evaporative cooling systems employing gravity-assisted heat pipes as efficient equipment for transferring heat.
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1. Introduction


According to the Energy Information Administration (EIA), energy from fossil fuels will be responsible for 78% of the total energy consumption in 2040, despite the still growing use of non-fossil fuels (e.g., renewable and nuclear energy). The predicted world energy consumption will rise by 48% in 2040 [1]. Hence, sustainable development based on renewable energy sources is an essential part of rational energy policy. In addition, the building sector significantly affects the world’s total energy consumption. Energy consumed in the building sector accounts for 20.1% of the total energy consumed worldwide [1]. Moreover, large portion of this energy is used by HVAC (Heating, Ventilation, and Air Conditioning) systems [2]. Thus far, several research efforts have been made on reducing the energy consumption in a variety of HVAC systems [3,4,5,6]. Furthermore, due to the significant electricity consumption in traditional air-conditioning systems, the need for novel solutions for maintaining thermal comfort in indoor environments is increasing [7,8,9].



Energy-saving air-conditioning systems have an enormous potential to benefit from evaporative cooling [2,10,11]. Evaporative cooling is able to generate cooling energy through water evaporation. It can be divided into direct evaporative cooling (DEC) and indirect evaporative cooling (IEC). The main drawback of the DEC systems is the increase of moisture content in the product air due to direct contact with water. In typical IEC systems, product air in the dry section of the air cooler is cooled with constant moisture content. In the wet section of the air cooler, working air absorbs a large amount of latent heat by water evaporation. Therefore, an IEC system is more applicable due to the reduction of the air temperature while its moisture content remains constant. As a result, IEC systems can reduce electricity demand significantly compared to mechanical vapor compression refrigeration systems.



Nowadays, the development of IEC systems technology has gained much attention among researchers. Hence, experimental and numerical studies on evaporative coolers are reported in a number of research papers. Tariq et al. carried out numerical studies of a regenerative counter flow evaporative cooler [12] and cross-flow-type Maisotsenko evaporative cooler [13]. The thermal performance enhancement was obtained by the addition of nanoparticles in the wet channel. The improvement of the cooling effectiveness, cooling capacity, and energy efficiency ratio was achieved due to the enhanced heat and mass transfer characteristics of nanofluids compared to the water. A low concentration of nanofluid was recommended for the optimal design of an IEC system. Liu et al. [14] conducted an experimental and numerical study of a high-efficiency IEC system approaching ambient air dew point temperature. Due to an optimized air and water flow arrangement, the wet-bulb efficiency of the proposed evaporative cooler was increased by 29.3% and the coefficient of performance (COP) was increased by 34.6%, compared to the commercial unit of the same capacity. Al-Abbasi and Al-Alawi [15] analyzed numerically the performance of the IEC system with regeneration. In order to obtain higher accuracy, the CFD technique was applied. The developed model was validated against existing experimental data, and the simulations were in close agreement. An IEC system with selected design parameters was evaluated in real condition for two hot climates in the Middle East: dry and humid, respectively. The IEC system for the arid climate was more efficient and was able to reduce the temperature by 18 to 22 °C. However, a temperature drop of around 13 °C was obtained on average for humid conditions. Wang et al. [16] presented a comparative study of the cross-flow regenerative IEC cooler and the conventional cross-flow IEC cooler. The applicability of the two coolers was studied numerically. The impact of the main operating parameters on the cooling performance of the IEC coolers was analyzed, and it was revealed that the regenerative IEC cooler is more favorable than the conventional IEC cooler under a low-supply air flow rate for a standalone mode.



The incorporation of IEC devices and conventional HVAC systems into hybrid HVAC systems is a promising application method for evaporative cooling. In moderate and humid climates, it allows reducing the peak electricity demand. The possibilities of IEC implementation in conventional air-conditioning systems were introduced in previous studies [17,18,19,20]. Moreover, Belusko et al. [21] studied the performance of the CO2 refrigeration system coupled with an IEC system. The performance of the CO2 refrigeration system was improved by reducing the periods during which it operates in transcritical mode.



There is a research gap dealing with the durability of evaporative coolers and the microbiological quality of supply air in the IEC systems. Adverse health effects related to the microbiological quality of air in air-conditioned spaces are increasing. Moreover, indoor air quality is becoming an important issue for public health [22,23,24]. The typical heat and mass exchanger for evaporative cooling comprises a stack of thin plastic sheets that are densely packed. It is worthy to note that the typical design of the evaporative cooler can cause difficulties in cleaning, which can lead to bacterial growth on the wet surface of a heat exchanger. As a result, there is a possible supply air contamination due to air leakage. One way to avoid these obstacles is an application of cheap and replaceable materials [10,25]. However, it may lead to the production of a lot of waste. According to a review study of the membrane processes for HVAC systems [26], the application of membranes has the potential to solve issues related to biological growth in the evaporative cooler core. The structure of the membrane is able to prevent the transmission of microorganisms due to the small pores. As a result, a sanitary evaporative cooler may be designed. Englart [27] revealed the use of a hollow fiber membrane module for semi-direct air evaporative cooling. It should be noted that a relatively high air pressure drop was observed. However, satisfactory energy efficiency ratio (EER) indicators were achieved.



In order to address the aforementioned essential concerns, this paper proposes a comprehensive analysis of the gravity-assisted heat pipe-based indirect evaporative cooler (GAHP-based IEC). Nowadays, the development of heat pipe-based heat exchangers technology is continuously increasing due to the strong potential for energy savings. In addition, the significant reduction in the manufacturing costs of heat pipes in recent years was reported [28,29,30]. The study related to the use of heat pipes for indirect evaporative cooling was presented by Riffat and Zhu [31]. They evaluated the performance of the heat pipe-based heat and mass exchanger for building cooling. System properties such as the cooling capacity and temperature drop under steady operating conditions were investigated. Fins were used in order to increase the convective heat transfer in the evaporator section of the heat pipes. Moreover, a porous ceramic water container was adopted around the condenser section. As a result, a high cooling efficiency could be achieved under proper operating conditions such as dry and windy weather and a reasonable inlet air velocity of 0.6 m/s. More recent research studies in the area of heat pipes implementation for indirect evaporative cooling were reported by Boukhanouf et al. [32] and Alharbi et al. [33]. Boukhanouf et al. proposed an approach that combines finned heat pipes in a dry channel and porous ceramic tube modules in a wet channel. Alharbi et al. disclosed a prototype made of integrated finned heat pipes and water-filled hollow porous ceramic cuboids. The design, mathematical modeling, and experimental work were presented. It was concluded that the concept of the implementation of heat pipes as an alternative to plate heat exchangers offers low maintenance cost, a durability of core components, and no environmentally harmful plastics materials in core components, and they can be manufactured and assembled easily. However, the investment cost should be considered, too.



In this context, this work intends to discuss a novel design of heat and mass exchangers. Figure 1 presents the schematic of the GAHP-based IEC with a staggered tube arrangement. Its working principle lies in the implementation of a gravity-assisted heat pipe (GAHP) as a heat transfer device. A GAHP, also known as a two-phase closed thermosiphon or wickless heat pipe, is a special type of heat pipe where working fluid circulation happens inside it due to gravity [34]. There are three characteristic regions including the evaporator, adiabatic section, and condenser. The condenser of a GAHP always has to be placed above the evaporator. In addition, a continuous flat-plate fin was applied for the heat transfer enhancement in the dry channel. As far as the authors know, no research work has been presented on the usage of a wickless heat pipe in evaporative cooling technology.



The main objective of the present study is to evaluate the cooling performance indicators of the novel GAHP-based IEC, such as the coefficient of performance (COP), wet bulb effectiveness, and cooling capacity. The effects of the chosen operating parameters are analyzed based on their impact on the cooling performance indicators. In order to establish the most favorable ranges of operating conditions for the GAHP-based IEC, comprehensive numerical simulations will be performed.




2. Methods


To enhance the cooling performance of the GAHP-based IEC, the regenerative configuration of an IEC was applied (see Figure 1). In general, in the regenerative operating mode, a certain fraction of the product air leaving the dry channel is diverted to the wet channel. Since the working air is indirectly pre-cooled and has a lower wet bulb temperature in comparison with the intake product air, a lower supply air temperature can be achieved.



During operation, the product air flows along the dry channel, transferring its sensible heat to the wet channel. As a result, the product air temperature decreases without a humidity ratio change. Then, part of the air is branched from the product air and flows in countercurrent arrangement along the wet channel. The working air absorbs sensible heat from the product air in the dry channel. The gathered heat in the GAHP condenser is removed due to the water evaporation from the condenser external surface. In this context, the wet channel should be made of specially designed materials with high water retention and wick ability, which allow for an even water distribution around the condensation section of GAHPs. For this purpose, a porous plastic layer was implemented. Finally, the moist working air is rejected from the cooler, while the supply air can be provided to the conditioned room.



2.1. Mathematical Modeling


A mathematical model describing the simultaneous heat and mass transfer in the GAHP-based IEC was derived on the basis of principles of heat and mass conservation. Consequently, the impact of key parameters on the GAHP-based IEC cooling performance can be studied. In addition, the thermal resistances of vaporization and the condensation of working fluid inside GAHPs were taken into account [35]. The heat transfer limitations of GAHPs were adopted from the studies of Khandekar et al. [36]. Dryout limitation was omitted due to the assumed filling ratio of GAHPs greater than 40%. It should be highlighted that both the boiling limitation and the flooding limitation were estimated to be greater than the heat fluxes transported by the applied GAHP. Moreover, a one-dimensional model was employed to simplify the calculations in which each GAHP was abstracted into two flat channels consisting of a dry channel and a wet channel [37,38]. To predict the air temperature distributions along the x direction, the cooler is divided into identical computational elements with an equal length dx, as shown in Figure 2.



The following assumptions were made to simplify the mathematical model: the conditions are steady state and adiabatic; the air properties and heat transfer coefficients remain constant; the airflows are considered to be fully developed; the mass of water added to the working air is negligible; the water film is stationary, uniform, and thin. For the computational element presented in Figure 2, using the stated assumptions, the following system governing Equations (1)–(4) was obtained.



Since only sensible heat transfer occurs in the dry channel, the product air temperature decreases due to heat transfer to the finned GAHP wall at a constant humidity ratio. As a result, the sensible heat flux is provided to the wet porous layer where, due to the water evaporation, it is exchanged for latent heat. After simplifying and rearranging, the energy balance of a computational element on the product air side yields the following equation:


    d  T p    d  x ¯    =      (  U A  )   p      m ˙  p  c  p p     (   T  w f   −  T p   )  =   NTU  p   (   T  w f   −  T p   )  .  



(1)







As the heat and mass transfer processes take place simultaneously in the working air channel, the mathematical modeling is more complicated. Due to sensible heat transfer to the water film on a wet porous layer, the temperature variation for the working air in the wet channel is observed. Similarly to the heat transfer in a dry channel, the sensible heat of working air is released as the latent heat of water evaporation. After simplifying and rearranging, the energy balance of a computational element on the working air side can be expressed as follows:


    d  T w    d  x ¯    = −    h w   A w      m ˙  w  c  p w     (   T  w f   −  T w   )  = −   NTU  w   (   T  w f   −  T w   )  .  



(2)







The vapor mass transfer occurs only at the wet porous layer under the driving force of the water vapor partial pressure difference. As a result, the humidity ratio of the working airflow increases along the wet channel. The analogy between heat transfer and mass transfer in the wet channel of a GAHP-based IEC was adopted according to the Lewis factor, and to simplify the model, it was assumed to be unity for air–water mixtures [10,32,33]. Therefore, the mass transfer coefficient was obtained from the heat transfer coefficient in the wet channel. After simplifying and rearranging, the mass balance of a computational element on the working air side gives the following equation:


    d  ω w    d  x ¯    = −    h w   A w      m ˙  w  c  p w     1  Le    (   ω  w f   −  ω w   )  = −   NTU  w   1  Le    (   ω  w f   −  ω w   )  .  



(3)







Finally, in order to find the wet porous layer temperature, the overall energy balance of a computational element was verified. This can be expressed by Equation (4).


     (  U A  )   p   (   T p  −  T  w f    )  +  h w   A w   (   T w  −  T  w f    )  =    h w    c  p w  Le    A w   (   ω  w f   −  ω w   )   h  f g    



(4)







Based on the assumption that the moist air in contact with the wet porous layer is saturated, the humidity ratio is a function of the water film temperature. In order to determine the humidity ratio of the saturated air under a certain temperature at the water film and working air interface, the following equation was used [39]:


   ω  w f   = 0.622    P  w f      P  a t m   −  P  w f     .  



(5)







The saturated vapor pressure at the water film temperature was evaluated from empirical Equation (6) [39].


  ln  (   P  w f    )  =    C 1     T  w f     +  C 2  +  C 3   T  w f    +  C 4   T  w f  2  +  C 5   T  w f  3  +  C 6  ln  (   T  w f     )   



(6)




where C1 = −5.8002206 × 103, C2 = 1.3914993, C3 = −4.8640239 × 10−2, C4 = 4.1764768 × 10−5, C5 =−1.4452093 × 10−8, C6 = 6.5459673, and Twf should be expressed in degrees Kelvin.



Figure 3 presents the applied GAHP, which is partially filled with deionized water as a working fluid. In addition, a simplified diagram of a thermal resistance network was presented. The heat transfer due to convection and conduction leads to a reduced temperature of the product air. On the other hand, it can be seen that the thermal resistance of each component decreases the heat transfer between the product air and the working air. It is worth mentioning that the thermal resistance network approach is a robust engineering method that is suitable to achieve results with reasonable accuracy [28].



The overall heat transfer coefficient between the product airflow in the dry channel and the wet porous layer in the wet channel can be expressed by Equation (7). This equation was derived from thermal resistances that were connected in series between the product airflow and the water film on the surface of the porous layer. The thermal resistances of liquid–vapor interfaces and axial conduction resistance through GAHPs were neglected. Therefore, the overall heat transfer resistance consists of six components, i.e., R1, R2, R3, R4, R5, and R6. The thermal resistance R1 is related to the interface between the product air in the dry channel and the finned GAHP wall. Additionally, the thermal resistances related to the evaporator include the radial conduction (R2) and the evaporation of the working fluid (R3). The thermal resistances R4, R5, and R6 are related to the condenser section and stand for the condensation of the working fluid, the radial conduction in the GAHP wall, and the radial conduction through the wet porous layer, respectively.


     (  U A  )   p  =  1   ∑   R  G AHP       =  1   R 1  +  R 2  +  R 3  +  R 4  +  R 5  +  R 6     



(7)







Equation (7) can be expressed in a more detailed manner. This can be written as:


     (  U A  )   p  =    (   1   h p   η  s o    A  p . t o t     +  1     k  e . w a l l      t  e . w a l l      A  e . ln     +  1   h e   A  e . int     +  1   h c   A  c . int     +  1     k  c . w a l l      t  c . w a l l      A  c . ln     +  1     k  w p l      t  w p l      A  w p l . ln      )    − 1   .  



(8)







The developed simulation model including the associated initial and boundary conditions was solved to predict the air temperature distributions along the product and the working channels. In this study, the software of MATLAB was employed to solve the governing equations. The system of first-order ordinary differential Equations (1)–(3) was discretized and solved by using the ode45 procedure. An iterative method was adopted to meet the initial and boundary conditions. The suitable conditions applied for the solution of the mathematical model were listed in Table 1.




2.2. Calculation of Heat Transfer Parameters of the GAHP-Based IEC


The GAHPs in a tube bank were arranged staggered in the direction of airflow, as shown in Figure 4. The outer GAHP diameter do was assumed as the characteristic length. The transverse pitch ST, longitudinal pitch SL, and diagonal pitch SD were defined between the GAHPs’ centers. In addition, the Reynolds number was determined on the basis of the maximum air velocity.



The relations for the calculation of heat transfer coefficients were shown in Table 2. To predict the average Nusselt number in the working air channel of the GAHP-based IEC, Equation (9) was applied for GAHP banks with more than 16 rows. In other cases, the correction factor should be used, which is given in [40]. In the product air channel, the Colburn j factor was adopted to calculate the convection heat transfer of staggered GAHP banks with continuous flat-plate fins, and it can be expressed by Equation (10) [41]. All the fluid properties were evaluated at the arithmetic mean temperature of the fluid.



It should be emphasized that the thermal resistances of the vaporization and condensation of the working fluid inside the GAHP were analyzed. In order to calculate the vaporization heat transfer for the GAHP evaporator section, Imura’s correlation with a pressure correction factor was employed in the current study, as depicted as Equation (11) [35]. The Nusselt’s theory for film-wise condensation can be considered for estimation of the heat transfer coefficient in the GAHP condenser section. However, at low heat fluxes, it leads to overestimate the condensation heat transfer coefficient in comparison with the experimental data. In this regard, the correlation proposed by Jouhara and Robinson was adopted to improve the prediction of the condensation heat transfer coefficient, depicted as shown in Equation (12) [35].



In order to obtain the overall surface efficiency for the air side of the finned product, it is required to determine the performance of a single fin. According to Schmidt’s approximation method, the continuous flat plates can be evenly divided into hexagonal-shaped fins in the case of the staggered GAHPs arrangement, as shown in Figure 4b [42]. The efficiency of hexagonal fins may be determined based on an equivalent outer radius of a circular fin with an efficiency corresponding to the efficiency of a hexagonal fin. The equivalent radius was defined by Equation (15). Further details of the overall product air-side surface efficiency calculation are shown in Table 3.




2.3. Performance Evaluation of GAHP-Based IEC


The cooling performance of an IEC system can be evaluated by several characteristic indicators [10]. The wet bulb effectiveness is commonly applied to evaluate the cooling effectiveness. It is the indicator representing the extent to which the outlet product air temperature approaches the wet bulb temperature of the inlet air. The mathematical expression for wet bulb effectiveness can be written as:


   ε  W B   =    T  p  . inl    −  T  p  . out       T  p  . inl    −  T  W B  . inl      .  



(18)







In addition, the supply cooling capacity was evaluated as the cooling effect provided by the supply airflow. The supply cooling capacity can be referred to the product air temperature difference, since the air is cooled at the constant moisture content. For this reason, this is expressed as follows:


   Q  s u p   =   m ˙   s u p   c  p p   (   T  p  . inl    −  T  p  . out     )  .  



(19)







The coefficient of performance (COP) for an IEC system can be defined as the ratio of the supply cooling capacity to fan power consumption, which is expressed by Equation (20). It should be emphasized that the power consumption of a water distribution system was neglected owing to its minor value compared to the fan power consumption [12,13,32]. The COP can be easily converted into the energy efficiency ratio (EER) by multiplying by the unit conversion factor of 3.413 [10].


  C O P =    Q  s u p      W  f a n      



(20)







The power required to transport an airflow through the GAHP-based IEC is proportional to the pressure drop. Therefore, the fan power demand can be expressed by Equation (21). The pressure drops were calculated for the product airflow and working airflow, taking into account fan efficiency. Further details of the pressure drop calculation procedure are shown in Table 4.


   W  f a n   =     m ˙  p  Δ  P p     ρ p   η  f a n     +     m ˙  w  Δ  P w     ρ w   η  f a n      



(21)









3. Validation of the Model Accuracy


In order to estimate the accuracy and applicability of the established simulation method, the results from the numerical simulation were compared with the existing experimental data [32,33,43,44]. The acquired experimental data were provided for the heat pipe-based counter flow regenerative IECs, similar to the analyzed GAHP-based IEC, as shown in Figure 1. Experimental conditions were precisely reproduced in the conducted numerical calculations. The main design and operating parameters for the experimental studies are listed in Table 5. The temperature distribution inside the heat and mass exchanger, cooling capacity, and wet bulb effectiveness estimated by the model were compared with the measurement data.



The experimental data provided by Amer [43] were applied to check the model accuracy for the proposed GAHP-based IEC. The experimental studies were carried out on a heat pipe and porous ceramic-based sub wet-bulb temperature evaporative cooler (IEC1). One set of experiments was conducted to determine the air temperature distribution along the dry and wet channel. Figure 5a compares the calculated air temperature distribution with the measurement data. It should be noticed that the simulation is able to predict accurately the temperature distribution inside a channel with an average discrepancy up to 3.2%. In addition, the inlet temperature of product air was varied, and its influence on the cooling capacity and wet bulb effectiveness was observed for two different relative humidity conditions, as shown in Figure 5b. It was observed that both the cooling capacity and wet bulb effectiveness were predicted with a maximum discrepancy of about 5%, proving the accuracy and reliability of the developed simulation method.



Alharbi et al. [33] carried out an experimental study on an integrated heat pipe and porous ceramic cuboid-based indirect evaporative cooler (IEC2). The experimental data were employed to perform the second validation by a comparison with the simulation results. The measurement data and simulation results were presented in Figure 6. The simulated air temperature distribution inside of IEC2 follows the measurement points, although some insignificant discrepancy can be observed (Figure 6a). The largest error in terms of the product air temperature drop is 1.3 °C, and the corresponding discrepancy is 5.2%. Figure 6b compares the simulation results with the experimental data and presents the cooling capacity and wet bulb effectiveness under variable inlet air relative humidity. The deviation of the obtained results within 5% indicates that the model is able to evaluate the cooling performance precisely. However, it can be observed that the calculated performance indicators of the IEC2 were overestimated. It is due to the mathematical model assumptions, i.e., uniform air and water distribution, and no heat exchange with surroundings.




4. Results and Discussion


The mathematical model was adequately validated by using the data of two empirical studies available in the literature. It should be emphasized that the mathematical model indicates a satisfactory accuracy; hence, it can be applied to predict the performance of the GAHP-based IEC. The following section is focused on cooling performance evaluation of the proposed indirect evaporative cooler in terms of several performance parameters such as the COP coefficient, wet bulb effectiveness, supply cooling capacity, and product air temperature drop. A parametric study was carried out to investigate the influences due to the inlet air condition, inlet air velocity, number of GAHP rows, fin spacing, and working-to-product airflow ratio. In addition, the recommended operating conditions were provided to achieve a better cooling performance.



The numerical simulations were performed based on the pre-set operating conditions as listed in Table 6 and Table 7.



4.1. Impact of Inlet Air Temperature and Inlet Air Relative Humidity


In this section, the impacts of inlet air temperature and inlet air relative humidity on cooling performance were discussed. After validation of the proposed performance evaluation methodology at different conditions, a numerical study was carried out for the operating parameters depicted in Table 6. Numerical simulations were conducted to evaluate the COP coefficient, wet bulb effectiveness, product air temperature difference, and supply cooling capacity, respectively. The main performance indicators were defined by Equations (18)–(20).



At first, the inlet air temperature was varied from 25 °C to 40 °C, and the inlet air relative humidity was varied from 30% to 50%. These sets of simulated results allowed contour plots to be obtained, as a way to show a three-dimensional surface on a two-dimensional plane. Figure 7 shows the performance of the GAHP-based IEC under varying inlet air conditions. It is apparent that the cooling performance was significantly affected by the inlet air conditions. It can be noticed that the COP coefficient increases with the increase of inlet air temperature (Figure 7a). However, the highest values were achieved for the lowest inlet air relative humidity with a COP maximum value of 28.7. The reason is that the COP coefficient increases proportionally to the increasing product air temperature difference. On the other hand, it can be seen that the COP decreases as the inlet air relative humidity increases. Figure 7b shows the contour plot of wet bulb effectiveness. It can be observed that the wet bulb effectiveness increases with increasing inlet air temperature and relative humidity. The increase in wet bulb effectiveness may lead to erroneous conclusions, as higher inlet air humidity causes the lower COP coefficients. As a result, the increase in wet bulb effectiveness may not necessarily mean an improvement in cooling performance. The reason is that the product air temperature may be reduced close to the wet bulb temperature when the moisture content is high. It is obvious that the higher moisture content leads to smaller wet bulb depression. Therefore, the evaluation of cooling performance needs to be supplemented with other indicators, e.g., COP coefficient or cooling capacity.



In addition, simulation results were obtained by varying the relative humidity from 30% to 50%, while keeping the inlet air temperature constant, as shown in Figure 8. The inlet air temperature was set at three defined values, namely, 30 °C, 35 °C, and 40 °C. It can be seen that both the product air temperature difference and supply cooling capacity decrease with increasing inlet air relative humidity (Figure 8b). Moreover, the COP coefficient revealed a similar trend (Figure 8a). It can be noticed that the cooler is able to cool the air to temperature close to its inlet wet bulb temperature under specific inlet air conditions. In general, by reducing the inlet air humidity, a higher cooling effectiveness of the cooler may be achieved. This is because drier air can absorb more water vapor in the wet section. In other words, the increasing driving force of the moisture transfer leads to an increase in the heat transfer from the dry channel.




4.2. Impact of Inlet Air Velocity


Numerical simulations were carried out to investigate the impact of the inlet air velocity on the COP coefficient, supply cooling capacity, product air temperature difference, and wet bulb effectiveness. Calculations were performed by varying the inlet air velocity of the product air, while the working-to-product air flow ratio was kept as 0.5. As a result, when the product inlet air velocity increases, the working air velocity increases proportionally, and so does the air mass flow rate in the dry and wet sections. The other operating parameters were determined according to Table 6 and Table 7.



The conducted analysis provided the correlations between the performance effectiveness and the product inlet air velocity, as shown in Figure 9. The increase of the inlet air velocity enabled the increase of the supply cooling capacity due to the increasing supply air mass flow rate, but on the other hand, it lowered the COP coefficient (Figure 9a). The obtained results illustrate that the lower inlet air velocity delivers a lower supply air temperature (Figure 9b). As it can be seen in Figure 9b, the highest wet bulb effectiveness was achieved for the lowest inlet air velocities. It is worth mentioning that the highest heat transfer coefficients were obtained with an increase of inlet air velocity. However, simulation results indicated that their improvement may have a lower effect on the overall cooling performance. When the inlet air velocity is more than 1.5 m/s, both the COP coefficient and wet bulb effectiveness decrease to an insufficient level. As a result, to provide a high cooling performance, it is recommended that the inlet air velocity should be 1.5 m/s or less due to the increasing pressure loss. It should be emphasized as the product airflow enters the GAHP bank that the flow area decreases from an inlet area to an area between the GAHPs, and thus the flow velocity increases to 3.0 m/s.




4.3. Impact of Number of GAHP Rows


The influence of a number of GAHP rows was investigated. Simulation results were obtained by varying the number of GAHP rows between 5 and 19, while setting the other operating parameters according to Table 6 and Table 7. The cooling performance of the GAHP-based IEC was evaluated by the COP coefficient and the wet bulb effectiveness.



It can be observed from Figure 10 that the wet bulb effectiveness increases steadily with the increasing number of GAHP rows. The reason is that the heat and mass transfer surface increases by adding the numbers of GAHP rows. After approaching the wet bulb temperature of the inlet airflow by supply airflow, the effect of the number of GAHP rows on the heat transfer enhancement was less significant. In other words, as the number of GAHP rows increases, the cooling performance improvement becomes flatter and cannot be justified from an economic point of view. In contrast, the COP coefficient indicates an opposite trend due to the increasing pressure loss by each additional row. It is apparent that it causes greater power consumption by fans. However, the increased supply cooling capacity can offset the fan power consumption, which leads to maintaining the COP coefficients on a reasonable level. In conclusion, to achieve a high cooling effectiveness, it is recommended that the number of rows should be at least 15. However, considering the associated costs, it should be less than 20.




4.4. Impact of Spacing between Adjacent Fins in Dry Channel


The performance of the cooler is influenced by the spacing between adjacent plain fins on a staggered array of GAHPs in a dry channel. Its effect on the COP coefficient and wet bulb effectiveness was investigated. Simulations were carried out for the fin spacing ranging from 1 mm to 5 mm and for the inlet air conditions according to Table 7. The additional operating parameters were established according to Table 6.



Figure 11 shows the simulation results for the cooling effectiveness parameters under different spacing parameters between adjacent fins. The COP coefficient is largely affected by fin spacing. This is because an increasing pressure drop with an increase of the fin density is observed. It can be seen that the COP achieves maximum values at a fin spacing of 5 mm and increases from the initial value of 17.7 to 38 (Condition 1). Moreover, the wet bulb effectiveness decreases from 0.87 to 0.74 (Condition 1) when the considered fin spacing rises from 1 mm to 5 mm. Thus, the wet bulb effectiveness may be higher when the fins spacing decreases. The reason is that the heat transfer surface increases as the fin spacing decreases. As a consequence, more sensible heat can be transferred by GAHPs from the dry channel to the wet channel. It should be noted that the optimal fin spacing results from the issues of energy savings and fan power consumption. A compromise among the COP coefficient and wet bulb effectiveness suggests that the fin spacing should range from 1.5 mm to 3 mm.




4.5. Impact of Working-to-Product Airflow Ratio


The last analyzed operating parameter was the working-to-product airflow ratio (the ratio between the working airflow rate and the product airflow rate). Numerical simulations were conducted to investigate the impact of working-to-product airflow ratio onto the COP coefficient, wet bulb effectiveness, product air temperature difference, and supply cooling capacity. Varying the ratio from 0.25 to 0.9 while keeping the other parameters constant allowed different trends of calculation results to be observed. Simulations were performed by varying the inlet air velocity of the working air, while the inlet air velocity of the product air was kept as 1.5 m/s. The other operating parameters were set according to Table 6 and Table 7.



It is apparent that the wet bulb effectiveness increases with the increasing working-to-product airflow ratio (Figure 12a). In contrast, both the COP coefficient and the supply cooling capacity show an opposite trend (Figure 12b), which results from an increasing air flow ratio leading to a decrease of the supply airflow to the conditioned space. Figure 12 indicates that both the COP and supply cooling capacity reach their maximum when the airflow ratio is around 0.3. However, it corresponds with low wet bulb effectiveness and a small product air temperature difference. On the other hand, since the supply air is delivered to the conditioned space, therefore, the rejected working air should be reduced to a useful minimum. Considering the aforementioned parameters, it is suggested that the airflow ratio should range from 0.3 to 0.5 in order to obtain a supply air temperature around the wet bulb temperature.





5. Conclusions


In the present work, the performance evaluation of a gravity-assisted heat pipe-based indirect evaporative cooler was studied. A mathematical model to simulate heat and mass transfer was developed to investigate the impact of key parameters on the GAHP-based IEC performance. The comprehensive calculation method was applied to evaluate accurately the cooling performance indicators. In addition, the thermal resistances of vaporization and condensation of working fluid inside a GAHP were taken into consideration. The mathematical model was adequately validated using the data from experimental studies available in the literature. A good agreement with experimental results was obtained.



Based on the conducted numerical simulations, the most favorable ranges of operating conditions for the GAHP-based IEC were established. The following conclusions can be listed from this investigation:




	
The cooling effectiveness is strongly dependent on the inlet air conditions.



	
The inlet air velocity should be 1.5 m/s or less due to increasing pressure loss.



	
The number of rows should be at least 15. However, considering the associated investment costs, it should be less than 20.



	
A compromise among the COP coefficient and wet bulb effectiveness suggests that the spacing between adjacent plain fins should range from 1.5 mm to 3 mm.



	
The working-to-product airflow ratio should range from 0.3 to 0.5 in order to obtain a supply air temperature around the wet bulb temperature.








The proposed GAHP-based IEC can be a complementary device to the conventional HVAC systems. Its implementation could allow reducing the peak electricity demand and offers significant energy-saving potential. However, in the case of an efficient alternative to conventional systems, it should be emphasized that there are some implementation issues, which are mainly due to limitations in the wet surface enhancing. The solution to overcome this obstacle could be the application of specific fins in the wet channel, especially axial fins on the GAHP condenser surface instead of plate or circular fins. As a result, the effectiveness of the cooler can be improved due to an increasing area of heat and mass transfer between the condenser and the working air.
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Nomenclature




	
A

	
surface area, m2




	
Af

	
surface area of fins, m2




	
Amin

	
flow cross-sectional area in minimum flow area, m2




	
Ap.tot

	
total heat transfer area on the product air side, m2




	
Aw

	
total heat transfer area on the working air side, m2




	
COP

	
coefficient of performance




	
cp

	
specific heat capacity, J/kgK




	
do

	
GAHP outer diameter, m




	
f

	
fanning friction factor




	
ff

	
friction factor associated with fin area




	
ft

	
friction factor associated with tube area




	
g

	
gravitational acceleration, m/s2




	
GAHP

	
gravity-assisted heat pipe




	
  h  

	
convective heat transfer coefficient, W/m2K




	
    h c  Nu     

	
heat transfer coefficient in the Nusselt’s theory for film-wise condensation, W/m2K




	
    h  f g     

	
evaporation heat of water at reference temperature (0 °C), kJ/kg




	
    h m    

	
convective mass transfer coefficient, kg/m2s




	
HP

	
heat pipe




	
IEC

	
indirect evaporative cooling, indirect evaporative cooler




	
j

	
Colburn factor




	
k

	
thermal conductivity, W/mK




	
Le

	
Lewis factor, defined as    h w  / c  p w   h m   




	
   m ˙   

	
mass flow rate, kg/s




	
NL

	
number of tube rows




	
NTU

	
number of heat transfer units




	
Nu

	
Nusselt number




	
P

	
pressure, Pa




	
∆P

	
pressure drop, Pa




	
Pr

	
Prandtl number




	
Q

	
cooling capacity, W




	
q

	
heat flux, W/m2




	
R

	
thermal resistance, K/W




	
Redo

	
Reynolds number based on do




	
Ref

	
refers to the Re number of condensed film in GAHP




	
RH

	
relative humidity, %




	
s

	
spacing between adjacent fins, m




	
SL

	
tube spacing in air flow direction, m




	
ST

	
tube spacing normal to flow, m




	
T

	
temperature, °C




	
t

	
thickness, m




	
umax

	
maximum velocity based on Amin, m/s




	
W

	
required fan power, W




	
   x ¯   

	
non-dimensional x coordinate, defined as   x /  l  IEC    




	
Greek Letters




	
ε

	
effectiveness




	
η

	
efficiency




	
μ

	
dynamic viscosity, kg/ms




	
ρ

	
density, kg/m3




	
χ

	
correction factor in Equation (22)




	
ω

	
humidity ratio, kg/kg




	
Subscripts




	
atm

	
atmospheric




	
c

	
condenser section




	
e

	
evaporator section




	
Exp

	
experimental




	
f

	
fin




	
inl

	
inlet




	
int

	
internal




	
l

	
liquid




	
ln

	
associated with logarithmic mean tube diameter




	
out

	
outlet




	
p

	
product air




	
Sim

	
numerically simulated




	
sup

	
supply




	
v

	
vapor




	
w

	
working air




	
WB

	
wet bulb




	
wf

	
water film and working air interface




	
wpl

	
wet porous layer
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Figure 1. Schematic of the gravity-assisted heat pipe-based indirect evaporative cooler (GAHP-based IEC) with staggered tube arrangement. 
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Figure 2. Computational element applied for development of the mathematical model. 
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Figure 3. Schematic of a GAHP and its thermal resistance network. 
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Figure 4. Schematic of a staggered GAHP bank illustrating nomenclature: (a) Working air wet channel; (b) Product air channel with continuous flat-plate fin. 
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Figure 5. Comparison of the simulation output with the experimental data for a heat pipe and porous ceramic-based sub wet-bulb temperature evaporative cooler (IEC1) (Appendix D [43]): (a) Product and working air temperature distribution for inlet conditions 35 °C and RH 35%; (b) Impact of inlet air temperature on the cooling capacity and wet bulb effectiveness. 
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Figure 6. Comparison of the simulation output with the experimental data for an integrated heat pipe and porous ceramic cuboid-based indirect evaporative cooler (IEC2) [33]: (a) Product and working air temperature distribution for inlet conditions 35 °C and RH 35%; (b) Impact of inlet air relative humidity on cooling capacity and wet bulb effectiveness (35 °C). 
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Figure 7. Contour plot of impact of inlet air temperature and relative humidity: (a) Coefficient of performance (COP) coefficient; (b) Wet bulb effectiveness. 
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Figure 8. Impact of inlet air relative humidity for constant inlet air temperatures: (a) COP coefficient and wet bulb effectiveness; (b) Product air temperature difference and supply cooling capacity. 
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Figure 9. Impact of inlet air velocity: (a) COP coefficient and supply cooling capacity; (b) Product air temperature difference and wet bulb effectiveness. 
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Figure 10. Impact of number of GAHP rows on the COP coefficient and wet bulb effectiveness. 
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Figure 11. Impact of spacing between adjacent fins in a dry channel on the COP coefficient and wet bulb effectiveness. 
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Figure 12. Impact of working-to-product airflow ratio: (a) COP coefficient and wet bulb effectiveness; (b) Product air temperature difference and supply cooling capacity. 
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Table 1. Initial and boundary conditions applied to solve the mathematical model.
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	Parameter
	Initial and Boundary Condition





	Product air inlet temperature
	        T p   |    x = 0   =  T  p  . inl      



	Product air inlet humidity ratio
	        ω p   |    x = 0   =  ω  p  . inl      



	Working air inlet temperature
	        T w   |    x = 1   =      T p   |    x = 1     



	Working air inlet humidity ratio
	        ω w   |    x = 1   =      ω p   |    x = 1     










[image: Table] 





Table 2. Details of the calculated heat transfer coefficients.






Table 2. Details of the calculated heat transfer coefficients.





	Parameter
	Equation
	No.





	Nusselt number for GAHP bank in wet channel [40]
	     Nu  w  = 0.35    (     S T     S L     )    0.2     Re   w .  d o    0.6     Pr   0.36     
	(9)



	Colburn j factor for plain-finned GAHP bank in dry channel [41]
	    j p  =     Nu  p      Re   p .  d o      Pr    1 / 3     = 0.163   Re   p .  d o    − 0.369      (     S T     S L     )    0.106      (   s   d o     )    0.0138      (     S T     d o     )    0.13     
	(10)



	Vaporization heat transfer for GAHP evaporator section [35]
	    h e  = 0.32  (     ρ l  0.65    k l  0.3   c  p l  0.7    g  0.2      ρ v  0.25    h  f g   0.4    μ l  0.1      )     (     P v     P  a t m      )    0.3    q e  0.4     
	(11)



	Condensation heat transfer for GAHP condenser section [35]
	    h c  = 0.85   Re  f  0.1   exp  (  − 0.000067    ρ l     ρ v    − 0.14  )   h c  Nu     
	(12)
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Table 3. Overall product air-side surface efficiency [42].
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	Parameter
	Equation
	No.





	Overall surface

efficiency
	    η  s o   = 1 −    A f     A  p . t o t      (  1 −  η f   )    
	(13)



	Fin

efficiency
	   η f  =   tanh  (  m  r o  ϕ  )    m  r o  ϕ    , where   m =    (    2  h p     k f   t f     )     1 / 2     
	(14)



	Equivalent radius of a

hexagonal tube array
	      r f     r o    = 1.27 ψ    (  β − 0.3  )     1 / 2      
	(15)



	Coefficients ψ and β
	  ψ =  M   r o    =    S T    2  r o      and   β =  L M  =  1   S T       (   S L 2  +    S T 2   4   )     1 / 2     
	(16)



	φ factor
	   ϕ =  (     r f     r o    − 1  )   (  1 + 0.35 ln  (     r f     r o     )   )    
	(17)
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Table 4. Details of the calculated pressure drops.
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	Parameter
	Equation
	No.





	Total pressure drop in the wet channel [40]
	   Δ  P w  =  N L   f  w e t   χ    ρ w   u  w . max  2   2    
	(22)



	Total pressure drop in the dry channel [41]
	   Δ  P p  =  f p     A  p . t o t      A  min        ρ p   u  p . max  2   2    
	(23)



	Overall friction factor in the dry channel [41]
	    f p  =  f f     A f     A  p . t o t     +  f t   (  1 −    A f     A  p . t o t      )   (  1 −    t f    s +  t f     )    
	(24)



	Friction factor associated with fin area in the dry channel [41]
	    f f  = 1.455   Re   p .  d o    − 0.656      (     S T     S L     )    − 0.347      (   s   d o     )    − 0.134      (     S T     d o     )    1.23     
	(25)



	Friction factor associated with GAHP area in the dry channel [41]
	    f t  =  4 π   (  0.25 +   0.118      (     S T   /   d o    − 1  )    1.08       Re   p .  d o    − 0.16    )   (     S T     d o    − 1  )    
	(26)
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Table 5. Detailed specifications of the experimental studies [32,33,43,44].
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	Parameter
	IEC1 [32,43]
	IEC2 [33,44]





	Length × width × height
	700 × 227 × 300 mm
	820 × 52 × 380 mm



	Height of dry channel
	140 mm
	130 mm



	Height of wet channel
	140 mm
	220 mm



	Wet channel material
	porous ceramic tubes
	porous ceramic cuboids



	Number of heat pipes
	15
	12



	HP working fluid
	deionized water
	deionized water



	Ambient air temperature, °C
	30–40
	35



	Ambient air relative humidity, %
	35, 45
	35–55



	Working-to-product air flow ratio, −
	0.5
	0.5



	Mass flow rate in the dry channel, kg/s
	0.03
	0.003
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Table 6. Input operating conditions for the simulation.
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	Parameter
	Value/type
	Unit





	Height of dry channel
	250
	mm



	Height of wet channel
	250
	mm



	GAHP outer diameter
	12
	mm



	Number of GAHP rows
	15
	–



	GAHP working fluid
	deionized water
	–



	GAHP material
	copper
	–



	GAHP arrangement
	staggered
	–



	Longitudinal/transverse pitch
	14
	mm



	Working-to-product airflow ratio
	0.5
	–



	Inlet product airflow velocity
	1.5
	m/s



	Fin spacing
	1.6
	mm



	Fin material
	aluminum
	–
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Table 7. Nominal inlet air conditions for the simulation.






Table 7. Nominal inlet air conditions for the simulation.





	Parameter
	Inlet Air Temperature, °C
	Inlet Air Relative Humidity, %





	Conditions 1 (cond. 1)
	35
	30



	Conditions 2 (cond. 2)
	35
	40



	Conditions 3 (cond. 3)
	35
	50











© 2020 by the authors. Licensee MDPI, Basel, Switzerland. This article is an open access article distributed under the terms and conditions of the Creative Commons Attribution (CC BY) license (http://creativecommons.org/licenses/by/4.0/).
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