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Abstract: This article presents a novel passive fluid borne noise source reduction strategy, based on
tandem axial-piston unit indexing with the usage of symmetric lines. The strategy consists of setting
the phase between the two synchronous units to accomplish destructive interference in targeted
unit harmonics. A strategy capable of achieving destructive interference in all odd harmonics is
investigated first analytically and then confirmed by a simulation study. Experiments on the proposed
strategy confirmed its effectiveness at the first and third pump fundamental harmonics, and pressure
ripple reduction was accomplished. The fluid borne noise source reduction in the first and third
harmonic is verified to be propagated to pipe vibration and sound power. Regarding the first
harmonic, pressure ripple was reduced by up to 18 dB; while for third harmonic, pressure ripple was
reduced by up to 11 dB. In the experiment, however, noise cancellation is not achieved for the higher
odd harmonics, as is instead found in the simulation. Conversely, transfer functions form pressure
ripple to pipe wall acceleration are obtained experimentally, and a critical vibration band from 2000
Hz to 3000 Hz is identified as being crucial for effective overall sound power reduction.

Keywords: passive vibration reduction; axial-piston machine; flow ripple; fluid borne noise;
destructive interference

1. Introduction

The excessive noise emission of hydraulic systems is a detrimental aspect of many fluid power
applications, such as construction, transportation, and manufacturing sectors. It also limits potential
new applications, such as small and medium on-road vehicles, where hydraulic systems should achieve
noise levels comparable to complementary technologies, such as electrical drives. Therefore, there is a
demand for novel techniques that can reduce noise sources in hydraulic systems.

Noise is usually generated in the hydraulic supply unit, positive displacement machines. Due to
the finite number of displacement chambers in positive displacement machines and force load in
mechanical surfaces by the fluid pressure, respectively, both fluid and structure-borne noise will be
generated and propagate through the hydraulic system, influencing the frequency response of the
system’s impedance, affecting the mechanical response of the system and finally radiating it to the
atmosphere in the form of audible air-borne noise. With the recent trend of the increasing power
density of hydraulic systems, hydraulic components and systems become more compact, the mass and
dampening of hydraulic systems have reduced, thus requiring better comprehension of the generation
and propagation of undesired vibrations.

Structure-borne noise occurs when the fluid inside the displacement chamber and ports is rapidly
pressurized, and this pressure variation loads the static and dynamic mechanical components of the
unit in a periodic pattern generating vibrating forces. Fluid-borne noise happens when the oscillating
flow meets the fluid inertia generating a pressure oscillation, thus a pressure ripple.
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One strategy to reduce these sources, such as pressure ripple, generated by a pump, is to set the
hydraulic system to specific frequency content to create destructive interference in the system. When the
phase shift of both oscillations is fixed, and thus, the wave pattern is stationary (coherent interference),
the waves will add up or subtract with the same phase all the time. Constructive interference is a wave
combination to add up to a bigger amplitude than the original waves, having its maximum value at 0◦

phase shift, while destructive interference waves subtract each other to a smaller amplitude than the
original waves yielding as low as zero amplitude at 180◦ phase shift.

To accomplish destructive interference, vibration control techniques are used. Vibration control
techniques can be classified in passive, active, hybrid, and adaptive-passive vibration controls [1].
Active techniques usually require high implementation complexity, while being restricted to low
frequencies, due to the actuator’s narrow area of working frequency [2]. Meanwhile, most passive
techniques are hard to tune [3,4] and usually are only effective in a fixed frequency band
unless adaptive-passive techniques, such as adaptive Helmholtz resonators [5,6], is implemented.
This frequency band limitation can be considered as a drawback for multiple operation condition
applications since hydraulic pumps and motors can operate at multiple pump shaft speeds, thus varying
the frequency of the generated oscillations. Therefore, the critical frequency bands of the system’s
mechanical response will vary depending on the displacement of machines operation conditions.
Moreover, it is important to address that these pumps and motors generate a flow ripple at frequencies
which are multiples of the unit speed; applying the principle of destructive interference requires a
sophisticated technique that can effectively achieve destructive interference at a given set of frequency
without compromising the others.

Most passive techniques involve using resistive or reactive devices, thus changing the acoustic
impedance of a system that affects a wide range of frequencies. However, passive techniques also
have the advantages of low cost and no need for feedback, supervisory system, or external energy.
Avoiding the use of external energy can be understood as an advantage in the noise reduction strategy,
since it does not increase the total oscillation energy of the system. Hydraulic circuits are systems with
many subcomponents. Each subcomponent has specific multi-dimensional resonant modes, and a
very deep understanding of the mechanical system response is required to accurately predict how
new excitations will translate to audible noise. Thus, avoiding these new excitations, such as the
ones generated by the active vibration control techniques, can be considered a good guideline for
eliminating undesired vibrations.

Usually, fluid borne-noise reduction strategies are divided into reducing source flow ripple or
introducing noise mitigation devices. Popular hydraulic circuit elements for limiting pressure ripple
are closed-branch silencers [7], Helmholtz resonator [8–10], and adaptive Helmholtz resonators [5,6],
Multi-element buffer bottles [11], vibration absorbing techniques [3,12]. Active load methods also
had been tried, such as active variable chamber volume actuators, installed the delivery line [13].
There are also dampening focused devices developed commercially, such as the Pulsco liquid pulsation
dampener [14], Hydropad [15], and Blacoh air-operated double-diaphragm (AODD) dampener [16].
However, when introducing a pressure ripple mitigation element in a hydraulic line, the pressure ripple
will be affected differently in different positions of the line. This is because most of these devices reduce
oscillation in a frequency band in a compromise of others [3], and each oscillation in a single frequency
will vibrate as a standing wave in the whole length of the hydraulic path. Each standing wave will
have maximum amplitude oscillation positions (antinodes) in particular line locations. Therefore, if the
antinode of a given compromised frequency is placed in a spot with high mechanical resonance and/or
high surface irradiance, then the circuit with the new element might yield more audible noise than its
original configuration.

Thus, the alternative of neutralizing noise sources through reducing flow ripple by modifying the
design of hydrostatic pumps has been the main industry and academia focus, since it ideally does not
compromise vibrations of a given frequency while focusing on others.
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Specifically, for the case of axial-piston displacement machines, ideal timing [17], filter volume
introduction [18,19], and valve-plate design [20–23] have been the main focus of noise source
reduction. Moreover, the swash-plate cross-angle, which is small fixed inclination perpendicular to
the displacement direction, had been verified and selected in simulation by Johansson et al. [24,25]
and later run experiments to verify audible noise reduction up to 4.5 dBA. As design solutions
start narrowing, new axial-piston unit architectures had been elaborated. A new axial-piston unit
architecture was conceptualized using the floating cup principle [26–28]. This architecture displays
a centralized double-ring with back to back mirrored pistons, which allows a low tilt angle, a high
number of displacement chambers, and cancelation of the forces. This architecture also showed great
efficiency, due to the low friction compared with the slipper-type pumps [26] and high-speed operation
because of barrel tipping torque reduction [27]. Experiments showed the high number of pistons,
and the floating cup principle strongly reduces the pulsations [28]. This new architecture, however,
is still not popular in the industry.

An alternative is to introduce vibration control techniques to the unit, which consists of using
a second oscillation source to set the destructive interference pattern to the targeted oscillation.
Active swash-plate vibration control techniques utilizing the pump control system have been
documented in References [29–31]. However, the idea of passive vibration techniques in axial-piston
unit techniques has rarely been tried for source flow ripple reduction. A related swash-plate vibration
reduction was studied by Masuda and Ohuchi [32]. In their work, they used the displacement
chamber pressure to reduce the swash-plate vibrations, and they achieved up to 6.5 dB of sound
pressure reduction.

In vane units, Zanetti-Rocha et al. [33] accomplished first harmonic pressure ripple reduction by
introducing properly designed discharge ports to achieve destructive interference. They reported up
to 16 dB pressure ripple harmonic reduction in the best case. For gear units, secondary source flow
ripple cancellation has been attempted by the Dowty 1P3000 series [34,35]. These units combined the
concept of is pumping elements duplication with the destructive interference principle: anti-phasing.
Anti-phasing is accomplished by displacing the two half-gear widths by a half tooth pitch creating a
180◦ phase shift at the fundamental first harmonic. Curiously, applying these principles has not been
much studied in other hydraulic unit architectures, nor the anti-phasing practice has been standardized
for axial-piston tandem-units.

This article aims to study and extend the concept based on secondary-source destructive
interference strategy to axial-piston units. This strategy can be performed either by replacing a
larger unit with a tandem unit or coupling two smaller units in the same shaft. This technique can
be considered as a passive vibration control technique, since it does not add energy to the system.
However, it is extremely adaptable because it is effective for all unit speeds and in multiple unit
harmonics. This proposed technique tackles this problem by not altering the system impedance and
relying on the symmetric unit design.

The paper first presents an analysis of the proposed solution following an analytical method,
in Section 2. A numerical modeling strategy followed by simulation for evaluating such a solution is
presented in Section 3. A properly designed experiment is described in Section 4, and finally, the results
are summarized in Section 5 before conclusive remarks.

2. Proposed Solution Analysis

The proposed source design is exemplified in Figure 1. The secondary source noise source
reduction solution implies replacing large hydraulic units by two smaller units joined by their axis.
Anti-phasing will then be applied to the two individual units to achieve the desired interference pattern.
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As shown in Figure 1, a given frequency pressure oscillation of both units will propagate through
the hydraulic lines according to the general undamped wave Equation (1), given by Reference [36]:

p(t, x) = B1e−j(ωt+kx) + B2ej(ωt+kx) (1)

As the pressure generated by the units reaches the branch, the translated distance value x is equal
to the respective line segment length L1 for unit 1 and the sum of L1 and L2 for unit 2. This is also
shown in Figure 1. The wavenumber k is dependent on the speed of sound c and angular frequencyω.

The constant terms B1 and B2 are a characteristic of the flow sources, and they depend on
the unit speed and a given wave frequency. Generally, these constants are empirically calculated
using consolidated techniques, such as the “Secondary Source method” [37] and “Two pressure two
system method” [38]. However, assuming the ideal case of two units being identical, the constants
are strongly determined by the unit geometry. These constants could be assumed to be equal in
both units. Thus, the pressure oscillation generated by each unit at the branch is represented by
Equations (2) and (3):

pb1(t, L1) = B1e−j(ωt+ωc L1) + B2ej(ωt+ωc L1) (2)

pb2(t, L1 + L2) = B1e−j(ωt+ωc L1+
ω
c L2+ψ) + B2ej(ωt+ωc L1+

ω
c L2+ψ) (3)

Evaluating the Equations (2) and (3), it can be noticed that the phase between these relations
depends on four factors: The angular velocity ω, the speed of sound c, the difference in length of
both lines L2, and the fixed phase shift ψ in between both units starting rotating point. Of these
factors, the most critical is the speed of sound, which depends on several parameters, such as oil
temperature, fluid pressure, the elastic properties of the duct material. This makes the phase too fickle
to be controlled in different operating conditions unless there is no difference in length between the
lines. In the specific case of perfectly symmetric lines, the phase difference between the waves is
just the fixed phase shift, achieving the pattern of coherent interference. If the phase transformation
is equivalent to 180◦, the interference also becomes destructive, as shown by Equations (4) and (5).
The elimination of the value L2 and attribution of the value π to the phase shift ψmakes the pressure
wave generated by unit 2 has the negative value of the pressure wave generated by unit 1 on the
branch. This property holds to every position after the branch as well.

Pb2(t, L1) = B1e−j(ωt+ωc L1)e−jπ + B2ej(ωt+ωc L1)ejπ = −B1e−j(ωt+ωc L1) − B2ej(ωt+ωc L1) (4)

pb2(t, L1) = −pb1(t, L1) (5)
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3. Simulation

After analyzing the principle of anti-phasing, a simulation is developed for functional verification.
The simulation of the interference pattern of pressure oscillations by two units is conducted to analyze
the possible ways of canceling these oscillations. A larger unit (single flow source) simulation is also
developed for comparison and evaluation of the isolated source duplication effects. The line diameter
and dimensions are based on the test rig described in Section 4.

The simulation structure, which is displayed in Figure 2, comprises three main sub-blocks:
A positive displacement machine model (Pmod) to simulate axial-piston units’ flow supply described
in Section 3.1; a hydraulic line model (Line Model) capable of simulating the propagation of pressure
ripple wave at a speed of sound which is shown in Section 3.2; and a branch model (Br. Model) able
to calculate hydraulic branches interaction also explained in Section 3.2. The positive displacement
machine model receives port pressure, swash-plate angle, and unit speed as input and calculates the
intake and outtake flows of the unit while the line model obtains the upstream node and downstream
node flows and computes the pressure and flow propagation through the line. Specifically, the proposed
system simulation block in Figure 2 represents the high-pressure line of the circuit in Figure 1; Branch 1
is the spot where pb is present.
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The model was implemented in Matlab/Simulink using inner loops in the Simulink functions for
each block. The main Simulink simulation has a 50 µs fixed time step using the Euler method when
the boundary conditions interfaces are updated. To achieve better numerically stability, the line model
contains a 10 µs inner time step, while the unit model comprehends a 100 ns inner time step. The choice
of the time steps (and thus, number of loop interactions) was based on verifying convergence for
the units’ highest power operation condition (3400 rpm, 420 bar), and then a safety factor of 3 was
considered. While stability would hold for even smaller time steps, it was not necessary to compromise
the simulation speed further. This time steps are assured by the number of loop interactions each
solver executes before updating the boundary conditions. The units update the displacement chamber
pressures also using Euler method with Equation (7), described further in Section 3.1 to calculate
the pressure build-up rate. After the pressure updating loop is repeated 500 times, the flows on the
ports are calculated according to the summation of the flows entering and exiting each displacement
chamber, as described by Equations (9) and (10). These total flows are then provided to the lines
adjacent to the units. At the lines, as described in Section 3.2, the pressure at each node is calculated
with the average of Equations (19) and (20), while the flow is updated according to Equation (21).
After the hydraulic line model is completed five times, the pressures at the extremities are provided
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to the boundary conditions and updates to the units’ ports. Then, a loop of the main simulation is
completed. The physical unit’s conversion is necessary at some sections of the simulation.

To accurately simulate the speed of sound in the simulation, a fixed time is used at all times,
and the length of each node is calculated previously. This method can be used even in lines with
variating parameters, such as line diameter and material. Further details on this strategy can be found
in Reference [39].

3.1. Axial Piston Unit Model

The principle of positive displacement units is the displacement of fluid achieved with the
volume variation of internal displacement chambers. As the volume in each displacement chamber
varies, the working fluid is compressed, and as its pressure rises, it stimulates the output flow of
the machine. Typically, the time evolution of the pressure in a control volume can be calculated
assuming conservation of mass, control volume variation, and the fluid state equation as summarized
by Equation (6). The mass transfers can be determined after the calculations of density and the
volumetric flows discharging through the inlet and outlet ports are described by the orifice equation.
This approach was successfully used for many types of positive displacement units [40–43].

∂pi

∂t
=

1
Vi

∂pi

∂ρ
.

∣∣∣∣∣∣
[
−ρ

(
∂Vi

∂t

)]∣∣∣∣∣∣ (6)

In a swash-plate axial-piston unit, the drive shaft will revolve the rotating group, consisting of a
cylinder block, slippers, pistons, and the shaft, as Figure 3 shows. Once the cylinder block rotates,
the pistons are displaced increasing or decreasing the volume of the displacement chambers, thus,
resulting in either flow displacement or pressure increase of the given fluid.
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Each displacement chamber of the unit, indexed by i, is delimited as a control volume. The pressure
variation in the control volume is calculated by (7). Equation (7) applies the definition of Bulk Modulus
on Equation (6) and evaluates the flows entering and exiting the displacement chamber. The leakage
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flows QSBi, QSKi and QSGi occur at their respective interfaces between the cylinder block and the
valve-plate, between the piston and the cylinder block, and between the slipper and swash-plate.

∂pi

∂t
=

K
Vi

(
Qri −QSKi −QSBi −QSGi −

∂Vi

∂t

)
(7)

The summation of flow going in and out each chamber Qri consists of the addition of flow between
the given chamber and high-pressure port QrHPi and low-pressure port QrLPi (8). These flows are
calculated by the orifice Equations (9) and (10), which are derived from Bernoulli’s equation by assuming
an incompressible fluid. The respective orifices ArHPi, and ArLPi will be equivalent cross-sectional
opening areas between the displacement chamber pressure ports and the unit valve-plate in a given
moment of time. Since valve-plate design affects effective flow, cylinder pressure, and pressure
pulsation, it had been studied extensively for noise reduction in axial-piston machines [20–23].

Qri = QrHPi + QrLPi (8)

QrHPi = αD ·ArHPi

√
2
ρ

∣∣∣pi − pHP

∣∣∣ · sign
(
pHP − pi

)
(9)

QrLPi = αD ·ArLPi

√
2
ρ

∣∣∣pi − pLP

∣∣∣ · sign
(
pLP − pi

)
(10)

As the displacement chamber is filled with pressurized fluid, the pressure in each piston surface
also generates resultant forces, the summation of which results in moments oscillations at all axis: x, y,
and z, thus generating structure-borne noise. The reader interested in further details on the derivation
of the swash-plate moments Equations (11)–(13) can refer to Reference [44]

Mx =
Rb

cos2(β)

I∑
i=1

FrKi · cos(ϕi) (11)

My = Rb

I∑
i=1

FrKi · sin(ϕi) (12)

Mz = −Rb tan(β)
I∑

i=1

FrKi · sin(ϕi) (13)

In a tandem unit, two axial-piston units are connected by the same shaft and share the same case.
Considering the torsional deformation of the shaft negligible, the phase between both rotating groups
will remain constant; hence, the units will be synchronized, and coherent interference is possible.
When connecting two units on the same axis, the rotating kits of both units are not necessarily aligned
so that the center of each piston must be overlapped on the z-axis. Rotating on the z-axis, as represented
by Figure 4, the angle between the centers of the piston from one unit to the center of the piston of
another is the index of the rotation group.Energies 2020, 13, x FOR PEER REVIEW  8  of  21 
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Figure 4. Rotation kit index representation a tandem swash-plate axial-piston unit.
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The rotating kit index in the unit will result in a constant delay between pressure waves generated
by each unit, thus resulting in a given phase shift ψ. Positive displacement units generate flow
oscillations as multiples of the unit’s fundamental frequency given by Nh. The phase shift index,
given by I, will imply in a different phase shift for each wave harmonic frequency in a unit with
m displacement chambers. This phase shift can be calculated equation by (14). For example, in a
nine-piston unit, the index of rotation kit of 20◦ is equivalent to a 180◦ phase shift in the first harmonic,
which achieves destructive interference. However, it is interesting to notice the 20◦ index will also
analytically achieve destructive interference in all 1 + 2n harmonics (odd harmonics), thus becoming
an interesting candidate index for achieving noise reductions in a broad frequency band. This happens
because after removing the complete wave periods form the phase-shift, the remainder of the phase
shift divided by 2π equals π/2 or 180◦ for all the other odd harmonics. A 10◦ phase shift will, in an
analog manner, result in a destructive interference pattern for all 2 + 4n harmonics.

ψ =
I ·m
Nh

(14)

3.2. Line Model

To simulate the pressure excitations of the units propagating through the hydraulic line model,
the developed model was developed using the method of characteristics (MOC) and had a fixed
time-step. The MOC model is usually implemented for measuring water-hammer effect [45–47], but also
has been successfully used for predicting fluid borne noise sources in hydraulic systems [39,48,49].
In this technique, the equations in which principles of conservation of fluid flow momentum (15)
and continuity (16) are coupled together, and two characteristic curves are found. The characteristic
curves C+ and C- are the pressure waves traveling at the speed of sound on positive and negative axial
directions, respectively. From each curve, two ordinary differential Equations (17) and (18) can be
deduced. Further details can found in References [44,45].

dp
dz

+
dv
dt

+
2
ρ · r

τ = 0 (15)

dp
dt

+ ρc2
·

dv
dz

= 0 (16)

1
ρc ·

dp
dt +

dv
dt +

2
ρ·rτ = 0

dz
dt = +c

C+ (17)

−
1
ρc ·

dp
dt +

dv
dt +

2
ρ·rτ = 0

dz
dt = −c

C− (18)

Boundary conditions are applied to these four equations using a fixed time step and discretizing
the line into several nodes. This fixed-step must be synchronized to the hydraulic unit fixed time step.
As a result, two speed of sound constants and two discrete characteristic equations are calculated.
One characteristic equation describes the pressure traveling in the z-axis positive direction (19),
while the other describes the propagation in the negative (20) direction. The variable BL is called the
isothermal wave speed.

CP = pj−1 + BL ·Qj−1 −
2 · ∆z · τj−1

r
(19)

CM = pj+1 + BL ·Qj+1 +
2 · ∆z · τj+1

r
(20)
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As both Equations (19) and (20) are added, the pressure in each node is updated to the next step.
Finally, in the last step interaction of the model, the flow values in the inner nodes are calculated (21)
by averaging two flow values traveling in the negative and positive directions. In the boundaries,
the flows are the model inputs, and thus, are updated at every time step.

Qj =
CP − pj

BL
+

pj−CM

BL
(21)

The branches of the line model are modeled based on Reference [34], which solves the pressure of
the center of the branch based on the principle of mass conservation (22) for a branch with O segments,
then calculates flows coming in and out each of segment o of the branch based on Equation (23),
using the values of the characteristic equations C and isothermal wave speeds B of the adjacent nodes.

pcn =

∑O
o=1

Co
BLo∑O

o=1
1

BLo

(22)

Qo =
Co − pcn

BLo
(23)

4. Experimental Setup

To test the proposed passive fluid-borne noise source reduction solution, the hydraulic circuit,
shown in Figure 5, was assembled at the authors’ Maha Fluid Power Center (Figure 6). The tandem
unit is connected to the driving electric motor, which has good speed control, and both units supply
flow to a throttle valve, which is used to set up the pressure.Energies 2020, 13, x FOR PEER REVIEW  10  of  21 
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The sensors, listed in Table 1, are installed in the test rig to measure pressure ripple through the
line, pipe vibrations, and to keep control of temperatures; thus, achieving steady-state conditions.
Piezoelectric sensors p1, p2, and p3 are respectively positioned 55, 335, and 408 cm away from the
pump outlet.

Table 1. Assembled test rig installed sensors.

Tag Name Sensor Range

ps Pressure Source Hydac 60 bar
pau Pressure A (HP) Wika 550 bar
pd Pressure Drain Keller 30 bar
pad Pressure A (LP) Wika 25 bar
pb Pressure B Wika 100 bar
Qa Flow HP VSE 250 L/Min
Qs Source Drain VSE 40 L/Min
M Torque Staiger-Mohilo 0–500 N m
n Speed Staiger-Mohilo 0–12,000 rpm
ß1 Displacement U1 In-Built 4–20 mA
ß2 Displacement U2 In-Built 4–20 mA

Tau Temp. A (HP) Omega K-type Thermocouple
Ts Temp. Source Omega K-type Thermocouple
Td Temp. Drain Omega K-type Thermocouple
Tad Temp. A (LP) Omega K-type Thermocouple

Tamb Temp. Ambient Omega K-type Thermocouple
p1 Pressure Ripple 1 Kistler −30–30 bar variation
p2 Pressure Ripple 2 Kistler −30–30 bar variation
p3 Pressure Ripple 3 Kistler −30–30 bar variation
m1 Microphone G.R.A.S 40AO 5 Hz to 12.5 kHz
A1 Accelerometer 1 PCB 356A16 ±50 g
A2 Accelerometer 2 PCB 356A16 ±50 g
A3 Accelerometer 3 PCB 356A16 ±50 g
A4 Accelerometer 4 PCB 356A16 ±50 g

A G.R.A.S 40AO microphone, dynamic range from 20 dB to 163 dB, was installed 1.5 m above
the center of the circuit. The microphone was installed to obtain sound pressure measurements.
Although this measurement is not compliant, the ISO3744 standard (using the sound chamber
available at the authors’ laboratory was not possible, due to packing limitations), single microphone
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measurements are still a common practice to assess noise emissions. A distance of the microphone
from the pump greater than 0.5 m was chosen to avoid the field is being affected by near field intensity
circulation [50], analog to the IS0 9614-l requirement.

To measure pipe surface acceleration close to the pressure ripple measurements, accelerometers
1, 2, and 3 are, respectively, installed close to piezoelectric sensors 1 and 3, as shown in Figure 7.
Accelerometer 4 is installed in the throttle valve port to detect asymmetric excitation for structure-borne
noise being propagated to the end of the pipeline. The selected unit, Rexroth A22, is a nine-piston
tandem unit and the inner shaft of the cylinder block has exactly 18 splines, as shown in Figure 8.
Due to this property, the rotation kit index can be shifted in 20◦ intervals, thus making possible to set
the unit index 0◦ or 20◦ exact values and consequently achieving the set-ups in which all harmonics
remain in full constructive interference or the to set destructive interference in specifically in all 1 + 2n
harmonic, while keeping the even harmonics still in constructive interference.Energies 2020, 13, x FOR PEER REVIEW  12  of  21 
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5. Results

5.1. Simulation Results

The modeled unit inputs are based on the Rexroth A22 geometry, which also was the model used
in experiments. The simulation model was firstly run neglecting leakages, and after the experiment
was performed, the leakages of the unit were estimated and introduced as input to the model. The test
rig dimensions were also included as inputs in the model.

Figure 9 shows the simulated test rig dimensions that were modeled with the simulation scheme,
shown in Figure 2. A non-existing scaled unit with 90 cc per revolution unit twice the size of each
Rexroth A22 single unit was also simulated. The reason for a scaled 90 cc unit is to pose a comparison of
the proposed secondary source system to a system that actually will be default in an industry, which is
a larger unit supplying flow to an application with a specific flow demand. Usually, tandem units are
used to supply flow for different hydraulic lines, thus a comparison with a single 45 cc unit would
not be appropriate. It is important to mention, however, that a larger unit will have considerable
differences regarding structural borne noise forces and gap flows when compared to a tandem unit.
For the simplification of this simulation, however, a fictitious inexistent 90 cc pump was considered to
have similar leakages to the tandem unit.
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The 90 cc unit is twice the size of each of two smaller units and had the geometry proportions of
the original unit preserved by multiplying the original unit dimensions by ratios of 21/3 for measured
geometric distances, 22/3 for geometric areas, and 2 for geometric volumes. The valve-plate area also
was rescaled accordingly. To isolate the effects of the source generation, the larger unit simulation
kept an extra branch with the close end in the simulation. The conduit diameter was kept constant as
25.6 mm through the whole line extension.

Figure 10 shows that the interference patterns deduced analytically are also verified in simulation
on the branch, while Figure 11 shows the interference patterns are maintained at the discharge.
Since simulation data does not contain any noise, each energy peak represents a multiple of the
units’ fundamental harmonic. Compared to the 0◦ rotation indexed units and the larger unit, the 20◦

rotation index canceled the odd harmonics and maintained constructive interference in even harmonics
unaltered. The 10◦ rotation rate canceled the harmonics 2 + 4n and maintained maximum constructive
interference in harmonics 4n. This phenomenon happened in every simulated operating condition.
Moreover, the larger unit has yielded significantly larger pressure ripple amplitudes for the first
harmonic than the 0◦ rotation indexed units, implying benefits on pumping elements duplication even
without anti-phasing.
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Figure 11. Fast Fourier Transform of the pressure ripple in the discharge.

However, it is important to mention that in the simulation, a perfect symmetry of the units is
possible—since both units are simulated by the same solver and have valve-plate symmetry and same
leakages. Nonetheless, the simulation was considered a promising starting point for the solution.
As Figure 12 shows, the tandem unit indexing also affects the moment in the z-axis, thus having effects
in structure-borne noise.
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5.2. Experimental Results

Eight operating conditions, displayed in Table 2, were measured, and each operation condition
was measured five times. Pump inlet pressure was set to 30 bar, and the inlet temperature was
controlled to be between 52 ◦C and 53 ◦C, while all measurements were performed.

Table 2. Measured operation conditions.

U1 Speed (rpm) High Pressure (bar) Displacement (%)

1 1200 100 100
2 1200 175 100
3 1200 250 100
4 1660 100 100
5 1660 175 100
6 1660 250 100
7 1200 100 50
8 1660 100 50

To represent power in the frequency domain and identify if different rotation kit indexes can lead
to noise reduction, the power spectral density of the pressure sensors and accelerometers signals is used
to represent power in the frequency domain. A transfer function is calculated for each operating speed,
by averaging the power spectral density ratio of four operation conditions and five measurements
per operation speed, totalizing m = 20 samples. The ratio is the normalization of the 20◦ index set
up versus the 0◦ as a method to represent power conservation from one rotation kit index to another.
For this study, the metric was called Spectral Power Ratio or SPR (24). This metric is analog to insertion
loss, which is used for evaluating hydraulic line modifications; however, in this case, a noise source
mitigation is rather a negative value than positive as in insertion loss.

SPR = 10 log

 20∑
m=1

∣∣∣Sxx,m,1
∣∣∣∣∣∣Sxx,m,2
∣∣∣
 (24)

Figure 13 shows the power ratio in the frequency domain for the unit running at 1200 rpm and
1660 rpm. The first two odd harmonics are represented in the figure by yellow dots. For a nine-piston
unit, at 1200 rpm the first harmonic frequency is equal to 180 Hz, and the third harmonic frequency
is equal to 540 Hz. At 1660 rpm the first and third harmonics frequencies are 249 Hz and 747 Hz,
respectively. It is possible to verify pressure ripple in the branch was reduced in the first and third
harmonics and that this reduction was propagated through the whole line to the end of the pipe where
the piezoelectric sensor p3 is installed. At 1200 rpm and 1660 rpm, respectively, the first harmonic was
reduced by 15.32 and 17.96 dB at p1 and by 16.87 and 15.87 dB at p3. Regarding the third harmonic,
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at 1200 rpm and 1660 rpm, respectively, the first harmonic was reduced by 10.31 and 9.55 dB at p1 and
by 11.63 and 9.3 dB at p3.
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Figure 13. Spectral power ratio frequency response function: 20◦ Index normalized over 0◦ index
(a) n = 1200 rpm; (b) n = 1660 rpm.

Also, the reduction in the first and third harmonic influenced pipe wall vibrations and sound
pressure measurements for both speeds. At 1200 rpm the sound pressure at the first and third harmonics,
respectively, were reduced by 0 and 9 dB, while at 1660 rpm the first and third harmonics, respectively,
were reduced by 2 and 4.66 dB. However, it is possible to verify that this noise source attenuation was
conserved for all odd harmonics, as simulations suggested. The indexing strategy achieves a random
pattern for the higher harmonics, increasing or decreasing the excitations at different frequencies.

Sound power is strongly affected by this higher harmonics amplification. To verify the reasons for
this behavior, the transfer function from pressure ripple p1 and pipe acceleration A1 was calculated,
just as the transfer function from pressure ripple p3 to pipe wall acceleration A2. To represent the
transfer function from input to output for one given unit speed, the value of the four operation
condition power spectral density is averaged. This transfer function is also calculated by using the
average of 20 measurements dividing the power spectral density of the input by the power spectral
density of the output (25). This metric was called the transfer function ratio.

TFR = 10 log

 20∑
m=1

∣∣∣Syy,m,1
∣∣∣∣∣∣Sxx,m,1
∣∣∣
 (25)

Figure 14 shows the transfer function from inner pressure ripple to outer pipe wall acceleration
for two positions in the line. As shown in Figure 10, in the position of p1, the conduit is a tee, while in
the position of p3, the conduit is a thin-walled pipe. Regardless of shape differences, both positions
transfer functions show a critical frequency band from 2000–3000 Hz where amplifications up to 40 dB
higher than the lower frequencies, the region where strategy proved to be effective. This frequency
range is also the region where measured sound power displayed in Figure 12 had large peaks.
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Since the frequency bands from 2000 Hz to 3000 Hz contain the higher harmonics generated
by the unit, and these harmonics are randomly affected by the strategy, the sound power reduction
is highly dependent on speed. Table 3 shows the total measured sound power by the microphone.
For each operation condition at full displacement with the lower measured sound pressure highlighted
in blue. Since the strategy is not effective for higher frequencies and the measured sound pressure
level is dominated by the 3000 Hz peak when the unit is at higher speed, the 0◦ index achieves smaller
measured sound pressure for the unit running at 1660 rpm regardless of the pressure ripple cancelation
in the first and third harmonic.

Table 3. Total measured sound pressure.

Speed (rpm) 1200 1660

Pressure (bar) 100 100 170 250 100 100 170 250
Disp. (%) 50 100 100 100 50 100 100 100
0◦ Index 83.9 dB 86.7 dB 92.0 dB 94.0 dB 85.4 dB 84.8 dB 89.1 dB 91.8 dB

20◦ Index 82.9 dB 84.3 dB 89.4 dB 92.7 dB 85.1 dB 85.9 dB 90.3 dB 93.6 dB

6. Discussion

The indexing strategy proved to be effective for reducing partially pressure ripple generated
by the hydraulic units. The first two odd harmonics of pressure ripple were reduced over 10 dB.
There were reduction effects measured for acceleration and sound pressure also for these harmonics.
However, the strategy was not effective in achieving this reduction for the higher odd harmonics.
A possible reason for the higher harmonics noise source reduction ineffectiveness is the lack of enough
symmetry either by the pipe or by the units. In the pipe, the speed of sound in the fluid is crucial,
and it is influenced by factors, such as aeration and temperature. In the unit side, leakage differences
and wear can lead to different constants B from equation 1 for the higher harmonics. The vibration and
sound pressure measurements, showed that the higher frequency harmonics, such as the 2000–3000 Hz
band, are very relevant. Pressure ripple reduction only in the first and third harmonics is not enough for
always achieving overall sound pressure reduction. The operating conditions and resonant frequencies
present in the hydraulic circuit must be taken into consideration.

7. Conclusions

The goal of this paper was to demonstrate source-flow duplication with anti-phasing can be
applied for fluid-borne noise reduction in axial-piston units. A tandem-unit indexing strategy was
conceptualized, modeled, and verified experimentally. A fixed-time step simulation based on the
method of characteristic numerical solution was performed for demonstrating the propagation of
destructive interference in the whole conduit length and the concept effectiveness for ideally symmetric
units. The simulations suggested that, for perfect symmetric nine-piston units, a 20◦ rotation kit index
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could accomplish destructive interference for all odd multiples of the fundamental unit’s harmonic,
while a 10◦ index obtains anti-phasing for 2 + 4n multiples of the first harmonic.

A test rig was assembled, and experiments were performed at eight different operation conditions.
The experiments demonstrated the strategy was successful in reducing fluid borne-noise sources only
for the first and third harmonics, and the reduction trend was maintained for line wall vibrations and
sound power. Pressure ripple was reduced by up to 18 dB, while sound pressure was reduced up to
9 dB in for the first harmonic. Regarding the third harmonic, pressure ripple was reduced by up to
11 dB, while sound pressure was reduced up to 2 dB. These results suggest that passive source flow
ripple control techniques are a good way of achieving reduction in vibrations and even hearable noise
for targeted pump harmonics.

Since the destructive interference did not happen for higher harmonics, the strategy proved not
to be enough to consistently achieve a reduction in hearable noise. However, as the strategy was
successful for lower frequencies, there might still be opportunities to bundle the proposed technique
with other strategies that are successful for higher frequency bands. Since the proposed solution
eliminates the vibration on the source, there should be no drawbacks in combining the technique with
other strategies.

Moreover, the proposed technique also may be successful for transitional operation conditions,
which are known for generating loud noise—however, more study is needed to verify this statement.
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Nomenclature

Symbols Description Unit
AL Area of the duct [m2]
ArHPi Valve plate area open to discharge port [m2]
ArLPi Valve plate area open to suction port [m2]
B Constant [-]
BL Isothermal wave speed [kg/m4

·s]
C Characteristic equation (used in MOC line model) [Pa]
c Speed of sound [m/s]
D Line diameter [m]
F Force [N][kg·m/s2]
Frki Displacement chamber to piston force [N][kg·m/s2]
fDW Darcy–Weisbach friction coefficient [m/s]
f Frequency [Hz]
I Rotation kit index angle [◦]
i Displacement Chamber number [-]
j Node [-]
K Fluid bulk modulus [Pa][kg/m·s2]
k Spatial frequency (wave number) [-]
L Line length [m]
M Torque [N·m]
Mx Swash plate moment about X axis [Nm]
My Swash plate moment about Y axis [Nm]
Mz Swash plate moment about Z axis [Nm]
m Unit’s piston number [-]
Nh Multiple of unit’s fundamental frequency [-]
n Rotational speed [rpm]
O Total number of branch segments [-]
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o Total number of branch segments [-]
p Pressure [Pa][kg/m·s2]
pi ith displacement chamber pressure [Pa][kg/m·s2]
pj jth node pressure [Pa][kg/m·s2]
pHP High pressure port pressure [bar] [Pa][kg/m·s2]
pLP Low pressure port pressure [bar] [Pa][kg/m·s2]
Q Flow rate [m3/s]
Qs Volumetric loss flow rate [m3/s]
QSBi Gap flow through VP and CB [m3/s]
QSGi Gap flow through slipper and swash plate [m3/s]
QSKBGi Total flow from the gaps [m3/s]
QSKi Gap flow through piston and cylinder block [m3/s]
QrHPi Flow from HP port to DC [m3/s]
QrLPi Flow from LP port to DC [m3/s]
Rb Cylinder block pitch radius [m]
S Power Spectral Density [bar/Hz]
T temperature [C◦]
t time [s]
Vi Derived displacement chamber volume [m3]
z Position [m]
v Fluid velocity [m/s]
αD Orifice coefficient of discharge [-]
β Unit displacement [◦]
λ Wave length [m]
∆p Pressure ripple [bar] [Pa][kg/m·s2]
τ Shear Stress [Pa][kg/m·s2]
ρ Density [kg/m3]
ω Angular velocity [rad/s]
ψ fixed phase shift [rad]
ϕi Piston angular position [rad]
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