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Abstract: Heat pumps (HPs) are being developed with a new emphasis on cold climates. To lower the
environmental impact of greenhouse gas (GHG) emissions, alternate low global warming potential
(GWP) refrigerants must also replace the exclusive use of the refrigerant R410A, preferably without
re-engineering the mechanical hardware. In this paper, we analyze the performance of four low-GWP
alternative refrigerants (R32, R452B, R454B, and R466A) relative to the conventional R410A and
draw conclusions on the relative performances for providing heating in cold climates based on
the Air-Conditioning, Heating, and Refrigeration Institute (AHRI) 210/240 standard for two-speed
heat pumps. The simulations are carried using the Department of Energy, Oak Ridge National
Laboratory (DOE/ORNL) Heat Pump Design Model (HPDM), a well-known heating, ventilation,
and air conditioning (HVAC) modeling and design tool in the public domain and the HVAC research
and development community. The results of the simulation are further scrutinized using exergy
analysis to identify sources of systemic inefficiency, the root cause of lost work. This rigorous approach
provides an exhaustive analysis of alternate low-GWP refrigerants to replace R410A using available
compressors and system components, without compromising performance.
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1. Introduction

The earth continues to experience record increases in surface temperatures, largely caused by
anthropogenic activity. At the 21st Conference of the Parties in Paris 2015 (COP21), 188 countries
reached an agreement to achieve global warming below 2 ◦C by the end of 2100. A global phasedown
of hydrofluorocarbons (HFCs) has been estimated to reduce warming by 0.5 ◦C, by 2100. This paper
addresses the research question of replacing currently used R410A with low global warming potential
(low-GWP) refrigerants for cold climate heat pumps, in which there is a gap in current knowledge
and performance assessment especially related to drop-in replacements. Exergy analysis of cold
climate heat pumps at the component level provides greater insight into systemic inefficiency. Previous
exergy-related studies have been limited to ordinary vapor compression heat pumps in conjunction
with renewable energy sources, or incremental improvements through coupling, or using different
refrigerants [1–13]. In this paper, the application in cold climate conditions, and operation at the
temperature levels of the Air-Conditioning, Heating, and Refrigeration Institute (AHRI) 210/240
standard for two-speed heat pumps are new, relative to drop-in low-GWP refrigerants. To identify
systemic inefficiency, a thermodynamic approach through exergy analysis is applied to heat pumps
using renewable energy [14,15], to R22 substitution [16], to low-temperature heat sources [17],
to sorption and ground-source or geothermal heat pumps [18,19], and to the general problem of heat
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pumps for simultaneous heating and cooling [20], but not to the specific issue of providing heating in
cold climates based on the AHRI 210/240 standard for two-speed heat pumps by replacing R410A with
low-GWP refrigerants.

Alternate, low-GWP replacements should have the following key characteristics: (1) a similar
cooling/heating capacity per volumetric flow rate; (2) comparable or higher energy efficiency; (3) ability
to work in the same temperature and pressure ranges; and (4) a resultant compressor discharge
temperature that is similar or lower than the baseline refrigerant, and therefore, there is no need to
change the compressor oil. Refrigerant fluid properties are significant for flow and wettability [21].

Table 1 depicts promising alternative refrigerants for R410A with much lower GWPs. The R410A
replacements are mostly blends containing R32 and hydrofluoroolefin (HFO) R1234yf, as well as a pure
refrigerant, R32. They have approximately 70% lower global warming potential (GWP) than R410A.
Some compositions of R32 and R1234yf are mildly flammable and are classified as A2L. It should
be noted that R466A is an A1 refrigerant, i.e., non-flammable [22]. These refrigerant blends have
negligible temperature glides, i.e., deviation between the temperature starting condensation and
starting evaporation at the same pressure. All the alternatives have higher critical temperatures than
R410A, making them more suitable for high condensing temperature operation.

Table 1. Replacements for refrigerant R410A which have lower global warming potentials (GWPs) [22].

Refrigerant GWP Safety Category Glide (K) Critical T (◦C)

R32 677 A2L 0.0 78.12

R452B b 676 A2L 1.3 79.68

R454B c 467 A2L 1.5 77.0

R466A d 733 A1 1.5 83.8

R410A a 1924 A1 0.1 71.34
a R410A has compositions of R32 (0.5)/R125 (0.5), mass based; b R452B has R32 (0.67)/R125 (0.07)/R1234yf (0.26),
mass based; c R454B has R32 (0.689)/R1234yf (0.311), mass based; d R466A has R32 (0.49)/R125 (0.115)/R13I (0.395),
mass based.

2. Refrigerant Properties

A candidate refrigerant should present the following two key characteristics: the enthalpy
difference between saturated vapor line and the saturated liquid line (i.e., latent heat of vaporization)
and the critical refrigerant temperature (to separate supercritical and subcritical working regions).
In addition, volumetric heat of vaporization quantifies the cooling capacity per unit volumetric
flow. Bigger volumetric capacity refrigerants lead to bigger cooling capacities if using the same
compressor size.

Four refrigerants to replace R410A are compared in Figure 1 by temperature-enthalpy diagrams.
All the replacements (except R466A) can tolerate higher critical temperatures and have wider domes,
which means they are more suitable for high ambient operations. Figure 2 shows the volumetric heat
of vaporization versus the average saturation temperature. R32 has noticeably larger volumetric heat
of vaporization than R410A, and R466A is slightly larger. R452B and R454B have volumetric heats of
vaporization slightly lower than that of R410A. When approaching the critical temperature from either
side of the dome, the heat of vaporization drops until it vanishes at the critical point.

Saturation temperature versus density of R410A and the four alternative refrigerants are shown in
Figure 3. All the alternatives, except for R466A, have lower suction vapor density and less refrigerant
mass flow rate than R410A for a fixed compressor displacement volume. Lower volumetric capacity
results in smaller capacity with the drop-in application and the same compressor. The saturation
temperature is impacted by the heat transfer characteristics and refrigerant pressure drop. The smaller
cooling capacity is also due to the lower saturation temperature in a drop-in application.
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Figure 1. Temperature-enthalpy plots of refrigerant R410A and alternatives.

Figure 2. Volumetric heat of vaporization of refrigerant R410A and alternatives.

Figure 3. Saturation temperature-density plots of refrigerant R410A and alternatives.

3. Model Description, Features, and Assumptions

The Department of Energy, Oak Ridge National Laboratory (DOE/ORNL) Heat Pump Design
Model [23] was used to model a baseline heat pump with R410A as the refrigerant. The heat pump
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system consists of a condenser, an evaporator, a thermo-expansion valve, and a compressor. Capabilities
of the DOE/ORNL Heat Pump Design Model (HPDM), are described extensively in [23] and the salient
features pertaining to this paper are described concisely below.

3.1. Compressor Model

The compressor power consumption and refrigerant mass flow rate were modeled using AHRI
10-coefficient compressor maps [24]. A compressor shell loss ratio, to the compressor power
consumption is a user input to quantify the refrigerant energy gain in the compressor flow path.
The predicted refrigerant flow rate is corrected by the real suction density, as described in [25].
The compressor map, originally developed for R410A, was used to model the alternative refrigerants.
It was assumed that the compressor would maintain the same volumetric and isentropic efficiencies at
the same suction and discharge pressures. Thus, the efficiencies were defined from the original R410A
map as a function of the suction and discharge pressures, adopted by the alternative refrigerants in the
same pressure range. The volumetric, and the isentropic efficiency are defined in Equations (1) and (2),
respectively, as:

ηvol = mr/
(
Vdisplacement × Sprotation ×Dsuction

)
(1)

ηisentropic = mr × (Hdischarge,s −Hsuction)/P (2)

where mr is compressor mass flow rate, kg·s−1; P is compressor power, W; ηvol is the compressor
volumetric efficiency; Sprotation is the compressor rotational speed, rotations per second; Dsuction is
the suction refrigerant density, kg·m−3; ηisentropic is compressor isentropic efficiency; Hsuction is the
compressor suction enthalpy, J·kg−1; and Hdischarge,s is the enthalpy, J·kg−1, obtained at the compressor
discharge pressure and suction entropy. The approach of converting the compressor map of a baseline
refrigerant used by its drop-in replacements has been extensively validated in [17]. The map conversion
method for the alternative refrigerants reached similar accuracy as the compressor map developed for
the original refrigerant.

3.2. Heat Exchanger Model

The fin-and-tube condenser is modeled using a segment-to-segment modeling approach,
i.e., dividing one tube into multiple mini control volumes; each control volume considers air-side
and refrigerant-side heat transfer and energy balance with possible phase change. Heat transfer
within each control volume is calculated using an ε-NTU method. Pressure drops are considered
in both the air side and refrigerant side. Figure 4 shows the diagram. The kth segment indicates a
single segmented-control volume having energy transfer between the air side and refrigerant side.
In addition,

.
ma,k is the air flow rate across the segment, ha,k,i and ha,k,o are the air side inlet and outlet

enthalpies,
.

mr,k is the refrigerant side mass flow rate, Pr,k,i and Pr,k,o are the inlet and outlet refrigerant
pressures, and hr,k,i and hr,k,o are the refrigerant side inlet and outlet enthalpies.

Figure 4. Segment-to-segment modeling approach.
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Using the same modeling approach as the segment-to-segment fin-tube condenser (Figure 4),
the evaporator model additionally considers dehumidification. The method introduced by
Braun et al. [26] was adopted to deal with water condensing on a cooling coil, where the heat
and mass transfer was driven by the difference between specific enthalpies of the inlet air and saturated
air at the refrigerant temperature. As noted, the mini segmental modeling approach could reveal the
glide of a zeotropic refrigerant (refrigerant with a temperature glide between the onset of boiling and
onset of condensation), since the temperature increment was accounted for by each individual segment
along the refrigerant flow path.

Through an extensive literature survey, we identified heat transfer and pressure drop correlations
suitable for modeling and optimizing air conditioners and heat pumps, and valid for various low GWP
refrigerants. The references are listed in Table 2.

Table 2. Selected references describing correlations for two-phase heat transfer and pressure drop.

Application Reference for Correlation

Fin-and-tube heat exchanger (FTC) evaporation heat transfer Thome [21]

FTC condensation heat transfer Cavallini et al. [27]

FTC evaporation pressure drop Choi et al. [28]

FTC condensation pressure drop Choi et al. [28]

The two-phase heat transfer correlations [21,27] account for local flow patterns, considering
refrigerant properties. The idea of the flow-pattern dependent evaporation model is to first estimate
the wetted surface inside a horizontal smooth tube using a flow map prediction. The model covers
stratified flow; stratified wavy, annular wavy, intermittent, and annular flow; annular flow with partial
dry out; and mist flow in evaporation. The general expression for local evaporating heat transfer
coefficient is as follows:

htp =
θdryhv +

(
2π− θdry

)
hwet

2π
(3)

hwet = (h3
nb + h3

cb)
1/3

. (4)

In Equation (3), θdry is the dry angle corresponding to the dry circumference of the tube, which is
determined from the flow pattern and void fraction. The void fraction model for this correlation is
described in [29]. In addition, hwet is the heat transfer coefficient at the wet circumference of the tube,
which is composed of a nucleate boiling term hnb and a convective boiling term hcb; hv is the heat
transfer coefficient at the dry circumference of the tube.

The local evaporation heat transfer coefficient calculated with the correlation of Thome [21] is
shown in Figure 5. The correlation reasonably predicts degradation of heat transfer coefficient at high
quality due to dry out of the liquid film, while most of the other correlations are not able to do so.
This model can also reveal the effect of heat flux.

The local condensation heat transfer coefficient according to Cavallini [27] is given in
Equation (5) as:

htp =
θ f ilmh f +

(
2π− θ f ilm

)
hc

2π
(5)

where θ f ilm is the falling film angle around the perimeter of the tube, which is dependent on the local
flow pattern and void fraction; h f is the Nusselt film condensation coefficient; and hc is the convective
condensation heat transfer coefficient. The Cavallini [27] condensation correlation also starts with the
flow pattern prediction, i.e., applying different heat transfer mechanisms specific to local flow patterns.
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Figure 5. Local flow boiling coefficient predicted with the Thome [21] flow-pattern-dependent
evaporation model.

It was assumed that azeotropic refrigerant (with negligible temperature glide) mixtures had
similar heat transfer performances to those of pure refrigerants. Thus, pure refrigerant correlations can
work for an azeotropic refrigerant mixture such as R410A. However, zeotropic refrigerant mixtures
with large temperature glides, have different behaviors.

Heat transfer correlations developed for pure refrigerants must be corrected if they are to be used
for zeotropic refrigerants. Stephan [30] proposed a correction method for condensation as well as
evaporation. In this method, the mixture heat transfer coefficient hm is defined as:

hm = [1/h f + (δQSV/δQT)/hg]
−1 (6)

where h f is the heat transfer coefficient computed from a pure refrigerant heat transfer model; hg is the
heat transfer coefficient of the vapor phase, which can be calculated with the Dittus–Boelter equation;
and δQSV/δQT is the ratio between the sensible heat transfer rate and the total heat transfer rate.
Bell [31] suggested that if the total isobaric temperature glide was around 7–8 ◦C, then the ratio could
be approximated as:

(δQSV/δQT) ≈ xCpg(∆T/∆hm) (7)

where ∆T is the temperature glide, ∆hm is the enthalpy of latent heat of the mixture, x is the quality (mass
fraction of vapor in an equilibrium mixture of vapor and liquid), and Cpg is the vapor specific heat.

We adopted air-side heat transfer correlations specific to individual fin types for dry and wet
surfaces. To simplify the models for the thermo-expansion valve, it was assumed that the liquid
enthalpy ahead of the expansion device was equal to that at the evaporator inlet. The evaporator
superheat degree and the condenser subcooling degree were direct inputs. A heat exchangers’ airflow
rate and corresponding fan power consumption were direct inputs from the laboratory measurements or
from the manufacturer’s data. Temperature changes and pressure drops of refrigerant lines, e.g., liquid,
suction, and discharge lines were specified using the measured data from experiments. REFPROP
10.0 from Lemmon et al. [32] was used to calculate the refrigerant properties. New refrigerants can be
modeled in REFPROP by creating a refrigerant definition file.

3.3. Baseline Heat Pump and Rating Conditions

The DOE/ORNL Heat Pump Design Model (HPDM) was used for analytical evaluations for
a baseline pump having a two-speed compressor. The two-speed heat pump has the total cooling
capacity of 5 ton/17.6 kW at 35 ◦C ambient temperature/26.7 ◦C indoor dry bulb temperature (DB) and
19.4 ◦C indoor wet bulb temperature (WB). The high and low speeds of the scroll compressor provide
100%/67% capacity. The indoor and outdoor heat exchangers are described in Table 3. For the system
modeling in, heating mode, the evaporator exit was assumed to have a constant superheat degree of
10 R (5.6 K).
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Table 3. Dimensions of indoor and outdoor fin-and-tube heat exchangers.

Heat Exchangers Condenser Evaporator

Frontal flow area, ft2 (m2) 3.30 (0.307) 22.3 (2.07)
Total tube number 84 64
Number of rows 3 (cross counterflow) 2 (cross counterflow)
Parallel circuits 9 circuits 6 circuits
Density of fins 168 fins/ft (551 fins/m) 264 fins/ft (866 fins/m)

Fan/blower Indoor (High/Low) Outdoor

Air flow, ft3/min (m3/s) 1670 (H)/1380 (L) (0.79/0.65) 3500 (1.65) (H/L)
Power consumption (W) 322 (H)/203 (L) 300 (H/L)

The AHRI 210/240 [33] standard was used for two-speed heat pumps. In heating mode,
the heat pump should be rated at the indoor dry bulb temperature of 21.1 ◦C. At the low speed,
the ambient temperature should vary at 16.7 ◦C DB/13.6 ◦C WB, 8.3 ◦C DB/6.1 ◦C WB, 1.7 ◦C DB/0.6
◦C WB, and −8.3 ◦C DB/−9.4 ◦C WB. The high speed should be rated at 8.3 ◦C DB/6.1 ◦C WB,
1.7 ◦C DB/0.6 ◦C WB, and −8.3 ◦C DB/−9.4 ◦C WB.

Since HPDM is a steady-state system model, it does not predict cyclic performance and frost/defrost
penalty. We adopted a typical degradation coefficient of 0.1 for the high speed, and 0.15 for the low
speed. The AHRI 210/240 standard quantifies frosting/defrost loss at the outdoor condition of 1.7
◦C DB/0.6 ◦C WB. If no frost effect is correlated by an analytical model, the standard recommends a
98% factor to scale the power consumption and a 91% factor to scale the heating capacity. The AHRI
210/240 standard assumes no frost formation at ambient temperatures above 8.3 ◦C DB/6.1 ◦C WB
and below −8.3 ◦C DB/−9.4 ◦C WB. At other ambient conditions, the performances are interpolated
between 8.3 ◦C DB/6.1 ◦C WB and 1.7 ◦C DB/0.6 ◦C WB; and interpolated between 1.7 ◦C DB/0.6 ◦C
WB and −8.3 ◦C DB/−9.4 ◦C WB. For the ambient conditions below −8.3 ◦C DB/−9.4 ◦C WB, the results
are extrapolated based on the predicted results at 8.3 ◦C DB/6.1 ◦C WB and −8.3 ◦C DB/−9.4 ◦C WB.

Table 4 predicts heating performances using R410A at the low (_L) and high speed (_H), including
heating capacities (kW), heat pump heating coefficient of performances (COPs), compressor discharge
temperatures, T(◦F/◦C) and the compressor isentropic efficiency Equation (2). Comparing the high
speed with the low speed at low ambient temperatures, the efficiency degradation is more pronounced
because the loss factors ascend with the compressor pressure ratio. At −8.3 ◦C, the isentropic efficiency
decreases from 64% to 50%. A typical heat pump sized to meet the building cooling load cannot satisfy
heating load at low ambient temperatures.

Table 4. Predicted heating performance using R410A.

Outdoor Condition Capacity (kW) COP (W/W) Compressor Disc T (◦F]/[◦C) Compressor Efficiency

8.3 ◦C_H 17.6 3.9 167.1/75.05 72%

1.7 ◦C_H 15.0 3.6 166.7/74.83 70%

−8.3 ◦C_H 11.4 3.0 172.8/78.22 64%

16.7 ◦C_L 15.8 4.5 165.7/74.28 66%

8.3 ◦C_L 12.8 3.9 165.7/74.28 63%

1.7 ◦C_L 10.8 3.4 170.1/76.72 59%

−8.3 ◦C_L 7.9 2.6 190.8/88.22 50%

Figure 6 compares the heat pump capacities as a function of the ambient temperature, versus the
building load line of DHRmin defined by the AHRI 210/240 standard for the ASHRAE climate zone IV.
DHRmin indicates a well-insulated building. Even in an adequately insulated home, the heat pump
total capacity still cannot provide enough heating capacity. The high compressor speed will be called
at an ambient temperature below −3 ◦C.
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Figure 6. Heat pump capacities versus building load line.

The systemic COPs, based on the first law of thermodynamics, present a partial picture of energy
efficiency. To investigate the sources of systemic inefficiency and where the opportunity of further
efficiency improvements may be found, we perform an exergy analysis based on both the first and
second laws of thermodynamics.

4. General Mass, Energy, and Exergy Balances

The general mass and energy balances equations are given by Equations (8) and (9), respectively,∑
out

mr −
∑
in

mr = 0 (8)

Qo + W +
∑
in

(
h +

v2

2
+ gz

)
mr −

∑
out

(
h +

v2

2
+ gz

)
mr = 0 (9)

where Qo is the rate of thermal energy exchanged between the control volume (CV) around a specific
component of the heat pump and the surroundings at To; W is the rate of work input to the compressor;
h, v2/2, and gz represent specific enthalpy, kinetic energy, and potential energy, respectively; and mr is
the refrigerant mass flow rate Equations (8) and (9) apply to steady-state steady flow conditions.

The general exergy balance equation [34–36] applied across each component under evaluation is,

σTotal =
∑
out

mrs−
∑
in

mrs−
Qo

To
≥ 0 (10)

where σTotal (W·K−1) is the sum of the entropy generation rates due to internal irreversibility and those
from irreversible thermal energy transfer between the control volume surrounding each component
and its surroundings. This method of exergy analysis of heat pumps has been validated and applied in
low-GWP heat pumps, and in more complex cases of ground source heat pumps due to interaction
with both the ground and the ambient air [37].

The irreversibility, which is the thermodynamic measure of the lost opportunity to do useful
work, is the product of the ambient temperature, To (K), and the rate of entropy generation, σ (W·K−1),
is given by:

I = To σ. (11)

The mass flow rate and values of state functions around the control volume for each heat pump
component are obtained from the HPDM model and use of REFPROP 10. Application of Equations
(8)–(11) to the particular heat pump component and its corresponding state points yield the component
and systemic irreversibility shown in Tables 5–8.
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Table 5. Thermal and mechanical energy exchanges from the Department of Energy, Oak Ridge National Laboratory (DOE/ORNL) Heat Pump Design Model (HPDM)
model and application of Equations (8)–(11), at 8.3 ◦C ambient temperature.

8.3 ◦C_H 8.3 ◦C_L

R410A R32 R452B R454B R466A R410A R32 R452B R454B R466A Units
m 287.67 206.50 235.60 229.25 340.70 203.47 145.94 166.00 161.50 242.39 kg h−1

Wrefrig. 3400.83 3729.48 3219.72 3176.54 3719.38 2485.10 2701.66 2352.23 2321.51 2700.51 W
QComp. −437.30 −479.56 −408.46 −408.46 −478.27 −319.87 −347.74 −302.77 −298.81 −347.59 W
WComp. 3838.13 4209.04 3219.72 3585.00 4197.64 2804.97 3049.40 2655.00 2620.32 3048.10 W
σComp. 3.37 3.66 3.15 3.13 3.66 3.26 3.48 3.09 3.05 3.48 W K−1

IComp. 949.02 1029.42 887.52 881.19 1030.36 918.87 978.12 869.06 857.88 978.51 W
QCond. −17,268.16 −18,575.97 −16,853.41 −16,725.77 −18,363.44 −12,617.83 −13,468.24 −12,234.45 −12,135.16 −13,436.96 W
σCond. 4.62 5.51 4.46 4.40 5.24 3.03 3.59 2.90 2.87 3.45 W K−1

ICond. 1358.91 1621.92 1313.20 1296.01 1541.10 890.89 1057.69 854.69 843.27 1014.00 W
QEXV −194.34 −154.85 −160.48 −156.07 −81.68 −56.95 −45.49 −47.20 −45.90 −55.91 W
σExv. 1.58 1.09 4.46 0.99 0.44 0.45 0.40 0.36 0.35 0.48 W K−1

IEXV 352.80 306.81 289.30 279.64 123.14 126.25 112.29 101.39 97.65 134.51 W
QEvap. 14,151.71 15,071.36 13,863.20 13,771.55 14,920.87 10,324.56 10,918.83 10,038.11 9964.71 10,924.00 W
σEvap. 1.58 1.68 1.51 1.49 1.74 0.91 0.97 0.87 0.87 0.99 W K−1

IEvap. 444.30 472.73 424.02 419.30 488.43 255.41 273.50 246.22 243.75 277.83 W
Line Loss(2-3) −90.04 −70.05 −69.03 −66.27 −86.80 −59.36 −46.45 −46.11 −44.30 −57.49 W
σ2-3 0.08 0.08 0.07 0.07 0.08 0.04 0.05 0.04 0.04 0.05 W K−1

I2-3 22.31 21.79 19.22 18.74 23.43 13.20 13.52 11.86 11.62 14.09 W
Line Loss(6-1) 0.07 0.03 0.00 0.01 −0.01 0.00 0.00 0.00 0.00 0.00 W
σ6-1 0.07 0.07 0.07 0.07 0.07 0.05 0.04 0.05 0.05 0.05 W K−1

I6-1 18.67 18.87 19.79 19.78 19.84 12.70 12.66 12.67 12.67 12.72 W
ITotal 3146.00 3471.54 2953.04 2914.66 3226.30 2217.31 2447.79 2095.90 2066.83 2431.67 W
COPCarnot 22.99 22.99 22.99 22.99 22.99 22.99 22.99 22.99 22.99 22.99
WCarnot 751.17 808.06 733.13 727.58 798.82 548.88 585.87 532.20 527.88 584.51 W
Wa = WCarnot + Itotal 3897.18 4279.60 3686.17 3642.24 4025.12 2766.19 3033.66 2628.10 2594.72 3016.18 W
E In 17,989.91 19,280.44 17,491.38 17,356.57 19,118.52 13,129.52 13,968.24 12,693.10 12,585.03 13,972.10 W
E Out −17,989.84 −19,280.44 −17,491.38 −17,356.57 −19,010.19 −13,054.01 −13,907.92 −12,630.52 −12,524.16 −13,897.95 W
%∆E 0.00 0.00 0.00 0.00 0.57 0.58 0.43 0.49 0.48 0.53
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Table 6. Thermal and mechanical energy exchanges from the HPDM model and application of Equations (8)–(11), at 1.7 ◦C ambient temperature.

1.7 ◦C_H 1.7 ◦C_L

R410A R32 R452B R454B R466A R410A R32 R452B R454B R466A Units
m 235.17 169.01 192.01 186.66 280.58 162.72 116.90 131.40 127.41 280.58 kg h−1

Wrefrig. 3098.04 3382.92 2939.07 2901.31 3386.37 2330.46 2524.01 2212.69 2185.71 3386.37 W
QComp. −470.83 −514.13 −446.67 −440.93 −514.65 −354.49 −383.93 −336.58 −332.47 −514.65 W
WComp. 3568.87 3897.05 3385.74 3342.25 3901.03 2684.95 2907.94 2549.27 2518.18 3901.03 W
σComp. 3.48 3.74 3.30 3.26 3.74 3.51 3.69 3.34 3.30 3.74 W K−1

IComp. 956.75 1027.64 907.82 897.33 1027.42 963.48 1015.27 917.36 908.16 1027.42 W
QCond. −14,673.15 −15,790.52 −14,253.58 −14,129.57 −15,703.47 −10,576.32 −11,306.49 −10,154.05 −10,042.33 −15,703.47 W
σCond. 3.50 4.24 3.38 3.33 4.02 2.29 2.79 2.19 2.16 4.02 W K−1

ICond. 1028.51 1248.01 993.13 979.43 1184.07 672.66 819.52 644.59 634.73 778.68 W
QEXV −65.57 −52.55 −54.44 −52.93 −64.55 −44.06 −35.34 −36.36 −35.30 −64.55 W
σExv. 0.82 0.72 0.67 0.65 0.85 0.44 0.38 0.36 0.35 0.85 W K−1

IEXV 224.41 198.02 184.00 177.81 234.87 121.46 105.38 99.01 95.69 234.87 W
QEvap. 11,795.81 12,583.37 11,494.19 11,402.34 12,533.45 8392.87 8899.77 8060.58 7971.98 12,533.45 W
σEvap. 1.22 1.30 1.16 1.15 1.36 0.69 0.74 0.69 0.69 1.36 W K−1

IEvap. 335.27 357.88 319.41 315.98 373.36 190.76 204.47 189.50 189.19 373.36 W
Line Loss(2-3) −68.17 −53.54 −53.05 −50.96 −66.20 −44.53 −35.08 −34.64 −33.28 −66.20 W
σ2-3 0.05 0.05 0.05 0.05 0.06 0.04 0.04 0.03 0.03 0.06 W K−1

I2-3 15.33 15.99 13.85 13.58 16.53 10.73 11.21 9.78 9.60 16.53 W
Line Loss(6-1) 0.00 0.00 −0.02 −0.01 −0.01 0.00 0.00 −0.01 0.02 −0.01 W
σ6-1 0.07 0.07 0.07 0.07 0.07 0.04 0.04 0.04 0.04 0.07 W K−1

I6-1 18.57 18.55 18.48 18.47 18.65 12.26 12.24 12.21 12.20 18.65 W
ITotal 2578.84 2866.10 2436.70 2402.60 2854.89 1971.35 2168.09 1872.45 1849.57 2854.89 W
COPCarnot 15.17 15.17 15.17 15.17 15.17 15.17 15.17 15.17 15.17 15.17
WCarnot 967.41 1041.07 939.74 931.57 1035.34 697.30 745.44 669.46 662.09 1035.34 W
Wa = WCarnot + Itotal 3546.25 3907.17 3376.45 3334.17 3890.23 2668.65 2913.53 2541.91 2511.66 3890.23 W
E In 15,364.68 16,480.42 14,879.91 14,744.58 16,434.48 11,077.81 11,807.71 10,609.84 10,490.18 16,434.48 W
E Out −15,277.73 −16,410.74 −14,807.73 −14,674.40 −16,348.87 −11,019.40 −11,760.84 −10,561.62 −10,443.37 −16,348.87 W
%∆E 0.57 0.42 0.49 0.48 0.52 0.53 0.40 0.45 0.45 0.52
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Table 7. Thermal and mechanical energy exchanges from the HPDM model and application of Equations (8)–(11), at −8.3 ◦C ambient temperature.

−8.3 ◦C_H −8.3 ◦C_L

R410A R32 R452B R454B R466A R410A R32 R452B R454B R466A Units
m 166.54 120.02 134.40 130.33 201.49 108.12 78.04 86.26 83.51 132.44 kg h−1

Wrefrig. 2712.30 2950.75 2580.70 2549.95 2963.76 2139.94 2309.36 2053.74 2034.71 2316.50 W
QComp. −512.47 −557.52 −487.61 −481.79 −559.97 −404.63 −436.66 −388.33 −384.73 −438.01 W
WComp. 3224.77 3508.27 3068.31 3031.74 3523.73 2544.57 2746.02 2442.06 2419.44 2754.51 W
σComp. 3.83 4.06 3.66 3.63 4.06 4.05 4.20 3.90 3.87 4.23 W K−1

IComp. 1014.21 1073.99 969.57 960.41 1075.96 1073.58 1112.96 1032.04 1024.23 1121.31 W
QCond. −11,091.63 −11,972.46 −10,647.95 −10,529.69 −12,019.48 −7710.13 −8289.89 −7328.06 −7238.04 −8406.65 W
σCond. 2.26 2.87 2.20 2.17 2.68 1.53 1.99 1.53 1.53 1.82 W K−1

ICond. 665.83 844.35 647.40 638.77 787.62 451.60 586.40 451.65 448.92 536.42 W
QEXV −44.37 −35.75 −36.73 −35.68 −44.18 −28.21 −22.77 −23.19 −22.52 −28.37 W
σExv. 0.75 0.65 0.63 0.61 0.78 0.42 0.35 0.36 0.35 0.43 W K−1

IEXV 199.26 171.50 165.59 160.69 206.39 111.54 93.94 94.10 91.83 115.21 W
QEvap. 8526.75 9139.90 8187.29 8096.05 9202.03 5663.34 6055.37 5349.79 5276.41 6183.52 W
σEvap. 0.80 0.86 0.78 0.78 0.91 0.47 0.50 0.48 0.48 0.51 W K−1

IEvap. 212.76 227.19 207.54 206.32 239.77 124.04 131.80 126.53 126.54 135.69 W
Line Loss(2-3) −44.21 −35.03 −34.62 −33.33 −43.53 −27.53 −21.87 −21.52 −20.72 −27.38 W
σ2-3 0.04 0.04 0.03 0.03 0.04 0.03 0.03 0.02 0.02 0.03 W K−1

I2-3 11.15 11.93 10.28 10.11 12.18 7.95 8.44 7.35 7.23 8.66 W
Line Loss(6-1) 0.00 0.00 0.00 0.01 −0.01 0.00 0.00 0.00 0.00 0.00 W
σ6-1 0.07 0.07 0.07 0.07 0.07 0.04 0.04 0.04 0.04 0.04 W K−1

I6-1 17.72 17.73 17.58 17.56 17.87 11.26 11.24 11.17 11.15 11.39 W
ITotal 2120.93 2346.69 2017.97 1993.86 2339.78 1779.97 1944.78 1722.84 1709.90 1928.67 W
COPCarnot 10.01 10.01 10.01 10.01 10.01 10.01 10.01 10.01 10.01 10.01
WCarnot 1108.22 1196.23 1063.89 1052.07 1200.93 770.36 828.28 732.18 723.19 839.95 W
Wa = WCarnot + Itotal 3229.15 3542.92 3081.86 3045.93 3540.71 2550.32 2773.07 2455.02 2433.09 2768.62 W
E In 11,751.52 12,648.17 11,255.61 11,127.81 12,725.76 8207.90 8801.39 7791.85 7695.85 8938.04 W
E Out −11,692.68 −12,600.77 −11,206.91 −11,080.49 −12,667.17 −8170.49 −8771.19 −7761.10 −7666.00 −8900.42 W
%∆E 0.50 0.37 0.43 0.43 0.46 0.46 0.34 0.39 0.39 0.42
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Table 8. Thermal and mechanical energy exchanges from the HPDM model and application of
Equations (8)–(11), at 16.7 ◦C ambient temperature.

16.7 ◦C_L

R410A R32 R452B R454B R466A Units
m 265.53 190.27 216.85 211.02 313.25 kg h−1

Wrefrig. 2737.30 2996.44 2578.87 2542.82 2980.21 W
QComp. −270.55 −296.17 −254.89 −251.33 −294.57 W
WComp. 3007.85 3292.61 2833.76 2794.15 3274.77 W
σComp. 3.12 3.36 2.92 2.88 3.37 W K−1

IComp. 904.12 974.69 847.14 835.55 976.49 W
QCond. −15,559.73 −16,607.34 −15,148.58 −15,037.18 −16,431.36 W
σCond. 4.35 5.06 4.17 4.11 4.85 W K−1

ICond. 1278.89 1489.78 1225.85 1210.00 1427.64 W
QEXV −78.71 −62.55 −64.47 −62.68 −76.70 W
σExv. 0.45 0.42 0.36 0.34 0.49 W K−1

IEXV 130.05 121.09 103.37 98.89 141.07 W
QEvap. 13,091.96 13,823.21 12,785.00 12,702.77 13,712.32 W
σEvap. 1.17 1.26 1.15 1.14 1.28 W K−1

IEvap. 340.08 366.64 334.52 331.03 370.76 W
Line Loss(2-3) −86.45 −66.81 −65.33 −62.61 −82.75 W
σ2-3 0.06 0.06 0.05 0.05 0.06 W K−1

I2-3 17.85 17.68 15.41 15.04 18.78 W
Line Loss(6-1) 0.00 0.00 −0.01 −0.01 0.00 W
σ6-1 0.04 0.04 0.05 0.05 0.04 W K−1

I6-1 13.03 12.99 13.05 13.05 13.01 W
ITotal 2684.03 2982.87 2539.34 2503.56 2947.75 W
COPCarnot 65.39 66.88 66.88 66.88 66.88
WCarnot 237.96 248.33 226.52 224.86 245.70 W
Wa = WCarnot + Itotal 2921.99 3231.20 2765.87 2728.42 3193.46 W
E In 16,099.81 17,115.82 15,618.75 15,496.91 16,987.10 W
E Out −15,995.44 −17,032.87 −15,533.27 −15,413.80 −16,885.39 W
%∆E 0.65 0.48 0.55 0.54 0.60

5. Energy, Entropy Generation, and Irreversibility Calculations

The work input to the compressor obtained from the HPDM model for each outdoor temperature
is the algebraic sum of WRe f rig.. and QComp which equals WComp., as shown in Tables 5–8. The negative
sign for QComp is because heat is flowing out of the compressor CV, as per the International Union
of Pure and Applied Chemistry (IUPAC) convention (energy inflow is positive, outflow is negative).
From entropy generation rate, σComp., the total compressor irreversibility, IComp. = ToσComp., where To

is the ambient temperature specified at the top of Tables 5–8 which must be converted to absolute
temperature for use in Equations (10) and (11).

For a rigorous analysis, we must show consistency between the compressor work input (WComp.)
from the HPDM model and that calculated from irreversibility analysis. The total actual work input to
the compressor must be the sum of the Carnot work and the irreversibility losses. The Carnot work for
an ideal heat pump with no irreversibility is given by:

COPCarnot =
Th

(Th − TL)
(12)

where Th is the set temperature (21.1 ◦C) of the conditioned space during heating and TL is the outdoor
temperature indicated on the header of Tables 5–8. The total cyclic irreversibility, ITotal, is the sum of
the irreversibility of each component, i.e., the compressor, condenser, expansion valve (EXV), and line
loss between the evaporator and the compressor inlet (I6−1) and the line loss from the compressor
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outlet to the evaporator inlet, (I2−3). The actual work input must be the sum of the ideal work (Carnot
work) and the lost work due to irreversibility.

Thus, Wa = WCarnot + ITotal and is in reasonable agreement with the work input to the heat pump,
WComp. derived from the model. This calculation is performed for each ambient temperature as per the
AHRI 210/240 standard. We emphasize that the work computed from irreversibility analysis for the
heat pump cycle and that obtained from the HPDM model are consistent, complementary, and validate
our analyses based on both the first and second laws of thermodynamics.

6. Component-Wise Irreversibility

More detailed information on the systemic irreversibility is derived from the component-level
irreversibility for each temperature level in the AHRI 210/240 standard, as shown in Figure 7.
The structure of component-level irreversibility between the high and low speeds at 8.3 ◦C ambient
temperature is markedly different, i.e., condenser irreversibility is greater than compressor irreversibility
for all refrigerants. The total irreversibility is also higher for the high speed vs. the low speed, as might
be expected (rapid processes have higher entropy losses). The irreversibility structure for 1.7 ◦C high
and low speeds are similar in structure with the overall irreversibility at the high speed greater than
at the low speed. For the coldest ambient case of −8.3 ◦C, again the structure of the irreversibility
remains similar for the high and low speeds but notably, the compressor irreversibility is of the same
magnitude, but the condenser and evaporator irreversibility is smaller for the lower speed versus the
higher speed due to smaller condenser and evaporator loads.

Figure 7. Irreversibility structure of heat pump components at ambient temperatures specified by
the Air-Conditioning, Heating, and Refrigeration Institute (AHRI) 210/240 standard. Space heating
temperature in all cases is at 21.1 ◦C, as per the standard. Lines (6-1) and (2-3) refer to connecting lines
from the evaporator exit.
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The comparative irreversibility (Figure 8, left) and the heating COP relative to Carnot (Figure 8,
right) of all refrigerants at each AHRI 210/240 standard rated condition is even more telling. Although all
refrigerants perform relatively similar on a comparative basis, the irreversibility of R452B and R454B
are consistently lower than that of the others. Regarding performance relative to Carnot (Figure 8,
right), the pattern is unescapable when going from low temperature (−8.3 ◦C) to the high temperature
(16.7 ◦C). At 16.7 ◦C, the Carnot heat pump efficiency is large, making the relative efficiency small as
compared with the Carnot efficiency. The opposite is true at a low temperature where both the Carnot
and the heat pump efficiency are smaller, making their ratio larger.

Figure 8. Performance of refrigerants in the HP (left) at various AHRI 210/240 standard rated conditions,
and (right) as compared with the Carnot efficiency at the same rated conditions.

7. Results and Discussion

Our analyses based on the AHRI 210/240 standard rated conditions indicate that low-GWP
refrigerants, listed in Table 1 are valid replacements for R410A based on better efficiencies and lower
exergy losses. R32 has the best heat transfer performance and requires the smallest compressor for
delivering the same capacity, supported by previous studies [22]. The condenser duty of R466A
is the greatest among all other refrigerants (Tables 5–8). The higher condenser duty is reflected in
slightly higher condenser irreversibility losses. Compressor irreversibility losses in high speed are
generally greater than at low speed at the same rating conditions (Figure 7). Depending on the ambient
conditions, the most irreversible component may be the compressor or the condenser unit (Figure 7).
Irreversibility losses in both, evaporator and EXV are low. Irreversibility losses in the connecting
lines are negligible and mainly due to thermal losses. The losses in the connecting lines between the
compressor and the indoor coil are greater than the losses between the evaporator and the compressor
inlet due to the relative distances. These losses, though small, could be further mitigated with better
thermal insulation. Opportunities for reducing the irreversibility losses in the condenser could involve
improved design and lowering of the condenser temperature, albeit at the expense of reducing some
condenser duty. Differences in COPs of the heat pump for the refrigerants at the respective rating
conditions were small, but the Carnot efficiency trended higher when the temperature lift was smaller.
That is why the COP relative to the Carnot COP (Figure 8) gradually trended lower with rising ambient
temperatures (corresponding to smaller temperature lifts). The calculation of the actual compressor
work and that obtained from the HPDM model are in very good agreement. The agreement in the
energy balances obtained from the model and by using the state points with corresponding values of
state variables using REFPROP 10 are in excellent agreement, ranging from being exact to a maximum
discrepancy of ~0.6% (see %∆E values in Tables 5–8). The discrepancy is due to the convergence criteria
in the HPDM program when it needs to be relaxed somewhat to get convergence.
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8. Conclusions

It is technically feasible to replace R410A with low-GWP refrigerants without changing the
heat pump hardware. The candidate low-GWP refrigerants have better efficiency and performance
characteristics relative to R410A. The energy input to the compressor, systemic irreversibility, and the
condenser duty are important considerations before selecting a refrigerant. R32 and R454B have
the lowest irreversibility. R466A has slightly greater irreversibility but a larger condenser duty.
The component-wise irreversibility, shown in Figure 7, is crucial for understanding the sources of
systemic irreversibility within the cycle. It is here that improvements should be made to make
the heat pump even more efficient. Changeover to low-GWP refrigerants is a practical pathway
towards mitigating GHG releases into the atmosphere without sacrificing energy efficiency. Heat
exchanger design modifications to reduce irreversibility can be made based on exergy analysis for
additional improvements.
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Nomenclature

AHRI Air-Conditioning, Heating, and Refrigeration Institute
COP Coefficient of performance, dimensionless
CV Control volume
D Density
EXV Expansion valve
E Energy, W
%∆E Percent energy change relative to input energy, dimensionless
g Gravitational acceleration, m·s−2

GWP Global warming potential
h Enthalpy, kJ·kg−1

h Heat transfer coefficient, W/m2/K
I Irreversibility, W
m Mass flow rate, kg·h−1

Q Thermal exchange, W
Sp Compressor speed
T Temperature, K
V Volume
v Velocity, m·s−1

W Work, W
z Height above datum, m
Subscripts
a Actual, or air
Carnot Carnot
Comp. Compressor

http://energy.gov/downloads/doe-public-access-plan
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Cond. Condenser
Evap. Evaporator
EXV Expansion valve
In Inflow
i Inlet
k kth element
Out Outflow
o Outlet
r Refrigerant
refrig. Refrigerant
total Total value of a category
(2-3) Connecting line, compressor to condenser inlet
(6-1) Connecting line, evaporator to compressor inlet
Greek
σ Rate of entropy generation, W·K−1

η Efficiency

Acronym
AHRI Air-Conditioning, Heating, and Refrigeration Institute of the United States
DB Dry bulb temperature
DOE Department of Energy, U.S.
DHR Design heating rating
GHG Greenhouse gas
GWP Global warming potential
HP Heat pump
HFC Hydrofluorocarbons
HFO Hydrofluoroolefin
HPDM DOE/ORNL Heat Pump Design Model
HVAC Heating, ventilation, air conditioning
ORNL Oak ridge national lab
WB Wet bulb temperature
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