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Abstract: The modern internal combustion engine (ICE) has to meet several requirements. It has to
be reliable with the reduced emission of pollutant gasses and low maintenance requirements. What
is more, it has to be efficient both at low-load and high-load operating conditions. For this purpose,
a variable turbine geometry (VTG) turbocharger is used to provide proper engine acceleration of
exhaust gases at low-load operating conditions. Such a solution is also efficient at high-load engine
operating conditions. In this paper, the result of an unsteady, three-dimensional (3D) simulation of
the variable two-stage turbine system is discussed. Three different VTG positions were considered
for those simulations, along with three different turbine speeds. The turbine inlet was modeled as
six equally placed exhaust pipes for each cylinder to eliminate the interference of pressure waves.
The flow field at the outlet of the 1st stage nozzle vane and 2nd stage rotor was investigated. The
simulations showed that the variable technologies significantly improve the efficiency of the two-stage
turbine system. The highest overall efficiency of the two-stage system was achieved at 60,000 rpm
and 11◦ VTG position.

Keywords: two-stage turbocharger; internal combustion engine; variable geometry turbocharger;
computational fluid dynamic; rotor

1. Introduction

Nowadays, turbochargers are widely used in ICE engines. Such a highly efficient
compressor and turbine wheel allow them to increase the power of the engine quickly.
Most modern engines are delivered with fixed geometry turbochargers which accelerate
exhaust gases at high-load conditions. However, the ICE engine operates at different
load conditions. At the high-load engine conditions, the velocity of the exhaust gases is
relatively high. It generates a higher torque on the turbine wheel, which relates to a higher
power generation. Thus, the engine accelerates faster, which gives the driver better control
over the vehicle. However, at the low-load engine conditions, the velocity of the exhaust
gases is inadequate to allow for proper engine response. That is why some of the ICE
engines use the VTG turbocharger to improve their performance at low-load conditions.
The adjustable vane ring is installed before the inlet to the turbine wheel. The actuator
controls the position of the variable vanes. At low-load conditions, vanes are positioned at
a maximal closed position, significantly reducing their cross-section flow area. This allows
to properly accelerate the exhaust gases, which generate proper torque on the turbine
wheel. Thus, the engine response is quicker at low-load conditions.

On the other hand, at high-load conditions, the exhaust gas velocity is very high. Thus,
the variable vanes are positioned at maximally opened positions. In order to properly
match the VTG turbocharger to the engine, detailed calculations are needed.

The preliminary analytical approach for the design of a VTG turbocharger is a necessity.
A mean-line design approach is used to predict main geometry turbine features [1–3]. This
is a quick and reliable method that predicts turbine performance at the mean-line height of
the turbine blades. To predict the off-design turbine behavior of a VTG turbocharger, a ratio
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of the rotor passage’s mean velocity to the rotor’s circumferential velocity is used [4]. Such
a method depends mainly on the configuration of the velocity triangle. Another analytical
approach is based on the adaptation of loading to flow diagram [5]. The nozzle opening
effect is used to deliver the dimensionless flow parameters.

Some researchers performed experimental tests to predict the behavior of the VTG tur-
bocharger. Even though such an approach gives real-time results, it is very cost-demanding.
The test rig has to be prepared with the measuring equipment, allowing to capture instan-
taneous flow parameters. The variable operating flow conditions are mostly delivered by
the installed ICE [6]. Some authors investigate the influence of the VTG turbocharger on
engine combustion parameters with the opening and closure of the exhaust recirculation
valve (EGR) [7,8]. Different variable geometry technologies are also investigated [9]. Such
technologies include pivoting vanes and the sliding nozzle ring. Different types of turbine
are also included in the experimental research. Some of them include the mixed-flow
turbine of a turbocharger under unsteady flow conditions [10]. Moreover, the electrically
assisted variable turbochargers are taken into account for experimental tests [11].

The experimental test is very cost demanding. Thus, some researchers focused on
a more straightforward method that used one-dimensional (1D) simulations. Such an
approach does not require any cost and can provide reliable results. A steady-stage
1D simulations include a discretization of the main components of turbocharger flow
passage [12–15]. The lack of experimental data can be overcome by assuming the fictitious
compressor map [16]. Some researchers include a 1D engine model with an active control
turbocharging for a VTG turbocharger [17]. Nowadays, technologies allow performing
1D simulations of a VTG turbocharger with machine learning algorithms such as deep
reinforcement learning [18,19]. A quasi-steady rotor behavior is a promising approach
to perform unsteady simulations [20,21]. In such an approach, turbine parameters are
investigated over a closed-loop pulse cycle. However, a 1D simulation is limited to the
discretization of the flow passage. A flow structure cannot be investigated using 1D
simulations. Thus, more detailed simulation methods are needed.

Three-dimensional simulations allow to investigate flow structure through the turbine
blade passage deeply. It allows to analyze the pressure at the blade surface and flow
separation at the trailing edge (TE) of the turbine blades. Such a method allows for the
investigation of the steady-state control of VTG turbochargers by comparing the pivot-
ing vane and sliding nozzle ring technologies [22]. In both cases, the variable geometry
technologies improved the turbine efficiency significantly with low flow structure loss.
Some authors performed steady-state optimization of the turbo-generator for different
positions of the nozzle vanes [23]. It was found that the highest efficiency was achieved
at the medium vane position. A steady-state 3D simulation allows investigating a stator
flow field in a twin-scroll turbocharger [24]. Different types of turbine wheels were also
taken into account. A unique variable axial-inflow turbocharger turbine was simulated
under steady-state conditions [25]. Thanks to the variable geometry, the isentropic turbine
efficiency increased to 86.2%. A steady-state, 3D calculations allowed the emission reduc-
tion in a combustion chamber of the micro-turbine engine with variable turbine [26]. To
reduce the shockwave at the nozzle vanes for the variable turbine with a high expansion
ratio, detailed steady-state 3D simulations were performed [27]. Such simulations used a
conformal mapping to investigate the radial nozzle in the x-y coordinate system instead of
the radial coordinate system. Finally, the unsteady simulations of a VTG turbocharger tur-
bine were performed for six different stagger angles [28]. A minimal number of unsteady,
3D simulations indicate a great need to investigate the turbine flow-field under variable
nozzle vane positions.

This article deals with the unsteady, 3D simulation of a two-stage turbine system
with VTG vanes positioned before the 2nd stage rotor. This work is a continuation of
the authors’ previous paper which is mentioned in Section 3. The reason for this study
was to investigate the behavior of the two-stage turbine system under different VTG vane
positions. The mentioned literature is greatly limited to the steady-state operation of the



Energies 2021, 14, 5349 3 of 34

turbocharger turbine. Moreover, most of the mentioned articles dealt with the single-stage
turbine system with a few cases related to the 3D problems. This paper presents the results
of the 3D unsteady simulation and deals with the complex two-stage turbine system. The
unique design on the inlet to the 1st stage rotor eliminates the interference of the pressure
waves from adjacent exhaust pipes. This is a common problem in multi-cylinder engines.
Such a system will be used in a six-cylinder opposed-piston (OP) engine developed at
Warsaw University of Technology.

2. Design of Turbine Wheel

The preliminary design of the turbine wheel was based on such parameters as inlet
total temperature T∗0 , inlet total pressure p∗0 , nozzle vane outlet isentropic temperature T1iz,
relative angle at the rotor outlet β2, turbine wheel inlet and outlet mean diameter D1, D2,
and turbine rotational speed n.

For the nozzle vanes the calculation were based on estimated temperature drop which
allowed to calculate the enthalpy drop ∆hDiz across the nozzle vane

∆hDiz = h∗0 − h1iz =
c2

1iz
2

= c′p(T
∗
0 − T1) = c′pT∗0

[
1− T1iz

T∗0

]
, (1)

where h∗0 is the inlet total enthalpy, h1iz is the isentropic enthalpy at the nozzle outlet, c1iz
is the isentropic velocity at the nozzle outlet, c′p is the mean specific heat y of the exhaust
gases, T∗0 is the inlet total temperature, and T1iz is the outlet isentropic temperature.

The outlet isentropic velocity c1iz, outlet velocity c1, and outlet pressure p1 can be
calculated as:

c1iz =
√

2∆hDiz =

√
2

k′

k′ − 1
R′T∗0 [1− (

p1

p∗0
)

k′−1
k′ ], (2)

c1 = ϕ∗c1iz, (3)

p1 = p∗0

[
1−

c2
1

2ϕ2 k′
k′−1 R′T∗0

]
, (4)

where ϕ is the velocity loss coefficient, R′ is the exhaust gas constant, and k′ is the exhaust
specific heat ratio. The value of ϕ changes from 0.94 to 0.97.

The nozzle outlet temperature T1 is calculated as:

T1 = T∗0 −
c2

1

2 k′
k′−1 R′

, (5)

The absolute angle α1 can be calculated as:

α1 = αk − δ, (6)

αk = arcsin
( s

t

)
, (7)

δ = δ
(

M1,
s
t

)
, (8)

M1 =
c1

a1
, (9)

a1 =
√

k′R′T1, (10)

where αk is the angle of the vane trailing edge (TE), δ is the deviation angle, s is the
perpendicular distance between the adjacent vanes, t is the distance between the trailing
edges of the adjacent vanes, M1 is the absolute Mach number at the vane outlet, and a1 is
the speed of sound at the vane outlet.
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The height of the nozzle vane l1 can be calculated using the equation:

l1 =

.
mR′T1

πD1 p1c1sinα1
, (11)

where
.

m is the mass flow rate of the exhaust gases at the inlet to the nozzle vane. The
height of the nozzle vane is also the height of the turbine blade at the inlet.

The relative velocity at the nozzle outlet w1 can be obtained from the velocity triangle
configuration:

w1 =

√[
(1− ρ)ϕ2 + 2u1 ϕcosα1

√
1− ρ + u2

1

]
c1iz, (12)

ρ =
∆hWiz
∆hTiz

(13)

where ρ is the turbine degree of reaction, which represents the amount of the energy
recovered in the rotor ∆hWiz to the amount of the energy recovered in whole turbine ∆hTiz.

The relative angle at the nozzle outlet β1 can be calculated from the velocity triangle:

β1 = arctg(
1

ctgα1 − u1√
1−ρϕsinα1

), (14)

The relative velocity w2 at the rotor outlet can be calculated as:

w2 = ψ

√
ρc2

1iz + w2
1 − u2

1[1− (
D2

D1
)2], (15)

where ψ is rotor velocity loss coefficient. Its value changes from 0.93 to 0.97.
The absolute velocity c2 at the rotor outlet can be obtained from equation:

c2 =

√
w2

2 − 2w2u1

(
D2

D1

)
cosβ2 + u2

1(
D2

D1
)

2
, (16)

The absolute angle α2 of the velocity c2 can be obtained from the velocity triangle:

α2 = arctg
1

ctgβ2 − u2
w2sinβ2

, (17)

The expansion work of the rotor luT , as well as the rotor expansion efficiency ηuT can
be calculated using equations:

luT =
c1

2 − c2
2

2
+

w2
2 − w1

2

2
+

u1
2 − u2

2

2
, (18)

ηuT =

(
c1

2 − c2
2)+ (w2

2 − w1
2) + (u1

2 − u2
2)

c2
1iz

, (19)

The total turbine efficiency can be calculated with equation:

ηT =
lt

∆hT
ηm = ηuT(1− ξδ)ηm, (20)

where lt is the expansion work of the turbine stage, ∆hT is the enthalpy drop trough turbine
stage, ηm is the mechanical efficiency, and ξδ is the coefficient indicating losses generated
by the leakage between the tip of the turbine blade and turbine housing.
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Lastly, the turbine blade height at the outlet is calculated as:

l2 =

.
mR′T2

πD2 p2w2sinβ2
, (21)

3. Model Preparation

This paper continues the research from the authors previous research paper [29].
Previous research paper dealt with the two-stage turbine system with the single, fixed
position of the stator vanes. In contrast to the mentioned paper, the critical point of this
work is the influence of the different positions of the variable vanes on the two-stage
turbine system. The numerical model was generated based on the K44 turbine wheel as
shown in Figure 1.

Figure 1. The scanning process of the K44 turbine wheel.

The turbine wheel was scanned using the AKON smartSCAN 3D HE scanner. The
turbine was placed on the turntable and a total number of 60 scans were made during
the 360◦ revolution of the turntable. After the scanning process, the scanned model was
corrected using computer-aided design software. The geometrical features of the K44
turbine wheel are shown in Table 1 [29].

Table 1. The parameters of turbine wheel.

B&W K44 Turbine Wheel

Type Radial inflow
Number of blades 12

Inlet diameter (mm) 120
Outlet diameter (mm) 140

Inlet blade height (mm) 125
Outlet blade height (mm) 30

The model consisted of six, equally placed exhaust pipes connected to the 1st stage
turbine wheel as shown in Figure 2a.

The cross-sectional, hydraulic diameter of the exhaust pipes was 80 mm. The total
length of each exhaust pipe was 1500 mm.

The cross-sectional view of the numerical model is shown in Figure 2b. The 2nd stage
nozzle vanes were variable to control the backpressure in the upstream direction. The
geometry of the 1st and 2nd stage turbine wheels was the same. The diffuser and inter-stage
pipes were iteratively modeled to adjust the length and the cross-sectional area to reduce
the pressure loss. The 1st stage nozzle vanes were set at the angle of 30◦.

Figure 2c shows the detailed view of the tip clearance gap domain and the 1st stage
nozzle vane. Each exhaust pipe had its nozzle vane to accelerate the exhaust gases before
entering the 1st stage turbine wheel. The tip clearance gap domain was modeled to
investigate the leakage between the adjacent exhaust pipes. The height of this gap was set
to 3 mm.



Energies 2021, 14, 5349 6 of 34

Figure 2. (a) The isometric view at the numerical model showing six exhaust pipes, (b) the model
cross-section, (c) the view at the 1st stage nozzle vane and the tip clearance domain [29].

4. Numerical Domain

The numerical model was made of the total number of 24 domains: (×6) exhaust
pipes, (×6) tip-clearance gaps, (×6) first-stage nozzle vane domains, 1st stage turbine
wheel, diffusor, inter-stage pipes, VTG vanes, 2nd stage-turbine wheel, and outlet. The
hexahedral mesh was generated on exhaust pipes, tip-clearance gaps, first-stage nozzle
vanes, diffusor, inter-stage pipes, VTG vanes, and outlet as shown in Figure 3a–d.

However, a polyhedral mesh was generated on both the 1st and 2nd stage rotors due
to its complex geometry as shown in Figure 3e. The polyhedral mesh was chosen to reduce
the number of the elements on both rotors without increasing the numerical error. The
mesh was generated using the ICEM CFD software.
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Figure 3. Mesh generated on: (a) exhaust pipe, (b) 1st stage nozzle vane, (c) diffusor, (d) outlet, (e) 1st
stage rotor.

5. Simulation

The transient simulations were performed using the ANSYS FLUENT software. The
inlet mass-flow-rate boundary condition was applied at the inlet of exhaust pipe. On the
other hand, the pressure outlet boundary condition was applied at the outlet as shown in
Figure 4a.

Figure 4. (a) The inlet mas-flow rate and pressure-outlet boundary conditions, (b) boundary mass
flow rate changes at the inlet to the exhaust pipes [29].
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The inlet mass flow rate was changing from 0 to 1.0 kg/s during the opening of the
exhaust valve in each exhaust pipe. Figure 4b shows changes in the mass flow rate of each
exhaust pipe during the single revolution of the crankshaft.

The simulations were carried out for a 6-cylinder, two-stroke engine, and that is
why the interval between mass flow rate profiles for each exhaust pipe was a 60◦ crank
angle degree (CAD). The mass flow rate profiles were obtained from 1-D simulations.
The parameters of the engine are shown in Table 2 [29]. The parameters of the boundary
conditions are shown in Table 3 [29].

Table 2. The operating parameters of the 6-cylinder, 2-stroke engine.

Engine Parameters

Number of cylinders 6
Type 2-stroke

Rotational speed (rpm) 1500
Cylinder bore (mm) 115

Cylinder Stroke (mm) 195.2
Displacement (cm3) 24,000

Crankshaft angle step (deg) 0.1

Table 3. The parameters of the boundary conditions.

Inlet Boundary Conditions

Type Mass-flow-inlet
Mass flow rate (kg/s) 0÷ 1
Total temperature (K) 1100

Total pressure (Pa) 240,000.0

Outlet Boundary Conditions

Type Pressure-outlet
Outlet pressure (Pa) 100,000

Outlet temperature (K) 500

The 1st and 2nd stage rotor domains were rotating at the same rotation speed. To
capture the instantaneous changes of the key parameters during the single time step,
the sliding mesh method was chosen. In such a method, the whole domain rotates with
specified rotational speed while the stationary vanes domain is linked with the rotational
domain via the sliding interface. Such a solution allows transferring averaged parameters
between both domains during each time step. In this model, the 1st stage rotor was linked
to (6) 1st stage nozzle guide vane domains and (6) tip clearance gap domains via the sliding
interface. Moreover, the 2nd stage rotor was linked to the VTG vanes domain and outlet
domain via the sliding interface. The other stationary domains were linked with each other
by stationary interfaces.

The simulations were performed for three different turbine speeds: 40,000 rpm,
50,000 rpm, and 60,000 rpm.

The key point of the research was the investigation of the model parameters during
three different openings of the VTG vanes, as shown in Figure 5.

Figure 5 shows three different configurations of the VTG openings of the 2nd stage
turbine wheel. For the research purposes, the 2nd stage turbine vanes were set at the three
angles, i.e., 30◦, 20◦, and 11◦, which represents the maximal opened, medium, and maximal
closed position of the variable vanes. Figure 6 shows the mesh of the VTG vanes for three
different openings.
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Figure 5. The positions of the VTG of the 2nd stage turbine wheel: (a) blade configuration
(b) α3 = 30◦ deg, (c) α3 = 20◦ deg, (d) α3 = 11◦ deg.

Figure 6. The hexahedral mesh of the VTG domain at: (a) 30◦, (b) 20◦, (c) 11◦ opening.

The numerical time step was set to 1.1× 10−5 s to precisely capture the instantaneously
changing flow parameters at the interface of rotary and non-rotary domain. The pressure-
velocity coupled scheme was used to provide stable calculations. Due to the unstructured
mesh, the second-order discretization scheme was used for the pressure, density, and
momentum. For the time formulation, the first-order implicit scheme was used with the
Courant Number of 10.0. The single-equation Spalart–Allmaras (SA) turbulence model was
used [30]. This turbulence model assumes that the modified turbulent kinematic viscosity ϑ̃
is linear in the near-wall region, reducing computational time. Moreover, the SA turbulence
model is more tolerant for highly unstructured mesh. With such a small time step, the
average computational time was 12 days for a single revolution of the crankshaft. The
parameters of the computer are shown in Table 4.

Table 4. The parameters of the computer.

Computer Parameters

Number of cores 4
Processor type Inlet Core i7

Random-access memory (Gb) 32
Graphics processor unit memory (Gb) 0.512
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5.1. Mesh Independence Study

The mesh independence study was performed prior main calculations. The mass-
weight average total pressure changes were investigated at different mesh densities during
the single revolution of the crankshaft. The independence study was performed on exhaust
pipes, 1st stage rotor, VTG vanes, and 2nd stage rotor. Figure 7 shows the independence
mesh study.

Figure 7. The mass-average pressure changes during the single revolution of the crankshaft for
different mesh density on: (a) exhaust pipe, (b) 1st stage rotor, (c) VTG vanes, (d) 2nd stage rotor [29].

Figure 7 shows that, with the increase of the number of elements in each domain, the
pressure changes were decreasing. Table 5 shows the number of elements in domain [29].

Table 5. The number of cells for each domain.

Domain Number of Elements

Exhaust pipe (×6) 43,200
First-stage nozzle vane (×6) 18,036

Tip clearance gap (×6) 540
1st stage rotor 1,340,000

Inter-stage pipes 168,018
VTG vanes 711,000

2nd stage rotor 1,340,000
Outlet 374,850
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5.2. Simulation for Three Revolutions of the Crankshaft

The simulation was performed until the end of the third revolution of the crankshaft
to obtain identical pressure changes in each exhaust pipe for every turbine speed.

Figures 8–10 show the pressure variations at the inlet to the 1st stage rotor for the three
different turbine speeds and three different VTG openings during the three revolutions of
the crankshaft.
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Figure 8 presents the pressure plot during the maximal opening of the VTG vanes.
One can see that the pressure changes during the 3rd revolution of the crankshaft were
almost the same for each exhaust pipe. In this case, pressure changed from 300,000 Pa to
510,000 Pa. The lowest, maximal pressure values were achieved at the turbine speed of
40,000 rpm for each opening of the VTG vanes. This was mainly caused by the higher
leakage between the adjacent exhaust pipes during the exhaust phase. In each case, the
pressure changes were almost equal for each exhaust pipe. That is why further results were
presented during the 3rd revolution of the crankshaft. The authors decided to terminate
the calculations at the end of the 3rd revolution of the crankshaft as the pressure differences
for each exhaust pipe were within the range of 1–2%.

5.3. Validation

The root mean square error (RMSE) was used to compare the predicted and experi-
mental area-averaged total pressure at the outlet from the 2nd stage turbine. The RMSE is
calculated as:

RMSE =

√
∑n

i=1(Xobs,i − Xmodel,i)
2

n
, (22)

where Xobs,i stands for the measured pressure value, Xmodel,i is a predicted pressure value,
and n is the number of data points. The validation was carried out for three revolutions
of the crankshaft at the three turbine speeds. The experimental pressure pulsations were
measured using two types of the pressure sensors: Keller M8coolHB and Kistler 4049A10.
The limiting frequency of the first sensor is 50 kHz, while the limiting frequency of the
second sensor is 40 kHz. Both sensors are shown in Figure 11.

The pressure ranges for both the first and second sensor is 0–10 bar.
Figure 12 shows that the RMSE during the third revolution of the crankshaft reaches

2%, 3.9%, and 5% for 60,000, 50,000, and 40,000 rpm, respectively, which is the acceptable
value for turbomachinery simulations.
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Figure 11. The pressure sensors: (a) Keller M8coolHB, (b) Kistler 4049A10.

Figure 12. Validation of the numerical model for (a) 60,000 rpm, (b) 50,000 rpm, (c) 40,000 rpm.

Figure 13 shows the residuals of the numerical simulation.

Figure 13. The residuals of the numerical simulation.
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6. Results and Discussion

Figure 14 shows the pathlines from the exhaust pipes.
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Figure 14. The pathlines from the: (a) single exhaust pipe, (b) two opposite exhaust pipes.

The flow path from a single exhaust pipe was very complex and covered one quarter
of the inter-stage pipe domain.

Behind the 1st stage rotor, the exhaust gases flowed in a counterclockwise direction
and entered the 2nd stage rotor. The angle between the entry of the exhaust gases to the
2nd stage rotor and 1st stage rotor was about 90◦.

Figure 14b shows the pathlines from two opposite exhaust pipes. It can be seen that
the flow paths of the exhaust gases coming from the opposite pipe are mixing. This means
that the 1st stage rotor operates similarly to the typical scroll turbine.

The interval between each exhaust pulse was 60◦ CAD, thus the turbine was peri-
odically supplied with the exhaust gases from each cylinder. Such phenomenon shows
Figure 15 in which, during the single revolution of the crankshaft, the pressure variations
for exhaust pipes were mixing.
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Figure 15. Example of the intersection of the pressure plots monitored at the Section 6.1 at the turbine speed of 40,000 rpm
and 11◦ VTG opening.

That is why the intersection of the pressure plots was made to indicate that the
pressure at the inlet to the turbine wheel was changing in a quasi-constant manner.

Figure 16 shows changes of the pressure at the inlet to the 1st stage rotor during the
3rd revolution of the crankshaft for the three different opening of the VTG and different
turbine speeds.

Figure 16. The intersection of the pressure plot monitored at the Section 6.1 for the three different VTG opening at the
turbine speed: (a) 60,000 rpm, (b) 50,000 rpm, (c) 40,000 rpm.

The highest pressure was achieved during the maximal closure of the variable vanes,
while the lowest pressure values were observed for the maximal opening of the VTG. The
rise of the pressure during the VTG maximal closed position was caused by the increase of
the backpressure in the exhaust duct upstream to the VTG vanes. On the other hand, the
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maximal opening of the VTG vanes caused a decrease in the backpressure downstream of
the exhaust duct.

The pressure changes at the outlet from the 1st stage rotor can be seen in Figure 17.

Figure 17. The outlet total pressure variation of the 1st stage rotor at the three different VTG openings for: (a) 60,000 rpm,
(b) 50,000 rpm, (c) 40,000 rpm turbine speed.

It can be seen that the pressure was quasi-constant during the 3rd revolution of the
crankshaft. With the decrease of the turbine speed, the pressure increased for each opening
of the VTG vane. This led to the conclusion that, with the decrease of the turbine speed, its
efficiency decreased leading to lower expansion capabilities. The pressure increased with
the closure of the VTG vanes for each turbine speed. Such a phenomenon was in good
agreement with the rise of the pressure at the turbine inlet, as shown in Figure 16. The
increased backpressure caused by the closure of the VTG vanes deteriorated the turbine
performance by decreasing its expansion capabilities.

Figure 18 shows the pressure changes at the outlet from the 2nd stage rotor.

Figure 18. Cont.
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Figure 18. The outlet total pressure variation of the 2nd stage rotor at the three different VTG openings for: (a) 60,000 rpm,
(b) 50,000 rpm, (c) 40,000 rpm turbine speed.

It was evident, that with the increase of the turbine speed, the outlet pressure de-
creased. This was caused by the rise of the turbine efficiency during the increase of the
turbine speed. The closure of the VTG vanes caused further expansion of the exhaust gases.

The same phenomenon as shown in Figures 16 and 17 is shown in Figure 19.

Figure 19. The outlet total temperature variation at the 1st stage rotor at the three different VTG openings for: (a) 60,000 rpm,
(b) 50,000 rpm, (c) 40,000 rpm.
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With the closure of the VTG vanes, the outlet temperature increased thus, the turbine
expansion capabilities decreased due to the increase of the backpressure. Moreover, with
the increase of the turbine speed, the outlet temperature increased for each VTG opening.
The reason for such a phenomenon is yet not known. However, for the 60,000-rpm case,
the fluctuations of the outlet temperature during the 3rd revolution of the crankshaft were
lower when compared to the other cases. This leads to the conclusion that the turbine
wheel was less stable at the lower turbine speeds.

Figure 20 shows the changes of the outlet temperature for the 2nd stage rotor.

Figure 20. The outlet total temperature variation at the 2nd stage rotor at the three different VTG openings for: (a) 60,000 rpm,
(b) 50,000 rpm, (c) 40,000 rpm.

It can be seen that the temperature dropped with the increase of the turbine speed for
each opening of the VTG vanes. This was caused by the increased turbine expansion rate
at the higher turbine speed. From Figure 20a,b, one can see that the closure of the VTG
vanes caused a decrease in the outlet temperature. The closure of the VTG vanes further
extends turbine expiation capabilities. However, such a phenomenon was not observed at
the 40,000-rpm turbine speed case. In this case, the closure of the VTG vanes did not affect
the turbine outlet temperature, which means that the closure or opening of the VTG vanes
was effective at the higher turbine speeds.

The total-static efficiency of the 1st stage rotor is shown in Figure 21.
The efficiency was compared at three different VTG positions for three different

turbine speeds. For the 60,000-rpm case, a high variation of the efficiency was observed.
In this case, the efficiency varied from 68% to 80% for 20◦ and 30◦ VTG openings. The
highest efficiency variation was observed for 11◦ VTG opening. This means, that the 1st
stage turbine wheel is less stable during the maximally closed VTG position. It may be
caused by the pressure waves moving forward and backward between the VTG vanes
and the outlet of the 1st stage rotor. However, with the decrease of the turbine speed,
the efficiency changes for each VTG opening tend to be less chaotic. For the 40,000-rpm
case, the efficiency changes were the lowest and varied from 80% to 86%. It can be seen
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that, at the end of the crankshaft revolution, the averaged total-static efficiency oscillated
around 85% for 50,000 rpm and 40,000 rpm cases. For the 40,000-rpm case, the 1st stage
rotor efficiency tended to be less affected by the VTG position especially at the end of the
crankshaft revolution. The reason for this is that the VTG vanes were positioned after the
1st stage rotor. The highest efficiency was observed for the 40,000 rpm, which means that
the 1st stage rotor is more efficient at the low turbine speeds.

Figure 21. The averaged total-static efficiency of the 1st stage rotor at the three different VTG openings
for: (a) 60,000 rpm, (b) 50,000 rpm, (c) 40,000 rpm during the single revolution of the crankshaft.

Figure 22 shows the averaged total-static efficiency of the 2nd stage rotor.

Figure 22. The averaged total-static efficiency of the 2nd stage rotor at the three different VTG
openings for: (a) 60,000 rpm, (b) 50,000 rpm, (c) 40,000 rpm.
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It is evident that with the increase of the turbine speed, the rotor efficiency increased
for each VTG opening. The highest efficiency was about 75% for 60,000 rpm case and 11◦

VTG opening. This means that, with the increase of the turbine speed, the rotor expansion
capabilities increased. Moreover, with the closure of the VTG position, the efficiency of
the 2nd stage rotor increased. It was mainly caused by a lower VTG throat cross-sectional
area that led to the increase of the velocity of the exhaust gases. The more closed the VTG
position, the higher velocity of the exhaust gases. Further, the closure of the VTG position
caused further expansion of the exhaust gases. By comparing Figures 21 and 22, it can be
seen that the VTG position had less influence on the efficiency of the 1st stage rotor. On the
other hand, the closure or opening of the VTG vanes significantly influenced the efficiency
of the 2nd stage rotor. With the increase of the turbine speed, the efficiency of the 1st stage
rotor decreased while the efficiency of the 2nd stage rotor increased. The average decrease
of the efficiency for the 1st stage rotor was 5% between the 40,000 rpm and 60,000 rpm.
However, the average increase of the efficiency for the 2nd stage rotor was 10% between
the 40,000 rpm and 60,000 rpm. That is why the increase of the efficiency of the 2nd stage
rotor balances the efficiency drop of the 1st stage rotor.

6.1. Flow Parameter of the 1st Stage Nozzle Vane

The authors carried out the investigation of the flow parameters at the outlet of the 1st
stage nozzle vane. The parameters were measured at three different points of the mass flow
rate in the exhaust pipe 1. Figure 23a shows the changes in the mass flow rate measured in
Section 6.1.

Figure 23. (a) The measuring points A, B, and C of the mass-flow rate at Section 6.1 of exhaust pipe 1,
(b,c) the position of the control points at the trailing edge of the nozzle vane, (d) the velocity triangle
at the outlet from the 1st stage nozzle vane of the exhaust pipe 1.
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The measurement points A, B, and C are the points defined for numerical purposes.
These points indicated the highest, medium, and lowest mass-flow rate, respectively. The
purpose of these points was to measure the instantaneous flow parameters behind the
1st stage nozzle vane at the three different mass flow rate values. The parameters were
measured directly behind the 1st stage nozzle vane as shown in Figure 23b,c. Figure 23d
shows the velocity triangle at the outlet from the 1st stage nozzle vane. The absolute α1 and
relative β1 flow angle were calculated based on measured velocities C1, C1u, W1, and W1u.
The control points were placed 3 mm behind the trailing edge of the 1st stage nozzle vane.
The total number of 19 control points were equally placed along the span of the vane. The
measured instantaneous flow parameters were the total pressure, the total temperature,
the absolute velocity C1, the tangential component of the absolute velocity C1u, the relative
velocity W1, and the tangential component of the tangential velocity W1u. Figures 24–32
show the instantaneous flow parameters measured at the highest, medium and lowest
mass-flow rate (points A, B, and C) with the 19 control points placed behind the 1st stage
nozzle vane.
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Figure 25. The plots of the total temperature measured behind the 1st stage nozzle vane against
the blade height for: (a–c) 60,000 rpm point A, B, C respectively, (d–f) 50,000 rpm point A, B, C
respectively, (g–i) 40,000 rpm point A, B, C respectively.

Figure 26. Cont.
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Figure 26. The plots of the absolute velocity C1 measured behind the 1st stage nozzle vane against
the blade height for: (a–c) 60,000 rpm point A, B, C respectively, (d–f) 50,000 rpm point A, B, C
respectively, (g–i) 40,000 rpm point A, B, C respectively.

Figure 27. The plots of the tangential component of the absolute velocity C1u measured behind
the 1st stage nozzle vane against the blade height for: (a–c) 60,000 rpm point A, B, C respectively,
(d–f) 50,000 rpm point A, B, C respectively, (g–i) 40,000 rpm point A, B, C respectively.
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Figure 28. The plots of the relative velocity W1 measured behind the 1st stage nozzle vane against
the blade height for: (a–c) 60,000 rpm point A, B, C respectively, (d–f) 50,000 rpm point A, B, C
respectively, (g–i) 40,000 rpm point A, B, C respectively.

Figure 29. Cont.
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Figure 29. The plots of the tangential component of the relative velocity W1u measured behind the
1st stage nozzle vane against the blade height for: (a–c) 60,000 rpm point A, B, C respectively, (d–f)
50,000 rpm point A, B, C respectively, (g–i) 40,000 rpm point A, B, C respectively.

Figure 30. The plots of the absolute (α1) and relative (β1) angles measured behind the 1st stage nozzle vane against the
blade height at 60,000 rpm for: (a) point A, (b) point B, (c) point C.

The changes of the total pressure against the 1st stage nozzle vane span are shown in
Figure 24. By comparing Figure 24a–c one can see that the pressure was the highest at point
A which corresponded to the highest mass flow rate. On the other hand, the pressure was
the lowest at point C which corresponded to the lowest mass flow rate. With the closure
of the VTG vanes, the pressure increased and reached the highest value at the 11◦ VTG
position. This was caused by the increased backpressure in the upstream direction from the
VTG domain. The highest pressure changes caused by the closure of the VTG vanes were
observed for the 40,000 rpm case. Figure 24g–i show that the pressure changed of about
24,000 Pa from 30◦ to 11◦ VTG opening. It can be seen that, with the decrease of the turbine
speed, the pressure behind the 1st stage nozzle vane dropped. It corresponded with the
changes in the pressure shown in Figure 16. Only minimal changes of the pressure against
the vane height were observed.
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Figure 31. The plots of the absolute (α1) and relative (β1) angles measured behind the 1st stage nozzle vane against the
blade height at 50,000 rpm for: (a) point A, (b) point B, (c) point C.

Figure 32. The plots of the absolute (α1) and relative (β1) angles measured behind the 1st stage nozzle vane against the
blade height at 40,000 rpm for: (a) point A, (b) point B, (c) point C.
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Figure 25 shows the changes of the temperature against the height of the 1st stage
nozzle vane measured at the points A, B, and C. The temperature increased with the
closure of the VTG vanes. The same phenomenon was observed in Figure 19. The increased
backpressure, caused by the closure of the VTG vane deteriorated the expansion capabilities
of the 1st stage turbine wheel. The temperature increased at the 0.4 span of the nozzle vane
for the 11◦ VTG position by about 20 K. On the other hand, the temperature decreased
at the 0.7 span of the nozzle vane for the 30◦ and 20◦ VTG positions. It can be seen that
the temperature was the highest at point A and the lowest at point C for every turbine
speed. This was caused by the high and low mass flow rate at points A and C respectively.
Moreover, with the decrease of the turbine speed, the temperature gradually decreased.
The same phenomenon can be seen in Figure 19 in which the temperature decreased with
the decrease of the turbine speed. Thus, the overall temperature drop across the 1st stage
turbine wheel remained the same.

The flow parameters, such as the absolute velocity C1, the tangential component of the
absolute velocity C1u, the relative velocity W1, and the tangential component of the tangen-
tial velocity W1u determined the turbine efficiency. However, due to the complex geometry
of the turbine blades and rapid changes in the turbomachinery flow, such parameters were
difficult to measure.

The changes of the absolute velocity C1 against the height of the 1st stage nozzle
vane are shown in Figure 26 for different VTG opening and turbine speeds. The velocity
increased with the opening of the VTG vanes, and thus the highest velocity was observed
for 30◦ VTG opening. The opening of the VTG vanes caused less resistance for the exhaust
gases that is why the velocity increased as the vanes were positioned at a higher angle.
However, such a phenomenon was only observed at 60,000 rpm. At the lower turbine
speed, the position of the VTG vanes had less impact on the changes of the absolute
velocity C1. The velocity reached its maximal value at the mid-span height of the vane.
This was caused by the lower friction resistance in the mid-span region of the exhaust duct.
The absolute velocity C1 reached higher values at point A which corresponded with the
maximal mass flow rate. On the other hand, the velocity C1 increased with the decrease of
the turbine speed for every VTG opening.

The changes of the tangential component of the absolute velocity C1u against the vane
height are shown in Figure 27. The highest values of the absolute tangential velocity were
observed in the mid-span height of the nozzle vane. Moreover, it can be seen that the
velocity decreased with the increase of the turbine speed. The VTG opening had almost
no influence on the values of the absolute tangential velocity. Additionally, the highest
values of the absolute tangential velocity were observed at point A with the highest mass
flow rate.

Figure 28 shows the changes of the relative velocity W1. In contrast to the absolute
velocity C1, the relative velocity W1 decreased in the mid-span of the nozzle vane. The
highest values of the velocity W1 were observed at point A whereas, the lowest values were
observed at point C for every turbine speed. Moreover, with the increase of the turbine
speed, the relative velocity increased. Such a phenomenon was opposed to the behavior of
the C1 velocity, which decreased with the increase of the turbine speed.

Figure 29 shows the variation of the tangential component of the relative velocity W1u
measured against the height of the 1st stage nozzle vane for three different VTG positions
and three turbine speeds. The negative values of the velocity W1u indicated that the vector
of this velocity was faced in the opposite direction to the rotation of the 1st stage turbine
wheel. The W1u velocity decreased in the mid-span section of the nozzle vane. Moreover, in
contrast to the tangential absolute velocity C1u the highest values of the W1u velocity were
observed at point C for every turbine speed. Additionally, in opposition to the velocity C1u,
with the increase of the turbine speed, the velocity W1u increased.

Figures 30–32 show the changes of the absolute α1 and relative β1 angles against
the height of the 1st stage nozzle vane at three points A, B, and C and three different
VTG openings and three different turbine speeds. The absolute angle α1 decreased in the
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mid-span section of the nozzle vane. On the other hand, the relative angle β1 increased in
the mid-span section of the nozzle vane. The relative velocity W1 was closer to the axial
direction in the mid-span section whereas, the absolute velocity C1 deviated from the axial
direction. However, at the hub and shroud of the nozzle vane, the absolute angle increased
while the relative angle decreased. That is why the absolute velocity C1 was closer to the
axial direction, and the relative velocity W1 moved further from the axial direction. Such a
phenomenon is shown in Figure 33a.

Figure 33. (a) The configuration of the outlet velocity triangles at the against the height of the 1st
stage nozzle vane, the comparison of the velocity triangles at the outlet of the 1st stage nozzle vane
at: (b) points A, B, and C, (c) at three different turbine speeds.

The flow pattern is closer to optimal values at the mid-span section of the nozzle vane,
as the absolute velocity W1 moves closer to the axial direction. The higher value of the flow
relative angle β1 caused a lower incidence i angle, which equals:

i = β1 − β1b, (23)

where β1 is the relative flow angle and β1b is the relative angle of the turbine blade.
As shown in Figures 30–32, the highest values of the absolute angle α1 were observed

at point C while the lowest values were observed at point A. On the contrary, the relative
angle β1 was the highest at point A and the lowest at point C.

Figure 33b shows the comparison of the velocity triangles at the three points A, B, and
C. One can see that point A, the absolute velocity C1(A), deviated from the axial direction,
while the relative velocity W1(A) moved closer to the axial direction. At point B, the absolute
velocity C1(B) moved closer to the axial direction as the absolute angle α1(B) increased. On
the other hand, the relative velocity W1(B) moved away from the axial direction as the
relative angle β1(B) decreased. At point C, the absolute velocity C1(B) was the closest to
the axial direction, while the relative velocity W1(C) was far from the axial direction. In
order to achieve minimal incidence angle i, the relative velocity should be close to the axial
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direction. The optimal working point that gives the lowest pressure losses was at point A
with the maximal mass flow rate.

Figure 33c shows the comparison of the velocity triangles at three different turbine
speeds. By looking at Figures 30–32, it can be observed, that the absolute α1 and relative β1
angles were gradually changing. For the 60,000-rpm case, the absolute velocity C1(60k rpm)
was the closest to the axial direction, while the relative velocity W1(60k rpm) was the furthest
from the axial direction. It was caused by the high absolute angle α1(60k rpm) and low
relative angle β1(60k rpm). For the 50,000-rpm case, the absolute velocity C1(50k rpm) moved
further away from the axial direction as the absolute angle α1(50k rpm) decreased.

On the other hand, the relative velocity W1(50k rpm) moved closer to the axial direction
as the relative angle β1(50k rpm) increased. For the 40,000-rpm case, the absolute veloc-
ity C1(40k rpm) was the farthest away from the axial direction, while the relative velocity
W1(40k rpm) was closes to the axial direction. It can be said that the best optimal flow pattern
was achieved for the 40,000-rpm case as the incidence angle was the lowest. Figure 32a
shows that the relative angle β1 at point A and 40,000 rpm turbine speed changed from
80◦ to 90◦ degree in the mid-span section of the nozzle vane. That is why the best possible
optimal working point could be achieved at the maximal mass-flow rate (point A) and low
turbine speed (40,000 rpm). It somehow corresponds with Figure 21, in which the efficiency
of the 1st stage rotor increased with the decrease of the turbine speed.

6.2. Flow at the VTG Nozzle Vanes

Figure 34 shows the complex flow pattern of the exhaust gases from the exhaust pipe
to the VTG vanes.
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Figure 34. (a) A diagram of a flow path from the exhaust pipe to the VTG vanes, (b) the contours of the total pressure at the
1st stage turbine wheel during the flow from the exhaust pipe no 2, (c) the velocity pathlines at the VTG vanes during the
flow from the exhaust pipe no 2.

According to Figure 14, the exhaust gases enter the VTG vane domain at the 90◦ di-
rection to the previous direction in the exhaust pipe. Such a situation illustrates Figure 34a.
Figure 34b shows that the exhaust gases enter the turbine tough the exhaust pipe 2. Further-
more, Figure 34c shows that those exhaust gases enter onto the VTG vanes at the angle of
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80–120◦ to the previous direction in the exhaust pipe. The VTG vane domain was supplied
at a quarter of its circumference.

Moreover, the zoomed regions in Figure 34c show that at the 120◦, the pathlines of
the exhaust gases are not aligned with the VTG vanes. The exhaust gases were flowing in
the perpendicular direction to the vane pressure surface. On the other hand, the flow at
the 80◦ was perfectly aligned with the vane position. Such phenomenon occurred in every
position of the VTG vane and every turbine speed. It can be said that the flow path of the
exhaust gases from the exhaust pipes to the VTG vanes is very complex. The exhaust gas
direction changes rapidly after the 1st stage turbine wheel, which might create a vortex in
the inter-stage pipes.

Figure 35 shows the absolute and relative angles at the outlet from the 2nd stage rotor
at the three different turbine speeds.

Figure 35. The absolute and relative angle at the outlet from the 2nd stage rotor for: (a) 60,000 rpm,
(b) 50,000 rpm, (c) 40,000 rpm turbine speed.

The absolute angle greatly depended on the turbine speed. Thus, with the increase of
the turbine speed, the absolute angle increased, as shown in Figure 36a.
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Figure 36. (a) Configuration of velocity triangles at the outlet from the 2nd stage rotor, (b) outlet
velocity pathlines at 60,000 rpm, (c) outlet velocity pathlines at 50,000 rpm, (d) outlet velocity
pathlines at 40,000 rpm.

The absolute velocity was closer to the axial direction at the turbine outlet for higher
turbine speeds. Only minor changes of the outlet relative angle were observed. Figure 36b–d
clearly show that the velocity pathlines are closer to the axial direction for 60,000 rpm. This
means that the lowest energy losses at the turbine outlet occurred at 60,000 rpm.
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7. Conclusions

This research was carried out to investigate the behavior of the two-stage turbine
system with three different positions of the VTG vanes. The model had a unique inlet
configuration which consisted of six equally placed inlets, which connected each of the six
cylinders to the 1st stage rotor. Such an approach aimed to eliminate the interference of the
exhaust pulses coming from adjacent pipes [29]. The Ansys Fluent software was used for
transient turbomachinery flow simulations. The transient simulations with the sliding mesh
approach allowed us to obtain instantaneous flow parameters at the interfaces connecting
rotary (turbine wheel) and non-rotary domains. The three different VTG positions and the
three different turbine speeds provided a great deal of valuable data. The simulated model
of the two-stage turbine system was positively validated against the experimental data.
Three revolutions of the crankshaft were performed to meet the required pressure changes
in each exhaust pipe.

It was found out that the 1st stage rotor operates similarly to the typical scroll turbine.
The 1st stage rotor is constantly supplied with exhaust gases due to coordinated changes
of the pressure at the rotor inlet. The inlet pressure changed in a quasi-constant manner.

The in-depth analysis of the results showed a unique behavior of the 1st and 2nd stage
rotors. With the increase of the turbine speed, the outlet temperature of the 1st stage rotor
increased while the outlet temperature of the 2nd stage rotor decreased. Moreover, with
the closure of the VTG vane, the outlet pressure of the 1st stage rotor increased, while the
outlet pressure of the 2nd stage rotor decreased. The authors assumed that the closure on
the VTG vane caused increased backpressure, which deteriorated the performance of the
1st stage rotor. Such a phenomenon affected the efficiency of both rotors. With the increase
of the turbine speed, the efficiency of the 1st stage rotor decreased.

On the other hand, the efficiency of the 2nd stage rotor increased with the increase
of the turbine speed. However, the average efficiency drop for the 1st stage rotor was 5%,
while the efficiency increase for the 2nd stage rotor was 10%. That is why the 2nd stage
rotor’s efficiency increase of the 2nd stage rotor balances the efficiency drop of the 1st stage
rotor. It was also found that the position of the VTG had less influence on the efficiency
of the 1st stage rotor than on the 2nd stage rotor. The maximal efficiency of the 2nd stage
rotor was 75% for 60,000 rpm and 11◦ VTG position.

The authors investigated the flow parameters at the outlet from the 1st stage nozzle
vane against the vane height. The parameters were monitored at the three control points:
the maximal mass-flow rate, the medium mass-flow rate, and the minimal mass-flow rate.

It was found that the pressure increased with the increase of the turbine speed and
with the closure of the VTG vane. Such phenomenon was observed for the temperature
changes. The analysis of the velocity parameters allowed to conclude that the optimal flow
parameters were obtained in the mid-span of the nozzle vane at the maximal mass-flow
rate and low turbine speed (40,000 rpm). In such a configuration, the relative angle of the
relative velocity W1 is almost 90◦. It provides a low incidence angle which is crucial to
avoid pressure losses in the turbine inner-blade region.

The flow analysis of the exhaust gases through the VTG vanes was also investigated.
The flow analysis showed that the exhaust gasses enter into the VTG vanes at the angle of
80–120◦ to the previous direction in the exhaust pipe. The exhaust gases enter the VTG
section almost at the perpendicular direction to the vane pressure surface at the high flow
angle. The streamlines of exhaust gases are perfectly aligned with the nozzle vanes at the
lower flow angle.

With the increase of the turbine speed, the energy losses at the turbine outlet decreased
as the absolute velocity was closer to the axial direction.

The highest average efficiency of the two-stage turbine system was 60% at 60,000 rpm
with the 11◦ VTG position, which makes it a promising competitor for the modern scroll
turbochargers. However, a direct comparison cannot be made as the compression work
is not included in those calculations. The key feature of such a system is the turbine’s
configuration inlet, which eliminates the interference of the pressure waves from the
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adjacent exhaust pipes. Such a feature eliminates the need for scrolled housing. More than
one scroll turbocharger has to be installed for the multicylinder engine, which significantly
complicates the exhaust system. The configuration of the two-stage turbine system makes it
easier to adapt for multicylinder engines. In the future, such a two-stage system it intended
to be manufactured and installed in a two-stroke, six-cylinder OP engine. Such an engine
is being developed at the Warsaw University of Technology.
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Nomenclature

Notations
w Relative velocity M The Mach number
c Absolute velocity ξδ Tip leakage loss factor
u Linear velocity δ The vane outlet deviation angle

α Absolute velocity angle t
Distance between the vane
trailing edges

β Relative velocity angle a The speed of sound
p Static pressure β1b Blade relative angle
p∗ Total pressure
T∗ Total temperature
φ Vane flow coefficient
k′ Exhaust specific heat ratio
R′ Exhaust gas constant
∆h Turbine isentropic enthalpy drop
h∗ Total enthalpy
ρ The turbine reaction ratio
luT The rotor expansion work
ηuT The rotor expansion efficiency
lT The turbine expansion work
ηT The turbine efficiency
ηm The turbine mechanical efficiency
D Diameter of the turbine
n The rotational speed of the turbine
s Perpendicular vane distance
Subscripts Abbreviations
0 Conditions before first-stage nozzle vanes ICE Internal combustion engine
1 Conditions after first-stage nozzle vanes 3-D Three-dimensional
2 Conditions after first-stage rotor OP Opposed piston (engine)
3 Conditions before second-stage rotor TE Trailing edge
4 Conditions after second-stage rotor SA Spalart-Allmaras turbulence model
5 Conditions at the outlet CAD Crank angle degree
D Stator vane conditions VTG Variable Turbine Geometry
W Rotor conditions RMSE Root mean square error
iz Isentropic parameters
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