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Abstract

:

New guidelines set by international organizations for refrigeration companies cause that natural working fluids such as carbon dioxide are increasingly used in new refrigeration systems. Carbon dioxide (R-744) is used in freezing, cooling, or air conditioning installations, in which the cooling load fluctuates hourly. To adapt the cooling capacity of the evaporator to the current cooling load of the cooled space, a number of control elements are used. The paper proposes a new method of regulating the cooling capacity for a one-stage refrigeration cycle with the R-744 refrigerant and an internal heat exchanger (IHX). The proposed method involves using an additional evaporator and combines the possibility of regulating the cooling capacity with the possibility of energy efficiency ratio (EER) improvement. The energy analysis of the proposed method of regulating the cooling capacity was performed and the results were compared with the control method. The control method was using the compressor hot gas bypass valve which allows the flow of hot vapor refrigerant to the suction side. The energy analysis was carried out for both subcritical and supercritical cycles using the energy equations. For each of the considered methods, the characteristics of the change in the EER as a function of the reduction of the cooling capacity in both supercritical and subcritical cycles were determined. It was found that when the cooling capacity decreased by 50%, the hot gas bypass regulating method was around 30% less efficient compared to the proposed additional evaporator regulating method.
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1. Introduction


Environmental problems associated with the operation of refrigeration systems with synthetic refrigerants inspire scientists around the world to look for alternative technologies to fluorinated greenhouse gases (F-gases) [1,2]. Natural refrigerants such as ammonia, hydrocarbons (butane, propane, isobutane), or carbon dioxide attract attention because of their insignificant environmental impact compared to synthetic refrigerants [3]. The use of fluorinated gases has been limited, while cooling systems often use indirect working fluids such as chilled water, slurry ice, or cold storage systems based, for example, on phase change materials [4].



1.1. Carbon Dioxide as a Refrigerant


Among the natural refrigerants, carbon dioxide, known as R-744, which was first proposed as a refrigerant in the 19th century, is very popular among scientists [5]. CO2 is a non-toxic and non-flammable gas, which is environmentally friendly and therefore does not cause serious problems during the operation of refrigeration equipment [6,7]. Additionally, carbon dioxide from fossil fuel combustion may be used in cooling systems. In this way, CO2 emissions to the atmosphere, which have been increasing in recent years as a result of increased demand for electricity, can be reduced [8]. Despite no adverse environmental impact, carbon dioxide as a refrigerant causes technical problems, mainly due to the high pressures occurring in the system. Thus, systems with CO2 require special materials that are resistant to high pressures.



The pressure in the high-temperature heat exchanger is the main factor influencing the energy efficiency ratio (EER) of transcritical carbon dioxide cooling systems. The EER is the ratio of a refrigeration system’s cooling capacity to the power of a compressor. Thus, the high CO2 pressure at the high-temperature heat exchanger should be controlled to maximize the EER [9,10]. In recent years, numerous thermodynamic analyses of transcritical installations with carbon dioxide, aimed at suggesting the optimal operating conditions for such installations, have been carried out [11,12,13]. Ge and Tassou [14] reported that the optimal pressure in the gas cooler, i.e., the pressure for which the EER reaches its maximum value, depends on the ambient air temperature, as shown in Figure 1. As can be seen, the EER increases with decreasing ambient air temperature for a given gas cooler pressure. Additionally, when the ambient air temperature decreases, lower values of the pressure are optimal to obtain maximum EER. Therefore, it is desirable to cool down the cooling air before it enters the gas cooler [15].



Another problem with using CO2 is connected with its critical point parameters. The critical temperature of CO2 is about 31 °C at 73.8 bar, so at a temperature of the upper heat source greater than 31 °C, the carbon dioxide is in a supercritical state. As a result, the condensation cannot take place in the high-pressure heat exchanger, which significantly decreases the performance, in terms of EER, of the entire system [16]. Thus, scientists have proposed numerous methods of increasing the EER. One of them is mechanical subcooling, which involves placing subcooling equipment after the gas cooler to cool down the R-744 flowing from the gas cooler [17]. Consequently, the R-744 goes to an evaporator with a lower vapor quality, which results in an improvement of the system efficiency. Sánchez et al. [18] reported that using mechanical subcooling can improve the coefficient of performance (COP) of the carbon dioxide transcritical cooling system by 16.1% compared to the system without any improvements. Another possibility of increasing the efficiency is using the internal heat exchanger (IHX), which can improve the EER by 6.2% compared to a traditional carbon dioxide transcritical cooling system [18]. Using both, the mechanical subcooling and IHX allows reducing the temperature of the refrigerant exiting the gas cooler, which results in higher efficiency of the system. However, some methods focus on decreasing the irreversibility of the refrigeration cycle. These methods include for example using a multi-ejector [19] or vortex tube [20] instead of a traditional expansion valve.




1.2. Methods of Regulating Cooling Capacity and Their Influence on EER


The results of scientific studies and the application of new technical solutions have increased the interest in the popularity of CO2 as a refrigerant [21,22,23]. CO2 is used in cooling installations in supermarkets, air-conditioned rooms, vehicles air conditioning systems [24,25,26], as well as in heating installations with heat pumps [27]. Regardless of the application, refrigeration systems with carbon dioxide, similarly to typical refrigeration systems, undergo constant thermal fluctuations on the low-temperature side of the system, which is a consequence of thermal conditions changes in a cooled space [28]. Changing the cooling load of refrigerated rooms results from various factors, including variations in hourly, daily, and seasonal outdoor temperature, the cooled space, or unintentional heat gains. Therefore, the operation time of refrigeration devices with full cooling capacity load is not constant and is usually a small part of the compressor’s operating time. To limit the maximum thermal power of the evaporator, it is possible to use different regulation systems and methods in order to adapt the power of the lower heat exchanger to the current cooling load [29,30,31]. Some of them do not regulate the compressor capacity, which means that the compressor maintains maximum power despite the reduced cooling load. This solution adversely affects the EER, which also translates into low cost-effectiveness [32,33,34].



Most often, the cooling capacity is regulated by changing the compressor capacity stepwise or continuous ways. The stepwise regulation methods include the ON/OFF method involving switching off individual cylinders of the piston compressor or a method based on the use of variable-speed engines. The continuous regulation of compressor capacity involves adjusting the rotational speed of the compressor by using a frequency inverter or feeding hot refrigerant to the suction or intake side of the compressor. The compressor capacity control allows reducing its energy consumption, which, with a reduced thermal load of the evaporator, allows increasing the EER. With a decrease in thermal efficiency, not all of these methods limit the power consumption of the compressor, which makes them economically unviable. Limiting the consumption of electricity is important in the context of constant changes in the regulations regarding the production and distribution of electrical power [35].



As shown in Section 1.1 and Section 1.2, the studies available in the open literature focus either on improving the EER or on regulating the cooling capacity of transcritical CO2 cooling systems. Therefore, this paper proposes and describes a new method of regulating a cooling capacity of a transcritical carbon dioxide refrigeration system. The proposed method combines the possibility of regulating the cooling capacity with the improvement of the EER by using an additional evaporator. Using the additional evaporator allows not only regulating the cooling capacity but also decreasing the ambient air temperature, which positively impacts the EER, which in turn, may have some applied value for the cooling industry. The proposed method is investigated theoretically and compared with an exemplary cooling capacity regulation system, i.e., compressor bypass, which, to the best of the authors’ knowledge, has not been done before. Of course, modeling of energy processes can be performed with the use of special application software as shown for example in the works [36,37,38]. However, in this work, the calculations for the considered methods of regulating the cooling capacity are performed using the energy conservation equations.





2. System Description


2.1. Installation with a Hot Gas Bypass Valve


One of the methods of continuous regulation of cooling capacity is the hot gas bypass method based on the feed of hot refrigerant to the suction side. This method allows regulating the mass flow rate of the refrigerant passing through the evaporator. The use of the hot gas bypass valve in a transcritical cooling system with a medium temperature (MT) evaporator and an internal heat exchanger (IHX) is shown in Figure 2.



The working principle of the system shown in Figure 2 is as follows. In the case of a full cooling load, the bypass valve is closed and all refrigerant flows through the compressor. As a result, the pressure, temperature, and enthalpy of the refrigerant increases. Then, the refrigerant is cooled down under constant pressure first in the gas cooler by ambient air, then in the IHX by giving off heat to the refrigerant flowing from the MT evaporator. Next, the pressure of the cooled refrigerant is reduced to the intermediate value by the expansion valve and the refrigerant flows to the receiver. In the case of the subcritical cycle, the refrigerant is in a liquid phase due to large overcooling obtained in the gas cooler and IHX, and thus the dry vapor refrigerant mass flow rate       m ˙    0    equals zero. As a result, all refrigerant flows through the expansion valve to the MT evaporator and then to the IHX, and the cycle is complete. If the system works in the supercritical cycle, the refrigerant is separated into gas and liquid phases in the receiver. The liquid-phase refrigerant is expanded to the evaporation pressure and flows through the MT evaporator. The refrigerant from the MT evaporator is combined with the expanded dry vapor refrigerant, and the cycle is complete.



In the case of the reduced cooling load, the working principle is the same as in the case of full cooling load, but a part of the hot refrigerant mass flow rate after passing the compressor is expanded in the hot gas bypass valve and directed to the suction side, where it connects with the refrigerant flowing from the evaporator. In this case, the refrigerant mass flow rate passing through the other devices of the installation, except the compressor, is lower. As a result of the decreased mass flow rate of the medium flowing through the evaporator, its thermal power decreases. At the same time, the compressor performs the same or more work. The effect of applying the above regulation method is a significant reduction in the value of the EER in relation to its initial value (without bypass). This method is often used as compressor protection against a sudden drop in suction pressure, especially during the start-up of the installation, which protects the compressor against being shut down due to the low-pressure switch being triggered. However, when using this method for continuous regulation of the cooling load, it can be observed that the power of the compressor does not decrease with the cooling capacity, which significantly reduces the EER.




2.2. Installation with an Additional Evaporator—Air Cooler


An alternative method of regulating the cooling capacity is to use an additional evaporator (air cooler), which is shown in Figure 3. This method of regulation involves using the difference between the maximum and instantaneous cooling capacity. If the system works with a full cooling load, all refrigerant flows through the MT evaporator. The working principle of the system shown in Figure 3 is then the same as the working principle of the system from Figure 2 operating with a full load, which is described in detail in Section 2.1.



During a reduced cooling load, a part of the refrigerant at evaporating pressure (point 6 in Figure 3) is directed through the three-way valve to the additional evaporator, where evaporates, cooling the ambient air. The cooled ambient air is then directed to the gas cooler/condenser. At the same time, the rest of the refrigerant flows through the MT evaporator, providing a useful cooling capacity. The ratio of the refrigerant mass flow rate flowing through the additional evaporator to the refrigerant mass flow rate flowing through the MT evaporator depends on the required cooling capacity, i.e., as the cooling capacity decreases, the more refrigerant flows through the additional evaporator. Nevertheless, after the evaporation process is completed, the carbon dioxide from both evaporators, i.e., the additional and MT evaporator, are combined and the cycle is finished. As a result of using the additional evaporator, air cooling the gas cooler possess lower temperature. The lower temperature of the upper heat source allows condensation or cooling of the refrigerant at lower pressure values, which translates into reduced compressor power. The value of high pressure in the upper heat source is of particular importance for a system with carbon dioxide, where it can reach values of up to around 100 bar. Therefore, the advantage of this method of regulating cooling systems with CO2 is not only reducing the compressor power but also reducing the pressure value during the compression process.



In the installation with the additional evaporator, as in the hot gas bypass method, the cooling regulation is carried out by changing the value of the mass flow rate of CO2 passing through the evaporator, which should be proportional to the current cooling load. In the additional evaporator, the mass flow rate of the working medium ma is used to cool down the ambient air. The cooled air has a lower temperature compared to the original value, which translates into a lowering of the pressure on the high-temperature side of the system. By using this method, one can expect a reduction in the required compressor power and a decrease in cooling capacity. Consequently, the EER should decrease to a much lesser value compared to the compressor bypass method.



On the other hand, the additional evaporator regulation method requires using supplementary equipment, i.e., the additional evaporator and an additional fan. The fan is aimed to force the flow of the air through the additional evaporator. Thus, it complicates the whole installation and it should be remembered that the fan needs to be powered. Hence, before installing an additional evaporator in a cooling system, a thorough analysis of the individual case is required to make sure that the benefits resulting from installing an additional evaporator outweigh the losses.





3. Computational Model


3.1. Initial Conditions


The analysis of cooling capacity regulation methods for previously described refrigeration systems is carried out for the subcritical and supercritical cycles. In the subcritical cycle, the initial ambient air temperature is 15 °C, while in the supercritical cycle 35 °C. The subcritical and supercritical circuits under consideration are presented in Figure 4 and Figure 5, respectively, using the log(p)-h graphs.



Figure 4 and Figure 5 show the distribution of individual characteristic points whose location results from the thermodynamic changes of the refrigerant occurring in the refrigeration device. It should be noted that both Figure 4 and Figure 5 relate to Figure 2, as well as Figure 3, wherein Figure 4 concerns the operation of the systems in a subcritical cycle, while Figure 5 concerns the systems working in a supercritical cycle. In the subcritical cycle, a large overcooling of the refrigerant is used in the IHX exchanger, which means that after the expansion of the medium to an intermediate pressure it remains in the liquid phase, and in the liquid container, there is no phase separation into the gas and liquid phase. The energy analysis of the cooling capacity regulation systems for the subcritical and supercritical cycles is performed based on the following assumptions.



The evaporating temperature t0 and the evaporating pressure p0 remain constant during the regulation process. The intermediate pressure pIP in the receiver remains constant at 45 bar. When regulating the cooling capacity using an additional evaporator, the high pressure of carbon dioxide pk changes in proportion to the ambient air temperature tair at the inlet of the gas cooler. During the regulation of the cooling capacity using a compressor bypass, the parameters of the upper and the lower heat source remain constant (it was assumed that the air mass flow rate is regulated by the fan speed and its value is proportional to the mass of CO2 in the heat exchanger). The enthalpy h of the refrigerant before and after the compressor changes. In each of the analyzed cases, the temperature of the refrigerant leaving the gas cooler/condenser is 5K higher than the ambient air temperature. The unit heat flow qIHX in the IHX remains constant. The vapor quality x of the CO2 at pIP pressure is dependent on the refrigerant temperature at the outlet of the IHX. When regulating the cooling capacity using the additional heat exchanger, the enthalpy of the refrigerant before the compressor remains constant. The change in the enthalpy h9 resulting from the mixing of the enthalpy flows, h7″ and h8, is not taken into account. The air mass flow rate      m ˙   p    cooling the gas cooler contains a constant amount of moisture. Table 1 presents the initial parameters of the cooling system with carbon dioxide for the ambient air temperature of 15 and 35 °C.



The initial pressure, temperature, and vapor quality of the CO2 (before the regulation) in the points shown in Figure 3 and Figure 4 are shown in Table 2 and Table 3.




3.2. Energy Equations for a Cooling Capacity Regulation Method with the Additional Evaporator


The total mass flow rate of refrigerant    m ˙    compressed in the compressor is the sum of the refrigerant mass flow rate passing through the evaporator      m ˙   1    and the mass flow rate of saturated vapor      m ˙   0    from the refrigerant receiver, as shown in Equation (1):


     m ˙    =    m ˙   1  +    m ˙   0  ,  



(1)







The mass flow rate of dry saturated vapor      m ˙    0     is dependent on the vapor quality of the CO2 wet vapor after expansion to the pIP pressure of 45 bar and the mass flow rate      m ˙   1    passing through the evaporator. This relationship is described by Equation (2):


     m ˙   0  =      m ˙   1  · x   1 − x   ,    if   x  = 0 →    m ˙   0  = 0    and    m ˙   =    m ˙   1  ,  



(2)







The vapor quality x varies with the temperature of the refrigerant flowing out of the IHX. As described in Section 2.2, if the cooling load decreases, a part of the refrigerant flows through the additional evaporator cooling the ambient air. As a result of the lower ambient air temperature, the temperature of CO2 changes at the outlet of the gas cooler and the IHX exchanger. The lower temperature of the refrigerant before the expansion valve causes the refrigerant to expand to lower CO2 vapor quality. The calculations assume that the mass flow rate of the refrigerant in the evaporator remains constant for a given cooling capacity. Therefore, in order to maintain constant pressure in the receiver, the received amount of dry saturated vapor      m ˙   0    should be proportional to the vapor quality. If the working medium is sufficiently cooled, after being expanded from high pressure (HP) to intermediate pressure (IP), the refrigerant remains in the liquid phase, and thus      m ˙    0       = 0.



The initial cooling capacity Q0 is proportional to the amount of mass flow rate of the refrigerant      m ˙   1    passing through the evaporator. The cooling capacity at the start of the process is expressed by Equation (3):


   Q 0  =    m ˙   1  · (  h  7 ″   −  h 6  ) ,  



(3)







The h in both Equation (3) and any other suitable equation is the enthalpy of the refrigerant at the characteristic point defined in Figure 2, Figure 3, Figure 4 and Figure 5.



The compressor power Nc needed to compress the refrigerant is expressed by Equation (4):


   N c  =   m ˙   · (  h 2  −  h 1  ) ,  



(4)







In the ideal Linde refrigeration cycle, it is assumed that refrigerant compression in the refrigeration compressors is an isentropic process. In fact, the compression is accompanied by an increase in entropy, e.g., as a result of the friction of the compressor’s pistons against the cylinder wall and the supply of heat from the hot walls of the cylinder to the refrigerant. To determine the enthalpy of the refrigerant at the outlet from the compressor, the isentropic efficiency ηis of the process should be determined. This efficiency is described using Equation (5) [14]:


   η  is   = 0.7595 − 0.0328 ·  R p  ,  



(5)




where Rp is determined as the ratio of the discharge pressure to the compressor suction pressure. The actual enthalpy at the end of the compression process is determined by Equation (6):


   h 2  =  h 1  +    h  2 s   −  h 1     η  is     ,  



(6)







The paper assumes that the high pressure of carbon dioxide on the gas cooler side is correlated with the ambient air temperature. The calculations assume that the ambient air temperature corresponds to the air temperature at the inlet to the gas cooler, while changes in the ambient air temperature, resulting from cooling the air by the additional heat exchanger, cause a change in the pressure (in bar) in the gas cooler in accordance with Equation (7) [14]:


   p k   (  bar  )  =  p  opt      (  bar  )  =  {      44.97   for        t  air   < 0 ° C       1.352 ·  t  air   + 44.34   for     0 ° C ≤  t  air   ≤ 20 ° C       75   for     20 ° C <  t  air   ≤ 27 ° C       2.3426 ·  t  air   + 11.541   for      t  air   > 27 ° C       ,  



(7)







Equation (7) was created by optimizing the high pressure at the high-temperature heat exchanger and was described by Ge and Tassou [14]. In the model, it is assumed that in each analyzed case the system achieves the optimum value of high pressure in accordance with the Equation (7).



When the thermal load is reduced, a part of the refrigerant mass flow rate from the MT evaporator is passed through the additional evaporator (air cooler), where evaporates and lowers the temperature of the ambient air entering the gas cooler. The air temperature tair,out at the inlet to the gas cooler is calculated from the conservation of energy of the additional evaporator and is given by Equation (8):


   t  air , out   =  t  air , in   −    Q i       m ˙   p  ·  c p    ,  



(8)




where tair,in tair,out, Qi,      m ˙   p   , and cp is the ambient air temperature at the inlet to the additional evaporator (°C), the ambient air temperature at the outlet from the additional evaporator and entering the gas cooler (°C), cooling load decrease (W), air mass flow rate (kg/s), and air specific heat capacity (J/(kgK)), respectively. The specific heat capacity of air is assumed to be 1000 J/(kgK). The cooling load decrease Qi is proportional to the mass flow rate      m ˙   a    of the refrigerant flowing through the additional evaporator. For the adopted assumptions, the cooling load decrease is calculated from Equation (9):


   Q i  =    m ˙   a  · (  h  7 ″   −  h 6  ) = a ·    m ˙   1  · (  h  7 ″   −  h 6  )    where    0 ≤ a ≤ 1 ,  



(9)







The coefficient a is defined as the ratio of the cooling load decrease Qi to the nominal cooling load Q0. Parameter a can have values from the interval <0; 1>, where the value 0 corresponds to the nominal conditions of the refrigeration system. The value “1” means feeding the whole refrigerant stream to the additional evaporator, which hypothetically translates into inhibition of the heat dissipation process from the cooled environment.



As a result of the decrease in air temperature at the inlet of the gas cooler, the high pressure of carbon dioxide decreases in accordance with the Equation (7). The compressor power Nc,i after reducing the cooling load by Qi is calculated using Equation (10):


   N  c , i   =   m ˙   · (  h  2 , i   −  h 1  ) ,      h    2 , i   = f  (   p  opt    )  ,  



(10)







The enthalpy at the end of the compression process h2,i is dependent on the high pressure of carbon dioxide and calculated for each analyzed case of cooling capacity reduction. The energy efficiency ratio (EER) is defined as the ratio of the heat supplied to the evaporator to the power of the compressor. At the initial moment, the EER for each analyzed condition is described by Equation (11):


    EER  N  =    Q 0     N c    ,  



(11)







As a result of the reduction of cooling capacity by Qi and the decrease of compressor power, the EERi is described by Equation (12):


    EER  i  =    Q 0  −  Q i     N  c , i     ,  



(12)







A relative decrease in compressor power due to the lowering of the air temperature, relative to the compressor’s initial power, is described by Equation (13):


   Δ N  =    N c  −  N  c , i      N c    · 100 % ,  



(13)







The relative change in the EER after reducing the refrigerating load, relative to the initial value is given by Equation (14):


   Δ EER  =     EER  i      EER  N    · 100 % ,  



(14)








3.3. Energy Equations for a Cooling Capacity Regulation Method with the Hot Gas Bypass Valve


Energy conservation equations for the regulating system with a bypass valve are less complicated compared to the system with the additional evaporator. As a result of the mixing of the hot refrigerant vapors with the refrigerant from the evaporator, the temperature and enthalpy of the refrigerant before and after the compressor increases. It should be remembered that the temperature of the refrigerant before the compressor should not be too high because the temperature of the CO2 during the compression process may reach a very high value, which may even damage the system. The calculations assume that the remaining parameters of the system, listed in Table 1, remain constant.



The power of the compressor, resulting from the reduction of the cooling load by Qi, is calculated using Equation (15):


   N  c , i   =   m ˙   · (  h  2 , i   −  h  10   ) ,  



(15)







The enthalpy at point 2 changes as a result of shifting the point 10, which results from the mixing of the mass flow rates      m ˙   a    and      m ˙   1    during the regulation of the cooling capacity. Enthalpy h10, which corresponds to the enthalpy at the suction line, is calculated using the conservation of energy for point 10 (Figure 2) as follows:


   h  10   =    (     m ˙   1  +    m ˙   0   )  ·  h 1  +    m ˙   a  ·  h  2 , i      m ˙    ,  



(16)







The total R-744 mass flow rate    m ˙    (Equation (17)) is the sum of the refrigerant mass flow rate      m ˙   1    from the evaporator, the dry vapor mass flow rate      m ˙   0   , and the mass flow rate of refrigerant from the bypass valve      m ˙   a   , proportional to the refrigeration load reduction Qi.


    m ˙   =    m ˙   1  +    m ˙   0  +    m ˙   a  ,  



(17)







The mass flow rate      m ˙    0     is calculated using Equation (18):


     m ˙   0  =    (    m ˙   −    m ˙   a   )  · x   1 − x   ,   if   x = 0 →    m ˙   0  = 0     and     m ˙    1  =   m ˙   −    m ˙   a  ,  



(18)







The decrease in cooling capacity is calculated from Equation (19):


   Q i  =    m ˙   a  · (  h  7 ″   −  h 6  ) ,  



(19)







Similar to the previous regulation method, the nominal value of the EER is determined using Equation (11), and then the EERi is calculated during cooling regulation through Equation (12). The instantaneous energy efficiency ratio is referenced to the nominal value and is calculated on the basis of Equation (14).





4. Results


The calculations were carried out using CoolPro software described in [39], available on the manufacturer’s website, and using the energy equations presented in Section 3.2 and Section 3.3. The compressor power decrease, achieved thanks to the additional evaporator used for reducing the ambient air temperature in the supercritical and subcritical cycles, was evaluated. The analysis was performed for 5 different air mass flow rates      m ˙   p    passing through the additional evaporator, and then through the gas cooler/condenser, for both the supercritical and subcritical cycles. The air mass flow rate      m ˙   p    was: 8.5 kg/s, 3.4 kg/s, 1.7 kg/s, 1.1 kg/s, and 0.85 kg/s. The calculations were carried out for subsequent cooling capacity decrease values (Qi) for supercritical (initial ambient air temperature of 35 °C) and subcritical cycle (initial ambient air temperature of 15 °C).



The changes in the temperature of cooling air, i.e., the air cooled in the additional evaporator and then passing through the gas cooler, are shown in Figure 6a,b for supercritical and subcritical cycles, respectively. As can be seen, the air temperature decreases linearly as the cooling capacity decreases for both, supercritical and subcritical cycles. This is because as the cooling capacity decreases, more refrigerant flows through the additional evaporator and cools down the air. The temperature of the air decreases more for lower air mass flow rates. When the cooling capacity decreases by 80%, the air temperature decreases by about 1 °C, and 8 °C for the air mass flow rate of 8.5 kg/s, and 0.85 kg/s, respectively, compared to the air temperature in the system working with initial cooling capacity. The temperature drop is similar for both, supercritical and subcritical cycles. Additionally, based on Figure 6a, it is evident that the air temperature for its mass flow rate of 1.7 kg/s, 1.1 kg/s, and 0.85 kg/s decreases below the carbon dioxide critical temperature, i.e., 31 °C. As explained in the Introduction, reducing the temperature of the cooling air impacts significantly on the EER, and lowering the temperature of the cooling air is expected to improve the EER.



Figure 7a,b show the pressure changes in the gas cooler as a function of the cooling capacity drop for different air mass flow rates for supercritical, and subcritical cycles, respectively. For both, the supercritical and subcritical cycles, the pressure decreases linearly as the cooling capacity decreases, and a greater decline is observed for lower air mass flow rates. Compared to the gas cooler pressure during working with nominal cooling capacity, the gas cooler pressure can be reduced by a maximum value of 18.5 bar, and 12.7 bar for supercritical, and subcritical cycles, respectively, when cooling capacity drop is 80%.



Nevertheless, in the supercritical cycle, the pressure curve for the air mass flow rate of 0.85 kg/s differs from the other curves. Initially, the pressure decreases linearly with the cooling capacity drop. However, when the cooling capacity drop is greater than about 65%, the pressure takes a constant value of 75 bar. Such a result is achieved because the temperature of the cooling air, for the air mass flow rate of 0.85 kg/s and the cooling capacity drop greater than 65%, is lower than 27 °C (see Figure 6a), and according to Equation (7), the optimal pressure is 75 bar for the air temperatures in the range of 20–27 °C. It is worth mentioning that although the pressure for the supercritical cycle is reduced significantly when cooling capacity decreases, the pressure does not decrease below its critical value of 73.8 bar for CO2. Nevertheless, any pressure drop should reduce the compressor power, which positively impacts the efficiency of the system.



The relative compressor power drop depending on the cooling capacity drop is shown in Figure 8a,b for supercritical and subcritical cycles, respectively, for the five analyzed air mass flow rates. The graphs show that for both the supercritical and subcritical cycles, according to the adopted assumptions, the compressor power drops for each value of the air mass flow rate along with the reduction of the cooling load. It is observed that at each analyzed point a larger decrease of the compressor power is obtained with a smaller air mass flow rate through the additional evaporator. For the subcritical cycle (Figure 8b), for most of the analyzed points, a relative decrease in compressor power was larger compared to the supercritical cycle (Figure 8a). When the cooling capacity decreases by 80%, the compressor power decreases by a maximum value of 45% for both supercritical, and subcritical cycles, compared to the initial compressor power.



Although the course of all compressor power drop curves is similar, there is one exception—the curve for the supercritical cycle for the air mass flow rate of 0.85 kg/s. For that air mass flow rate, the compressor power drop increases initially, as the cooling capacity decreases. Nevertheless, as the cooling capacity drop increases to 65%, the compressor power drop suddenly decreases. Such a phenomenon may be caused by the fact that as the cooling capacity drop is 65%, the temperature of the ambient air and the optimal pressure in the gas cooler are close to the critical point of the carbon dioxide, where the isotherms are strongly curved. Thus, the enthalpy of CO2 at the outlet of the gas cooler increases which contributes to higher vapor quality of the refrigerant after the expansion to the intermediate pressure pIP. As a result, according to Equations (1) and (2), the dry saturated vapor mass flow rate of the refrigerant      m ˙   0    increases, while the refrigerant mass flow rate flowing through the MT evaporator decreases. Consequently, as the refrigerant mass flow rate through the MT evaporator decreases, the enthalpy of the refrigerant after passing the MT evaporator increases. Thus, higher compressor power is required due to the higher enthalpy of the refrigerant.



Based on Figure 8a, it can be assumed that depending on the cooling capacity drop, there exists a certain minimum value of the air mass flow rate below which a refrigeration system should not work due to a sudden increase in the compressor’s power. In the case of the system analyzed in this paper, the minimum value of the air mass flow rate is 0.85 kg/s. However, it does not mean that the proposed method of regulating the cooling capacity is not applicable for air mass flow rate below 0.85 kg/s. The performance of the system for lower values of the air mass flow rate should be calculated before implementing the proposed method of regulating the cooling capacity into the real refrigeration system. Additionally, each refrigeration system may work under different operating conditions, i.e., evaporation or condensation temperatures and pressures, thus each system should be analyzed individually.



Figure 9a,b show the energy efficiency ratio in the function of cooling capacity drop for two cooling capacity regulation methods, i.e., hot gas bypass and additional evaporator, for supercritical and subcritical cycles, respectively. The EER decreases with increasing cooling capacity drop for the supercritical cycle and both cooling capacity regulation methods. In the case of the subcritical cycle, the EER generally decreases with the decreasing cooling capacity, however, there is a small increase of the EER for the cooling capacity drop of 10%. Such a result is caused by the fact that for the abovementioned cooling capacity drop, the compressor power drop is greater than the cooling capacity drop. Thus, the EER for this cooling capacity drop is greater than the EER of the system working with the initial cooling capacity.



Comparing the influence of the two cooling capacity regulation methods, the EER is higher for the installation with the additional evaporator than the installation with the hot gas bypass. This result is more evident for the subcritical cycle. Additionally, the EER of the subcritical installation is about 4 times higher than the EER of the supercritical installation. As mentioned in the Introduction, the refrigerant in a supercritical state does not condense in the high-pressure heat exchanger, which leads to low values of the EER.



Figure 10a,b show the relative change of the EER in the function of cooling capacity drop for both regulation systems in relation to its original value. Figure 10a concerns the supercritical cycle, while Figure 10b the subcritical cycle. As the cooling capacity decreases, the EER for the two operation modes decreases. The change in the EER depends on the air mass flow rate through the additional evaporator. At lower values of the air mass flow rate, the EER decreases slower.



A comparative analysis of the described methods of regulation of the cooling capacity shows that using the additional evaporator causes a smaller decrease in the EER than when using a hot gas bypass valve method. The maximum decrease of the cooling capacity of the system (by 80%) causes the drop of the EER by 64% for the air mass flow rate of 0.85 kg/s for both the supercritical and subcritical cycles, compared to the initial EER value. For the hot gas bypass method, the decrease of the EER under the same conditions is 93%, and 97% for supercritical and subcritical cycles, respectively.



When modeling the control system with the hot gas bypass, one must remember about the increase in the enthalpy of the refrigerant before and after the compressor, which in turn leads to a large increase in the temperature of CO2. Therefore, the compressor bypass system cannot be used for significant decreases in cooling capacity, caused by e.g., temperature fluctuations on the low-temperature side of the system. For example, when the cooling capacity drops by 50%, the EER of the system with the hot gas bypass decreases by about 50% (see Figure 10a,b). For the same cooling capacity drop, the EER of the system with the additional evaporator decreases by only 20–40%, depending on the air mass flow rate. Therefore, the method of regulating the cooling capacity by using the additional evaporator provides a smaller decrease in the EER than the hot gas bypass method.




5. Conclusions


The two cooling capacity regulation methods, i.e., the additional evaporator method and the hot gas bypass method, were analyzed and compared. The results presented in the paper are theoretical and should be confirmed in further experimental studies. The results of the performed calculations show that when the cooling capacity decreases, using the additional evaporator allows reducing the temperature of the ambient air cooling the evaporator, and decreases the compressor power. It has been found that the reduction of the compressor power has been greater in the case of the subcritical cycle, as opposed to the supercritical cycle. For example, decreasing the cooling capacity by 50% reduced the compressor power by 25% in the supercritical cycle, and by 35% in the subcritical cycle at the air mass flow rate of 0.85 kg/s. In both, the supercritical and subcritical cycles, the compressor power drop depended on the air mass flow rate through the additional evaporator. Lower air mass flow rate      m ˙   p    resulted in a larger decrease in the compressor power with respect to its initial value. This was caused by the fact that as the air mass flow rate decreased, the temperature of the air decreased to lower values, and consequently, the pressure in the gas cooler decreased.



The cooling capacity regulation method with the additional evaporator achieved better results compared to the hot gas bypass method regarding the energy efficiency ratio. With an exemplary decrease in the cooling capacity by 50%, the EER decreased to 65% of the initial value in the supercritical cycle, and up to 73% in the subcritical cycle for the air mass flow rate of 0.85 kg/s. Additionally, reducing the cooling capacity by 10% increased the EER by 10% for the additional evaporator method in the subcritical cycle. With a 50% decrease in cooling capacity, the use of a compressor bypass valve changes the EER to 45% of the initial value in the supercritical system and 36% in the subcritical system. Thus, with this decrease in cooling capacity, the method of regulating the cooling capacity using a compressor bypass valve is around 30% less efficient than the additional evaporator method. The EER significantly decreases with the increasing reduction of cooling load, especially for the hot gas bypass method.



The outcomes presented in this paper are a result of theoretical calculations, hence the authors are planning to investigate experimentally the performance of the proposed method of regulating the cooling capacity in further research. The experimental verification is possible in any transcritical carbon dioxide refrigeration system after some changes, including installing the additional evaporator, fan, pipe system, and of course appropriate measuring devices and data acquisition system.
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Nomenclature




	a
	Ratio of Qi to Q0



	COP
	Coefficient of performance



	cp
	Specific heat capacity of air, J/(kgK)



	EER
	Energy efficiency ratio



	EERi
	Reduced energy efficiency ratio



	EERN
	Nominal energy efficiency ratio



	h1
	Enthalpy of the refrigerant before the compressor, J/kg



	h10
	Enthalpy of the refrigerant before the compressor during cooling regulation with a compressor bypass valve, J/kg



	h2
	Enthalpy of the refrigerant after the compressor, J/kg



	h2,i
	Enthalpy of the refrigerant after the compressor during cooling regulation, J/kg



	h2s
	Isentropic compression enthalpy of the refrigerant, J/kg



	h6
	Enthalpy of the refrigerant before the medium-temperature evaporator, J/kg



	h7″
	Enthalpy of the refrigerant after the medium-temperature evaporator, J/kg



	HP
	High pressure



	IHX
	Internal heat exchanger



	IP
	Intermediate pressure



	MT
	Medium temperature



	      m ˙   0    
	Dry vapor refrigerant mass flow rate, kg/s



	      m ˙   1    
	Mass flow rate of the refrigerant in the evaporator, kg/s



	      m ˙   a    
	Mass flow rate of the refrigerant proportional to the reduction of the cooling load, kg/s



	      m ˙   p    
	Air mass flow rate, kg/s



	    m ˙    
	Total mass flow rate of the refrigerant, kg/s



	Nc
	Compressor power, W



	Nc,i
	Reduced compressor power, W



	pIP
	Intermediate pressure, bar



	pk
	High pressure, bar



	popt
	Optimal high pressure, bar



	p0
	Evaporating pressure, bar



	qIHX
	Unit heat flow in the internal heat exchanger, kJ/kg



	Q0
	Nominal cooling capacity, W



	Qi
	Cooling capacity decrease, W



	Rp
	Pressure ratio



	tair
	Ambient air temperature, °C



	tair,in
	Inlet ambient air temperature, °C



	tair,out
	Outlet ambient air temperature, °C



	t0
	Evaporating temperature, °C



	x
	Vapor quality



	ΔEER
	Relative change in EER



	ΔN
	Relative change in compressor power



	ηis
	Isentropic efficiency
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Figure 1. Variation of EER with pressure in the gas cooler and ambient air temperature for transcritical carbon dioxide cooling system, where tair is the temperature of ambient air [14]. 
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Figure 2. The refrigeration system with the hot gas bypass valve.     m ˙    —total refrigerant mass flow rate, (kg/s);      m ˙   a   —refrigerant mass flow rate through the bypass, (kg/s);      m ˙   0   —dry vapor refrigerant mass flow rate, (kg/s);      m ˙   1   —refrigerant mass flow rate through the evaporator, (kg/s). 
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Figure 3. The refrigeration system with the additional evaporator (air cooler).    m ˙   —total refrigerant mass flow rate, (kg/s);      m ˙   a   —refrigerant mass flow rate through the additional evaporator, (kg/s);      m ˙   0   —dry vapor refrigerant mass flow rate, (kg/s);      m ˙   1   —refrigerant mass flow rate through the evaporator, (kg/s). 
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Figure 4. Subcritical carbon dioxide cycle at the beginning of the analysis. 
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Figure 5. Supercritical carbon dioxide cycle at the beginning of the analysis. 
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Figure 6. Cooling air temperature in the function of cooling capacity drop for different air mass flow rates in: (a) Supercritical cycle; (b) Subcritical cycle. 
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Figure 7. Optimal pressure in the gas cooler in the function of cooling capacity drop for different air mass flow rates in: (a) Supercritical cycle; (b) Subcritical cycle. 
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Figure 8. Relative compressor power drop in the function of cooling capacity drop for different air mass flow rates in: (a) Supercritical cycle; (b) Subcritical cycle. 
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Figure 9. Energy efficiency ratio in the function of cooling capacity drop for different air mass flow rates (additional evaporator regulation method), and for hot gas bypass regulation method in: (a) Supercritical cycle; (b) Subcritical cycle. 
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Figure 10. Relative energy efficiency ratio in the function of cooling capacity drop for different air mass flow rates (additional evaporator regulation method), and for hot gas bypass regulation method in: (a) Supercritical cycle; (b) Subcritical cycle. 
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Table 1. Parameters of the R-744 air conditioning system at the beginning of the analysis.
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	Cycle
	tair, (°C)
	pk, (bar)
	tref, out, (°C)
	p0, (bar)
	t0, (°C)
	pIP, (bar)
	Q0, (kW)
	m1 (kg/s)
	m0, (kg/s)
	qIHX (kJ/kg)





	Subcritical
	15
	64.62
	20
	30
	−5
	45
	10
	0.043
	0
	26.6



	Supercritical
	35
	93.5
	40
	30
	−5
	45
	10
	0.048
	0.03
	26.6
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Table 2. Parameters of the subcritical cycle (characteristics points).
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	Point
	p, (bar)
	t, (°C)
	x, (-)





	1
	30.0
	10.0
	−



	2s
	64.6
	69.0
	−



	2
	64.6
	79.5
	−



	3
	64.6
	20.0
	−



	4
	64.6
	11.0
	−



	5
	45.0
	9.5
	−



	6
	30.0
	−5.0
	0.15



	7″
	30.0
	−5.0
	1.00
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Table 3. Parameters of the supercritical cycle (characteristics points).
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	Point
	p, (bar)
	t, (°C)
	x, (-)





	1
	30.0
	10.0
	−



	2s
	93.5
	100.6
	−



	2
	93.5
	121.2
	−



	3
	93.5
	40.0
	−



	4
	93.5
	14.6
	−



	5
	45.0
	10.0
	0.38



	5′
	45.0
	10.0
	0



	5″
	45.0
	10.0
	1.00



	6
	30.0
	−5.0
	0.16



	7″
	30.0
	−5.0
	1.00



	8
	30.0
	−5.0
	0.96



	9
	30.0
	−5.0
	0.98
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