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Abstract: The development of a sustainable powertrain requires improved thermal efficiency. Reduc-
ing frictional power losses through the use of ultra-low viscosity oil is one of the most effective and
economical ways. To assess the potential for efficiency enhancement in a new generation of future en-
gines using low-viscosity oils, a technical analysis was conducted based on numerical simulation and
theoretical analysis. This study proposes a numerical method coupling the whole multi-dynamics
model and lubrication model under mixed lubrication regimes. Then, load distribution was calcu-
lated numerically and verified experimentally. Finally, this paper compares the bearing load and
frictional energy loss of the main bearings when using The Society of Automotive Engineers (SAE)
15W40 and SAE 0W20 oil. The results indicate that the application of ultralow-viscosity lubricant
can reduce the hydraulic friction loss up to 24%, but the asperity friction loss would increase due to
the reduction in load capacity. As a result, the design of a new generation of high efficiency internal
combustion engines requires careful calculation and design to balance the trade-off relations between
hydraulic friction and asperity friction.

Keywords: high efficiency engine; low viscosity oil; friction loss; fuel economy

1. Introduction

As the population increases the global demand for energy saving and emission reduc-
tion increases. The transport sector is one of the major consumers of energy and reducing
fuel consumption of internal combustion engines (ICE) is the key to cut energy consump-
tion and reduce CO2 emissions [1–5]. Holmberg and Erdemir [6] also reports that around
20% (103 EJ) of the world’s total energy is used to overcome friction between moving
parts. By taking advantage of the tribology design and method like lubrication technolo-
gies for friction reduction in vehicles, energy losses caused by friction can be reduced by
40% in the next 15 years and 1460 MtCO2 emissions can also be reduced globally. Since
most of the friction losses in the ICE occur at the cylinder inner surface with piston and
piston ring mating and crankshaft bearing friction, the exploration of friction reduction
for these sliding friction pairs is mainly in the areas of lubrication additives, application
of advanced coating and surface technologies, precise lubrication theory and simulation
techniques. Other works performed an overview of the combustion technologies that have
been tested able to improve the CO2 and the NOx-Soot trade-offs such as specific bowl
design, innovative fuel injection systems [7–10] and clean combustion technologies [11,12].
Studies have shown that reducing oil viscosity can be effective in improving fuel efficiency,
but the problem that accompanies the application of lower viscosity oils is the accentuation
of wear problems caused by the inadequate lubrication carrying capacity of lower viscosity
oils [13]. The use of low viscosity lubricants in the automotive sector has been studied for a
long time; however, increasingly stringent legislation is forcing the automotive industry to

Energies 2021, 14, 2320. https://doi.org/10.3390/en14082320 https://www.mdpi.com/journal/energies

https://www.mdpi.com/journal/energies
https://www.mdpi.com
https://orcid.org/0000-0002-0006-8529
https://doi.org/10.3390/en14082320
https://doi.org/10.3390/en14082320
https://creativecommons.org/
https://creativecommons.org/licenses/by/4.0/
https://creativecommons.org/licenses/by/4.0/
https://doi.org/10.3390/en14082320
https://www.mdpi.com/journal/energies
https://www.mdpi.com/article/10.3390/en14082320?type=check_update&version=1


Energies 2021, 14, 2320 2 of 20

further improve the efficiency of engines, so lower viscosity lubricants are seen as the most
economical way to achieve this goal [14].

The development trend of lubricants is a significant reduction in viscosity, the corre-
sponding new standards are gradually been improved [15]. The Society of Automotive
Engineers (SAE) also targeted to the viscosity standard of the SAE [16] for lower viscosity.
With the increase in friction reduction requirements and the application of low viscosity
lubricants, the fully dynamically lubricated state in the design will continue to decrease
and gradually be replaced by a mixed lubricant state with a near minimum coefficient of
friction [17]. Automotive multigrid lubricants are usually added with a variety of additives
and the shear stress and shear strain rate are not linearly related to each other and show
non-Newtonian characteristics. Although considerable progress has been made in EHL
lubrication, it is still important to understand the rheological properties of the lubricant
under EHL contact conditions [18].

In engineering practice, the correlation between the viscous-pressure effect and the
non-Newtonian behavior of the oil causes these data to be difficult to measure and imple-
ment in the simulation due to the lack of the required rheological data for the oil. Existing
simulation studies on low-viscosity oils in general-purpose tribological subsets generally
use, for example, the Barus equation or Cross equation models alone to consider viscous-
pressure and shear thinning effects under isothermal conditions [19] and, although this is a
reasonable approximation that is closer to real properties of the lubricant, the tribological
behavior of the real integrated oil is more complex [17] and more difficult to measure. It
was shown that the viscous compression effect needs to be taken into account when the
local pressure approaches 200 MPa and the shear thinning effect cannot be neglected when
the shear rate reaches 106 1/s [20]. Bouzid et al. considered the combined effect of coupling
stress and viscous compression effect on the dynamic characteristics of connecting rods
in their study of connecting rod sliding bearings and found that the coupling stress and
viscous compression effect have a significant effect on the nonlinear dynamic behavior
of dynamically loaded bearings [21]. Parinam considered the shear thinning effect in the
study of line contact sliding friction [22]. Meng and Xie et al. [23] considered both viscous
compression and shear thinning effects of lubricants on the sliding friction subsets of inter-
nal combustion engines. Idemitsu [24] and Honda [13] conducted a series of meaningful
explorations of the non-Newtonian properties of automotive oils. The interested reader is
free to consult these works. There are also surface and material technics, since lubrication
theory and simulation calculations allow the design check, modification and optimization
in the design phase before the prototype comes out, the development cycle and economic
cost are greatly reduced. Thus, it is preferred in several of the above studies.

Main lubrication states of lubricated friction pairs include hydrodynamic lubrication
(HL), elastohydrodynamic lubrication (EHL), boundary lubrication (BL) and mixed lubrication
(MHL). Research shows that the lubrication mode of each friction pair conforms to Stribeck
curve under stable load and specified rotational speed, namely, the friction coefficient varies
with the film thickness curve is the same as the curve below as shown in Figure 1.
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Figure 1. Stribeck curve.

The above Stribeck curve shows that the lubrication state gradually transits from
boundary lubrication to hybrid lubrication and dynamic lubrication with the increase of
dimensionless film thickness. As we known that multiple engine main crankshaft bearings
usually support one crankshaft under the condition of being heated by the combustion
chamber; therefore, the position and structure of bearings and bearing seats are strictly
limited owing to the structure and working condition of the ICE. In addition, the flexibility
of the main components of the internal combustion engine, such as crankshaft and engine
block, should be considered under instantaneous high explosive pressure load working
condition. Additionally, the difference of tribological properties between the bearings
cannot be ignored considering the uneven stresses and the interaction force of them.
Thus, a better design and analysis of bearings, including the lubrication and interaction
between the friction surfaces of multiple bearings, are of critical importance.

The load capacity, friction loss and wear condition of the bearings are determined by
the lubricant and the viscosity of which plays a leading role in the process of hydrodynamic
lubrication. For the two surfaces of the friction pair separating by the lubricating oil film,
the thickness of the oil film and the viscosity of the lubricating oil play a leading role in the
friction loss and under the condition of mixed lubrication or even boundary lubrication,
the nominal gap between the two surfaces is very small and the friction caused by the
contact of rough peaks between the two sliding surfaces is more significant. The FEA
simulation of internal combustion engine main bearing based on low viscosity oil needs to
consider the following aspects:

1. as the internal combustion engine develops requiring higher explosion pressure and
lighter weight, the influence of oil film local pressure on elastic deformation increases;

2. the viscosity–pressure effect and shear thinning effect on lubrication friction cannot
be ignored for the local force of bearing oil film getting higher with high-speed shear
force applying to extremely thin oil film;

3. mixed lubrication and even metal contact (side load) effect of main bearing exists
caused by the dynamic load and complex working conditions of the internal combus-
tion engine;

4. the influence of the surface quality and texture direction of the friction pair on the
lubrication flow cannot be ignored for the oil film thickness and the roughness of the
rough surface of the friction pair are being in the same order of magnitude;
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5. the distribution of lubricating oil film and the lubrication friction performance will be
affected by which the main bearing will tilt in the main bearing for its own flexible
deformation when the combustion pressure in cylinder breaking out;

6. the application of low viscosity oil will have a nonlinear effect on the combination of
the above factors.

Therefore, a simulation method for the main bearings of ICE under the application
scenario of low viscosity oil, with a multibody dynamicsmodel of crankshaft and multiple
main bearings, considering the influence of asperity contact model and rough surface
morphology characteristics must be established to evaluate the tribological characteristics
of the ICE accurately. This work can be useful for the design of a new generation of high
efficiency ICE and evaluation of the energy and economic benefits of the reduced friction
losses from the use of ultra-low viscosity oil.

2. Test Procedure

This section aims to implement an engine bench test under properly selected working
conditions. The data—such as the cylinder pressure, oil supply pressure and rotational
speed, together with the ambient temperature in a large range of working conditions—
comprising typical loads were collected and were used to gain the input boundary con-
ditions of the simulation, since the accuracy of the kinetic model calculations strongly
dependent on the dynamic boundary conditions.

2.1. The Object Engine and Overall Arrangement

For the experiment, a six-cylinder diesel engine is selected as the research object and
its the main technical parameters are shown in Table 1.

Table 1. Engine characteristic parameters.

Name Unit Value

Bore diameter mm 116
stroke mm 139

Cylinder distance mm 144
Design pressure MPa 20

Rated speed r/min 1900
Rated power kW 247

Maximum torque Nm 1600
The speed at max. torque r/min 1000–1400

Lubrication way – Pressure and splash
Oil type – 15W40

The diameter of the main
bearing mm 97.102

The diameter of the main shaft mm 97
Fire order – 1-5-3-6-2-4

The test bench and the overall arrangement of the equipment are shown as in Figure 2:
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Figure 2. The arrangement of the experimental system: (a) test bench in the lab; (b) diagram of the experimental system.

A dynamometer is connected to the rear end of the engine; signals of the cylinder
pressure, the piston top dead point position, the oil supply pressure, the rotational speed
and torque of the crankshaft are transmitted to the data acquisition system, and the test
bench are manipulated by a numerical control test system. The properties of the devices
are shown in Table 2.

Table 2. Properties of the devices.

Device Sensor Model Accuracy Range

Fuel consumption
meter AVL735 ±0.12% 125 kg/h

Dynamometer JD 600
Torque ≤ ±0.1% F.S. 3050 N·m
Speed ≤ ±1 r/min 0–3000 r/min

Combustion Analyzer Kistler – –
Cylinder pressure

sensor 6052C Nonlinearity < 0.3% 0–250 bar

Fuel thermostat AVL735 ±1 ◦C –
Charge amplifier 5018A1000 – –

Cable 1603C10 – –

2.2. Test Procedures and Operational Conditions

The bench test was conducted under ambient circumstances and the selected typical
operating conditions are shown in Table 3; the test procedure was also conducted accord-
ingly. First, inject the fuel through the numerical control system to the combustion chamber
to start the engine and drive the dynamometer, examine the output data of the engine
speed, the torque and the temperature of the outlet of the engine cooling water; ensure that
the data displayed are within the reasonable range and stable, then start the testing process.

Table 3. Test cycle conditions.

NO. Peak Pressure (MPa) The Rotational Speed
(r/min)

1 25 1900
2 25 1000
3 Engine calibration 600
4 25 1400
5 Engine calibration 2150

Adjust engine speed to the rated speed (1900 r/min), the combustion peak pressure
to 25 MPa; record when the data are stabilized. In addition, the lower the engine speed
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to 1000 r/min, the minimum speed on full load; record when the data are stabilized, too.
Other subsequent working conditions are shown in the order in Table 3. The recorded
combustion curve with the peak pressure of 25 MPa and the engine calibration was drawn
to curves.

2.3. Results

During the endurance test, the measured cylinder pressure curves are depicted in
Figure 3. Other critical parameters, such as torque, power and oil supply, pressures are
shown in Table 4.
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Figure 3. Measured cylinder pressure curve on each operating condition.

Table 4. Measured parameters under each operating condition.

The Rotational
Speed (r/min) Torque (N·m) Power (KW) Oil Supply Pressure

(MPa)

1900 0 0 216
1000 1600 167.5 343.5
600 1500 219.9 412.5
1400 1241.5 247 419
2150 0 0 419

3. Numerical Simulation Model
3.1. Governing Equations

The dynamic equation of flexible multi-body considering both translation and rotation
is described as follows:

M · ..
q + D · .

q + K · q = f (1)

f = f a + f ∗ + p∗ (2)

where the generalized coordinates are q = (q1, q2, · · · · · · , qn)
′,
(

qi = (u1, u2, u3, φ1, φ2, φ3)
′
i

)
;

f ∗ is the generalized force of the interaction between components; f a is the external load; p∗ is
nonlinear inertial force and moment and its expression is as follows:

p∗ = f g − f ′ = (p∗1 , p∗2 , · · · · · · , p∗n)
t (3)
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where f g is the force and moment produced by the acceleration of the rigid body; f ′ is the
centrifugal gyro force and moment.

p∗i =

[
−mi

[ ..
xB + 2 · AΩ ·

( .
xB +

.
ui
)
+
(

AΩ + A2
Ω
)
· (xB + ci + ui)

]
−
{

∆ICi ·
..
ϕi +

(
ICi + ∆ICi

)
·
( .

Ω− Aq ·Ω
)
+
(

AΩ + Aϕ

)
·
(

ICi + ∆ICi

)
·
(
Ω +

.
ϕi
)} ]

(4)

In the process of modeling, due to the complexity of the actual structure of cylinder
liner piston connecting rod crankshaft and engine block, if each node is calculated after the
finite element meshing, it is required to establish a huge equation group, which will lead to
a huge amount of calculation. So, to simplify the equations, it is necessary to reduce the
degrees of freedom of some nodes which have little influence on the calculation results.
The commonly used CMS method and the substructure mode synthesis method are used
to reduce the model. The transformation involved in the reduction process is as follows:

q =

[
qt
q0

]
=

[
E 0

Got Goq

]
︸ ︷︷ ︸

G f a

·
[

qt
z

]
= G f a · qa (5)

where q is the reduced front node DOF vector; qa is the reduced degree of freedom; G f a
is the transformation matrix. By substituting (5) into (1), the reduced form of the kinetic
equation is(

G′f a ·M · G f a

)
︸ ︷︷ ︸

M

· ..
qa +

(
G′f a · D · G f a

)
︸ ︷︷ ︸

D

· .
qa +

(
G′f a · K · Gja

)
︸ ︷︷ ︸

K

· qa = G′f a · f︸ ︷︷ ︸
f

(6)

The above formula can be simplified as

M · ..
qa +

→
D · .

qa + K · qa = f (7)

Simplify the Navier–Stokes equations in the direction of oil film thickness; the Reynolds
equation is used in the circumferential and axial direction of the bearing:

∂

∂x

(
h3

12 · η ·
∂p
∂x

)
+

∂

∂z

(
h3

12 · η ·
∂p
∂z

)
=

U1 + U2

2
· ∂h

∂x
+

∂h
∂t

(8)

The lubricating oil film expands along the circumference from the vertex of the bearing
into a long square area, as shown in Figure 4:

Energies 2021, 14, x FOR PEER REVIEW 8 of 21 
 

 

 
(a) Loading diagram of single bearing (b) Expanded oil film mesh 

Figure 4. Bearing load of a single bearing friction pair and oil film. 

The two interacting surfaces of sliding bearing pair are rough in the micro level after 
machining and the oil film thickness can reach the magnitude of the pair surface rough-
ness under heavy load. In order to consider the influence of rough peaks and valleys on 
the flow in lubricating film, the Patir and Cheng average Reynolds equation of elastohy-
drodynamic lubrication model considering micro dynamic lubrication effect is adopted, 
its expression is as follows: 

( )2 2 ( ) 0x z
p p

x x z z x t
θ γθ βθ α θ α

∂ ⋅∂ ∂ ∂ ∂ ∂ ⋅   − ⋅ ⋅ − ⋅ ⋅ + + =   ∂ ∂ ∂ ∂ ∂ ∂     
(9)

In the above expression,  

( )

3
2

3
2

1 2

12

12

2

x x

z z

s

T

h

h

u

h

u

α φ
η

α φ
η

β γ σ φ

γ ρ

= ⋅
⋅

= ⋅
⋅

−= + ⋅ ⋅

=  
Here ,x z  are the circumferential and axial coordinates; ( , , )p p x z t= , ( , , )h h x z t=  is 

film pressure and film thickness; ,x yφ φ  is the pressure flow factor along the ,x z  direc-

tion; sφ  is the shear flow factor, used to characterize the effect of rough surface on flow; 
( , , )x z tθ θ=  is the filling rate of lubricating oil; 1u  and 2u  are the circumferential ve-

locity of shaft and bearing; t  is time; Th  is the mathematical expectation of actual oil 
film thickness under normal distribution. The oil film pressure at both ends of the bearing 
is considered equal to the gas pressure of the crankcase and the oil film pressure at the oil 
hole position is considered equal to the oil supply pressure. The Jakobsson–Floberg–Ols-
son (JFO) method is used to consider capitation. The boundary condition at the oil film 
rupture is  

0, c
p p p
n

∂ = =
∂  

(10)

The boundary condition at the oil film formation is  

Figure 4. Bearing load of a single bearing friction pair and oil film.

The two interacting surfaces of sliding bearing pair are rough in the micro level after
machining and the oil film thickness can reach the magnitude of the pair surface roughness
under heavy load. In order to consider the influence of rough peaks and valleys on the flow
in lubricating film, the Patir and Cheng average Reynolds equation of elastohydrodynamic
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lubrication model considering micro dynamic lubrication effect is adopted, its expression
is as follows:

− ∂

∂x

(
θ · α2

x ·
∂p
∂x

)
− ∂

∂z

(
θ · α2

z ·
∂p
∂z

)
+

∂(θ · β)
∂x

+
∂(θ · γ)

∂t
= 0 (9)

In the above expression,

α2
x = φx · h3

12·η

α2
z = φz · h3

12·η
β = (γ + σ · φs) · u1−u2

2
γ = ρhT

Here x, z are the circumferential and axial coordinates; p = p(x, z, t), h = h(x, z, t) is
film pressure and film thickness; φx, φy is the pressure flow factor along the x, z direction; φs
is the shear flow factor, used to characterize the effect of rough surface on flow; θ = θ(x, z, t)
is the filling rate of lubricating oil; u1 and u2 are the circumferential velocity of shaft and
bearing; t is time; hT is the mathematical expectation of actual oil film thickness under
normal distribution. The oil film pressure at both ends of the bearing is considered equal
to the gas pressure of the crankcase and the oil film pressure at the oil hole position is
considered equal to the oil supply pressure. The Jakobsson–Floberg–Olsson (JFO) method
is used to consider capitation. The boundary condition at the oil film rupture is

∂p
∂n

= 0, p = pc (10)

The boundary condition at the oil film formation is

h2

12η

∂p
∂x

=
Vn

2
(1− θ) (11)

The axial boundary condition is

p = pe

(
z = ±B

2

)
(12)

Periodic boundary condition is

p|θ=p = p|θ=2x (13)

where pc is the hole pressure; Vn is the normal velocity of the interface; pe is environmental
pressure.

Oil film thickness relation expression
In the calculation of actual oil film thickness, the effects of surface roughness, elas-

tic deformation and wear are considered:

hT = h + δp + δT + δ (14)

where h is the nominal oil film thickness, which is the distance between the nominal
dimensions of two rough surfaces; δT is thermal deformation; δ is the film thickness caused
by roughness; δp is the elastic deformation of the node on the surface. According to
the displacement translation equation and the principle of minimum potential energy in
elasticity, the node deformation is established to solve the elastic displacement:

X + ∂σx
∂x +

∂τxy
∂y + ∂τxz

∂z = 0

Y +
∂τyx
∂x +

∂σy
∂y +

∂τyz
∂z = 0

Z + ∂τzx
∂x +

∂τxy
∂y + ∂σz

∂z = 0

(15)
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{F}q =
∫

Ω̃
[D]T [E][D] dΩ̃ · {λ}q (16)

where F is the resultant force vector of the node external force; λ is the node displacement
array; E is the modulus of elasticity; D is a shape function that can be transformed into
nodes; Ω̃ is the finite element region.

Viscosity model of lubricating oil
Because the working condition of internal combustion engine changes frequently,

the viscosity of lubricating oil is sensitive to temperature to adapt to different working
conditions, such as lubrication and heat dissipation function. The Vogel equation is often
used as viscosity temperature equation of lubricating oil [25]. The parameters are shown in
Table 5, according to the model:

µ(T) = A·e
B

T+C (17)

Table 5. Basic parameters of SAE 0W20 lubricating oil.

Density below 40 ◦C 832.5 kg/m3

Dynamic viscosity below 40 ◦C 37.5 mPa s
Dynamic viscosity below 100 ◦C 6.8 mPa s

HTHS viscosity at 150 °C and shear rate of 106

1/s
2.7 mPa s

The pressure in the oil film increases and the intermolecular distance decreases; the
intermolecular force of the lubricating oil increases; this leads to the increase of viscosity.
In the future, high speed and heavy load development tendency will increases the local oil
film pressure to be as high as 200 MPa and the viscosity pressure effect of the lubricating
oil will be very significant at the same time. The Barus equation is often used to express
the viscosity pressure relationship of lubricating oil:

η(T, p) = η(T) · eα·p (18)

Under the dynamic load and high running speed, the shear rate in the bearing may
exceed 2 × 107 1/s. With the increase of the shear rate, the shear thinning effect will occur,
resulting in the obvious decrease of the lubricant viscosity. The Cross equation can be used
to fit test data:

η(T, p,
.
γ) = η(T, p) ·

(
r +

1− r
1 + (K · .

γ)
m

)
(19)

For the properties’ parameters of standard oil SAE 0W20, refer to the Table 6 below [26],
“HTHS” represents high temperature, high sheer rate.

Table 6. Rheological parameters of lubricant.

Parameters Value

A 0.0516 mPa s
B 1127.6 ◦C
C 130.7 ◦C
α 0.00095 1/bar
γ 0.53
m 0.79
K 7.9 × 10−8 s

When only viscosity temperature relationship is considered, the comparison of viscos-
ity temperature relationship between SAE 15W40 and SAE 0W20 standard oil depicts in
Figure 5, using data from the standard oil database in AVL Excite software.
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The comparison of viscosity temperature relationship between SAE 15W40 and SAE
0W20 standard oil depicts in Figure 5, using data from the standard oil database in AVL
Excite software.

Rough contact model
After multiple machining processes, the surface of sliding bearing pair cannot be

completely smooth and the dynamic pressure oil film thickness is so small under heavy
load conditions and even reaches the order of roughness (several microns), that the rough
contact of rough surface cannot be ignored. The contact pressure between rough peaks can
be calculated by Greenwood/Tripp model [8]:

Pa =
16
√

2π
15

(ηsβσs)
2
√

σs

β
E∗F5

2
(Hs) (20)

where
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Deformation function: F5
2
=

{
4.40861−5(4− h

σs
)

6.804
, h

σs
< 4

0, h
σs
≥ 4

Comprehensive elastic modulus: E∗ = 1(
1−ν2

1
E1

+
1−ν2

2
E2

)
Ek(k = 1, 2), νk(k = 1, 2) and ηs represents the elastic modulus, Poisson’s ratio and

the number of roughness peaks in the normal contact area; the number represents the
two surfaces of the friction pair; β is the density of the asperity peak; β Curvature radius
at the top of asperity. For general engineering surfaces, ηsβσs = 0.04, σs

β = 0.001, σs is
the comprehensive RMS (Root Mean Square) roughness between two rough surfaces,
which can be calculated by the following formula:

σs =
√

σ2
1 + σ2

2 (21)

The ratio of rough contact area in lubrication area is

Rcontact =

∫
A dA, where pc > 0

Atotal
(22)

Friction loss in mixed lubrication condition
The friction loss under mixed lubrication can be obtained by integrating the oil film

shear stress and rough peak shear stress along the whole bearing surface [27]:

MFriction = r
x

A

(τh + τa)dxdy (23)

According to the shear flow factor and pressure flow factor introduced by Equation (6),
the oil film shear stress can be expressed as

τh = η
u1 − u2

h

(
φ f ± φ f s

)
±
(

φ f p
h
2

∂p
∂x

)
(24)

where “+” and “−” represent the surface of bearing bush and bearing surface respectively
and the contact shear stress of asperity is:

τa = µBound · pa (25)

The friction coefficient of boundary lubrication is selected according to reference [10]
µBound = 0.02.

3.2. Physical Models and Calculation Working Condition

Engine parameters, material properties and boundary conditions
In the modeling process, the model parameters, material properties and dynamic

boundary conditions of the research object are shown in Table 1.
Material parameters of bearing pair can be seen in Table 7. From the free end to the

flywheel end, there is No. 1 to No. 7 bearings. To help understand the structure of the
research object, the mesh models were established by the Hypermesh software of the engine
block, cylinder liners, bearing seats, main bearings and the crankshaft are shown in Figure 7.
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Table 7. Geometric character and material properties.

Term Crankshaft Bearing

Diameter (mm) 97 97.51
Width (mm) 33 30.3

Elastic modulus (MPa) 210,000 212,000
Poisson’s ratio 0.3 0.3

r.m.s Roughness (µm) 0.13 0.28
Height of rough peak (µm) 0.21 0.39

Bearing clearance (mm) 0.051
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Calculation condition, measured loading and oil supply condition
For the crankshaft bearing nonlinear dynamic model requires high boundary condi-

tions, the dynamic parameters measured by laboratory bench test are mostly used as the
boundary conditions under typical working conditions, as shown in Table 8.

Table 8. Working conditions of simulation.

NO. Speed
(r/min)

Explosion Pressure
(MPa)

Oil Supply Pressure
(MPa)

1 600 Engine calibration 216
2 1000 25 343.5
3 1400 25 412.5
4 1900 25 419
5 2150 Engine calibration 419

Solving the above equation, the Reynolds equation, energy equation and the heat con-
duction equation of bearing bush simultaneously, the lubrication between the crankshaft
main journal and main bearing experience hydrodynamic lubrication, mixed lubrication
and boundary lubrication. According to the ratio of the distance between the nodes of the
shaft bearing surface and the comprehensive roughness of the two surfaces (h/σ), the dif-
ferent states of the shaft bearing are distinguished and calculated by the corresponding
model. The Reynolds equation is solved by the finite difference method and the elastic
displacement equation and the energy equation are solved by the finite element method.
The whole calculation process is shown in Figure 8 and the calculation control accuracy of
each parameter is shown in Table 9.
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Table 9. Control parameters of Solver.

Parameter Value

Initial step length 0.0625 deg
Minimum step length 0.001625 deg
Maximum step length 0.125 deg

Maximum number of iterations 2000
Dynamic structural force N 0.001

Temperature 0.001 K
Oil film pressure 0.01

3.3. Model Accuracies Analyses

In the lubrication numerical calculation, the number of grids plays an important role in
the simulation results. In order to obtain the grid independence results and verify the grid
independence, the selected grids are (number of axial grids × number of circumferential
grids) 12× 120, 18× 120, 24× 120, 24× 240, 48× 240, and 24× 480; the maximum oil film
pressure and minimum oil film thickness calculated by each meshing method are shown in
Figure 9.
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It can be seen from the result that with the increase of mesh density, the calculation
results tend to be stable and the error is less than 1% after 24× 240 groups. Considering the
calculation accuracy and efficiency, the 24 × 240 mesh a method is adopted in the further
simulation.

The simulation model of this work is established by coupling the kinetic model of
the engine and lubrication model of the lubrication oil film. The accuracy of the whole
model is dependent on the accuracy of each model. For the engine kinetic model, the
calculated results are strongly influenced by the dynamic boundary conditions, such as the
rotating speed and cylinder pressure, so the measured data for the boundary conditions
from a real engine bench test under typical working conditions is used. In the experiment,
the speed signal of the crankshaft is measured and controlled by the closed-loop method by
the dynamometer with an accuracy of ≤±1 r/min as shown in Table 2; the dynamic load
transmitted from the combustion cylinder to the main bearing calculated by the kinetic
simulation model is verified by the bearing interaction force obtained by the quasi-static
simple beam theory of structural mechanics, the comparison of the two curves in Figure 10
shows that the dynamic load curve and the theoretical results have similar trends, except
that the dynamic simulation results fluctuate slightly due to explosive pressures from other
cylinders of this multi-cylinder engine. The reliability of the simulation results is obtained
from the consistency of the two curves above.
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Figure 10. Theoretical and simulation comparison curves.

For the fluid lubrication model, the generalized Reynolds equation is adopted, the
applicability of which has been confirmed by many scholars, but the accuracy of the method
is strongly related to the mesh size of the oil film, so we conducted the grid independence
analysis for several mesh patterns, as shown in Figure 9. Furthermore, the load boundary
condition of the Reynolds equation uses the force of the bearing joint obtained by the above
kinetic model as the input force boundary condition for the oil film solution, the initial
pressure of the solution is obtained from the measured oil supply pressure in the bench
test to ensure the validity of the entire coupled simulation model.

4. Results and Discussion

This section contains simulation results analysis of the crankshaft bearings and eco-
nomic analysis of profit gained by using low viscosity oil.

4.1. Simulation Data Analysis

As shown in Figure 11, the hydraulic friction loss of lower viscosity oil is lower than
that of normal viscosity oil in each typical working condition and the decreasing amplitude
at 2150 rpm is more obvious with the increase of rotating speed, which reach up to 24%:
nearly a quarter. While the low viscosity oil is applied, the bearing capacity of oil film
drops, the asperity friction power loss of typical working conditions is multiplied several
times, even dozens of times high as when using normal viscosity oil, which may lead to
the decrease of hydrodynamic friction power loss by using low viscosity oil is partly or
even fully neutralized by asperity friction power loss and the rough contact between two
surfaces can also lead to bearing wear, which not only changes the lubrication and friction
characteristics, but also causes severe failure of other components.

To link the typical working conditions of this engine to the endurance cycle, here
reports an example of a statistical average benefit of the engine during service. The reduc-
tion in hydraulic friction loss at the lower viscosity oil was as much as 24% at 2150 rpm
(maximum idle speed) operating conditions, but the benefits are less under other oper-
ating conditions. In order to assess the friction reduction effect in a more practical way,
the average friction reduction effect is assessed using the endurance cycle. The endurance
cycle load spectrum is based on the company’s internal design criteria and experience with
this model, which involves a statistical value for the percentage of operating time for each
typical operating condition and can be used as an equivalent to the actual service process.
The friction reduction effect and time share of each typical operating condition in one cycle
are shown in the Table 10 below.
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Table 10. The endurance cycle and friction benefits.

Working Condition/rpm Hydraulic Friction Reduced Time Share

600 15.30% 1.69%
1000 15.25% 11.14%
1400 17.71% 34.38%
1900 22.32% 38.74%
2150 23.63% 14.04%

The increase in friction loss due to rough peak friction under the endurance cycle is
hydraulic friction reduced multiplied by the corresponding time share under each working
condition. To conclude the example, the overall hydrodynamic friction reduction effect of
the internal combustion engine according to its endurance cycle is about 20%. Other stan-
dard cycles can be applied to assess the applicable benefits given the corresponding tested
boundary conditions.

The minimum oil film thickness is the key parameter to characterize the lubrication
performance. Figure 12a–c show the variation of the minimum oil film thickness in a
period with rotating speed in each cycle of the main bearing when using the lubricant with
different viscosity. After comprehensively comparing the minimum oil film thickness in a
period of each main bearing under typical conditions when, respectively, using SAE 15W40
η(t), SAE 0W20 η(t) and SAE 0W20 η(t, p,

.
γ), it can be seen that whether considering

the pressure–viscosity and shear thinning effects or not, the use of lower viscosity oils
(SAE 0W20) causes obvious decrease of minimum oil film thickness in a period under
typical working conditions with respect to when using normal viscosity oil (SAE 15W40).
When SAE 0W20 oil is used, two conditions of whether the pressure-viscosity and shear
thinning effects are included in the viscosity model or not are compared. In addition, it
can be concluded that, for the same kind of lubricant, the pressure–viscosity effect caused
by the local increase of oil film pressure induces the increase of both the oil viscosity and
bearing capacity of the main bearing. The shear thinning effect caused by local strong shear
reduces the oil viscosity and the bearing capacity of the main bearing. After applying the
new viscosity model which has considered the two effects above, the minimum oil film
thickness in a period of main bearing shows a slight increasing trend on the whole, which
explains that the bearing capacity of a main bearing is promoted after adopting the new
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model. It follows that the increase of oil viscosity caused by the pressure-viscosity effect
after using low viscosity oil plays a more important role than that of shear thinning effects.
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There are seven main bearings in a 6-cylinder engine, interacting with seven main shaft
segments in the same crankshaft. MB1 refers to No.1 main bearing and MB2 refers to No.2
main bearing and so on. To simplify the expression, the name of each main bearing in the
subsequent text is represented by an abbreviation “MB”, plus the corresponding number.

According to the oil film thickness, it can be seen that the main bearings remain
in the mixed lubrication state under the rated speed and rated high torque conditions.
The asperity contact area ratio between the two surfaces of the friction pair of main bearing
under each typical working condition is extracted, as shown in Figure 12.

Figure 13a–c, respectively, show the variation of asperity contact percentage in a
period of main bearing with rotating speed when adopting different viscosity. After
comprehensively comparing the asperity contact percentage in a period of each main
bearing under typical conditions when, respectively, using SAE 15W40 η(t), SAE 0W20
η(t) and SAE 0W20 η(t, p,

.
γ), it can be seen that whether or not considering the oil stick

after pressure effect and shear thinned effect, after using lower viscosity oil (SAE 0W20),
the asperity contact percentage of main bearing under different typical working conditions
significantly increase compared to when using normal viscosity oil (SAE 15W40); among
them, the asperity contact percentage of 3# and 5#main bearings under typical conditions
increases to more than four times. When the SAE 0W20 oil is used, two conditions of
whether the pressure–viscosity and shear thinning effects are included in the viscosity
model or not are compared. In addition, it can be concluded that, for the same kind of
lubricant, the pressure–viscosity effect caused by the local increase of oil film pressure
induces the increase of both the oil viscosity and bearing capacity of the main bearing.
The shear thinning effect caused by local strong shear reduces the oil viscosity and the
bearing capacity of the main bearing. After applying the new viscosity model which
has considered the two effects above, the asperity contact percentage in a period of main
bearing shows a slight decreasing trend on the whole, which explains that the bearing
capacity of main bearing is promoted after adopting the new model. It follows that the
increase of oil viscosity caused by the pressure–viscosity effect after using low viscosity oil
plays a more important role than that of shear thinning effects, which are consistent with
the influence law of minimum oil film thickness in a period.



Energies 2021, 14, 2320 18 of 20

Energies 2021, 14, x FOR PEER REVIEW 19 of 21 
 

 

capacity of the main bearing. After applying the new viscosity model which has consid-
ered the two effects above, the asperity contact percentage in a period of main bearing 
shows a slight decreasing trend on the whole, which explains that the bearing capacity of 
main bearing is promoted after adopting the new model. It follows that the increase of oil 
viscosity caused by the pressure–viscosity effect after using low viscosity oil plays a more 
important role than that of shear thinning effects, which are consistent with the influence 
law of minimum oil film thickness in a period. 

To simplify the expression, the name of each main bearing in the subsequent text is 
represented by an abbreviation “MB” plus the corresponding bearing number, too. 

For the six-cylinder engine, No. 6 main bearing (MB6) suffered the worst lubrication 
condition. Different from the other main bearings, the minimum film thickness drops to 
near zero, which means asperity contact occurs between the bearing and journal surface. 
To analyze the reason behind this phenomenon, load characters of the difference for dif-
ferent cylinders. The peak explosive pressure value in each cylinder is almost the same, 
with a phase difference of 120° CA (Crank angle). The 7 main bearings supporting the 
same crankshaft system. With a pulley at the front end of the crankshaft and a flywheel at 
the rear end, the torque output of a multi-cylinder internal combustion engine transmits 
the torque and accumulates from the front end of the crankshaft to the rear end. Moreover, 
two thrust bearings are mounted on both sides of the MB6 to limit the axial displacement 
of the crankshaft. These are likely to result in a greater load on the main bearing No. 6 
compared to other bearings and resulting in a relatively lower load carrying capacity for 
the same oil supply conditions; thus, its cyclic minimum oil film thickness is less than 
other bearings in all typical operating conditions.  

 
Figure 13. Asperity contact ratio of main bearings under typical working conditions. 

To synthesize the specific performance of the low viscosity oil and the mechanism, 
load capacity parameters, oil film thickness and the asperity contact ratio under typical 
working conditions were investigated, the pressure–viscosity relation is dominant when 
low viscosity oil is adopted. A drop in the cyclic minimum film thickness and an increase 
in the asperity contact ratio indicates that lower viscosity in engine bearing may induce 
lubrication deterioration and increase friction caused by rough peaks of the joint surfaces. 

4.2. Economic Analysis 
To estimate the economic gain by using ultra low viscosity oil in ICEs, for example, 

regarding the SAE 0W20 oil, up to 24% of frictional energy consumption will be saved. At 
present, there are about 1040 million road vehicles in the transportation sector; the energy 
used in road cars is 83 EJ annually [6] and, of that total, about 3%–4% used to overcome 
engine bearing friction; about 0.96% of the total energy will be saved, which is 0.8 EJ an-
nually. 

The economic impact of friction energy loss and wear related issue can be estimated 
based on the energy cost of overcoming friction, the cost of the energy required to manu-
facture wear-related replacement parts and spare equipment and the cost of maintenance 

Figure 13. Asperity contact ratio of main bearings under typical working conditions.

To simplify the expression, the name of each main bearing in the subsequent text is
represented by an abbreviation “MB” plus the corresponding bearing number, too.

For the six-cylinder engine, No. 6 main bearing (MB6) suffered the worst lubrication
condition. Different from the other main bearings, the minimum film thickness drops to
near zero, which means asperity contact occurs between the bearing and journal surface.
To analyze the reason behind this phenomenon, load characters of the difference for
different cylinders. The peak explosive pressure value in each cylinder is almost the same,
with a phase difference of 120◦ CA (Crank angle). The 7 main bearings supporting the
same crankshaft system. With a pulley at the front end of the crankshaft and a flywheel at
the rear end, the torque output of a multi-cylinder internal combustion engine transmits
the torque and accumulates from the front end of the crankshaft to the rear end. Moreover,
two thrust bearings are mounted on both sides of the MB6 to limit the axial displacement
of the crankshaft. These are likely to result in a greater load on the main bearing No. 6
compared to other bearings and resulting in a relatively lower load carrying capacity for
the same oil supply conditions; thus, its cyclic minimum oil film thickness is less than other
bearings in all typical operating conditions.

To synthesize the specific performance of the low viscosity oil and the mechanism,
load capacity parameters, oil film thickness and the asperity contact ratio under typical
working conditions were investigated, the pressure–viscosity relation is dominant when
low viscosity oil is adopted. A drop in the cyclic minimum film thickness and an increase
in the asperity contact ratio indicates that lower viscosity in engine bearing may induce
lubrication deterioration and increase friction caused by rough peaks of the joint surfaces.

4.2. Economic Analysis

To estimate the economic gain by using ultra low viscosity oil in ICEs, for example,
regarding the SAE 0W20 oil, up to 24% of frictional energy consumption will be saved.
At present, there are about 1040 million road vehicles in the transportation sector; the energy
used in road cars is 83 EJ annually [6] and, of that total, about 3–4% used to overcome
engine bearing friction; about 0.96% of the total energy will be saved, which is 0.8 EJ
annually.

The economic impact of friction energy loss and wear related issue can be estimated
based on the energy cost of overcoming friction, the cost of the energy required to manu-
facture wear-related replacement parts and spare equipment and the cost of maintenance
and repair work. The global average price of 1 GJ of energy is 18 EUR used [28], for all
the road vehicle the amount of 14,343 million EUR cost will be saved by using SAE 0W20
oil. The energy consumption of 1 PJ results in 0.0683 MtCO2 carbon dioxide emissions
on average global level according to research [6]; by reducing the 0.8 EJ friction energy
consumption, the CO2 emissions can be cut down by 54.6 Mt, which means that up to 3.7%
of the estimated carbon dioxide emission in the next 8 years—according to Holmberg’s in-
vestigation of 1460 MtCO2 of emissions—can be reduced globally [6]. There are additional
potential energy savings if new anti-wear material and coating techniques are applied to



Energies 2021, 14, 2320 19 of 20

the surface of the friction pairs to reduce the friction loss caused by asperity friction due to
low viscosity lubricants in the future.

5. Conclusions

In this paper, the working and lubricating properties of the main bearings of ICE with
demands of the application of low viscosity oil are analyzed, the economical profits of using
low viscosity to improve the efficiency of road cars were estimated as well. The results
show that the application of low viscosity oil makes the hydrodynamic friction power loss
decrease up to 24%, but the increase of friction loss caused by the aggravation of asperity
contact between surfaces may counteract the reducing effect of hydrodynamic friction
power loss and the aggravation of asperity contact may also lead to bearing wear.

For the economic profit, the application of low viscosity oil in future high efficiency
engine can bring about a saving of up to 14,343 million EUR, cutting down 3.7% of the
estimated carbon dioxide emission in the next 15 years. In this study, the method of main
bearing lubrication simulation based on low viscosity oil can provide support for the
study of the application of low viscosity oil in the internal combustion engine to improve
efficiency and can provide references for the technology policy development.

In this paper, we consider rough surface and the flexibility of the crankshaft and
the main bearings for low viscosity oil. In the future, we will include the cavitation in
the model and analyze all these factors’ effects on friction consumption gain, such as oil
leakage. More specifically, we will also establish a test rig to verify the simulation results.
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