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Abstract

:

This study selects five parameters as decision variables for the optimization design of an ocean thermal energy conversion system, including the evaporating temperature, the condensing temperature, the pinch-point temperature difference between the evaporator and condenser, and the working fluid flow rate. The optimization goal is to maximize the net output power per unit area and the exergy efficiency. The final scheme is comprehensively screened out from the Pareto solution set through some evaluation indexes. Finally, this study also analyzes the effects of four decision variables on the optimization objectives and the evaluation indexes. This study finds that evaporating temperature and condensing temperature have similar effects on the two objective functions. However, the pinch-point temperature difference has different effects on them. The back work ratio is obviously affected by the condensing temperature. A small pinch-point temperature difference is beneficial and improves the performance of an ocean thermal energy conversion system. The effects of evaporating temperature and condensing temperature on the investment cost per unit net output power are roughly similar to those on the net output power per unit heat exchange area. However, the effects of the pinch-point temperature difference on the two performance aspects are inconsistent.
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1. Introduction


Ocean thermal energy is a clean and pollution-free renewable energy with huge reserves. Ocean thermal energy storage within 100 km of the coastline is as high as 7.2–9.3 TW [1]. The energy density of ocean thermal energy is proportional to the square of the temperature difference and is equivalent to an effective head of 210–800 m when the temperature difference is 12~24 °C [2]. It can be seen that the energy density of ocean thermal energy is quite large. Surface seawater temperature is about 25–30 °C. Seawater temperature decreases with increasing seawater depth. Deep seawater temperature is only about 4 °C at 1000 m and is stable all year round.



Ocean thermal energy conversion uses the temperature difference between surface seawater and deep seawater to generate electricity [3]. The idea of ocean thermal energy conversion was proposed in 1870, and the specific scheme was proposed by D’ Arsonval in 1881 [4]. The closed-cycle structure for ocean thermal energy conversion mainly includes the organic Rankine cycle, the Kalina cycle [5,6], the Uehara cycle [7,8], and the Guohai cycle [9]. However, until now, only for the organic Rankine cycle has application been demonstrated. The famous ocean thermal energy conversion (OTEC) plants based on the organic Rankine cycle (ORC) include the 50 kW mini-OTEC [10] and 105 kW OTEC plants [11] in Hawaii and the 100 kW OTEC plant in Japan reported on by Kumejima et al. [11].



Research on the organic Rankine cycle is mostly focused on how to reduce the equipment investment cost and improve the output power and various efficiency issues. The method usually involves single- or multi-objective optimization. The objective function of multi-objective optimization is often simplified to a single objective function through a certain weight ratio. For example, the two optimization goals of maximum net output power and minimum investment cost are usually characterized as maximizing net output power per unit area [12,13]. The cost of heat exchangers accounts for 50~63.2% of the total cost of OTEC plants [14]. Therefore, the investment cost is usually represented by the heat exchanger area. In addition, the maximum net output power does not mean the minimum pump power consumption. Najafi and Rezaee et al. [15] took minimizing the total pumping power and minimizing the heat exchange area as optimization goals from the point of view of reducing energy consumption. The two optimization objective functions were not reduced to a single objective function by weights, which made the results more readily interpretable. Zhang S [16] took irreversible energy loss, investment cost, heat source exergy reduction, and turbine output power as the optimization objectives, and these were simplified to a single objective through linear weighting. Wang Mang [17] selected the net output power per unit area and the net output power per unit seawater flow rate as the optimization objectives and simplified these to a single objective through linear weighting.



In addition to the field of ocean thermal energy conversion, the organic Rankine cycle has a wide range of application in many fields, such as industrial waste heat, geothermal energy, and generator waste heat. These all come under the umbrella of thermoelectric conversion technology. Hettiarachchi [18] also optimized ORC system parameters by analyzing net power generation per unit area. Wang et al. [19] and Ahmadi [20] comprehensively optimized the multi-objective design of the organic Rankine cycle, with exergy efficiency and total cost capital as the optimization goals without weighting. They all concluded that an increase in exergy efficiency will increase the overall capital cost of the ORC system. Jiang L [21] took the net output power of unit mass of exhaust gas, the cycle exergy efficiency, the total waste heat emission, and the UA of the ORC as the optimization goals and compared the results for single-objective optimization and multi-objective optimization with weightings. They think that the results of the multi-objective optimization can be seen as the best compromise with respect to the results for the single-objective optimization.



This study involved the building of a mathematical model of an OTEC plant under conditions of 28 °C surface seawater and 4 °C deep seawater. The heat exchanger was artificially limited to the shell and tube heat exchanger with enhanced heat exchange tubes (Turbo BII and Turbo CII). This sort of enhanced heat exchange tube is very suitable for the phase-change process of R134a. This study introduced the latest research results for enhanced heat transfer experiments with Turbo BII and Turbo CII into the mathematical model, making the optimization results more valuable as an engineering reference. This study optimizes five decision variables with the goal of maximizing net output power per unit area and exergy efficiency. The five decision variables include the evaporating temperature, the condensing temperature, the pinch-point temperature difference between the evaporator and condenser, and the working fluid flow rate. In addition to the objective functions, there are many meaningful performance parameters of the OTEC system, such as the thermal efficiencies of the OTEC (   η  O T E C    ) and ORC (   η  O R C    ), the back work ratio (BWR), the net output power (   W  n e t    ), the net output power per unit of seawater flow (  W P S F  ), the cold seawater flow (   m c   ), and the investment cost (Cost), etc. This study selects the appropriate results among the numerous Pareto frontier schemes based on the results of these performance parameters instead of just relying on the distance between the Pareto frontier point and the ideal point. Finally, this study also analyzes the effects of the evaporating temperature, the condensing temperature, and the pinch-point temperature differences on some performance aspects of OTEC plants.




2. Model and Method


2.1. System Description


This study adopts the organic Rankine cycle as the cycle model for the ocean thermal energy conversion system. Figure 1 is a flow diagram of an ORC system. The cycle is composed of four key components: a working fluid pump, a turbo-expander, an evaporator, and a condenser.



R134a is a low-toxicity- and high-safety-class refrigerant. Sun [22] chose the type of working fluid considering the net output power of the ORC. It was found that the maximum net output power for R134a is near that of Ammonia, which has the same surface seawater flow rate, according to their findings. Therefore, this study selected R134a as the working fluid for the ORC. The working fluid pump is a canned pump that is completely leak-free, which pressurizes the low-pressure liquid working fluid to the evaporator. The evaporator is a flooded evaporator, which is a shell and tube heat exchanger with enhanced heat transfer tubes. The working fluid evaporates on the shell side of the evaporator and then enters the turboexpander to do work. The working fluid enters the condenser for condensation after leaving the turboexpander. The condenser is a shell and tube heat exchanger with enhanced heat transfer tubes. The working fluid condenses on the shell side of the condenser. The heat exchange tube is arranged in the upper half of the shell side in the condenser, and the cavity in the lower half can be used as a liquid storage tank.



This study assumes the temperatures of deep seawater and surface seawater, the length and diameter of the seawater pipe, the design efficiency of the turbine and pump, and the type of heat transfer pipe in the evaporator and condenser. The detailed information is given in Table 1.



OTEC systems are suitable for the development and utilization of ocean thermal energy in sites where there is a steep topographic slope (15–20°) and a relatively smooth seafloor [23]. The steep topographic slope is 19.4° in Ref. [24]. This study assumes that the length of the deep seawater (at 1000 m depth) pipe is 3000 m, with a steep topographic slope of about 19.47°, in accordance with Refs. [23,24,25].




2.2. Mathematical Model


This study uses a flooded evaporator, and the state of the working fluid at the evaporator outlet is a saturated vapor state. The working fluid is condensed in the saturated liquid state at the condenser outlet. Under ideal cycle conditions, the relationship between the pressure at each point of the cycle and the evaporating pressure or condensing pressure is as follows:


   P  e v a   =  P 1  =  P 4   



(1)






   P  c o n   =  P 2  =  P 3   



(2)




where    P  e v a     and    P  c o n     are the evaporating pressure and condensing pressure, respectively, kPa; and    P 1   ,    P 2   ,    P 3  ,   and    P 4    are the absolute pressures of the working fluid at Points 1 to 4, shown in Figure 1, respectively, kPa.



2.2.1. Power Calculation


	(1)

	
The turbine output electric power







The output electric power of the turbine generator is:


   h 2  =  h 1  −  η t  ∗  (   h 1  −  h  2 s    )   



(3)






   W t  =  m r   (   h 1  −  h 2   )   η g   



(4)




where    h 1    and    h 2    are the specific enthalpies at Point 1 and Point 2, respectively, kJ/kg;     h  2 s     is the isentropic enthalpy, kJ/kg;    η t    is the isentropic efficiency of the turbine;    m r    is the flow rate of the working fluid, kg/s; and    η g    is the efficiency of the generator.



	(2)

	
The electric power consumption of the working fluid pump







The electric power consumption of the working fluid pump is:


   W p  =    m r  ∗  (   P 4  −  P 3   )     ρ 3   η p   η g     



(5)






   h 4  =  h 3  +  W p  ∗  η g  /  m r   



(6)




where    W p    is the power consumption of the working fluid pump, kW;    ρ 3    is the density of the working fluid at Point 3, kg/m3;    η p    is the efficiency of the pump; and    h 3    and    h 4    are the specific enthalpies at Point 3 and Point 4, respectively, kJ/kg.



	(3)

	
The electric power consumption of the seawater pump







The electric power consumption of the surface seawater pump is:


   W  p w   =    m w  Δ  P w     ρ w   η w   η g     



(7)






  Δ  P w  =  ρ w   λ w     l w     d w       v w    2   2   



(8)






   v w  =   4  m w     ρ w  π  d w 2     



(9)




where      m w    is the flow rate of the surface seawater, kg/s;   Δ  P w    is the pressure loss of the surface seawater flowing in the pipe caused by friction, kPa;    ρ w    is the density of seawater, kg/m3;    η w    is the efficiency of the seawater pump;    λ w      is the friction coefficient of the seawater pipe;    l w    is the length of the surface seawater pipe, m;    d w    is the diameter of the seawater pipe, m; and    v w    is the flow velocity of surface seawater, m/s.



The electric power consumption of the deep seawater pump is:


   W  p c   =    m c  Δ  P c     ρ w   η w   η g     



(10)






  Δ  P c  =  ρ w   λ w     l c     d w       v c    2   2   



(11)






   v c  =   4  m c     ρ c  π  d w 2     



(12)




where    m c    is the flow rate of deep seawater, kg/s;   Δ  P c    is the pressure loss of the deep seawater flowing in the pipe caused by friction, kPa;    l c    is the length of the deep seawater pipe, m; and    v c    is the flow velocity of deep seawater, m/s.



The friction coefficient in commercial pipe is:


   1   λ    = − 2 l g  (    ε / d   3.7   +   2.51   R e  λ     )     



(13)




where   ε     is absolute roughness, 0.03 mm;  d  is the diameter of the pipe, m; and   R e     is the Reynolds number.



	(4)

	
The net output power of the OTEC plant







The net output power of the OTEC plant is:


   W  n e t   =  W t  −  W p  −  W  p w   −  W  p c    



(14)




where    W  n e t     is the net power of the OTEC, kW;    W t    is the output power of the turbine, kW;    W p    is the power consumption of the working fluid pump, kW; and    W  p w     and    W  p c     represent the pump’s consumption of surface seawater and deep seawater, kW.




2.2.2. Heat Transfer Area Calculation


The evaporator adopted in this study is a flooded evaporator, and the working fluid is in a saturated vapor state at the evaporator outlet. The condenser is a shell and tube heat exchanger, and the working fluid condenses to a saturated liquid state on the shell side of the condenser. The phase-change process is divided into two parts for both the evaporator and the condenser, as shown in Figure 2.



	(1)

	
Heat transfer area of the evaporator







• The flow rate of the surface seawater



The flow rate of surface seawater is calculated based on the heat duty of the evaporating section.


   Q e  =  m r   (   h 1  −  h  e l i q    )   



(15)






   m w  =    Q e     c  p w e    (   T  w i   − Δ  T w  −  T e   )     



(16)




where    Q e    is the heat duty of the phase change in the evaporator, kW;    h  e l i q     is the specific enthalpy of the saturated liquid at evaporating pressure, kJ/kg;    c  p w e     is the constant pressure-specific heat capacity of surface seawater at the evaporating section, kJ/kg K;     T  w i     is the surface seawater temperature at the evaporator inlet, °C;    T e    is the evaporating temperature, °C; and   Δ  T w    is the pinch-point temperature difference for the evaporator, °C.



• The surface seawater temperature at the evaporator outlet



The outlet temperature of the surface seawater can be obtained according to the energy balance of the preheating section in the evaporator.


   Q  s c   =  m r   (   h  e l i q   −  h 4   )  =  m w   c  p w s c    (   T e  + Δ  T w  −  T  w o    )   



(17)




where    c  p w s c     is the constant pressure-specific heat capacity of surface seawater at the preheating section, kJ/kg K;    T  w o     is the surface seawater temperature at the evaporator outlet, °C; and    Q  s c     is the heat duty of the preheating section in the evaporator, kW.



• The logarithmic mean temperature difference of the evaporator



The logarithmic mean temperature difference of the evaporating section is:


     Δ T    m e   =    (   T  w i   −  T e  − Δ  T w   )    l n    T  w i   −  T e    Δ  T w       



(18)







The logarithmic mean temperature difference of the preheating section is:


     Δ T    m s c   =    (  Δ  T w  −  T  w o   +  T 4   )    l n   Δ  T w     T  w o   −  T 4       



(19)




where    T 4    is the temperature of the working fluid at Point 4, °C.



• The heat transfer coefficient of the evaporator



The heat transfer coefficient of the working fluid on the outside surface of the single tube is:


   h  o e   = a  q e b   



(20)




where    q e    is the heat flux, kW/m2. Coefficient     a   = 2970.28 and  b  = 0.549 when    q e    is less than 10 kW/m2, otherwise  a  = 16354 and  b  = 0.035 [26].



The effect of the tube bundle on the heat transfer coefficient is related to the void fraction. Gorgy and Eckels [26] proposed an adaptation void fraction model based on the Feenstra, Weaver, and Judd model.


  R i =      (   ρ l  −  ρ g   )   2  g  (   L  t p   −  d o   )     G 2     



(21)






  C a =    μ l   σ    x G   ε  ρ g     



(22)






  ε =    (  1 + 6.71   R i ∗ C a    (    1 − x  x     ρ g     ρ l     )   )    − 1    



(23)






  G =    m r     (   L  t p   −  d o   )   L e     



(24)




where     R i   is the Richardson number that represents a ratio between the buoyancy force and the inertia force [27];   C a   is the capillary number that represents the ratio between the viscous force and the surface tension force;    ρ l    and    ρ g    are the density of the liquid phase and the density of the gas phase at the evaporation pressure, respectively;    L  t p     is the tube pitch, 0.025 m;    d o    is the outside diameter of the heat transfer tube, 0.01905 m;    L e    is the length of the tube, m;  x  is the quality;    μ l    is the viscosity of the liquid, Pa·s;  σ  is the surface tension, N/m;  ε  is the void fraction; and  G  is the mass flux, kg/m2s;



The bundle heat transfer coefficient is:


  F ∗  h  o e   =    (   1   U e    −  1   h i       d o     d i    −    d o    2  k c    l n    d o     d i     )    − 1    



(25)




where  F  is the multiplication factor of the bundle on the heat transfer coefficient;    U e    is the average heat transfer coefficient, W/m2 K;    k c    is the thermal conductivity of the heat transfer tube, 100.4 W/m K (HAL77-2);    d i    is the inside diameter of the heat transfer tube, 0.01605 m; and    h i    is the heat transfer coefficient of seawater in the heat transfer tubes, W/m2 K, and is calculated using Formula (28).



The multiplication factor of the bundle on the heat transfer coefficient [26] is:


   F 1  =    L  t p      d o     (  1.52 − 2 ∗    (  0.96 − ε  )   2   )   



(26)






   F 2  =    L  t p      d o     (  0.81 − 2 ∗    (  0.75 − ε  )   2   )   



(27)




where  F  is    F 1    when the heat flux    q e    is less than 10 kW/m2, otherwise  F  is    F 2   .



The heat transfer coefficient of seawater flowing in the heat transfer tubes is:


   h i  = C    k w     d i     f 8     (  R e − 1000  )  P r   1 + 12.7  (  P  r  2 / 3   − 1  )    f / 8      



(28)






  f =    (  0.79 ln  (  R e  )  − 1.64  )    − 2    



(29)




where    k w    is the thermal conductivity of seawater, W/(m K);  f  is the friction factor of seawater flowing in the heat transfer tubes;   P r   is the Prandtl number; and   R e   is the Reynolds number;  C  is a constant, 1.928, which is used in Gorgy and Eckels [26].



• The heat transfer area calculation



The heat transfer area is:


  A =  Q  U    Δ T   m     



(30)






  U =    (   1   h o    +    d o     h i   d i    +    d o    2 λ   l n    d o     d i     )    − 1    



(31)




where  U  is the average heat transfer coefficient, W/m2K;      Δ T   m    is the logarithmic mean temperature difference, °C;  Q  is the heat duty, kW; and  A  is the heat transfer area, m2.



	(2)

	
Heat transfer area of the condenser







• The flow rate of the deep seawater



The flow rate of the deep seawater is:


   m c  =    Q c     c  p c    (   T c  −    Δ T   c  −  T  c i    )     



(32)






   Q c  =  m r   (   i  c g a s   −  i 3   )   



(33)




where      Q c    is the heat duty of the phase change in the condenser, kW;    c  p c     is the constant pressure-specific heat capacity of deep seawater at the condensing section, kJ/kg K;      T  c i     is the deep seawater temperature at the condenser inlet, °C;    T c    is the condensing temperature, °C;      Δ T   c    is the pinch-point temperature of the condenser, °C; and      i  c g a s     is the specific enthalpy of the saturated vapor at condensing pressure, kJ/kg.



• The deep seawater temperature at the condenser outlet



The outlet temperature of the deep seawater can be obtained according to the energy balance of the precooling section in the condenser.


   Q  s h   =  m r   (   h 2  −  h  c g a s    )  =  m c   c  p w s h    (   T  c o   −  T c  + Δ  T c   )   



(34)




where    c  p w s h     is the constant pressure-specific heat capacity of deep seawater at the precooling section, kJ/kg K;    T  c o     is the deep seawater temperature at the condenser outlet, °C; and    Q  s h     is the heat duty of the precooling section in the condenser, kW.



• The logarithmic mean temperature difference of the condenser



The logarithmic mean temperature difference of the condenser is:


     Δ T    m c 0   =    (   T c  −  T  c i   − Δ  T c   )    l n    T c  −  T  c i     Δ  T c       



(35)






     Δ T    m s h   =    (   T 2  −  T  c o   − Δ  T c   )    l n    T 2  −  T  c o     Δ  T c       



(36)






     Δ T    m c   =    Q c  +  Q  s h        Q c       Δ T    m c 0     +    Q  s h        Δ T    m s h        



(37)




where    T 2    is the temperature of the working fluid at Point 2, °C.



• The heat transfer coefficient of the condenser



Kedzierski et al. [28] developed a model for predicting condensation on a Turbo-CII tube. The condensation heat flux of this model is:


   q c  =   0.683  (  1 −  c b   )     p f       (    ξ  ρ l   h  f g    k l 3  Δ  T s 3  σ   4  μ l     )    1 / 4    



(38)






   c b  =  1 π  c o  s  − 1    (  1 −   4 σ    ρ l  g  d o   S r     )   



(39)






  Δ  T s  =    q c     h  o c      



(40)






   h  o c   =    (   1   U c    −  1   h w       d o     d i    −    d o    2  k c    l n    d o     d i     )    − 1    



(41)




where    p f    is fin pitch, 1/1575 m;    c b    is the fraction of the tube circumference flooded by condensate;    k l    is the thermal conductivity of the liquid working fluid, W/m K;   Δ  T s    is the temperature difference between the wall temperature and the saturated working fluid, °C;    h  f g     is the specific enthalpy difference of the working fluid between the condenser inlet and outlet, kJ/kg;  ξ  is a dimensional constant and set to 1 m;  σ  is the surface tension, N/m;    μ l    is the dynamic viscosity, kg/m s;    S r    is the spacing between the fins at the fin root, 5.1 × 10−4 m; and    h  o c     is the heat transfer coefficient at the outside of the condensate tube, W/m2 K.



   h  f g     is the latent heat of the working fluid in the model proposed in Ref. [28]. However, the working fluid at the turbine outlet has a small superheat degree since it is required to control the working fluid and not to liquefy in the turbine. Therefore, the    h  f g     value in the model needs to be replaced by the specific enthalpy difference between the superheated vapor phase and the saturated liquid phase of the working fluid when predicting condensation on a Turbo-CII tube [29].



The condensation liquid film on the outside of tubes is the main source of resistance in the condensation process. It can be seen from Ref. [30] that the heat transfer coefficient on the tube rows near the condenser inlet can remain basically unchanged due to gas purging and the heat transfer coefficient higher than that on the tube rows far away from the condenser inlet. Therefore, the diffuser of the turbine is assumed to cancel in this study, and the high-speed gas at the turbine impeller outlet is used to purge the condenser to improve the condensation effect. It is assumed that this high-velocity gas purging removes the obstruction of the condensation process by the liquid film.



The heat transfer coefficient of the water side in the condenser can also be calculated using Equations (26) and (27), and the heat transfer area of the condenser can be calculated using Equation (28).




2.2.3. Method


In this study, we wrote a Matlab calculation program based on the above mathematical model; the calculation flowchart of the Matlab program is shown in Figure 3. The multi-objective optimization was performed by the gamultiobj solver (multi-objective optimization using Genetic Algorithm, which is a variant of NSGA-II [31]) in the optimization toolbox of Matlab. In the calculation process, the population of the genetic algorithm is constrained and screened by constraining the quality of the working fluid at the turbine outlet and the positive and negative of the net output power of the entire OTEC system.



	(1)

	
the objective functions







The optimization objectives are set to maximize the net output power per unit heat exchange area and the exergy efficiency of the OTEC plant in the optimization design.



The net output power per unit heat exchange area is:


  γ =    W  n e t      A  e v a   +  A  c o n        



(42)







The exergy efficiency of OTEC plant is:


   η  e x   =    W  n e t      E  x w i   +  E  x c i        



(43)






   E  x w i   =  m w   (   (   h  w i   −  h  r e f    )  −  T  r e f   ∗  (   s  w i   −  s  r e f    )   )     



(44)






   E  x c i   =  m c   (   (   h  c i   −  h  r e f    )  −  T  r e f   ∗  (   s  c i   −  s  r e f    )   )   



(45)




where the recommended values of temperature and pressure at the reference state are 293.15 K and 101.325 kPa, respectively;    h  w i     and    h  c i     are the specific enthalpies of the surface seawater and the deep seawater at the inlet of the evaporator and condenser, respectively, kJ/kg;    h  r e f     is the specific enthalpy of the seawater at the reference state, kJ/kg;    s  w i     and    s  c i     are the specific entropies of the surface seawater and the deep seawater at the inlets of the evaporator and the condenser, respectively, kJ/kg-K; and    s  r e f     is the specific entropy of the seawater at the reference state, kJ/kg-K;



	(2)

	
The constraints on the decision variable range







In addition to the two constraints of turbine outlet quality and positive net output power, the ranges of the decision variables also need to be constrained. The decision variables include the working fluid flow rate, evaporating temperature, condensing temperature, and the pinch-point temperature difference between the evaporator and condenser in this study. The range constraints are as follows.


   T e  + Δ  T w  ≤ 27.9 < 28 =  T  w i      



(46)






  −  T c  + Δ  T c  ≤ − 4.1 < − 4 = −  T  c i    



(47)






  5   ≤  m r  ≤ 13  



(48)






  17 ≤  T e  ≤ 27  



(49)






  5 ≤  T c  ≤ 15  



(50)






  0.5 ≤ Δ  T w  ,   Δ  T c  ≤ 5  



(51)








	(3)

	
the evaluation indexes









The results of multi-objective optimization are a set of non-inferior solutions. In addition to the objective functions, there are many meaningful performance parameters of the OTEC system which can be used to evaluate these non-inferior solutions. These meaningful performance parameters include the thermal efficiencies of the OTEC (   η  O T E C    ) and ORC (   η  O R C    ), the back work ratio (BWR), the net output power (   W  n e t    ), the net output power per unit of seawater flow (  W P S F  ), the cold seawater flow (   m c   ), and the investment cost (Cost), etc.


   η  O T E C   =    W  n e t      Q e  +  Q  s c        



(52)






   η  O R C   =    W t  −  W p     Q e  +  Q  s c      



(53)






  B W R = 1 −    W  n e t      W t     



(54)






  W P S F =    W  n e t      m w  +  m c     



(55)






  C o s t =   C E P C I 2017   C E P C I 2001   ∗  C  P I 2001    



(56)






   C  P I 2001   =  C  b m , e   +  C  b m , c   +  C  b m , t   +  C  b m , p   +  C  b m , p w   +  C  b m , p c    



(57)






   C  b m   =  C p  ∗  F  b m    



(58)






  lg  C p  =  K 1  +  K 2  lg Z +  K 3     (  lg Z  )   2   



(59)






   F  b m   =  B 1  +  B 2   F m   F p   



(60)






  lg  F p  =  C 1  +  C 2  lg P +  C 3     (  lg P  )   2   



(61)




where     Z   is the heat transfer area of the evaporator and condenser, m2, and the shaft power of the turbine and pump, kW; and     P   is the operating pressure, barg. The   C E P C I 2001   and all coefficients, including    K 1   ,    K 2   ,    K 3   ,    C 1   ,    C 2   ,    C 3   ,    F  b m     (or    B 1   ,    B 2   ,    F m   ) of evaporator(fixed tube sheet), condenser(fixed tube sheet), pump(carbon steel, centrifugal) and steam turbine, refer to Ref. [32]. The   C E P C I 2017   is 628.2 [33].






3. Results


3.1. The Optimization Design Results


The multi-objective optimization results are shown in Figure 4. The Pareto front consists of 18 results. The point that is closest to Point A (the ideal point) is Point 11 among the 18 Pareto frontier points, and the next closest is Point 10.



Figure 5, Figure 6, Figure 7 and Figure 8 show the results of the evaluation indexes for the 18 Pareto points. The evaluation indexes of Point 10 are better than those for Point 11, except for economic cost. In the case that the economic cost deviation between Points 10 and 11 was not large, Point 10 was selected as the final solution in this study. The detailed results for the 18 Pareto points are listed in Appendix A. The state parameters at each point of the ORC under the final solution of Point 10 are shown in Table 2.




3.2. The Effects of Decision Parameters on the Performance of the OTEC


In this study, we kept the flow rate of the working fluid constant (that is,    m r    = 7.117 kg/s) and explored the influence of the other four decision variables on the performance of the OTEC system. In studying the effects of the evaporating temperature and condensing temperature, the pinch-point temperature difference was kept unchanged (that is,   Δ  T w    = 1.48 °C and   Δ  T c    = 1.78 °C). Conversely, the evaporating temperature and condensing temperature were kept unchanged (that is,    T e    = 23.24 °C,    T c    = 11.5 °C).




	
The effects of evaporating temperature and condensing temperature








Figure 9a–d all show the same law. The exergy efficiency, the net output power per unit area, the net thermal efficiency, and the net output power increase first and then decrease with increase in evaporating temperature or condensing temperature.



Figure 9e illustrates how the flow rate of deep seawater increases with the decrease in condensing temperature. The seawater flow rate is determined by the latent heat of the working fluid according to Equation (32). The latent heat of the phase transition is related to the phase-change temperature. Under the condition that the seawater temperature at the condenser inlet and the pinch-point temperature difference are fixed, the deep seawater flow rate is only related to the phase-transition temperature. The variation in surface seawater flow rate with evaporating temperature in Figure 9f is consistent with this. The seawater flow rate increases clearly, mainly because the changes in seawater temperature at the inlet and outlet of the heat exchanger are too small at this point.



Figure 9g shows the effects of evaporating temperature and condensing temperature on the net output power per unit seawater flow rate (WPSF). The WPSF value in the A region is larger because the seawater flow rate is lower. The lower WPSF values in the C and E regions are mainly due to the higher seawater flow rate. Although the net output power in the B region is higher, the high seawater flow rate leads to a smaller WPSF value. The reason for the smaller WPSF value in the D region is opposite to that for the value in the B region. The seawater flow rate in the D region is small, but the net output power is also small, resulting in a small WPSF value.



It can be seen from Figure 9h that the back work ratio (BWR) is seriously affected by the condensing temperature. The condensing temperature is related to the deep seawater flow rate, which is related to the power consumption of the deep seawater pump. It can be concluded that it helps to decrease the BWR value by increasing the condensing temperature. It is worth noting that the net output power is not necessarily high when the BWR is high (comparing Figure 9h and Figure 9d).



	
The effect of the pinch-point temperature difference






When the evaporating temperature, condensing temperature, and flow rate of the working fluid are fixed, the gross output power of the turbine (   W t   ), the power consumption of the working fluid pump (   W p   ), and the heat exchange of the evaporator and condenser (   Q e  +  Q  s c     and    Q c  +  Q  s h    ) all remain unchanged, no matter how the pinch-point temperature difference changes. The parameters directly related to the pinch-point temperature difference are mainly the flow rate of the seawater, the area of the heat exchanger, and the seawater pump power consumption.



From Figure 10a,b, it can be seen that the larger the pinch-point temperature difference is, the smaller the heat exchanger area is but the higher the seawater consumption is. Seawater pump power is proportional to seawater flow rate.



From Figure 10c–h, it can be seen that the effects of   Δ  T w    and   Δ  T c    on the net output power per unit area (γ) are different from those of the other terms. This is because only the net output power per unit area is related to both seawater flow rate and heat transfer area. The other terms are only related to seawater flow rate. This results in all of the performance parameters except the net output power per unit area decreasing as the pinch-point temperature difference increases.



	
The effect of the four decision parameters on the investment cost






As can be seen from Figure 11a, the smaller the difference between the evaporating temperature and the surface seawater temperature, the greater the equipment investment cost. The same holds for the condensing temperature and deep seawater temperature. Therefore, to reduce equipment costs, it should be optimized away from the seawater temperature. In addition, when optimizing the pinch-point temperature difference, the focus should be on the pinch-point temperature difference of the evaporator.



Comparing Figure 12a and Figure 9a, it can be seen that the effects of the evaporating temperature and condensing temperature on the net output power per unit heat exchange area are roughly similar to the effects of the investment cost per unit net output power. Figure 12b shows that the investment cost per unit net output power decreases with decreasing pinch-point temperature difference. The trend in Figure 12b is roughly similar to that in Figure 10f (the effect of the pinch-point temperature difference on the net output power) and not similar to that in Figure 10a (the net output power per unit heat exchange area), mainly because the investment cost is not very sensitive to the pinch-point temperature difference over a large range (as shown in Figure 11b).





4. Conclusions


The optimization goals of this study were to maximize the net output power per unit area and the exergy efficiency. This study obtained 18 Pareto frontier points through multi-objective optimization using a genetic algorithm. The following conclusions are drawn:




	(1)

	
The exergy efficiency, the net output power per unit area, the net thermal efficiency, and the net output power increase first and then decrease with the increase in evaporating temperature or condensing temperature.




	(2)

	
The back work ratio (BWR) is seriously affected by the condensing temperature. Increasing the condensing temperature can decrease the BWR value; however, the net output power is not necessarily large when the BWR is small.




	(3)

	
The parameters directly related to the pinch-point temperature difference are, mainly, the flow rate of the seawater, the area of the heat exchanger, and the seawater pump power consumption. A small pinch-point temperature difference is beneficial for the performance parameters (the exergy efficiency, the thermal efficiency of the OTEC, the net output power, the net output power per unit seawater flow rate, and the back work ratio).




	(4)

	
The investment cost is not very sensitive to the pinch-point temperature difference and evaporating temperature and condensing temperature over wide ranges. The effects of evaporating temperature and condensing temperature on the investment cost per unit net output power are roughly similar to those on the net output power per unit heat exchange area. However, the change in the investment cost per unit net output power with the pinch-point temperature difference is mainly determined by the change trend of the net output power.
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Table A1. The detailed results for the 18 Pareto points.
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Pareto Point

	
    m r    

	
    T e    

	
    T c    

	
   Δ  T w    

	
   Δ  T c    

	
  γ  

	
    η  e x     

	
    η  O T E C     

	
    η  O R C     

	
BWR

	
WPSF

	
    W  n e t     

	
    m c    

	
Cost




	
kg/s

	
°C

	
°C

	
°C

	
°C

	
kW/m2

	
%

	
%

	
%

	
%

	
kJ/kg

	
kW

	
kg/s

	
× 105 USD






	
1

	
5.993

	
23.46

	
12.50

	
0.53

	
0.51

	
0.075

	
27.47

	
2.420

	
2.476

	
7.529

	
0.288

	
28.17

	
33.74

	
4.909




	
2

	
6.585

	
23.43

	
12.34

	
0.69

	
0.56

	
0.092

	
26.84

	
2.432

	
2.504

	
8.093

	
0.281

	
31.14

	
38.09

	
4.926




	
3

	
6.748

	
23.37

	
12.27

	
0.80

	
0.57

	
0.097

	
26.54

	
2.429

	
2.507

	
8.287

	
0.278

	
31.89

	
39.43

	
4.927




	
4

	
6.950

	
23.23

	
12.03

	
1.09

	
0.59

	
0.106

	
25.70

	
2.438

	
2.529

	
8.716

	
0.268

	
33.01

	
42.01

	
4.928




	
5

	
7.112

	
23.21

	
11.96

	
1.21

	
0.75

	
0.117

	
24.95

	
2.438

	
2.541

	
9.151

	
0.261

	
33.79

	
44.42

	
4.877




	
6

	
7.027

	
23.20

	
11.98

	
1.06

	
1.42

	
0.131

	
23.53

	
2.415

	
2.534

	
9.780

	
0.257

	
33.06

	
48.17

	
4.681




	
7

	
7.134

	
23.03

	
11.69

	
1.36

	
1.25

	
0.139

	
23.12

	
2.431

	
2.563

	
10.132

	
0.251

	
33.85

	
49.96

	
4.708




	
8

	
7.586

	
23.02

	
11.86

	
1.50

	
1.28

	
0.147

	
22.69

	
2.378

	
2.522

	
10.671

	
0.242

	
35.17

	
51.91

	
4.766




	
9

	
6.651

	
22.88

	
11.61

	
2.09

	
1.24

	
0.148

	
21.50

	
2.414

	
2.548

	
10.250

	
0.222

	
31.34

	
47.10

	
4.495




	
10

	
7.117

	
23.24

	
11.50

	
1.48

	
1.78

	
0.163

	
21.04

	
2.467

	
2.647

	
11.713

	
0.230

	
34.33

	
56.13

	
4.614




	
11

	
7.157

	
23.38

	
11.77

	
1.86

	
1.66

	
0.170

	
20.44

	
2.436

	
2.617

	
11.868

	
0.207

	
34.04

	
52.80

	
4.579




	
12

	
7.497

	
23.13

	
11.67

	
1.71

	
2.35

	
0.185

	
18.82

	
2.349

	
2.588

	
14.002

	
0.208

	
34.39

	
63.49

	
4.560




	
13

	
7.562

	
23.09

	
11.60

	
2.69

	
2.51

	
0.218

	
15.51

	
2.247

	
2.596

	
18.016

	
0.156

	
33.19

	
67.02

	
4.473




	
14

	
7.510

	
22.93

	
11.43

	
2.56

	
3.09

	
0.226

	
14.03

	
2.166

	
2.600

	
21.053

	
0.154

	
31.80

	
78.06

	
4.411




	
15

	
6.791

	
22.86

	
11.14

	
3.27

	
2.71

	
0.230

	
13.11

	
2.207

	
2.649

	
21.001

	
0.130

	
29.36

	
69.26

	
4.247




	
16

	
7.432

	
23.23

	
11.58

	
2.98

	
3.00

	
0.234

	
12.56

	
2.108

	
2.627

	
23.979

	
0.122

	
30.62

	
73.12

	
4.394




	
17

	
7.503

	
22.84

	
11.11

	
3.32

	
3.08

	
0.241

	
11.18

	
2.009

	
2.650

	
28.117

	
0.114

	
29.53

	
84.02

	
4.408




	
18

	
7.503

	
22.84

	
11.09

	
3.30

	
3.14

	
0.242

	
11.01

	
1.996

	
2.656

	
28.741

	
0.113

	
29.34

	
85.94

	
4.408
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Figure 1. Flow diagram of an ORC for an OTEC plant. 
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Figure 2. The phase-change process in the evaporator and condenser. 
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Figure 3. Calculation flowchart of the Matlab program. 
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Figure 4. The results of the multi-objective optimization. 
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Figure 5. The net output power, gross power, and BWR at the Pareto frontier point. 
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Figure 6. The thermal efficiency of the ORC and OTEC at the Pareto frontier point. 
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Figure 7. The seawater flow rate and the net output power per unit seawater flow rate at the Pareto frontier point. 
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Figure 8. The cost per unit net output power and the cost of the ORC at the Pareto frontier point. 
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Figure 9. The effect of evaporating temperature and condensing temperature on (a) the net output power per unit area, (b) the exergy efficiency, (c) the thermal efficiency of OTEC, (d) the net output power, (e) the deep seawater flow rate, (f) the surface seawater flow rate, (g) the net output power per unit seawater flow rate, and (h) the back work ratio. 
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Figure 10. The effect of the pinch-point temperature difference on (a) the flow rate of seawater, (b) the heat transfer area of the heat exchanger, (c) the net output power per unit area, (d) the exergy efficiency, (e) the thermal efficiency of the OTEC, (f) the net output power, (g) the net output power per unit seawater flow rate, and (h) the back work ratio. 
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Figure 11. The effect of (a) evaporating and condensing temperature and (b) pinch-point temperature differences on the investment cost. 
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Figure 12. The effect of (a) the evaporating and condensing temperature and (b) pinch-point temperature differences on the investment cost per unit net output power. 
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Table 1. The design conditions.
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	Parameters
	Symbol
	Value





	Deep seawater temperature
	    T  c i     
	4 °C



	Surface seawater temperature
	    T  w i     
	28 °C



	Diameter of seawater pipe
	    d w    
	0.35 m



	Length of deep seawater pipe
	    l c    
	3000 m



	Length of surface seawater pipe
	    l w    
	200 m



	Design isentropic efficiency of turbine
	    η t    
	0.8



	Design efficiency of generator
	    η g    
	0.9



	Design efficiency of working fluid pump
	    η p    
	0.6



	Design efficiency of seawater pump
	    η w    
	0.8



	Type of heat transfer pipe in evaporator
	
	Turbo BII



	Number of heat transfer pipes in evaporator
	
	478



	Type of heat transfer pipe in condenser
	
	Turbo CII



	Number of heat transfer pipes in condenser
	
	478



	Working fluid
	
	R134a
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Table 2. The optimal state parameters of the ORC under the solution of Point 10.
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	Point
	Pressure (kPa)
	Temperature (°C)
	Enthalpy (kJ/kg)
	Entropy (kJ/kg K)
	Phase





	1
	631.09
	23.24
	411.43
	1.7169
	Saturated vapor



	2
	435.78
	11.73
	405.37
	1.7222
	Superheated, 0.23 °C



	3
	435.78
	11.50
	215.64
	1.0557
	Saturated liquid



	4
	631.09
	11.67
	215.91
	1.0561
	Subcooled, 11.57 °C
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