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Abstract: This article proposes and designs a novel variable pitch adjustment device for small wind
turbines. The generator spindle is designed to be hollow so that the drive rod passes through it and
connects the pitch drive mechanism to the pitch actuator. The article introduces the basic structure
and working principle of the pitch mechanism and verifies the feasibility of the pitch device by using
3D printing technology to produce a small-scale model. The stress analysis of the wind turbine
was carried out using the unidirectional fluid–structure coupling method. The results show that the
maximum equivalent stress of the pitch mechanism is 27.42 MPa, the maximum tooth surface contact
stress of the gear is 38.40 MPa, and the maximum tooth root bending stress is 18.13 MPa. The rack
synchronous disk, blade handle, and gear rack mechanism were designed with light weight using
various optimization schemes. The results of the optimization showed that the overall mass of the
pitch mechanism was reduced by 33.2%, improving the applicability of the new pitch mechanism.

Keywords: small horizontal axis wind turbine; pitch mechanism; stress; structural optimization

1. Introduction

Remote areas such as marine islands, rural farms, grassland pastures, etc., have vast
land space and a certain demand for electricity. However, due to the distance from the
mainland, scattered users, and other reasons, grid power supply is difficult and costly
to establish [1]. Therefore, distributed energy systems are increasingly installed on site
in these areas, mainly based on wind and solar energy, combined with energy storage
batteries, to meet the electricity demand. This poses a certain demand for small wind
turbines [2–5].

The stability and smoothness of the power output of small wind turbines are crucial
for the stability of distributed energy systems. However, most current small wind turbines
adopt a fixed pitch mode, relying on blade stall control in strong wind conditions, and
resulting in a poor power regulation effect, which cannot meet the requirements for timely,
accurate, and coordinated control of distributed energy systems [6,7]. Therefore, it is
scientifically significant to develop a power control method and technology suitable for
small wind turbines.

In recent years, power control technology for small wind turbines has been studied in
two main categories: electromagnetic control and aerodynamic control. Electromagnetic
control mainly adopts complex electrical control schemes and regulates power by con-
trolling the generator torque. Calabrese, et al. proposed a novel soft-stall control scheme
for wind turbines, which used a ring-shaped brushless permanent magnet synchronous
generator and controlled the generator torque through a double-sided symmetrical power
converter, thereby reducing the output power [8]. Çelik et al. proposed a novel method
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to control the wind turbine speed, which used a small low-inertia DC generator and con-
nected the generator terminals to a resistor, generating a braking torque opposite to the
wind wheel rotation direction. Therefore, the wind wheel speed was regulated, and the
generator power was controlled [9]. Aerodynamic control regulates power by changing
the aerodynamic performance of wind turbines in ways such as blade stall, variable pitch,
wind wheel yawing, etc. For instance, Mohammadi et al. designed a stall-regulated wind
turbine blade and simulated the operating characteristics of a 5.5 kW stall-regulated wind
turbine under static and dynamic conditions using numerical simulation, proving that the
stall phenomenon at high speed can effectively control the output performance of wind
turbines [10]. Meng et al. proposed a novel horizontal axis wind turbine, which controlled
the power output by changing the swept area and aerodynamic characteristics of blades
through blade pre-folding, which caused changes in the pitch and cone angles, thereby
maintaining a constant power output of wind turbines [11]. Akhter et al. addressed the
deformed trailing edge (MTE) technology for small-to-medium-sized wind turbine blades
by installing microsensors on the blade surface in conjunction with a local actuator, which
in turn enhances the energy harvesting of the blade at low-to-medium wind speeds [12].
As shown in Figure 1, some researchers have based their work on the gyroscopic charac-
teristics of wind turbines to deflect the tail of the wind turbine, which in turn regulates
the pitching motion of the wind turbine, or the active yawing, to control the power of
the wind turbine [13,14]. Mihai Chirca et al. designed two-rudder deflection actuation
systems with the aim of reducing the wear and tear of the actuating machinery for a longer
service life [15].
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Figure 1. Tail deflection wind turbines. (a) Tail deflection (front drive motor); (b) Wind wheel
deflection; (c) Tail deflection (rear drive motor).

In addition, different pitch mechanisms have also been proposed by researchers for
small- and medium-sized wind turbines.

As shown in Figure 2, Chen et al. proposed a passive variable pitch system for small
wind turbines, which used a disc pulley as an actuator, driven by centrifugal force to move
the disc pulley outward, driving the bearing combination system to adjust the blade pitch
angle [16]. Compared with the passive variable pitch, the power regulation of the variable
pitch and speed units using active variable pitch is more accurate and reliable [17], and it
can be integrated better into distributed energy systems. Sung et al. designed an active
pitch mechanism based on a hinge structure, using a crank-slider device connected to the
pitch bearing and blade to change the pitch angle [18].

In the introduction, this study describes several power control methods for small
wind turbines. For example, the wind turbine relying on the blade stall and the blade
deformation trailing edge (MTE) control will have a lower manufacturing cost, but it cannot
achieve active control of the output power. The control performance depends on the unique
wing structure of the blade, and the aerodynamic load on the blade during the operation
of the wind turbine is larger. The wind turbine will rely on the rudder for power control,
the regulation performance will be affected by the actuator, and the balance between the
actuator and gyroscopic torque will be more difficult to accurately measure. Under some
working conditions, there will be frequent oscillation of the nose, and the safety is poor; if
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relying on the centrifugal force for the passive pitch wind turbine, there is a hysteresis in the
pitch, the wind turbine speed requirements are higher, the blade pitch control performance
is affected by the spring mechanism, and it is difficult to accurately estimate the balance
between the spring and the pitch torque.
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Figure 2. Variable pitch wind turbines. (a) Passive pitch (gravity hammer); (b) Passive pitch (disk
pulley); (c); Active pitch.

In summary, this paper designed a novel variable pitch (horizontal axis) wind turbine
with an active variable pitch mechanism and verified the reliability of the variable pitch
mechanism based on model verification and stress simulation analysis. The stress simula-
tion results are used to optimize the key components of the variable pitch mechanism by
various lightweight design methods, which further enhance the potential applications of
the novel variable pitch wind turbine.

2. Structural Design and Stress Analysis
2.1. Basic Structure of the Novel Variable Pitch Wind Turbine

The overall structure of the novel variable pitch wind turbine is shown in Figure 3.
The variable pitch wind turbine designed in this paper mainly consists of blades, a tower,
a generator, a hub, a variable pitch adjustment mechanism, a drive mechanism, and a
transmission rod. The generator’s main shaft is hollow, and the transmission rod passes
through the middle. The variable pitch adjustment mechanism comprises a rack synchro-
nizer, variable pitch bearings, a gear rack mechanism, and a blade connector. The drive
mechanism includes an electric push rod, bidirectional thrust bearings, a guide rail, etc.
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Figure 3. Schematic diagram of the overall structure of the novel wind turbine.

The drive mechanism and the variable pitch adjustment mechanism are the innova-
tively designed parts of the novel variable pitch wind turbine.
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Figure 4 shows a detailed schematic diagram of the drive mechanism. The electric
push rod moves forward or backwards when performing the variable pitch action, driving
the transmission rod to also move forward or backwards through the bidirectional thrust
bearing. The transmission rod rotates synchronously with the wind wheel. The hollow
shaft of the generator and the transmission rod make contact through a graphite copper
sleeve, thereby reducing friction. The transmission rod converts the complex motion of the
rotation and translation into the translation motion, by cooperating with the bidirectional
thrust bearing.
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Figure 4. Schematic diagram of the drive mechanism.

To ensure the accurate movement of the push rod along the generator axis and avoid
motion interference during the variable pitch action, guide rail devices are also installed
on both sides of the drive mechanism. The guide rail device consists of a connecting
plate, a guide rail support, a linear bearing, and a guide rail. The guide rail is made up
of two optical axes, and the linear bearing moves linearly on the guide rail, reducing the
friction of the guide rail device.

Figure 5 shows the structural schematic diagram of the variable pitch adjustment
mechanism.
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The hub body is designed as a cylinder, and three flanges are evenly arranged on
the outside of the hub body for fixing and installing variable pitch bearings. The flange
is welded to the main body through a cylindrical support. Three guide platforms are
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provided inside the main body for guiding and positioning the variable pitch rack. The
hub is fixed on the generator’s main shaft, radial fixation between the hub and the main
shaft is realized by a flat key, and axial fixation is realized by a locking nut. One end of
the transmission rod is fixed to the rack synchronizer by a locking nut, and three evenly
arranged racks are fixed onto the synchronizer. The rack is installed on a specially designed
guide platform inside the hub, which can realize axial movement and positioning functions.
The gear and blade connector are connected by a spline shaft, and the blade connector is
connected to the hub flange by a variable pitch bearing. The variable pitch bearing includes
two parts: inner and outer. The inner ring is fixed to the blade connector by bolts, and
the outer ring is fixed to the hub flange by bolts, which means relative rotation between
the blade connector and the hub can be realized. The gear meshes with the rack enabling
relative transmission.

2.2. Working Principle of the Novel Variable Pitch Wind Turbine

Figure 6 is a diagram of the principle action of the variable pitch adjustment mech-
anism. After the drive mechanism is actuated, the transmission rod moves through the
hollow shaft of the generator, and the transmission rod is connected to the rack synchro-
nizer in the variable pitch adjustment mechanism. This drives the rack to move axially,
rotates the gear, and fixes the gear with the part connecting the blade, thereby changing the
blade pitch angle. The action principle of the variable pitch mechanism indicates that the
blade pitch angle depends on both the direction of the push rod movement and the initial
alignment of the blade connector, gear, and rack. Among them, the moving speed V of the
transmission rod is equal to the product of the blade variable pitch angular speed ω and
the gear pitch circle radius.
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2.3. Small-Scale Model Test Verification

To eliminate potential errors in the design and simulation process, a small-scale
prototype model (Figure 7) was constructed by scaling down the 3D model of the 1.5 kW
wind turbine proportionally, using 3D printing technology to manufacture some parts,
and assembling them. The model turbine blades were rotated around the variable pitch
bearing by the action of the electric push rod at the tail, and the whole process was smooth,
without motion interference. The test also demonstrated the feasibility of the variable pitch
transmission device.
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2.4. Experimental Study of a Prototype Test Hole for a New Variable Pitch Wind Turbine

In this study, a simple test prototype of the new pitch wind turbine was fabricated
with a capacity of 1.5 kW and the start-up performance was tested in a wind tunnel. The
test rig of the prototype in the wind tunnel test is shown in Figure 8. The test prototype
was equipped with a screw unit instead of a motorized actuator unit. The pitch angle was
manually adjusted during the test.
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Figure 8. Prototype test rig.

In the test, the generator will be in a no-load state, so that the wind speed of the wind
tunnel will be gradually increased from 3 m/s. The starting wind speed under different
pitch angles is recorded as shown in Figure 9; from the figure, it can be seen that the
minimum starting wind speed of the wind turbine is 3.7 m/s, corresponding to the starting
pitch angle of 50◦, which is slightly higher than that of the commercially applied 1.5 kW
small wind turbine. Future improvements in the manufacturing accuracy of the parts and
the assembly accuracy will obtain a smaller starting wind speed [19,20].

2.5. Technical Advantages and Challenges of New Variable Pitch Wind Turbines

Firstly, the pitch adjustment device adopts a more reliable rack and pinion drive with
simpler control logic, which is less prone to mechanical dead spot problems and less costly
to manufacture than the hinged structure in Ref. [18]. Secondly, the new variable pitch wind
turbine adopts a set of pitch drive units and is mounted on the rear side of the generator
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inside the nacelle, which is more flexible and simplifies the power supply of the drive unit
compared with the actuator being mounted at the hub in Ref. [16].
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Figure 9. Starting wind speed at different pitch angles.

In terms of application, the novel variable pitch wind turbine mainly targets areas
such as marine islands and grassland pastures. Since these areas generally have a low
degree of surface roughness and wind shear, they perfectly avoid the shortcomings of the
unified variable pitch mode in dealing with wind shear situations [21,22].

However, the generator of the new variable pitch wind turbine has a hollow shaft,
which undoubtedly increases the size of the generator. Secondly, some of the gravity of
the rack and pinion components and synchronous discs will be applied to the drive rods,
which will cause the drive rods to bend and wear. Therefore, there is a need for a suitable
lightweight design of the components to reduce the size and wear conditions.

2.6. Stress Analysis of Variable Pitch Adjustment Mechanism Components

The design standards for small wind turbines are mainly for fixed pitch wind turbines,
while for active-power-control-type small wind power units, the loads of key components
are generally analyzed empirically by combining simplified model calculations and a large
amount of test data [23].

This paper imported the established three-dimensional wind turbine model into the
ANSYS Workbench CFX (version 18.2) module to perform aerodynamic force calculation
and used a one-way fluid–solid coupling method to perform load simulation calculations
of the variable pitch adjustment mechanism in the static structural module. It also analyzed
the stress situation of key components in typical working conditions, verifying whether
the mechanism meets the basic design requirements. This method can analyze the short-
comings of the mechanism design compared with the simplified load calculation method
more intuitively.

2.6.1. Model Parameters

The blades in the initial wind turbine model were designed for 1.5 kW as the target,
and the blade airfoil was NACA 4412. The blade length was 1380 mm, and the wind
wheel diameter was 3060 mm. The three-dimensional model used for simulation omitted
components such as the tower, drive mechanism, base plate, etc. This paper established
five pitch angles of 6◦, 9◦, 12◦, 15◦, and 25◦ for comparative analysis.

2.6.2. Boundary Condition Setting and Grid Validity Verification of Flow Field Analysis

Figure 10 shows the boundary condition setting of the computational domain. The
stationary domain velocity inlet is set to a steady-state inlet flow and the turbulence
intensity is set to 5%. The outlet is the pressure outlet, the relative pressure at the outlet is
0 Pa, and the wall surface is a no-slip wall surface. The rotating domain is established with
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the main axis of the wind turbine as the rotating center to simulate the rotating state of the
wind turbine. The interface between the rotating domain and the stationary domain is set
as Interface and the frozen rotor model is adopted to realize the data exchange between the
two. The turbulence kinetic energy, turbulence dissipation term, and momentum equation
are all discretized in a second-order windward format, and the solution method adopts the
implicit solution method. The velocity–pressure coupling algorithm is the simple algorithm
used. The turbulence model is the SST k-ω model for numerical calculation.
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Figure 10. Boundary condition setting of the computational domain.

In the numerical simulation, grid resolution directly affects calculation accuracy and
speed. Different grid generation methods and sizes are applied for the external stationary
domain, internal rotating domain, and wind wheel surface, respectively. The results show
that the grid resolution of the stationary domain and the rotating domain have little effect
on the calculation results, and an appropriate grid size can be selected.

Figure 11 illustrates the grid generation process for the simulation. The stationary
domain adopts a structured grid, and the rotating domain and wind wheel surface densifi-
cation domain adopts an unstructured grid. As shown in Figure 12, by encrypting the grids
in different regions, the wind turbine spindle torque under the same operating condition
with different grid numbers is obtained, and the wind turbine spindle torque tends to be
stable with the increase in grid number when the grid number reaches 8.74 million. After
the grid number reaches 10.7 million, the torque only increases by 0.67%. In order to reduce
the amount of calculation and ensure the accuracy of calculation, the 10.7 million grid
model is selected [24].
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Figure 11. Meshing of the computational domain.

2.6.3. Meshing and Boundary Condition Setting for Structural Field Analysis

The model of the wind turbine’s structure was simplified by removing bolt holes,
chamfers, etc., without affecting the overall structural load simulation conditions. To reduce
the number of meshes and improve the meshing quality, hexahedral meshes were used for
gears, hubs, synchronizers, and blade connectors, while tetrahedral meshes were used for
blades, generators, push rods, and racks. The main load-bearing components such as gears,
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racks, hubs, etc., were locally refined. The meshing results of the structural field are shown
in Figure 13.
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Figure 14 shows a schematic diagram of load- and boundary condition settings for
static analysis. The gravity load was applied to the entire wind turbine using “Standard
Earth Gravity”, while the centrifugal force load was applied by defining “Rotational
Velocity” around the main axis for the wind wheel. The aerodynamic load was applied
on blade surfaces using “Imported Pressure”, with wind pressure obtained from CFX
(version 18.2).
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The boundary conditions between each component were set as follows: during the
actual operation of the wind turbine, the generator was fixed to the bottom seat of the
nacelle and set as a fixed boundary condition; the hollow shaft of the generator rotated with
a wind wheel and was set as a cylindrical support along with the hub; the transmission
rod moved along the axial direction of the hollow shaft of the generator and was set as a
frictionless support; the gear–rack mechanism moved synchronously with the transmission
rod, was installed inside the hub, and was set as a frictionless support; and the blade was
connected to the hub by the pitch bearing and was set as the cylindrical support.

To ensure that the simulation results were as close as possible to the actual motion
state, contact types of mating surfaces of each component in the adjustment mechanism
were constrained as follows: the blade and blade connector, the blade connector and pitch
bearing, the pitch bearing and hub, the blade connector and gear, and the rack and rack
synchronizer were all subjected to bonded constraints; the hollow shaft of the generator
and top rod were subjected to translational contact; and the gear and rack were subjected
to bonded constraints.

The material parameters of each component were defined before the static analysis of
the pitch adjustment mechanism. The blade was made of wood composite material, and
components such as gears, racks, synchronizers, etc., were made of carbon steel SAE 1045.
Table 1 shows the material properties of the components.

Table 1. Material properties.

Material Density/kg·m−3 Elastic Modulus/GPa Poisson’s Ratio

Wood composite 900 15 0.3
Carbon steel SAE 1045 7850 210 0.269

The rated wind speed of the new variable pitch wind turbine was 12 m/s, but to verify
the stress state of the variable pitch mechanism under overrated conditions, the inflow
wind speed for the flow field simulation was set to 16 m/s. The actual rotational speed
of the wind turbine at a wind speed of 16 m/s was applied for static analysis. This paper
referred to the rotational speed test results of a 1.5 kW wind turbine, as shown in Table 2.

Table 2. Rotational speed test results.

Pitch Angle

6◦ 9◦ 12◦ 15◦ 25◦

Rotational speed/(r/min) 375 332 313 301 238

2.6.4. Results Analysis

The aerodynamic torque resulting from the rotation of the wind turbine wind wheel
is closely related to the blade surface pressure, and analyzing the pressure distribution of
the airfoil at different pitch angles and different blade vein cross-sections is essential for
understanding the aerodynamic characteristics of wind turbines.

The pressure clouds of different pitch angles of the blade and different cross-sections
of the blade are shown in Figure 15 for 16 m/s wind speed.

From the figure, it can be seen that under different pitch angle conditions, the pressure
distribution of wind turbine blade elements is the same, with positive pressure on the
windward side and negative pressure on the leeward side, and the maximum pressure
value appears in the windward side of the blade elements near the leading edge region,
and the minimum pressure value appears in the leeward side of the blade elements near
the leading edge region.

The stress distribution of the hub and pitch adjustment mechanism under different
working conditions was obtained through static analysis and maximum stress was ana-
lyzed. Figure 16 shows how the maximum stress values of each component varied with
pitch angle.
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As shown in the figure, the maximum stress values of each component decreased
with the increasing pitch angle. At the same pitch angle, the maximum stress of the gear
was significantly higher than that of other components. With the increasing pitch angle,
the maximum stress value of the gear decreased from 27.42 MPa to 7.64 MPa, a reduction
of 72.1%; the maximum stress value of the rack decreased from 21.20 MPa to 5.75 MPa,
a reduction of 72.9%; the maximum stress value of the hub decreased from 17.83 MPa
to 5.75 MPa, a reduction of 72.8%; and the maximum stress value of the blade connector
decreased from 25.04 MPa to 6.88 MPa, a reduction of 72.5%. With the increasing pitch
angle, the maximum stress values of each component decreased almost uniformly.

In summary, this section performed strength verification for each component of the
pitch adjustment mechanism, and the verification formula is shown in Equation (1):

σmax < σ0/n (1)

In the equation, σmax is the maximum equivalent stress value of each component,
(MPa); σ0 is the yield strength of the material, (MPa); and n is the safety factor. According
to the IEC61400-2 small wind turbine design requirements, the safety factor was 1.25 when
used for fatigue strength verification, and it was 1.1 when used for ultimate strength
verification [25,26]. Based on the maximum equivalent stress values of each component
under different working conditions, the strength verification results of each component
are shown in Table 3. The stress cloud of each component for this condition is given in
Figure 17.

Table 3. Material properties.

Name σmax σ0/1.1 σ0/1.25 Yield Strength/σ0

hub 17.38 MPa

304.5 MPa 268 MPa 335 MPa
gear 27.42 MPa
rack 21.20 MPa

blade connector 25.04 MPa
rack synchronizer 5.36 MPa

As shown in the table, the maximum stresses of each component of the hub and pitch
adjustment mechanism were much lower than the allowable yield strength of the material,
and the safety of the components was verified.

In the pitch adjustment mechanism, the gear–rack mechanism and pitch bearing were
different from other components. The gear–rack mechanism was the key transmission
component of the pitch adjustment mechanism, mainly bearing the blade pitch torque load.
Besides analyzing the maximum equivalent stress of the gear, the root bending stress and
the tooth surface contact stress were also important indicators for judging gear strength.
This section analyzes the root bending stress and the tooth surface contact stress at the
pitch angle of 6◦. The basic parameters of the gear–rack mechanism are shown in Table 4.

Table 4. Material properties.

Parameter Name Value Parameter Name Value

Modulus (M) 2.5 Number of teeth (Z) 17
Gear width (H) 25 mm Pressure angle 20◦

Tip height coefficient (ha*) 1 Top clearance coefficient (C*) 0.25
Pitch circle diameter (d) 42.5 mm Base circle diameter (db) 40 mm
Tip circle diameter (da) 47.5 mm Root circle diameter (df) 39.5 mm

The allowable tooth surface contact stress is given in Equation (2) [27,28].

σH =
σHlimZNTZW

SHmin
(2)
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In the equation, σHlim is the contact fatigue stress limit, taken as 580 MPa; ZNT is the
contact life coefficient, taken as 1.3; ZW is the tooth surface work hardening coefficient,
taken as 1.0; and SHmin is the minimum safety factor for contact strength, taken as 1.3. The
calculated σH is 580 MPa.
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The allowable tooth root bending stress is given by Equation (3).

σF =
σFlimYSTYNTYδrelT

SFmin
(3)

In the equation, σFlim is the bending fatigue stress limit, taken as 230 MPa; YST is the
stress correction factor, taken as 2.0; YNT is the tooth surface work hardening coefficient,
taken as 1.0; YδrelT is the tooth surface work hardening coefficient, taken as 1.0; and SFmin
is the minimum safety factor for bending strength, taken as 1.6. The calculated σF is
287.5 MPa.

The following points are made about the values of the parameters in the equation.
First, the value of ZNT should be based on gear experiments or empirical statistics

derived from the S-N curve, which is related to the gear material, heat treatment, and
the use of lubricants. Because the selected gear-endurance life-condition cycle number
NC = 5 × 107, and the stress cycle number NL = 1 × 107 [29,30]. Therefore, its value is
taken as 1.3.
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Second, in the case of YNT , its value is related to the material, heat treatment, load
smoothness and residual stress, so it should be taken according to the ISO 6636-3:2006
standard by the empirical statistics of the S-N curve, which takes the value of 1.0.

Third, for SHmin and SFmin, since the working environment of the gear is a situation
with high reliability requirements, the safety factor should be larger. According to the
reference value of the minimum safety factor required by the ISO 6636-3:2006 standard,
and considering that tooth breakage failure has more serious consequences than pitting
failure, SFmin should be greater than SHmin. Therefore, SHmin was taken to be 1.3 and SFmin
taken to be 1.6.

Fourth, in the case of YST , according to the ISO 6636-5:2006 standard, when using the
σFlim value calculated, it is set to 2.0.

Fifth, for YδrelT , according to the ISO 6636-3:2006 standard, when using the gear life
factor YNT determined directly by the S-N curve and the S-N curve test conditions are
exactly the same, it should be selected as 1.0.

Sixth, for ZW , because the hardness of the standard gear is not treated as especially
high, and there is no machine-hardening phenomenon here, it is set to 1.0.

Seventh, in the cases of σHlim and σFlim, according to the table of commonly used
materials and mechanical properties of gears in the ISO 6636-3:2006 standard, σHlim is set
to 580 MPa, and σFlim is set to 230 MPa.

Figure 18a shows a tooth surface contact stress contour map. As shown in the figure,
the maximum contact stress on the tooth surface occurred on the tooth surface that first
made contact with the rack and was distributed in a band along the tooth width direction.
The maximum contact stress was 38.40 MPa.
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Figure 18b shows an equivalent stress contour map of the root of the gear teeth. Since
the bending stress of gear teeth was mainly affected by the tension caused by the torque on
the gear in a tangential direction, the equivalent stress at the root of the tension side teeth
was used as a basis for analyzing the tooth root bending stress. The maximum tooth root
bending stress was 18.13 MPa. The contact strength and bending strength of the gear both
met the requirements and had a large safety margin.

The strength performance of the pitch bearing affects the overall safety of the wind
turbine, and a key indicator for verifying the bearing strength is the contact stress be-
tween the bearing roller and the raceway. In this section, the maximum contact stress of
the bearing was analyzed using a static analysis method. The pitch bearing of the new
variable pitch wind turbine used the cross-roller bearing, and the model was selected as
XRU5515UUCCO/P5. The manufacturing material was bearing steel GCr15, and selected
parameters are shown in Table 5.
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Table 5. Structural parameters of bearing.

Parameter Number
of Rollers (Z)

Outer
Diameter (D)

Inner
Diameter (d) Width (B) Roller

Diameter (R)

Value 48 120 mm 55 mm 15 mm 5 mm

The analysis showed that under the eccentric load, the maximum contact stress of the
inner ring raceway of the bearing was 614.61 MPa, as shown in Figure 19.
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Based on the maximum contact stress of the bearing, the static load safety factor of the
bearing could be calculated, and the calculation formula is shown in Equation (4).

fs =

(
[σ]

σmax

)2

(4)

In the equation, fs is the static load safety factor and [σ] is the maximum allowable
contact stress of the bearing.

According to the standard ISO 76:2006, the maximum allowable contact stress of the
rolling bearings was about 4000 MPa and the calculated safety factor was about 42 [31,32].
For the static load safety factor of pitch bearings, the GL2010 wind turbine certification
specification stipulated that it should be greater than 1.1, which showed that this type of
pitch bearing fully met strength requirements.

3. Optimization of Components

The initial design of the pitch adjustment mechanism needed to be optimized sev-
eral times before it could be practically applied. According to the structural design and
static analysis results, it could be concluded that the strength safety margin of each com-
ponent in the pitch adjustment mechanism was too large, and the shape, size, and gear
parameters of each component needed to be further optimized to reduce material use and
improve performance.

3.1. Optimization Design of the Rack Synchronizer

In this section, a multi-level optimization method was used to perform structural
optimization design on the rack synchronizer. The goal was to reduce the mass of the
rack synchronizer as much as possible while having little impact on its strength. The
optimization process is shown in Figure 20.
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Firstly, a static analysis was performed on the initial model of the rack synchronizer.
Topology optimization was performed on it using the variable density method, and the
material removal area and non-material removal area were divided (Figure 20a,b) [33,34].

Secondly, the material removal rate set by topology optimization was 20%. According
to the topology optimization results, the material removal part mainly concentrated on the
outer edge of the bolt hole matching with the rack, followed by the outer edge of the end
face matching with the transmission rod (Figure 20b,c).

Thirdly, shape optimization was performed on the rack synchronizer and a stress
analysis was performed again on an optimized rack synchronizer. The optimized rack
synchronizer mass was 0.95 kg and the initial mass was 1.10 kg; this is a decrease of 13.6%
compared with before optimization. The maximum stress was 5.89 MPa; this is an increase
of 9.8% compared with before optimization. Although the maximum stress value increased
after optimization, its value was still much lower than the strength requirement, which had
a certain significance (Figure 20c,d).

Fourthly, based on shape optimization, size optimization was performed on a rack
synchronizer based on the response surface method. The maximum stress value and mass
of the component were optimization objectives. The optimized design parameter d1 was
the width of the bolt hole and its outer edge part; the initial size was 30 mm; and the
optimization range was set to 25 mm–35 mm. The thickness of the rack synchronizer
was d2; the initial size was 20 mm; and the optimization range was set to 15 mm–20 mm
(Figure 20d,e).

Fifthly, in the Workbench 18.2 platform’s DesignXplore module, the OSF method
was used to generate test points; the number of test points was set to 30. The response
surface was generated based on the Kriging model, and the MOGA algorithm was used
for multi-objective optimization (Figure 20e,f) [35,36]. Optimization results are shown
in Table 6.

Table 6. Comparison of optimized parameters for rack synchronizers.

Parameter d1 d2 Mass Maximum Stress

Before optimization 30 mm 20 mm 1.10 kg 5.37 MPa
After optimization 25 mm 21.5 mm 0.87 kg 5.29 MPa
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3.2. Optimization Design of the Blade Handle

The blade handle was a key component connecting the blade and the hub. If the mass
of the blade handle was too large, it would not only increase the centrifugal force load of
the hub but also increase the inertia of the wind wheel, affecting the start-up performance
of the wind turbine at a low wind speed.

The optimization process of the blade handle is shown in Figure 21 and the main
optimization process was similar to that of the rack synchronizer.
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Firstly, in the initial stage of component design, the blade root was designed as a
double-clamp structure, but most of the current mainstream commercialized small wind
turbines had adopted a circular blade handle (such as seen in Figure 21b for a 50 kW active
pitch wind turbine produced by a certain company) (Figure 21a,b).

Secondly, designing a blade handle with a circular structure compared with the double-
clamp-type blade handle could not only reduce the component mass but also reduce the
stall situation at the root of the blade (Figure 21b,c).

Thirdly, stress analysis was performed on a redesigned component, and it was found
that compared with the double-clamp mechanism, the maximum stress value of the circular
blade handle decreased by 35.5%. The component mass decreased to 2.15 kg compared
with 3.7 kg for the original component mass; this is a decrease of 42%. The comprehensive
performance of the blade handle was optimized (Figure 21c,d).

Fourthly, consistent rack synchronizer size optimization was performed on the blade
root. The blade root diameters of the L1, the first connection section diameter (i.e., the
connection section from the pitch bearing to the blade root) L2, the second connection
section diameter (i.e., the connection section from the pitch bearing to the gear) L3, and the
fillet radius L4 were selected as design variables (Figure 21d,e).

Fifthly, consistent with the rack synchronizer method (Figure 21e,f), the number of
optimization test points was set to 65. Optimization results are shown in Table 7.
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Table 7. Comparison of optimized parameters for blade handle.

Parameter L1 L2 L3 R1 Mass Maximum Stress

Before
optimization 40 mm 50 mm 85 mm 3 mm 3.70 kg 25.04 MPa

After
optimization 36 mm 55 mm 77 mm 2.6 mm 2.15 kg 12.61 MPa

3.3. Optimization Design of the Gear Rack Mechanism

In gear rack components, the rack needs to be used with the gear, so the optimization
of gear rack components should be based on the gear being the main object for optimization.
The gear parameters are shown in Table 4, and the original mass of the gear rack mechanism
is 0.7 kg. The parameters that affect the mass and strength of the gear are mainly the
modulus M, the number of teeth Z, and the tooth width H, while the tooth height coefficient
ha* and the top clearance coefficient C* have almost no effect on the mass, so they are
not used as design variables. The difference from the optimization processes previously
described is that the modulus and number of teeth of the gear are discrete variables.
Parameter optimization based on the response surface obviously cannot obtain discrete
candidate solutions. Therefore, this paper proposes a gear rack component optimization
design scheme based on the finite element method combined with the entropy weight–
TOPSIS method. The optimization process is shown in Figure 22.
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Figure 22. Optimization process for gear rack mechanism.

The basic idea of applying the entropy weight–TOPSIS method to optimize decision
making is to obtain the objective weight coefficient of each optimization objective based
on the entropy weight method, and then rank and select the best design scheme using the
TOPSIS method. Among them, the entropy weight method is used to judge the degree of
dispersion of an objective function in all design schemes based on the definition of entropy.
The greater the degree of dispersion, the greater the weight of this indicator in optimization
design. The weights of each optimization objective can be obtained by entropy analysis,
which can avoid the influence caused by subjective assignment.

The design of gears should refer to relevant gear design standards, and the key
parameters of gears: the modulus and number of teeth should be optimized according
to standard ISO 54:1996 [37]. By referring to the recommended table of the preferred
modulus for spur gears in standard ISO 54:1996, and considering that the number of teeth
is a positive integer and the minimum number of teeth without root cutting is 17, it is
determined that the design parameters should be discretized and taken in intervals as
shown in Table 8.
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Table 8. Comparison of optimized parameters for blade handle.

Parameters Initial Value Range

Modulus (M) 2.5 [1.25,1.5,1.75,2,2.25,2.5,2.75,3]
Number of teeth (Z) 17 [17,19,21,23,25,27]
Gear width (H)/mm 25 mm [15,20,25]

Three groups of design variables are arranged and combined to obtain 144 experi-
mental sample points, that is, 144 design schemes of gear rack components. The response
values of each sample point are calculated by Workbench one by one, as shown in Table A1
in Appendix A.

From Table 8, it can be seen that there are 144 design solutions, each corresponding to
three optimization objectives, and the original data decision matrix can be built according
to Equation (5) [38–40].

A = (aij)m×n (5)

The entropy–TOPSIS method first requires the decision matrix to meet the standard-
ization conditions, which can be divided into positive and negative objectives, where the
positive objective means that the larger the objective the better, while the negative objective
is the opposite. As the mass, tooth contact stresses, and tooth root bending stresses are all
negative targets, the normalization matrix can be obtained by Equation (6).

B = (bij)m×n (6)

First, calculate the degree of contribution of the decision matrix and the information en-
tropy of the three optimization objectives. The weight coefficients of different optimization
objectives are shown in Table 9.

Table 9. Comparison of optimized parameters for blade handle.

Parameter Name Mass Contact Stress Bending Stress

Information entropy 0.954 0.924 0.966
Weight coefficient 0.294 0.488 0.218

After obtaining the weight coefficients of the optimization objectives by the entropy
weight method, the standardized matrix is weighted to form a weighted matrix. Then,
using the TOPSIS method, the relative closeness of each design scheme is calculated and
arranged from large to small to obtain the priority order of each design scheme. The optimal
scheme has the highest priority. Table A1 in Appendix A shows the relative closeness and
ranking of all design schemes.

From Table 9, it can be seen that the maximum relative closeness is 0.880, and the
optimal design scheme combination of gear parameters is modulus 2.25, the number
of teeth is 21, and the tooth width 15 mm, corresponding to a mass of 0.46 kg, tooth
surface contact stress of 18.99 MPa, and tooth root bending stress of 9.93 MPa in the
optimization objectives.

Compared with the original design scheme, the mass of the optimal design scheme
is reduced by 34.3%, the tooth surface contact stress is reduced by 50.5%, and the tooth
root bending stress is reduced by 45.2%. The optimization objectives are all reduced, which
shows that it is reasonable to use the entropy weight–TOPSIS method to optimize the gear
design scheme, and the optimization effect is significant. Combined with the optimized
design parameters of the gear, the modulus of the rack is redesigned as 2.25, and the
thickness of the rack is redesigned as 15 mm, making the overall mass of the gear rack
component lighter.
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4. Conclusions

This paper presents a novel variable pitch adjustment device for small wind turbines.
The main innovation is to adopt a self-developed unified variable pitch method to realize
power control of small wind turbines.

The overall design structure of the new variable pitch adjustment device is introduced
by establishing a three-dimensional model and explaining its basic working principle. A
small-scale model is fabricated by a 3D printer to verify the feasibility of this design scheme.

The strength analysis of components such as variable pitch mechanisms, the hub, etc.,
under different pitch angles is carried out. The results indicate that the maximum stress
value of each component increases with the decrease in the pitch angle. Among them,
under the working condition of the 6◦ pitch angle and 16 m/s wind speed, the maximum
stress value at the gear is 27.42 MPa, which is much smaller than the allowable stress of the
material, and the safety factor of components is large.

The contact stress of the variable pitch bearing and the gear rack mechanism is ana-
lyzed. The results show that the tooth surface contact stress of the gear is greater than the
tooth root bending stress. By calculating the gear’s allowable contact strength and allow-
able bending strength, it is concluded that the gear meets established strength requirements
and has a large safety margin. Under an eccentric load, the bearing’s maximum contact
stress occurs on the inner ring raceway, with a maximum stress value of 614.61 MPa. The
calculated static load safety factor of the bearing is about 42, which verifies that the bearing
meets strength requirements.

A multi-level optimization method is used to optimize the rack synchronizer for mul-
tiple objectives. The results show that by changing components’ shape and size parameters
and removing some component materials, the component maximum stress value and mass
can be reduced simultaneously. Changing the double-clamp blade root to a circular blade
root and then optimizing the size can reduce the blade root’s maximum stress value and
mass significantly. By using the entropy weight–TOPSIS method to optimize 144 gear
design schemes, the optimal scheme shows that by appropriately reducing modulus and
increasing the number of teeth, the gear tooth root bending stress and tooth surface contact
stress can be effectively reduced. Table 10 shows the mass comparison before and after
component optimization. It can be concluded that by optimizing three components to
achieve a lightweight design, the variable pitch mechanism’s overall mass is reduced by
33.8%, improving the economic performance of a new variable pitch wind turbine.

Table 10. Mass optimization results.

Mass
Optimization

Gear Rack
Component × 3

Blade
Handle × 3

Rack
Synchronizer

Pitch
Bearing × 3

Before 2.10 kg 11.10 kg 1.10 kg 7.80 kg
After 1.38 kg 4.59 kg 0.87 kg 7.80 kg

It should be added, that although the finite element model was established using 3D
modeling software for numerical simulation in this paper, the simulation calculations were
only carried out through the one-way fluid–solid coupling method for the calculation and
analysis of the steady state. Further multi-field source coupling simulation calculations can
be carried out to thoroughly analyze the coupling effect between the loads. Secondly, the
wind tunnel test was carried out to study selected pitch angle conditions by fixing the pitch
angle, and the automatic control of the pitch angle can be realized through the PLC control
program to further verify the control effect of the actual operation of the wind turbine.
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Appendix A

Table A1. Optimization target response value and relative closeness of different gear design schemes.

Number Modulus
(M)

Number of
Teeth (Z)

Width
(H)/mm

Bending
Stress/MPa

Contact
Stress/MPa

Mass
/kg

Relative
Closeness Ranking

1 1.25 17 15 43.28 92.78 0.32 0.443 139
2 1.25 17 20 34.32 56.7 0.42 0.545 128
3 1.25 17 25 38.92 63.8 0.53 0.469 133
4 1.25 19 15 55.35 62.59 0.33 0.388 142
5 1.25 19 20 50.02 59.41 0.44 0.399 140
6 1.25 19 25 50.08 55.03 0.54 0.381 144
7 1.25 21 15 32.65 51.23 0.34 0.582 122
8 1.25 21 20 25.99 41.01 0.45 0.656 105
9 1.25 21 25 21.00 34.31 0.56 0.708 88

10 1.25 23 15 31.76 51.24 0.35 0.590 118
11 1.25 23 20 25.96 41.65 0.47 0.652 107
12 1.25 23 25 22.06 36.62 0.58 0.688 96
13 1.25 25 15 51.65 70.69 0.36 0.395 141
14 1.25 25 20 41.51 61.45 0.49 0.455 136
15 1.25 25 25 35.41 51.04 0.61 0.506 132
16 1.25 27 15 59.02 41.75 0.38 0.381 143
17 1.25 27 20 40.48 54.76 0.51 0.469 134
18 1.25 27 25 30.31 42.07 0.63 0.573 124
19 1.5 17 15 36.01 48.04 0.33 0.552 127
20 1.5 17 20 33.63 41.19 0.44 0.570 125
21 1.5 17 25 28.67 36.57 0.55 0.615 114
22 1.5 19 15 42.30 70.72 0.34 0.467 135
23 1.5 19 20 32.19 50.89 0.46 0.569 126
24 1.5 19 25 19.88 38.12 0.57 0.713 86
25 1.5 21 15 36.30 64.44 0.36 0.525 131
26 1.5 21 20 33.58 58.8 0.48 0.540 129
27 1.5 21 25 28.64 50.47 0.60 0.586 120
28 1.5 23 15 27.52 48.08 0.38 0.637 111
29 1.5 23 20 41.63 59.54 0.50 0.454 137
30 1.5 23 25 19.26 33.42 0.63 0.716 83
31 1.5 25 15 17.73 30.46 0.40 0.778 51
32 1.5 25 20 19.26 33.42 0.63 0.716 83
33 1.5 25 25 8.29 15.58 0.66 0.838 18
34 1.5 27 15 12.41 21.01 0.42 0.857 6
35 1.5 27 20 12.41 21.01 0.42 0.857 6
36 1.5 27 25 7.91 13.73 0.70 0.827 23
37 1.75 17 15 32.88 46.35 0.35 0.584 121
38 1.75 17 20 32.30 37.37 0.46 0.586 119
39 1.75 17 25 28.56 34.55 0.58 0.613 115
40 1.75 19 15 29.98 53.29 0.37 0.603 116
41 1.75 19 20 21.46 35.70 0.49 0.713 87
42 1.75 19 25 13.01 23.76 0.61 0.804 35
43 1.75 21 15 32.53 50.61 0.39 0.577 123
44 1.75 21 20 29.93 43.78 0.52 0.595 117
45 1.75 21 25 24.61 36.12 0.65 0.645 108
46 1.75 23 15 22.80 47.16 0.41 0.688 97
47 1.75 23 20 16.77 52.48 0.55 0.722 82
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Table A1. Cont.

Number Modulus
(M)

Number of
Teeth (Z)

Width
(H)/mm

Bending
Stress/MPa

Contact
Stress/MPa

Mass
/kg

Relative
Closeness Ranking

48 1.75 23 25 11.78 27.18 0.69 0.787 47
49 1.75 25 15 20.52 56.60 0.44 0.692 94
50 1.75 25 20 16.77 52.78 0.59 0.714 85
51 1.75 25 25 13.60 42.85 0.74 0.730 79
52 1.75 27 15 13.79 34.36 0.47 0.807 33
53 1.75 27 20 11.26 31.80 0.63 0.800 39
54 1.75 27 25 9.91 26.10 0.78 0.774 56
55 2 17 15 34.75 63.43 0.37 0.540 130
56 2 17 20 47.69 20.59 0.49 0.452 138
57 2 17 25 23.87 48.34 0.61 0.643 109
58 2 19 15 15.9 30.84 0.39 0.801 38
59 2 19 20 11.48 23.46 0.53 0.841 16
60 2 19 25 9.11 18.10 0.66 0.829 20
61 2 21 15 18.84 48.56 0.42 0.728 80
62 2 21 20 14.87 42.99 0.56 0.760 64
63 2 21 25 13.64 39.96 0.71 0.743 73
64 2 23 15 21.99 58.09 0.46 0.671 100
65 2 23 20 10.36 28.76 0.61 0.819 26
66 2 23 25 8.62 20.58 0.76 0.796 41
67 2 25 15 13.92 40.36 0.49 0.788 46
68 2 25 20 11.76 42.14 0.65 0.770 57
69 2 25 25 6.02 19.74 0.82 0.789 45
70 2 27 15 14.48 44.59 0.53 0.766 60
71 2 27 20 13.09 23.22 0.70 0.778 52
72 2 27 25 18.84 48.56 0.88 0.637 110
73 2.25 17 15 18.31 46.54 0.39 0.742 74
74 2.25 17 20 28.41 34.13 0.52 0.626 113
75 2.25 17 25 13.50 40.18 0.65 0.759 65
76 2.25 19 15 19.09 30.94 0.42 0.759 67
77 2.25 19 20 13.88 25.43 0.57 0.802 36
78 2.25 19 25 12.50 22.4 0.71 0.781 49
79 2.25 21 15 9.93 18.99 0.46 0.882 1
80 2.25 21 20 8.27 14.87 0.62 0.853 12
81 2.25 21 25 6.35 11.63 0.77 0.811 30
82 2.25 23 15 11.91 22.9 0.50 0.844 14
83 2.25 23 20 9.20 19.1 0.67 0.824 24
84 2.25 23 25 11.97 37.90 0.84 0.724 81
85 2.25 25 15 9.16 25.04 0.55 0.853 11
86 2.25 25 20 23.87 21.00 0.73 0.656 104
87 2.25 25 25 6.86 16.43 0.91 0.759 66
88 2.25 27 15 13.20 21.86 0.59 0.810 31
89 2.25 27 20 10.56 17.86 0.79 0.776 53
90 2.25 27 25 18.66 15.20 0.99 0.653 106
91 2.5 17 15 23.02 49.62 0.42 0.680 99
92 2.5 17 20 23.00 43.27 0.56 0.670 101
93 2.5 17 25 18.13 38.4 0.70 0.705 92
94 2.5 19 15 9.83 20.08 0.46 0.881 2
95 2.5 19 20 7.45 16.06 0.61 0.860 4
96 2.5 19 25 5.99 14.21 0.76 0.814 28
97 2.5 21 15 12.21 40.86 0.50 0.802 37
98 2.5 21 20 10.8 38.20 0.67 0.780 50
99 2.5 21 25 8.70 33.85 0.84 0.752 71

100 2.5 23 15 10.07 21.57 0.55 0.852 13
101 2.5 23 20 7.53 19.84 0.74 0.809 32
102 2.5 23 25 5.33 21.37 0.92 0.757 69
103 2.5 25 15 12.04 34.11 0.61 0.794 43
104 2.5 25 20 12.52 36.63 0.81 0.731 78
105 2.5 25 25 11.20 35.68 1.02 0.682 98
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Table A1. Cont.

Number Modulus
(M)

Number of
Teeth (Z)

Width
(H)/mm

Bending
Stress/MPa

Contact
Stress/MPa

Mass
/kg

Relative
Closeness Ranking

106 2.5 27 15 6.90 23.04 0.68 0.829 22
107 2.5 27 20 6.25 20.61 0.89 0.764 62
108 2.5 27 25 5.64 33.73 1.11 0.689 95
109 2.75 17 15 11.81 36.96 0.45 0.824 25
110 2.75 17 20 13.02 36.10 0.60 0.784 48
111 2.75 17 25 10.56 33.62 0.75 0.768 58
112 2.75 19 15 12.48 26.04 0.50 0.832 19
113 2.75 19 20 13.66 27.22 0.67 0.776 54
114 2.75 19 25 12.05 23.87 0.83 0.746 72
115 2.75 21 15 7.90 27.40 0.56 0.854 10
116 2.75 21 20 13.70 21.25 0.74 0.763 63
117 2.75 21 25 6.01 18.30 0.93 0.754 70
118 2.75 23 15 6.80 19.17 0.62 0.856 9
119 2.75 23 20 7.34 33.97 0.82 0.765 61
120 2.75 23 25 6.85 34.40 1.03 0.705 90
121 2.75 25 15 6.35 24.35 0.68 0.829 21
122 2.75 25 20 7.86 19.08 0.73 0.812 29
123 2.75 25 25 4.51 19.58 1.14 0.698 93
124 2.75 27 15 8.63 15.63 0.75 0.804 34
125 2.75 27 20 6.39 12.50 1.00 0.736 77
126 2.75 27 25 5.18 11.03 1.27 0.668 102
127 3 17 15 10.01 16.38 0.48 0.880 3
128 3 17 20 8.73 13.22 0.64 0.844 15
129 3 17 25 6.51 11.45 0.81 0.797 40
130 3 19 15 9.85 21.05 0.54 0.858 5
131 3 19 20 7.84 17.31 0.72 0.817 27
132 3 19 25 4.40 9.05 0.90 0.775 55
133 3 21 15 8.8 14.06 0.60 0.857 8
134 3 21 20 8.09 10.47 0.81 0.790 44
135 3 21 25 5.55 14.75 1.00 0.737 76
136 3 23 15 7.84 5.47 0.68 0.840 17
137 3 23 20 6.36 12.31 0.90 0.767 59
138 3 23 25 5.07 9.88 1.13 0.705 91
139 3 25 15 7.91 24.19 0.76 0.795 42
140 3 25 20 6.03 11.15 1.00 0.738 75
141 3 25 25 6.15 19.43 1.26 0.661 103
142 3 27 15 5.14 37.95 0.85 0.758 68
143 3 27 20 4.17 18.78 1.12 0.705 89
144 3 27 25 7.13 17.71 1.40 0.626 112
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