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Abstract

:

Multi-frequency vibrators have advantages in bulk materials processing but their design is usually complicated. This article presents the synthesis of design parameters of a two-frequency inertial vibrator according to the specified power characteristics. Based on the developed mathematical model, the parameters of variable periodic force is derived for two angular velocities 157, 314 rad/s and their ratios 0.5 and 2. In the case of the 0.5 ratio, the instant angular velocity of the resulting force vector is 2.0–3.5 times greater than for ratio 2. A dynamical model of vibrating screen with the synthesized inertial drive is considered. It was found that at the ratio of angular velocities 0.5, the second harmonic of acceleration prevails at 50 Hz, while at the ratio of 2, the first harmonic has a greater amplitude at 25 Hz. For the first variant, the power does not depend on the initial angle between unbalances, and at the second variant, it can vary. The angle of rotation of unbalances affects the trajectory of the centre of mass and the phases of the harmonics but does not affect their amplitude. Due to such dynamical features, the two-motor inertial drive allows the vibrating machines to operate at a wider range of frequencies and amplitudes.
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1. Introduction


Most vibrating screens, bulk materials conveyors and feeders use inertial vibrating exciters, which are designed taking into account the specified trajectory (linear, circular, elliptical) and direction of the corresponding working element movement (vibrating sieve, transport tray, etc.) [1]. Such trajectories can be realized with one electric motor and a different number of unbalances that rotate synchronously due to forced kinematic or dynamic synchronization [2]. The different means of kinematic synchronization can be used, e.g., gears [3], belt transmissions, or elastic links with nonlinear stiffness [4].



Various cases of dynamic synchronization of rotating unbalanced rotors require appropriate methods of stability analysis based on the theory of nonlinear oscillations [4,5]. Research is not limited to single-mass systems but is also used for two-mass systems [6], and systems with different numbers of vibrators and unbalanced masses [7]. The stability of vibration systems is particularly affected by the elastic and damping characteristics of support springs [8], the durability of which is significantly limited. Condition monitoring of vibrating machines requires new methods of cyclically perturbed signals processing, which are also significantly affected by the impulsive non-Gaussian noise from the falling and vibrating pieces of bulk material [9,10].



Appropriate kinematic synchronization of unbalances allows for eliminating one of the components of oscillating motion, such as the vertical component [11], if this is required by the technology. Depending on the working conditions, controlling the movement and the initial phase of the auxiliary unbalance, it is possible to achieve both variable [12] and constant [13] values of the perturbation force in a certain range of speeds. The use of sprung unbalance in the design [14] will increase the effect of speed on the perturbation force due to the additional dynamic change of static inertial moment according to the frequency change. However, at a fixed speed, the force will be constant.



Drives with two vibrators, providing synchronous rotation of unbalances, have become the most widespread. In such systems, the change in the direction of rotation of the vibrators, their frequencies and phases [15] can control the basic parameters of the trajectory of the centre of mass (the angle of the ellipse main axis, the size of the ellipse axes). Recently, in practice, there are a larger number of independently installed vibrators used, the number of which can be three [16] or four with frequency control during their synchronization [17].



In addition, special attention is also paid to the number of harmonics of the main excitation frequency generated on the working body. Increasing the number of harmonics increases the efficiency of technological processes in conjunction with the reduction in energy consumption due to the realization of smaller oscillation amplitudes. Thus, two-frequency systems have reasonable prospects [18].



If only one electric motor is used in the vibrator’s drive, then an additional unbalance is kinematically synchronized with the help of a gear or belt drive to implement the biharmonic modes. In this case, the number of harmonics is determined by the number of additional unbalances. Therefore, it is possible to generate an additional (usually multiple) harmonics of higher or lower orders relative to the speed of the motor shaft by only one vibrator.



The effective operation of vibrating screens is determined by certain kinematic and dynamic characteristics, as well as the trajectory of the centre of mass of the working body. Taking into account all the necessary factors, deterministic and variable (random) parameters of the system can be considered at the stage of dynamic analysis [19,20,21].



In the most common instance, the operation of industrial vibrating machines is accompanied by changes in the load mass as well as physical and mechanical characteristics of the treated media. Unequivocally, this affects their efficiency. Given the dynamic features of inertial drives in the start-up transient modes [22], where the Sommerfeld phenomenon occurs, the calculation of all these technological and dynamic factors necessitates the use of vibrators with controlled parameters [23]. This allows us to ensure the safe transition through the resonant zone and limit the amplitudes of resonant oscillations [24] that occur at this time. In this case, it is necessary to take into account the possibility of a sudden stop of the vibrating conveyor or screen and its subsequent start under the load [25].



Industrial controlled inertial vibrators are mainly equipped with converters for changing the frequency of the motor power supply. However, the conditions for changing this frequency must be assigned in the control system in advance, taking into account the effect of mass and properties of bulk material on the efficiency of the technological process.



There are two-frequency (biharmonic) inertial vibrators designed in the form of passive balancers, which are usually considered more technological than the classic single-frequency units [26]. The presence of additional harmonics is determined by the restraining of the additional free unbalanced mass at the frequency of free oscillations of the vibrating system due to the occurrence of the Sommerfeld effect.



Contrary to existing solutions, the authors of this article have previously developed several advanced drives that can be used in various technological equipment, including vibrating screens and conveyors. The first type of such vibrators is of the eccentric type made in the form of a crank mechanism, which allows for changing the eccentricity of the drive, and, accordingly, the amplitude of forced oscillations [27]. Along with the change in eccentricity, the drive is equipped with a frequency control system. All these advantages allow for increasing operational efficiency due to the adaptation of work parameters according to technological requirements.



Another promising type of inertial vibration exciters is made in the form of a double unbalanced rotor [28]. This scheme is characterized by complex dynamic properties with gyroscopic effects [29]. It is successfully used in [30] to solve problems of vibration damping based on optimization models, and can also be implemented in vibrating technological machines, including screens, conveyors, ramming platforms, etc. The advantages of this drive are the creation of two nonstationary excitation forces and two fundamental harmonics in two mutually perpendicular planes. Depending on the directions and different ratios of rotational speeds of individual rotors, complex rotor orbits are observed [31]. Under appropriate conditions, such systems exhibit nonlinear properties, including the occurrence of multiple sub-resonances [32].



The ability to generate variable kinematic and power characteristics of the drive to increase the efficiency with unstable properties of media with complex physical and mechanical characteristics contributes to the robustness and intensification of materials processing while maintaining the energy performance of the drives. Thus, the choice of rational processing modes relies on the design, which can cover a larger amplitude–frequency range due to the new dynamic capabilities of the inertial drive. In general, the design of vibrators takes into account the compactness of the housing, the possibility and convenience of changing the masses of unbalances, as achieved in the corresponding patent [33].



Nevertheless, the creation of the wide frequency range of the working masses acceleration is the main criteria determining the efficiency of technological processes [34]. The implementation of multi-frequency modes is also possible in the case of pulsed perturbation, such as generated by electromagnetic actuators [35,36] having two multiple harmonics in the force spectrum. However, in this case, the elastic system of the vibrating screen will be subjected to an additional load of a constant component of the force [37], which reduces the fatigue strength of the springs.



Given the prospects of the proposed type of coaxial unbalanced vibrators, in this paper, the controllable two-motor design is proposed and the problem of parameters synthesis is considered with application to vibrating screen.




2. The Design of Vibrator


The design of the vibrator is based on the scheme of a double unbalanced rotor (see Figure 1), in which the unbalanced mass 1 (md1) and mass 2 (md2) rotate with different angular velocities ω1 and ω2 and are positioned with the initial angular phase shift φ. Unbalanced masses are installed in the common housing (3) in the bearing units (4). They are driven by separate electric motors (5 and 6) through toothed belts transmissions (7 and 8). Using elastic tooth belts allows for avoiding the undesired dynamical effects related to the angular clearances and out-of-phase torsional vibrations, which occur in the multi-motor drive systems with the usual spur gear couplings [38].



Following the proposed design with a common centre of rotation O of unbalanced masses 1 and 2 of the vibrator, the resulting vector of variable perturbation force R(t) rotates around the central axis of the vibrator with a variable angular velocity Ω(t). This effect can be interpreted as a slight beating of the vector R(t). With two motors (5 and 6), the vibrator is universal with a wider range of modes of operation, including single-frequency, when speeds are equal ω1 = ω2. To control the angular speeds and positions of unbalanced masses, two encoders (9) are used (see Figure 1).



For convenience, we used the notation of static moments of unbalances mε1 = md1 rd1 and mε2 = md2 rd2. Then, the dynamic inertial forces of two coaxially rotating unbalanced masses are as follows:    R 1  =  ω 1    2   m  ε 1    ,    R 2  =  ω 2    2   m  ε 2    .



The ratio of angular velocities of unbalances rotation is introduced as Kω = ω1/ω2 or ω1 = Kω ω2. The limit values of a resulting force vector R(t) are determined as difference Rmin = R1 – R2 in opposite positions and sum Rmax = R1 + R2 in similar angular positions of masses:


   R  min   =  ω 2    2   (   m  ε 2   −  m  ε 1    K ω    2   )  ,  



(1)






   R  max   =  ω 2    2   (   m  ε 2   +  m  ε 1    K ω    2   )  ,  



(2)







Those relations are valid for any values of vibrators parameters (m, r) and multiple angular velocities ratios. The closest to 1.0 multiple angular velocities ratios (Kω = 0.5, Kω = 2) are taken for further dynamical analysis. The other multiple values of angular velocities, e.g., Kω = 0.25 or Kω = 3, are also available, which require further research.



The multiply values are needed to provide stable regimes of vibration machines. The very different values (below 0.25 or above 4) are not advisable from the viewpoint of motors control and synchronization. In addition, the operation with smaller oscillation frequencies and amplitudes is more attractive in terms of the fatigue strength of critical elements, in particular supporting bearings. The choice of other multiply values depends on the application or material properties in the sieving screen. The given values are exemplary to show the advantages of the new design of the vibrator.



It is seen that the pulsation frequency of the vector R(t) = Rmin − Rmax will be ω2/2π. Based on the first formula, we obtain the condition for the existence of a two-frequency vibrator, which guarantees the existence of a non-zero value of the perturbation force. The condition adjusts the ratio between the static moments of unbalance concerning the angular velocities:


     m  ε 2      m  ε 1     >  K ω    2  ,  



(3)







Under the condition of equality of angular velocities ω1 = ω2 (Kω = 1) the vibrator is converted into a single frequency with a constant value of the perturbation force, which will depend on the initial angle  φ :


  R = c o n s t =  ω 2    2     m  ε 1     2  + 2 cos  ( φ )   m  ε 1    m  ε 2   +  m  ε 2     2    ,  



(4)







Unlike single-frequency vibrators, the new design allows us to obtain, in the projections on the coordinate axes, different periodic laws of the perturbation force:


   R x   ( t )  =  m  ε 1    ω 1    2  cos  (   ω 1  t  )  +  m  ε 2    ω 2    2  cos  (   ω 2  t + φ  )  ,  



(5)






   R y   ( t )  =  m  ε 1    ω 1    2  sin  (   ω 1  t  )  +  m  ε 2    ω 2    2  sin  (   ω 2  t + φ  )  ,  



(6)







The instantaneous angle of rotation of the resulting vector relative to the central axis of the vibrator can vary from 0 to 2π according to the function:


  ϕ  ( t )  = angle  (   R x   ( t )  ,  R y   ( t )   )  ,  



(7)







Based on these constitutive relations, the synthesis of the vibrator’s parameters and analysis of its dynamical properties is conducted further.




3. Results of Dynamic Analysis


3.1. Synthesis of Vibrators Parameters


The technical problem considered in design is to determine the static moments of unbalanced masses mε1 and mε2, providing variable periodic perturbation forces in the range R(t) = Rmin − Rmax. Based on the proposed Formulas (1) and (2), we formulate the problem of vibrator parameters synthesis for its implementation with variable perturbation force for two cases of speeds:


     find        m  ε 1   ,  m  ε 2                 initial conditions           ω 1  <  ω 2      ω 1  = 157    rad  / s     ω 2  = 314    rad  / s     K ω  = 0.5    φ = 0          or           ω 1  >  ω 2      ω 1  = 314    rad  / s     ω 2  = 157    rad  / s     K ω  = 2    φ = 0      subject to         R  min   = 3    KN   ,   R  max   = 6    KN              result        m  ε 1   = 0.061    kg  · m     m  ε 2   = 0.046    kg  · m     m  ε 1   +  m  ε 2   = 0.106    kg  · m       and        m  ε 1   = 0.015    kg  · m     m  ε 2   = 0.183    kg  · m     m  ε 1   +  m  ε 2   = 0.198    kg  · m      



(8)







The solution of the problem shows two possible cases of vibrator implementation with multiple speeds and variable perturbation forces in the range R(t) = 3–6 KN. Figure 2 shows the dependences of the amplitude value of the resulting vector during its rotation relative to the central axis of the vibrator.



The difference between the solutions is shown by the angular velocity of rotation of the resulting vector   Ω  ( t )  =  ϕ ˙   ( t )   , which is also a variable (see Figure 3). For the first case, the limits of the angular velocity Ω(t) change are 274.8–392.5 rad/s, for the second case—78.5–196.3 rad/s. In relative comparison, these values differ by 3.5–2.0 times over the period of fluctuations, while the range of this change ∆Ω = 117.8 rad/s is the same for both options of rotation speed ratio.



The frequencies of the perturbation force amplitude change and the angular velocity of its rotation are equal and determined by the smaller value of the set speeds of individual unbalances, i.e., 157 rad/s. For the variant of the vibrator with the ratio of frequencies Kω = 0.5 for one period of oscillations (0.04 s), the vector of perturbation force performs two full revolutions; for the variant Kω = 2, one revolution (Figure 4).



In general, the difference of the resulting vector rotation will make it possible to change the projections of the resulting vector on the coordinate axes (Figure 4), i.e., the values of Rx(t) and Ry(t) (Figure 5), which will directly determine the motion of the vibration system. In the presented variants of the vibrator design, the initial phase shift has a decisive influence on the projection of the perturbation force.




3.2. Dynamic Analysis of Vibrating Screen with Exciter of Enhanced Design


To assess the dynamic capabilities of the vibrator at the design stage, it is advisable to use a model that takes into account the defining characteristics of the system where this vibrator will be used. Assuming that the centre of mass of the vibrator and the working process mass are common, the dynamic scheme can be simplified to identify the influence of the resulting force parameters of the vibrator on the behaviour of the system with 2-DOF (Figure 6). The vertical and horizontal vibrations occur independently; hence, they are described by the corresponding axial stiffness parameters kx, ky and there is no modes coupling between x(t) and y(t). The rotating unbalances do not constitute the additional DOF but produce external excitation to the total mass of the vibrating screen.



The displacement of the centre of mass of a linear system with complex perturbation can be described by Duhamel’s equations, which have the following form [39]:


  x  ( t )  =  1  m a s s ·  ω  d x       ∫  0 t   R x   ( τ )   e  − ξ    ω  0 x    (  t − τ  )    sin  (   ω  d x    (  t − τ  )   )  d τ  



(9)






   y  ( t )  =  1  m a s s ·  ω  d y       ∫  0 t   R y   ( τ )   e  − ξ    ω  0 y    (  t − τ  )    sin  (   ω  d y    (  t − τ  )   )  d τ    



(10)




where mass—is the total value for the screen, vibrator parts and processed material;    ω  0 x   =    k x  / m a s s    ,    ω  0 y   =    k y  / m a s s     are the frequencies of free (undamped) vibrations of the vibration system;    ω  d x   =  ω  0 x     1 −  ξ 2     ,    ω  d y   =  ω  0 y     1 −  ξ 2      are the frequencies of damped vibrations; ξ is the attenuation coefficient;    k x   ,    k y    are the stiffness coefficients of support springs in horizontal and vertical directions.



The following values of parameters were taken for modeling: mass = 100 kg, ω0x = ω0y = 62.8 rad/s, ξ = 0.2. The obtained characteristics of the vibration system are shown in Figure 7, Figure 8 and Figure 9.



It is obvious from Figure 7 that for the variant of angular velocities ratio Kω = 0.5, the vibration system works at smaller amplitudes of oscillations. Nevertheless, according to Figure 8, the amplitude value of acceleration is almost the same in the range of 64–68 m/s2.



The operation with smaller oscillation amplitudes is more attractive in terms of the strength of critical elements, in particular support springs. The time-varying excitation represented by temporal characteristics in Figure 9 resulted in a wider spectral range in Figure 10 and Figure 11 that are the basic features of the new vibrator implementation in the vibrating screen in Figure 6.



In general, the setting of initial phase shift angle ϕ between the individual unbalances ensures the trajectories of motion and simultaneously affects the phase shift between the spectrum harmonics. The amplitude values of the harmonics do not change due to the change of the initial angle ϕ of individual unbalances installation. The ratios between the first and second harmonics differ for possible variants of the unbalances rotation velocities ratio (Figure 10 and Figure 11). In the first embodiment, a more amplitude value of the second 50 Hz harmonic is provided, while in the second variant, the first 25 Hz harmonic has greater amplitude.



Depending on the specific technological requirements, one of two possible options can be used, which will ensure the implementation of a time-varying periodic perturbation force. The mode of operation is determined by the implementation of close to elliptical trajectories, with two harmonics. Thus, it is advisable to change the phase shift angle in the design of the vibrator in the form of a tracking control system for the angles of individual motors rotation and to intervene in the operation of the vibrating machine without having to readjust the vibrator parameters.




3.3. Power of the Designed Exciter


According to the considered model, it is expedient to estimate the efficiency of realization of the corresponding design of the vibrator. The instantaneous power consumed on the motion of the vibration system is determined as follows:


   p  v i b    ( t )  =  R x   ( t )  ·  d  d t   x  ( t )  +  R y   ( t )  ·  d  d t   y  ( t )  .   



(11)







The influence of the initial phase shift angle between individual unbalances on power consumption is shown in Figure 12. The first option is determined by a constant value of power consumption pvib = 229 W—const regardless of the initial phase shift. In the second case, the power varies within the range pvib = 142–494 W—var.



Thus, these features indicate a high dynamic and kinematic flexibility of both versions of the vibrator. The presented vibrator can have wider possibilities considering the conditions of counter and synchronous rotation of separate unbalances. Some comparative characteristics of dual-frequency and single-frequency vibrators under the considered conditions are represented in Table 1.





4. Simulation of the 3D Model


To verify the results of the analytical study, a 3D model of the vibrator is developed, which is shown in Figure 13 where design parameters correspond to the value Kω = 2.



The simplified 3D dynamic model of the vibrator is represented in Figure 14a, which corresponds to its placement in the centre of mass on a vibrating screen. The model is implemented with the parameters used during the numerical calculation by Equations (9) and (10). The values of the springs stiffness kx = ky = 394.8 N/mm are determined to ensure the frequencies of free oscillations ω0x = ω0y = 62.8 rad/s. In practice, values of frequencies of free oscillations can be determined for specific design conditions, taking into account the type of springs, their number and location. In our case, these values are assumed to be equal for the vertical and horizontal directions. This allows assessing the capabilities of the vibrator without taking into account the asymmetry of design factors. In addition, the developed physical model takes into account the inclination of the springs that affects their axial stiffness. This is shown in Figure 14b for the intermediate positions of unbalances during the simulation.



As a result of the simulation, the kinematic characteristics were obtained, which correspond to previously analytically considered functions in the time domain. The trajectories of the displacement and acceleration of the centre of mass are presented in Figure 15 and Figure 16, which correspond to analytical curves in Figure 7b and Figure 8b, respectively.



The time variable R(t) = 2.9–5.7 KN of the resulting force of the vibrator is given in Figure 17a, which almost corresponds to its reference characteristic R(t) = 3–6 KN. The effective value of the time dependence of the dynamic power in Figure 17b is 190 W.



The principal double-frequency mode is realized by the multiple harmonics of the centre of mass acceleration in Figure 18. Their amplitude values of 49.1 m/s2 13 m/s2 at frequencies of 25 Hz and 50 Hz, respectively. This is due to the presence of multiple harmonics of the resulting force shown in Figure 18b.



Comparisons of the main kinematic and force characteristics obtained based on analytical calculations and 3D modeling are given in Table 2. The given results have a good agreement (about 10% on average) and confirm the possibility of realising the vibrator with the optimised kinematic and power parameters for the required loading capacity of a vibrating screen. Certain deviations of dynamical parameters are caused by the non-linear features of supporting springs in the 3D model, which is not accounted for in the analytical calculations.




5. Discussion


The problem of parameters synthesis of static moments of two unbalances under the condition of providing variable periodic force in the range R(t) = 3–6 KN at angular velocities of their rotation ω1 = 157 (314) rad/s and ω2 = 314 (157) rad/s is realized. The existing two combinations of parameter solutions at the angular velocities ratios Kω = 0.5 and Kω = 2 are distinguished by the kinematics of the inertial drive. It is established that the resulting vector of periodic force R(t) rotates around the axis of the vibrator with a variable angular velocity Ω(t), which in the first case varies as 274.8–392.5 rad/s, and in the second case 78.5–196.3 rad/s.



The frequencies of the resulting force R(t) pulsation and its angular velocity Ω(t) are 157 rad/s. The projections of the resulting vector on the coordinate axes allow obtaining different by amplitude and phase periodic horizontal and vertical components. At the stage of dynamic analysis, the numerical calculation of the Duhamel integral was performed to construct the time dependences of displacement and acceleration.



It is established that there are horizontal and vertical displacements in the system, and accelerations in the respective directions have different natures of change with the corresponding sets of multiple harmonics, 25 Hz and 50 Hz. For the case of the angular velocities ratio Kω = 0.5, distorted elliptical trajectories of the centre of mass with a larger amplitude value of the second 50 Hz acceleration harmonic are provided. If the ratio of angular velocities is Kω = 2, elliptical trajectories are smooth with a larger amplitude value of the first 25 Hz acceleration harmonics. In general, the first case is characterized by motion with smaller oscillation amplitudes, with the maximum value of acceleration being the same for both variants in the range of 64–68 m/s2. From this point of view, the first option is more rational.



On the part of the power consumed by the oscillating motion, the answer is ambiguous. The variant with the ratio of the speed Kω = 0.5 is characterized by a constant value of 229 W, which does not depend on the relative phase of the unbalances. In the second case, changing the angle within 0–360° gives a power value of 142–494 W. Changing the initial relative angle between unbalances affects the phases between the acceleration harmonics and does not affect their amplitude values.



The choice of a specific drive option is based on the technological purpose of a particular vibrating machine.



The efficiency of the vibrator is confirmed by the developed physical 3D model of the vibrator for the case Kω = 2. The results of the research showed that at the design stage it is enough to use a linear model, which is convenient and efficient to quickly obtain the result with an error of up to 10% on average for different dynamical parameters. More precise information about the operation of the vibration system can be obtained based on 3D models having physical properties of the bulk material and non-linear stiffness of springs.




6. Conclusions


The conducted research showed the wide scope of positive features inherited by the enhanced design of the dual-motor inertial vibrator. The main advantage is the possibility of tuning the limited number of system parameters to achieve the required vibration characteristics. This is especially useful in the case when the current properties of processed materials are changing significantly.



In distinction to the design previously proposed by the authors and examined in [25], of an inertial vibrator with one electrical motor driving both coaxial rotors simultaneously via the permanent kinematic couplings, the enhanced type of vibrator with separated electrical motors and similar coaxial position of rotating shafts allows for the implementation of online control of vibration parameters by changing the angular speed ratio using the relations derived in this paper.



The wide range of parameters tuning requires only simple control of electrical motors angular rotation speed ratio that allows for more convenient integration of the other types of sensors, which are intended for the measurement of processed material properties (humidity, density, particles fractions and adhesion). In addition, the coaxial placement of two unbalanced rotors allows for matching the excitation force exactly with the centre of mass of the vibrating machine to achieve the required trajectory of motion.



Among the directions of future research is the development of a control function for the vibrators installed on the sieving screens to prevent the large amplitudes of transient vibrations under startup and slow-down conditions while passing the resonance regions. In this way, the Sommerfeld effect can be reduced, especially in vibrating screens and conveyors of large size. Consequently, electrical motors of less power can be installed to reduce the overall power consumption of industrial machines operated far beyond the resonance.
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Figure 1. Kinematic scheme of dual-frequency inertial vibration exciter: 1, 2—unbalanced masses; 3—housing; 4—bearing units; 5, 6—electric motors; 7, 8—tooth belts transmission; 9—encoders. 
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Figure 2. Hodograph of the vector of the resulting excitation force R(t), (KN) of the inertial vibrator for the initial phase shift angle ϕ = 0: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 3. Time dependences of the angular velocity Ω(t) of the resulting perturbation force vector R(t) of the inertial vibrator: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 4. Time dependences of the resulting perturbation force R(t) and its angle ϕ(t) of the inertial vibrator: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 5. Time dependences of the projections Rx(t) and Ry(t) of the resulting force vector on the coordinate axes: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 6. Calculation scheme of the vibrating screen. 
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Figure 7. The trajectories of the centre of mass: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 8. Acceleration of the centre of mass: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 9. Time dependences of acceleration of the centre of mass: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 10. Amplitude (a) and phase (b) frequency domain characteristics of the acceleration of the centre of mass for Kω = 0.5. 
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Figure 11. Amplitude (a) and phase (b) frequency domain characteristics of the acceleration of the centre of mass for Kω = 2. 
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Figure 12. Power of the inertial vibrator pvib, (W) depending on the angle of the initial phase shift between the individual unbalances: (a) Kω = 0.5; (b) Kω = 2. 
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Figure 13. 3D model of vibrator: (a) general view; (b) design dimensions. 
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Figure 14. Dynamic model of vibrator: (a) initial position; (b) one of the intermediate positions of unbalances. 
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Figure 15. The displacement trajectory of the centre of mass on the 3D model. 
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Figure 16. The acceleration trajectory of the centre of mass on the 3D model. 
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Figure 17. Time dependence: (a) resulting force R(t), [KN]; (b) dynamic power pvib, (W). 
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Figure 18. Amplitude frequency domain characteristics: (a) acceleration of the centre of mass; (b) resulting force. 
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Table 1. Comparative characteristics of vibrators.
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	Parameters
	Kω = 0.5
	Kω = 2
	Kω = 1
	Kω = 1





	Static moment of unbalances 1/2, kg · m
	0.061/0.046
	0.015/0.183
	0.061/0
	0.243/0



	Angular velocity 1/2, rad/s
	157/314
	314/157
	314/0
	157/0



	Perturbation force, KN
	3–6
	3–6
	6
	6



	Total oscillating mass, kg
	100
	100
	100
	100



	Maximum amplitude, mm
	1.2
	2.3
	0.65
	2.9



	Harmonics amplitude 25/50 Hz, m/s2
	17.6/46.3
	52.7/15.3
	0/61.8
	70.3/0



	Dynamic power of the vibrator, W
	229
	142–494
	120
	276
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Table 2. Comparative of vibrator characteristics by the analytical functions and 3D model.
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Parameters

	
Modeling

	
Error,

%




	
Analytical

	
3D Model






	
Perturbation force, KN

	
3–6

	
2.9–5.7

	
3-5




	
Maximum amplitude, mm

	
2.3

	
2.1

	
10




	
Harmonics amplitude 25/50 Hz, m/s2

	
52.7/15.3

	
49.1/13

	
7–15




	
Dynamic power of the vibrator, W

	
172.7

	
190

	
10
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