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Abstract: This study focuses on thick top foil bearings (TTFBs), which can prevent top foil from
sagging and significantly reduce the load capacity of gas foil bearings (GFBs). However, the limited
research on the dynamic responses of TTFB-rotor systems has hindered their wide application of
TTFBs with high load capacity. To address this, an integrated nonlinear dynamic model is developed
to analyze the linear dynamic responses of a rigid rotor supported on TTFBs. The model incorporates
time domain orbit simulation, considering unsteady Reynolds equations, foil deformation equations,
thick top foil motion equations, and rotor motion equations. A symmetrical test rig is used to validate
the model, and three types of TTFBs with different bump foil stiffness are tested, with experimental
results aligning with the model predictions. This study also investigates the effects of nominal
clearance, static load, and unbalance on TTFB-rotor systems. The results indicate that unbalance
has minimal impact on subsynchronous vibrations. However, larger bump foil stiffness, increased
normal clearance, and higher static load contribute to improved stability and higher maximum stable
speed of the TTFB-rotor system. Moreover, other relevant parameters reducing the bearing attitude
angle can further enhance the system’s stability.

Keywords: nonlinear numerical prediction; thick top foil; subsynchronous vibrations; experimental
investigation

1. Introduction

Increasing the rotational speed of rotating machinery can significantly improve energy
density and efficiency. Gas foil bearings (GFBs) are oil-free bearings that meet the high-
speed requirement due to their low friction and high DN (shaft diameter in millimeters
multiplied by shaft rotational speed in rev/min) limit [1–3]. In contrast with traditional
oil-lubricated bearings, GFBs eliminate the need for an oil-lubrication system, resulting
in a compact structure and reduced energy loss [4,5]. These advantageous characteristics
have greatly facilitated the successful application of GFBs in high-speed turbomachinery
systems, including cryogenic turboexpanders, Brayton air refrigerator systems, high-speed
machining centers, and micro-power generator systems [6–9].

However, GFB-rotor systems often experience severe subsynchronous vibrations at
high rotating speeds, limiting the range of their applications [10]. As a result, numerous
studies have focused on investigating the dynamic responses of GFB-rotor systems. Several
researchers have used a perturbation method to calculate the dynamic stiffness and damp-
ing coefficients for analyzing the dynamic responses of GFB-rotor systems. Ku et al. [11]
introduced this method to predict the structural stiffness and damping of foil when a rotor
is in its static equilibrium position. Lee et al. [12] compared the dynamic responses of a
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super-critical rotor supported by conventional bump foil bearings and viscoelastic bearings
using experimental and theoretical results. The theoretical orbit calculations, based on dy-
namic stiffness and damping coefficients, showed a good agreement with the experimental
results when the vibration amplitude of the rotating speed remained below the bending
critical speed. The theoretical findings indicated that enhancing the structural damping of
the foil structure reduced vibration. Vleugels et al. [13] conducted a stability analysis of the
GFB-rotor system using dynamic stiffness and damping coefficients. They assumed the
foil structure acted as a uniform elastic foundation to calculate the dynamic stiffness and
damping properties. Numerical results indicated that bearing compliance significantly in-
fluenced the dynamic stiffness, and increasing the bearing load and reducing the ratio of the
nominal bearing clearance to the rotor radius enhanced stability. Kim et al. [14] performed
theoretical and experimental research on the effects of mechanical preload. Metal shims
were inserted beneath the bump-strip layers of shimmed GFBs to introduce mechanical
preload. Compared with the original GFBs, the shimmed GFBs exhibited a noticeable
increase in dynamic direct stiffness and direct damping. The multiple lobe film clearance
profile created by the metal shims reduced the amplitude of subsynchronous whirl motions
and increased the natural frequency of the GFB-rotor system, as confirmed by experimental
results. Theoretical and experimental results also indicated that rotor unbalance and the
gas film had a significant influence on nonlinear dynamic responses, although the foil
structure was simplified as a uniform elastic foundation with a given value. Xu et al. [15]
developed a more comprehensive GFB model that considered nonlinearity in the foil
structure to predict dynamic responses in GFB-rotor systems. They calculated dynamic
stiffness and damping coefficients based on a quadratic bump stiffness model derived from
experimental bearing stiffness data. The simulation results of the quadratic bump stiffness
model differed significantly from those of the linear bump stiffness model, indicating the
significant impact of foil structure nonlinearity on the dynamic responses of GFB-rotor
systems. Hoffmann et al. [16] used a link-spring model incorporating frictional contacts
and bump interactions to investigate the nonlinear vibrations of GFB-rotor systems. Using
experimental and numerical testing of two contrasting cases with different balanced rotors,
they identified the source of subsynchronous vibrations. The simulation results showed
good agreement with the measurements, indicating that interaction between the gas film
and the rotor caused subsynchronous vibrations when unbalance was significant. When
unbalance was minor, the subsynchronous vibrations originated from the self-excitation of
the gas film.

However, the dynamic stiffness and damping coefficients were perturbation results
calculated using linearized Reynolds equations when the rotor displacements were small
relative to its static equilibrium position. Subsynchronous vibrations with large ampli-
tudes were common in many tests, highlighting the limitations of the linear perturbation
approach. Kim [17] investigated the dynamic responses of GFB-rotor systems using both
linear and nonlinear approaches. It was found that the rotor–bearing natural frequencies
predicted using the two approaches were similar. However, the onset speeds of insta-
bility differed significantly between the time domain nonlinear orbit simulations and
the linear stability simulations based on the dynamic stiffness and damping coefficients.
Bou et al. [18] conducted a comparison between a nonlinear time-dependent approach and
the classical linear approach using dynamic stiffness and damping coefficients. The classical
linear approach was found to have a valid range of relative eccentricity lower than 0.65.
For high values of eccentricity, the accuracy of the results required the use of the nonlinear
approach. Larsen et al. [19] also compared the two approaches for predicting the onset
speed of instability. It was observed that the classical linear approach was only suitable
when the uniform foil stiffness was high and the load was small. When the uniform foil
stiffness was reduced or the load level was increased, there were significant discrepancies
in the prediction of the onset speed of instability. The nonlinear time domain approach,
however, could accurately predict the actual rotor response, which the classical linear
approach was unable to achieve. Consequently, many researchers have adopted nonlinear
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analysis approaches. Bhore et al. [20] proposed a nonlinear time domain orbit simulation
that coupled the equations of the unsteady Reynolds equation, foil deformation, and rotor
motion. They conducted parametric studies on rotating speed, unbalance eccentricity,
compliance, and the loss factor, revealing highly nonlinear behaviors of the disc and journal
center motion. However, the foil structure was simplified as a uniform elastic foundation.
Larsen et al. [21] studied the effect of unbalance and rotational speed using theoretical
modeling and experimental testing. The theoretical results, solved with a mathematical
approach in the time domain, showed good agreement with the experimental results.
Both the theoretical and experimental results indicated that subsynchronous vibrations
were primarily influenced by unbalance and rotational speed. Additionally, the correct
estimation of the foil stiffness and loss factor significantly affected the accuracy of the
predictions. Osmanski et al. [22] proposed a new foil model based on truss representation,
considering foil mass and frictional energy dissipation at foil interfaces. They presented
a nonlinear time domain model to calculate the dynamic responses of GFB-rotor systems
using this foil model. The simulation results showed good agreement with the experimental
results, suggesting that the natural frequencies and mode shapes were accurately captured.
Bonello et al. [23] introduced a modal-based bump foil model that considered the dynamic
interaction between bumps and their inertia. They used a simultaneous solution technique
to integrate the rotor, gas film, and foil domains into a coupled dynamical system model.
This approach accurately predicted the nonlinear behaviors of GFB-rotor systems. The
imposition of pressure constraints on the gas film delayed the onset speed of instability,
aligning well with experimental results. Moreover, the significant influence of gas film non-
linearity on the non-linear behaviors of GFB-rotor systems was verified with measured and
predicted nonlinear phenomena. The aforementioned studies demonstrate that nonlinear
analysis approaches yield more accurate dynamic responses of GFB-rotor systems.

Most recently, a type of bump-type foil bearing with a thick top foil was introduced
to handle heavy load conditions [24,25]. In comparison with traditional gas foil bearings
(GFBs) with thin top foils, TTFBs showed significant improvements in load capacity by
reducing the sagging of the top foil, as depicted in Figure 1. Wang et al. [24] developed a
theoretical model for a TTFB and predicted its load capacity and dynamic force coefficients.
The numerical results indicated a 23% increase in load capacity compared with a GFB,
along with different dynamic force coefficients. However, the numerical results were not
experimentally validated. Li et al. [25] developed a three-dimensional finite element model
based on contact mechanics to investigate the load capacity of TTFBs. The numerical
results, which agreed well with experimental findings, demonstrated a 100% improvement
in load capacity compared with GFBs with thin top foils. The thickness of the top foil was
found to have a significant impact on the degree of sagging and bearing stiffness. However,
the study primarily focused on load capacity, and there is currently a lack of research on
the dynamic responses of TTFB-rotor systems. This knowledge gap severely hinders the
application and wider adoption of TTFBs, despite their high load capacity.

Lubricants 2023, 11, x FOR PEER REVIEW  4 of 23 
 

 

these parameters, a deeper understanding of the TTFB-rotor system is obtained. Further-

more, the obtained results and discussions are of importance to promote the application 

of TTFBs in high-speed and high-performance rotating machinery systems. 

 

Figure 1. Schematic view of (a) a GFB with thin top foil and (b) a TTFB [25]. 

2. Nonlinear Numerical Prediction Method 

The nonlinear model of the GFB-rotor system is typically divided into three compo-

nents: the shaft part, which is based on rotor motion equations; the gas film part, which is 

based on unsteady Reynolds equations; and the bump structure part, which is based on 

foil deformation equations, as depicted in Figure 2a [26]. However, in the case of the TTFB-

rotor system, the weight of the thick top foil needs to be considered. The thick top foil has 

a thickness of 1.5~2.0 mm, which is significantly thicker than the thin top foil’s 0.1~0.2 mm. 

As a result, the thick top foil part should be added as the fourth component to the TTFB-

rotor system, as shown in Figure 2b. A time-domain orbit simulation is conducted, inte-

grating these four components, to accurately simulate the performance of the TTFB-rotor 

system. 

 

Figure 2. Schematic view of (a) GFB-rotor [26] and (b) TTFB-rotor system models. 

2.1. Theoretical Model for TTFB 

As shown in Figure 3, the theoretical model of a TTFB is composed of a gas film part 

based on unsteady Reynolds equations, a bump structure part based on foil deformation 

equations, and a thick top foil part based on motion equations of the thick top foil. The 

dimensionless transient compressible Reynolds equation that calculates the dynamic pres-

sure and film thickness distribution of a TTFB is written as  

Figure 1. Schematic view of (a) a GFB with thin top foil and (b) a TTFB [25].



Lubricants 2023, 11, 453 4 of 21

This paper presents an integrated nonlinear dynamic model for investigating the
dynamic responses of TTFB-rotor systems, where a rigid rotor is supported by TTFBs.
The model consists of a time-domain orbit simulation that couples unsteady Reynolds
equations, foil deformation equations, thick top foil motion equations, and rotor motion
equations. To validate the simulation results, various bump foil stiffness scenarios are tested
against data obtained from a symmetrical test rig. The analysis of dynamic responses uses
fast Fourier transform (FFT), waterfall plots, orbit simulations, and Poincaré maps. The
simulation considers the impact of parameters such as nominal clearance, static load, and
unbalance on the nonlinear responses of the TTFB-rotor system. By carefully selecting these
parameters, a deeper understanding of the TTFB-rotor system is obtained. Furthermore,
the obtained results and discussions are of importance to promote the application of TTFBs
in high-speed and high-performance rotating machinery systems.

2. Nonlinear Numerical Prediction Method

The nonlinear model of the GFB-rotor system is typically divided into three compo-
nents: the shaft part, which is based on rotor motion equations; the gas film part, which
is based on unsteady Reynolds equations; and the bump structure part, which is based
on foil deformation equations, as depicted in Figure 2a [26]. However, in the case of the
TTFB-rotor system, the weight of the thick top foil needs to be considered. The thick top
foil has a thickness of 1.5~2.0 mm, which is significantly thicker than the thin top foil’s
0.1~0.2 mm. As a result, the thick top foil part should be added as the fourth component
to the TTFB-rotor system, as shown in Figure 2b. A time-domain orbit simulation is con-
ducted, integrating these four components, to accurately simulate the performance of the
TTFB-rotor system.
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2.1. Theoretical Model for TTFB

As shown in Figure 3, the theoretical model of a TTFB is composed of a gas film part
based on unsteady Reynolds equations, a bump structure part based on foil deformation
equations, and a thick top foil part based on motion equations of the thick top foil. The di-
mensionless transient compressible Reynolds equation that calculates the dynamic pressure
and film thickness distribution of a TTFB is written as

∂

∂θ

(
PdH3 ∂Pd

∂θ

)
+

∂

∂Z

(
PdH3 ∂Pd

∂Z

)
= Λ

∂

∂θ
(Pd H) + 2Λγ

∂

∂T
(Pd H) (1)
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The dimensionless bearing axial width Z, pressure Pd, gas film thickness H, bear-
ing number Λ, excitation frequency ratio γ, and time T in Equation (1) are written in
Equation (2) as

Z =
z
R

, Pd =
p
pa

, H =
h

C0
, Λ =

6µω

pa
·
(

R
C0

)2
, γ =

ωe

ω
, T = ωet (2)

where the bearing radius R ambient pressure pa, nominal clearance C0, viscosity of gas µ,
rotational frequency ω, excitation frequency ωe, and time t are used in the dimensionless
representation of the above-mentioned parameters.

Based on the structural characteristics of TTFBs, both the displacement of the rotor
and the movement of the thick top foil dominate the eccentricity of a TTFB. Therefore, the
eccentricity vector of a TTFB is the relative eccentricity vector ε obtained by subtracting the
eccentricity vector of the rotor and the eccentricity vector of the thick top foil. The unsteady
gas film thickness is written as

H =
h

C0
= 1 + |→ε | cos(θ −Ψ) (3)

where |→ε | and Ψ are the modulus and angle of the relative eccentricity vector ε, respectively.
In Equation (3), the term of the bump deflection is not included for the thick top foil is
assumed as the rigid body [24].

The dimensionless transient compressible Reynolds equation is solved using the
alternating-direction implicit method. When the transient gas film pressure field meets the
condition of convergence, the pressure field is integrated using Simpson’s one-third rule to
calculate transient TTFB hydrodynamic film force in the x- and y-directions. The force is
written as

FTTFB,x = −
∫ L

2R

− L
2R

∫ 2π

0
(Pd(θ, Z)− 1) sin θdθdZ (4)

FTTFB,y = −
∫ L

2R

− L
2R

∫ 2π

0
(Pd(θ, Z)− 1) cos θdθdZ (5)

The weight of the thick top foil is no longer small compared with that of the rotor;
thus, it should be taken into account. The motion equation of the thick top foil is written as

mTF
..
eTF,x + cx

.
eTF,x + kxeTF,x + FTTFB,x = 0 (6)
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mTF
..
eTF,y + cy

.
eTF,y + kyeTF,y + FTTFB,y = 0 (7)

where eTF,x and eTF,y, kx and ky , and cx and cy are the displacement, stiffness, damping
of the thick top foil in the x- and y-directions, respectively.

kx and ky are the combined stiffness of the deformed bumps in the x- and y-directions,
they can be written as 

kx =
n
∑

j=1
k j sin2(φj − θp

)
ky =

n
∑

j=1
k j cos2(φj − θp

) (8)

where k j is the stiffness of the JTH deformed bump and φj is the angle of the JTH de-
formed bump. In this paper, k j is derived on the basis of the model with linear stiffness
distribution [27].

cx and cy are the combined damping of the deformed bumps in the x- and y-directions,
they can be written as {

cx = ηkx/ω
cy = ηky/ω

(9)

where η is foil structural loss factor [20].

2.2. Theoretical Model for the Rigid Rotor

The structure of the TTFB-rotor system, as depicted in Figure 4, was investigated
in this study. Unbalance was added symmetrically to the shaft, and the eddy current
probe was positioned symmetrically for measurement. The shaft was divided into 20 beam
elements with 80 degrees of freedom, utilizing a beam model based on the finite element
method (FEM). The thrust disks and turbines mounted on the shaft were treated as beam
elements and the Timoshenko beam theory was used to account for the shear effect. The
nonlinear bearing forces were represented as concentrated forces at the centers of each
thick top foil.
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When adopting the assumptions described above, the motion equation of the shaft is
written as

MJ
..
eJ +

[
CJ + ωG

] .
eJ + KJeJ = FTTFB + Fg + Fu (10)

where
(
eJ
)

i =
[
xi yj θxi θyi

]T is the displacement of each node at the shaft, xi, yi and
θxi, θyi are the lateral and rotational displacements, respectively. MJ , CJ , G, and MJ are the
mass, damping, gyroscopic, and stiffness matrixes. The damping effect of the system is
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considered to be related only to the nonlinear bearing force; therefore, the damping matrix
CJ is set to zero [26]. FTTFB is the nonlinear TTFB force vector, and Fg is the gravity force
vector. Fu is the force vector induced by the unbalance, and Fu of each node at the shaft is
written as

Fu(t) =


Fux(t)
Fuy(t)
Mux(t)
Muy(t)

 = ω2


muru cos(ωt)
muru sin(ωt)

0
0

 (11)

where Fux and Fuy are the unbalance force in the horizontal and vertical directions, whereas
the unbalance moments Mux and Muy are set to zero [26]. mu is the unbalance mass of the
shaft, and ru is the radius of the unbalance mass.

2.3. Orbit Simulation

A time-domain orbit simulation coupling unsteady Reynolds equations, foil deforma-
tion equations, thick top foil motion equations, and rotor motion equations is conducted to
analyze the nonlinear dynamic responses.

Equations (6), (7) and (10) are nonlinear equations. Two kinds of numerical calculation
methods, one being the explicit time history method and the other being the implicit time
history method, can be adopted to solve them [28]. The Newmark method selected in
this paper is an implicit time history method. The Newmark method is a method for
modifying linear acceleration. By introducing two parameters α and β into the velocity and
displacement expressions at time t + ∆t, two basic equations of the Newmark method can
be written as { .

u(t + ∆t)
}
=
{ .

u(t)
}
+
[
(1− α)

{ ..
u(t)

}
+ α
{ ..

u(t + ∆t)
}]
× ∆t (12)

{u(t + ∆t)} = {u(t)}+
{ .

u(t)
}
× ∆t +

[(
1
2
− β

){ ..
u(t)

}
+ β

{ ..
u(t + ∆t)

}]
× ∆t2 (13)

In the Newmark method, the control parameters α and β affect the accuracy and sta-
bility of the whole algorithm. Only when α = 0.5 and β = 0.25, the Newmark method has
second-order accuracy and unconditional stability. Therefore, the control parameters α and
β are assigned as 0.5 and 0.25, respectively, in research and engineering applications. The
Newmark method is called the constant mean acceleration method. Equations (12) and (13)
are transformed into{ .

u(t + ∆t)
}
=
{ .

u(t)
}
+

1
2
({ ..

u(t)
}
+
{ ..

u(t + ∆t)
})
× ∆t (14)

{u(t + ∆t)} = {u(t)}+
{ .

u(t)
}
× ∆t +

[
1
4
({ ..

u(t)
}
+
{ ..

u(t + ∆t)
})]
× ∆t2 (15)

Accordingly, the constant average acceleration method is used in this paper to calculate
the trajectory of the rigid rotor and the thick top foil.

For the shaft, the dynamic response at time n + 1 is calculated using

.
en+1

J =
.
en

J +
1
2

(..
en

J +
..
en

J

)
(16)

en+1
J = en

J +
.
en

J × ∆t +
1
4

(..
en

J +
..
en

J

)
× (∆t)2 (17)

For the thick top foil, the dynamic response at time n + 1 is calculated using

k̂ = kn + 4
mTF

(∆t)2 + 2
cn

∆t
(18)
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p̂n+1 = −Fn+1
f ilm +

(
4

en
TF

(∆t)2 + 4
.
en

TF
∆t

+
..
en

TF

)
mTF +

(
2

en
TF
∆t

+
.
en

TF

)
cn (19)

en+1
TF = P̂n+1/k̂ (20)

..
en+1

TF = 4
en+1

TF − en
TF

(∆t)2 − 4
.
en

TF
∆t
− ..

en
TF (21)

.
en+1

TF =
.
en

TF +
1
2

(..
en

TF +
..
en+1

TF

)
∆t (22)

In the TTFB-rotor system, the compressible transient Reynolds equation used to solve
the gas film transient pressure distribution is a second-order partial differential equation,
and the dynamic equation used to solve the rotor and thick top foil trajectory is a second-
order ordinary differential equation. In the process of solving the rotor trajectory, in each
time step, these two equations need to be solved simultaneously. However, in the process
of solving these two equations, the results of the other side are required as the initial
conditions, so the synchronous coupling solution is difficult to carry out. In order to predict
the nonlinear dynamic characteristics of the TTFB-rotor system, a linear displacement
prediction method is used to solve the synchronous coupling problem [28]. The linear
displacement prediction method assumes that the displacement of the thick top foil and
rotor changes linearly at step n− 1, step n, and step n + 1, and can be written as

en+1
J(predict) − en

J

∆t
=

en
J − en−1

J

∆t
(23)

en+1
TF(predict) − en

TF

∆t
=

en
TF − en−1

TF
∆t

(24)

According to Equations (23) and (24), based on the thick top foil and axial diameter
displacement of step n− 1 and step n, the gas film thickness of step n+ 1 can be predicted as

Hn+1
predict = 1−

2en
J,x − en−1

J,x

C0
cosθ −

2en
J,y − en−1

J,y

C0
sinθ +

2en
TF,x − en−1

TF,x

C0
cosθ +

2en
TF,y − en−1

TF,y

C0
sinθ (25)

To provide a referable analysis, 50 time steps are calculated per revolution to solve
the rotor orbit. The steady-state solutions for each rotational speed are carried out to
simulate the entire TTFB-rotor system speed-up test because unsteady-state solutions are
very time-consuming.

3. Model Verification

To validate the method for predicting subsynchronous responses in the TTFB-rotor
system, an experimental setup is designed and conducted. The TTFB used in the test is
illustrated in Figure 5 and consists of a thick top foil, bump foil, bearing housing, and snap
ring. The displacement of the thick top foil in the circumferential direction is restricted by
inserting lugs into the grooves of the snap ring and bearing housing. In the axial direction,
the displacement of the thick top foil is limited by the snap ring and the internal end
face of the bearing housing. The configuration of the test rig is shown in Figure 6. A
symmetric design is used for the rotor, which comprises two identical impulse turbines
to ensure that both TTFBs bear the same load. A pair of gas foil thrust bearings is utilized
to limit axial movement of the rotor. Four eddy current sensors are used to measure the
radial displacement of the TTFBs, while a laser speed sensor tracks the rotor’s speed and
phase. The dimensions of the two test TTFBs are as follows: a radius of 17.56 mm and
a width of 30 mm. The impulse turbine tip clearance is set at 0.3 mm, ensuring that the
rotor has sufficient torque to lift off and reach a maximum speed of 60 krpm under an
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inlet compressed air pressure of 0.7 Mpa. All data are acquired using a dynamic signal
acquisition system developed by Donghua. The shaft weight is 4 kg, resulting in a static
load of 2 kg on each bearing. Both TTFBs undergo the same manufacturing process, heat
treatment, and assembly. The inner diameter of the TTFBs is measured with a micrometer
gauge as shown in Figure 7, and the diameter of the shaft is measured with an outside
micrometer. The value of the nominal clearance is obtained by subtracting the radius of
the TTFBs from the radius of the shaft. In this paper, a nominal clearance of 60 µm was
tested. The thick top foil has a thickness of 1.5 mm and is coated with a 20 µm thickness of
PTFE to prevent potential wear on both the TTFBs and the shaft. The rotor unbalance is
reduced to a G1.0 level using a commercial dynamic balancer. Scribed lines are marked to
ensure that the unbalance amount of the rotor remains unchanged after disassembly and
reassembly. Table 1 provides a detailed overview of the physical and geometric parameters
of the TTFB-rotor system.
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Table 1. Physical and geometric parameters of the TTFB-rotor system.

TTFB Parameters

Bearing radius 17.56 mm
Bearing axial width 30 mm

Thick top foil thickness 1.5 mm
Thick top foil mass 0.041 kg

Bump material 3J1
Bump foil thickness 0.1 mm

Bump half length 1.25 mm
Bump height 0.51 mm

Number of bumps 38
Young’s modulus 186 Gpa

Poisson’s ratio 0.29

Gas viscosity 1.81 × 10−5 Pa·s
GFTB parameters

Bearing inner radius 20 mm
Bearing outer radius 40 mm

Top foil angle (six pads) 58◦

Inclined plane angle 30◦

Foil thickness 0.1 mm

Rotor parameters

Total mass 4 kg
Unbalance 4 g·mm

Radius at bearing location 17.5 mm
Total length 331 mm

Young’s modulus 210 Gpa
Material density 7800 kg·m−3

The maximum stable speed is achieved by accelerating the rotational speed using two
symmetrically identical impulse turbines. During orbit simulations, a stable limit cycle
cannot form beyond the maximum stable speed. In the experiment, when the maximum
stable speed is exceeded, there is a noticeable sound of abnormal collision between the
shaft and the thick top foil. To mitigate the impact of additional vibrations near the critical
speed, a modal analysis of the rotor is performed, and the resulting Campbell diagram plot
is presented in Figure 8. The first-order forward and backward whirling frequencies are
2247 Hz and 1999 Hz, respectively. Due to the symmetrical structure of the test rig, the
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vibrations on the left and right sides are similar. For research convenience, the vibration
signals in the vertical direction at the right end are uniformly analyzed. Figure 9 illustrates
that synchronous vibrations, marked as 1X and characterized by a frequency equal to
the rotational frequency, are present. The amplitude of synchronous vibrations remains
stable as the rotational speed changes, with simulation and experimental steady values
of 0.88 µm and 1.21 µm, respectively. Subsynchronous vibrations, on the other hand,
maintain a frequency that does not vary with the rotational speed. As the rotational speed
increases, the simulation amplitude of subsynchronous vibrations also increases, and the
increase becomes more pronounced as the rotational speed approaches the maximum stable
speed. The experimental results exhibit a similar trend. Using ten-order zero-phase digital
band pass filters [29], Figure 10 also illustrates that as the rotational speed increases, the
simulation results and experimental results exhibit more pronounced subsynchronous
vibrations. The predicted frequency and peak amplitude of the subsynchronous vibrations
are 99 Hz and 9.12 µm, respectively, closely matching the corresponding experimental
results of 102 Hz and 10.30 µm. The predicted and experimental maximum stable speeds
are also close, with values of 36 krpm and 35.58 krpm, respectively. Comparing the
simulation results with the experimental results, it is evident that both synchronous and
subsynchronous vibrations are well-matched between the two.
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To further validate the method, two additional cases were conducted with different
bump foil stiffnesses. The first case involved a lower stiffness configuration, using a 0.1 mm
C17200 bump foil material with a Young’s modulus of 130 Gpa, resulting in 0.7 times
the original stiffness as per the above model [27]. The second case utilized a higher
stiffness configuration, using a 0.2 mm 3J1 alloy as the bump foil material with 8 times
the original stiffness. Figure 11 illustrates waterfall plots depicting the simulation and
experimental vertical vibrations at the right end. Upon comparing these plots, it is evident
that even with variations in bump foil stiffness, the simulation results for synchronous
and subsynchronous vibrations align well with the experimental results. The simulation’s
maximum stable speed and subsynchronous frequency also exhibit good agreement with
the experimental findings. Thus, we can conclude that the time-domain orbit simulation
accurately predicts the dynamic responses of TTFB-rotor systems.

The impact of bump foil stiffness on the dynamic responses of the TTFB-rotor system
can also be inferred from these cases. It is observed that increasing the bump foil stiffness
leads to a higher subsynchronous frequency. However, this observation contradicts the
results of previous studies on GFB-rotor systems, which suggested a positive correlation
between the subsynchronous frequency and the square root of bump foil stiffness [26]. This
discrepancy implies that the thick top foil also plays a role in influencing the nonlinear
responses of the TTFB-rotor system. Regarding the maximum stable speed, the simulation
indicates that the maximum stable rotor speed for the lower bump stiffness bearing is
34.2 krpm, while the experimental result is 33.42 krpm. Similarly, for the original bearing,
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the simulation and experimental results correspond to 36 krpm and 35.58 krpm, respectively.
Finally, for the higher bump stiffness bearing, the simulation and experimental results
show 39 krpm and 39.12 krpm. These findings clearly demonstrate that as the bump foil
stiffness increases, the stable speed of the TTFB-rotor system also increases. Consequently,
a TTFB-rotor system with a higher bump foil stiffness exhibits enhanced stability.
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4. Parameter Studies and Discussion

In this section, we conduct parameter studies and discussions to examine the con-
tributions of the gas film and shaft in the TTFB-rotor system. We investigate three key
parameters: nominal clearance, static load, and unbalance. Through the use of waterfall
plots, orbit simulations, Poincaré maps, and FFT plots, we present visual representations
of the results obtained with varying parameters. These analyses reveal the respective
influences of each parameter on the system’s behavior.

4.1. Effects of Nominal Clearance

The gas film serves as a barrier between the bearing surface and the shaft, and it
is responsible for generating dynamic pressure. The alteration of the nominal clearance
directly affects the pressure distribution within the gas film. As a result, the nominal
clearance exerts a significant influence on the stability of the TTFB-rotor system.

In this section, the system model considers the nominal clearance values of 40 µm,
50 µm, 70 µm, and 80 µm for each TTFB. The interval between the values is 10 µm, while all
other conditions remain unchanged as previously described. Figure 12 illustrates the water-
fall plots depicting the simulation responses for different nominal clearances. Additionally,
in the previous section, the nominal clearance of 60 µm was studied and its corresponding
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waterfall plot is displayed in Figure 9a. Comparing Figures 12 and 9a reveals that when
the nominal clearance is less than 70 µm, the subsynchronous frequency decreases as the
nominal clearance increases. However, once the nominal clearance exceeds 70 µm, the
subsynchronous frequency remains constant, indicating that the pressure distribution in
the high-pressure region of the gas film stabilizes beyond a specific nominal clearance. As
a result, the subsynchronous frequency no longer varies. Regarding the maximum stable
speed, as the nominal clearance increases from 40 µm to 80 µm, the maximum stable speed
of the TTFB-rotor system increases from 19.2 krpm to 63.6 krpm. This implies that sub-
synchronous vibrations can be suppressed by increasing the nominal clearance. Moreover,
greater nominal clearance enhances the stability of the TTFB-rotor system.
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The influencing mechanism of the nominal clearance on stability lies in its ability to
alter the bearing attitude angle. As the nominal clearance increases, the film thickness in
the high-pressure area decreases under the same static load. This results in an enlarged
eccentricity ratio of the shaft and a reduction in the bearing attitude angle. The value of the
bearing attitude angle represents the proportion of the tangential component of force acting
on the shaft, with bearings featuring larger bearing attitude angles having smaller tangential
component portions. The tangential component of force on the shaft typically injects energy
into the rotor system, which is detrimental to its stable operation [30]. Consequently,
increasing the nominal clearance improves the stability of the TTFB-rotor system.

4.2. Effects of Static Load

In order to further validate the influence of the bearing attitude angle on the stability
of the TTFB-rotor system, this section examines the effects of static load. By increasing the
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static load, the eccentricity ratio of the shaft can be amplified and the bearing attitude angle
can be reduced for all foil bearings [31].

In this section, the system model utilizes static loads of 1.2 kg, 1.6 kg, 2.4 kg, and
2.8 kg for each TTFB. The interval between the static loads is 0.4 kg. As the static loads are
changed by extra gravity coefficients, the structure of the rotor is not changed [26]. The
other conditions remain unchanged as described previously. Figure 13 illustrates waterfall
plots of simulation responses corresponding to different static loads. Additionally, the static
load of 2.0 kg, examined in the previous section, with its corresponding waterfall plot is
shown in Figure 9a. Combining Figures 9a and 12, it becomes apparent that as the bearing
static load increases from 1.2 kg to 2.8 kg, the maximum stable speed of the TTFB-rotor
system rises from 19.2 krpm to 54.6 krpm, accompanied by a slight enhancement in the
subsynchronous frequency at the maximum stable speed. Figure 14 showcases the orbit
simulations, Poincaré maps, and FFT plots of vertical vibrations for different static loads
at a rotational speed of 27 krpm. For a static load of 1.6 kg, the orbit of the rotor center
becomes complex, and the Poincaré map exhibits multiple distinct points forming two
large regions. The rotor motion appears quasi-periodic, with significant subsynchronous
frequency amplitude present in the FFT plot. As the static load increases, the amplitude of
the subsynchronous frequency and the area enclosed by the distinct points in the Poincaré
map gradually decrease. Beyond a static load of 2.0 kg, the quasiperiodic rotor motion
transitions to a period-1 state, and the orbit of the rotor center becomes a simple circle.
The FFT plot displays a single peak, indicating the elimination of the subsynchronous
frequency. These results confirm that the reduction in the bearing attitude angle achieved
by adding static load can suppress subsynchronous vibration and improve the stability of
the TTFB-rotor system.
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and (e) m = 2.4 kg.

4.3. Effects of Unbalance

Unbalance is a critical parameter that significantly influences the subsynchronous
vibrations of GFB-rotor systems [20,21,32]. Therefore, this section discusses the effects of
unbalance on TTFB-rotor systems. The unbalance values are set at 0 g·mm, 1 g·mm, 3 g·mm,
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and 4 g·mm with an interval equaling half of the base unbalance. The base unbalance,
which is 2 g·mm, is addressed in the simulation validation section. To prevent additional
load caused by the phase difference in the unbalance, the two unbalanced masses are
positioned axially in a symmetric manner, with identical angles.

Figure 15 illustrates the waterfall plots of simulation responses with various static
loads. It can be observed that, similar to Figure 9a, all the systems have a maximum
stable speed of 36 krpm, and their subsynchronous vibration amplitudes exhibit the same
variation with speed. On the other hand, Figure 16 presents the orbit simulations, Poincaré
maps, and FFT plots of vertical vibrations for different unbalances at a rotational speed of
36 krpm. The orbits of the rotor center are highly intricate for all cases, mostly showing
quasiperiodic motion with multiple distinct points in the Poincaré maps. Notably, when the
unbalance is 3 g·mm, the orbit displays an interesting shape, transitioning the rotor center
motion to a period-6 pattern, as the subsynchronous frequency precisely equals 1/6 of
the rotational frequency. Additionally, in the FFT plots, the synchronous vibration ampli-
tude increases with unbalance yet remains significantly smaller than the subsynchronous
frequency amplitude. As depicted in Figure 17, there is a strong positive correlation (correla-
tion coefficient of 0.9998) between the synchronous vibration amplitude and the unbalance.
These findings imply that unbalance influences synchronous vibration but has minimal
impact on subsynchronous vibration. This is in contrast with previous studies on GFB-rotor
systems [20,21,32]. Consequently, for engineering applications utilizing TTFBs, extreme
balancing of the rotor is unnecessary and of little significance.

Figure 15. Waterfall plots of the TTFB-rotor system with various unbalances. (a) 0 g·mm; (b) 1 g·mm;
(c) 3 g·mm; and (d) 4 g·mm.
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Figure 16. Orbit simulations, Poincaré maps, and FFT plots of vertical vibrations for different
unbalances of the maximum stable speed. (a) mr = 0 g·mm; (b) mr = 1 g·mm; (c) mr = 2 g·mm;
(d) mr = 3 g·mm; and (e) mr = 4 g·mm.
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5. Conclusions

In this study, we developed a nonlinear dynamic model for TTFB-rotor systems by
combining unsteady Reynolds equations, foil deformation equations, thick top foil motion
equations, and rotor motion equations. This comprehensive model enables us to predict the
dynamic responses of the TTFB-rotor system using time-domain orbit simulations, which
accurately determine the rotor’s orbital path.

To validate the accuracy of our model, we constructed a symmetrical test rig that
effectively minimizes errors caused by varying bearing loads. We conducted calculations
and tests using three different types of TTFBs with varying bump foil stiffness. The resulting
waterfall plots of vibrations, both calculated and tested, indicated that higher bump foil
stiffness effectively suppresses subsynchronous vibrations. Furthermore, by comparing
these simulation results with the corresponding experimental results, we observed a strong
correlation in vibration patterns, validating the reliability of our model.

Based on our new model, we conducted separate studies on the effects of nominal
clearance, static load, and unbalance on the TTFB-rotor system. It was found that increasing
the nominal clearance or the static load, both of which reduce the bearing attitude angle,
enhances the maximum stable speed of the TTFB-rotor system. As a result, for TTFB-
rotor systems, other related parameters reducing the bearing attitude angle contribute to
improved stability. In terms of unbalance, it was observed that an increase in unbalance
has a strong positive correlation with the amplitude of synchronous vibration. However,
unbalance has minimal impact on subsynchronous vibrations, and all TTFB-rotor systems
exhibit the same maximum stable speed. This study not only demonstrates an advanced
tool for predicting the dynamic responses of TTFB-rotor systems but also paves the way for
future developments of TTFB in high-speed rotating machinery systems.
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