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Abstract

:

Due to the large size of the bottom surface, the slipper pair of the large displacement piston pump (LDPP) will form a larger linear speed difference in the inner and outer positions of the slipper relative to the center of the swash plate during high-speed rotation. It is more likely to lead to the slipper overturning, which makes the slipper partially worn. To make improvements, the comprehensive performance of the slipper pair of the LDPP, the motion law of the slipper pair of the LDPP was explored. Firstly, a mathematical model of the oil film thickness of the slipper pair of the LDPP under the state of residual compression force is established, based on the consideration of the linear velocity difference formed by the high-speed rotation of the large bottom surface slipper and the theory of dynamics and thermodynamics. Secondly, the impact of rotational speed, piston chamber pressure and oil temperature on the oil film thickness of the slipper pair was simulated and analyzed. Finally, to measure the oil film thickness of the slipper pair, oil film thickness measuring equipment was created, and the accuracy of the mathematical model was verified. The study revealed the changing rules of the oil film thickness and tilt angle of the bottom surface of the slipper pair under various working conditions. The consistency of the simulation and test findings demonstrates that the mathematical model can accurately describe influencing elements and changing rules of the LDPP slipper pair’s oil film lubrication characteristics.
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1. Introduction


The hydraulic system, as the basic component of big mechanical equipment such as construction machinery and mining equipment, exhibits a development trend of high pressure, huge flow, and high reliability. Due to its high pressure and high flow properties, the piston pump has become the most extensively utilized hydraulic power component in current large-scale hydraulic systems [1,2,3,4,5]. The slipper pair is the most vulnerable portion of the piston pump friction pair because it has the most complicated motion mechanism and working conditions in the large displacement piston pump (LDPP). When the axial piston pump is working, there is an oil film formed between two sliding surfaces of the slipper pair to support and lubricate them. The oil film cannot be too thin or too thick; too thin will cause excessive wear and slipper burning damage, and too thick will have a small sealing effect, large leakage, and low volume efficiency [6,7,8,9]. The development of this type of pump is limited by the problem of friction film lubrication. As a result, research on the lubricating characteristics of slipper pairs of LDPP has become a hot and tough industry subject.



In the actual working process, the working condition of the LDPP is more complicated, and it is often affected by load fluctuations and sudden impact loads, so that the anti-overturning moment generated by the dynamic pressure effect cannot balance the overturning moment of the slipper in time, resulting in the tilt angle of the slipper further increasing and the minimum oil film thickness decreasing. In this process, the outer edge of the slipper is easily subjected to solid contact or collision with the swash plate surface, causing friction and wear on the outer edge of the slipper and destroying the original static pressure support structure. Thus, the overall performance and life of the piston pump are reduced [10,11,12,13,14]. Due to the lack of clear research on the partial wear motion law of the slipper pair of the LDPP, in order to promote the development of the LDPP and improve its overall performance, it is very meaningful to study the motion law of the slipper pair in its actual working condition.



Many specialists and researchers have undertaken extensive research on the lubricating properties of slipper pairs. Schenk et al. [15] developed a transient lubrication model between slipper and swash plate by taking non-isothermal fluid, boundary pressure, and thermal deformation into account and investigating the effect of transient deformation on oil film pressure. Rokala et al. [16] constructed a slipper test platform, used three displacement sensors mounted on the slipper slipper’s auxiliary plate to measure the distance between the sensor probe and the swash plate, indirectly calculated the displacement between the swash plate and the slipper bottom surface, and then computed the oil film thickness field of the slipper pair using the method of determining a plane by three points. Tang et al. [17,18] created an axial piston pump slipper pair thermoelastohydrodynamic lubrication model. The model considers the interaction of elastic hydromechanical behavior and the viscosity temperature impact. Zhao et al. [19] proposed a modeling method for the oil film thickness field and further established the force model of the slipper pair of the digital valve distribution axial piston pump and the numerical solution model of the oil film lubrication. The effects of swash plate rotational speed and tilt angle on the lubrication characteristics of oil film were analyzed. The results show that increasing the swash plate rotation speed and the swash plate inclination angle is beneficial to optimizing the oil film lubrication performance. Jiang et al. [20,21] established a comprehensive numerical simulation technique for predicting slipper boot lubrication performance and devised three micro-structures of slipper shoes, namely micro-chamfer, micro-fillet, and micro-step, to improve slipper boot lubrication performance. Song et al. [22] provided a numerical analysis approach for the lubricating film characteristics of axial piston pumps that takes thermal factors into consideration and uses a multi-disciplinary coupling model to increase piston pump energy efficiency. Shi et al. [23] developed dynamic lubrication models of oil film thickness field, temperature field, and pressure field for slipper/swash plate pairs’ local wear. Zhou et al. [24] evaluated the dynamic lubrication performance of axial plunger’s slipper/swash plate interface and performed an experimental study on the slipper’s attitude under varying load pressure and speed, with thickness of the lubricating oil film as primary measuring parameter. The test results show that in high pressure areas, the inclination angle of the slipper is smaller. In low pressure areas, the inclination angle of the slipper is larger. Ma et al. [25] devised an approach for analyzing wear behavior of a swash plate/slipper pair founded on the elastohydrodynamic lubrication model. The linked internal elements impacting wear behavior are discovered based on an evaluation of film thickness, taking into consideration all structure, working conditions, and material characteristics parameters. Zhang et al. [26,27] used test equipment to investigate the lubricating characteristics of slipper pairs in the spin state. Shen et al. [28] considered the effect of hot wedge force and dynamic pressure on the slipper and established the force model under the state of residual compression force. The effects of different load pressures and rotational speeds on the oil film thickness and power loss of the slipper pair are studied. The results show that the oil film thickness decreases when the working pressure increases. As the rotational speed increases, the thickness of the oil film will increase.



According to the current research status of slipper pair lubrication characteristics, recent studies on the oil film properties of slipper pairs primarily focus on small and medium displacement piston pump slipper pairs. Due to the difficulty of testing LDPP, studies on the oil film properties of slipper pair of LDPP are still lacking. Moreover, due to the large slipper bottom area, the slipper of LDPP will form a linear velocity difference in the inner and outer positions of the relative swash plate center during high-speed rotation, resulting in a significant difference in the slipper pair’s change law of the oil film thickness from the slipper pair of the medium and small displacement piston pumps. As a result, the lubricating characteristics of the LDPP slipper pair should be investigated.



In order to promote the development of LDPP and the development of key components, this paper uses the slipper pair of the LDPP as the research object. The method of combining simulation with experiment, the aim is to reveal the motion rules of slipper pairs of LDPP under different working conditions. On the basis of considering the linear velocity difference formed between the inner and outer positions relative to the swash plate center when the large bottom surface slipper rotates at high speed, combined with the hot wedge effect and the heat conduction relationship, a mathematical model of the lubrication characteristics of the slipper pair of the LDPP is established. And through the construction of a LDPP slipper pair oil film lubrication characteristics test rig, the impact of rotational speed, piston chamber pressure, and oil temperature on the oil film thickness of an LDPP slipper pair was investigated. This research establishes a theoretical foundation for developing a mathematical model of the oil film characteristics of slipper pairs of LDPP. It also serves as a guideline for the development of critical components for LDPP.




2. Modeling of Oil Film Thickness of Slipper Pair of LDPP


The main driving pump of a shield is a classic example of an LDPP. In this paper, the oil film thickness of the slipper pair is modeled by taking the main driving pump of the shield at a displacement of 750 mL/r as the research object. The residual compression force design method is adopted for the slipper of the main driving pump of the shield. The bottom surface of the sliding slipper has a three-ring structure, as shown in Figure 1, with the inner support ring, the sealing ring, and the outside support ring placed sequentially from the inside out and an annular oil groove arranged between each ring. There are oil gaps on the inner and outer supporting rings to ensure that the oil pressure of the inner oil chamber and the inner oil tank is equal, and the oil pressure of the outer oil tank is the same as that of the shell, in order to avoid additional static pressure in the annular oil tank.



2.1. Force Analysis of Slipper Pair


The force on the sliding slipper pair of the LDPP during movement is shown in Figure 2. The force on the slipper is primarily: F1 is the force exerted by the bottom of the piston on the bottom of the slipper. F2 is the spring’s compression force. F3 is the axial inertia force generated by the piston slipper assembly. F0 is the hydraulic support force generated by incomplete static pressure support on the bottom surface of the slipper.



The hydraulic support force F0 generated by the incomplete balanced static pressure support on the bottom surface of the sliding slipper is [18]:


   F 0  =   π (  r 4 2  −  r 3 2  )   2 ln (    r 4   /   r 3    )    p r   



(1)




where    p r    for the center oil chamber pressure.



For the slipper-piston assembly, the oil enters the slipper-oil chamber through the piston chamber through the damping hole. According to the pressure loss along the pipe flow, the pressure-flow characteristic here can be acquired as [21]:


   q 1  =   π  d 1 4    128 μ l   (  p s  −  p r  )  



(2)




where  l  is the length of the damping hole;    d 1    is the diameter of the damping hole.



The pressure-flow characteristics between the slipper and the swash plate can be expressed as [29]:


   q 2  =   π  h 3    6 μ ln (  r 4  /  r 3  )    p r   



(3)







It can be obtained from the flow continuity equation:


   p r  =    p s    1 +   64 l  h 3    3  d 1 4  ln (  r 4  /  r 3  )      



(4)







In summary, the force balance analysis of the slipper pair under the state of residual compression force is carried out, and the residual compression force can be expressed as:


   F s  =    F 1    cos ( γ + β )   +    F 2    cos γ   +    F 3    cos ( γ + β )   −   π (  r 4 2  −  r 3 2  )   2 ln (    r 4   /   r 3    )    1  1 +   64  h 3    3  d 1 4  ln (  r 4  /  r 3  )      p s   



(5)







From the slipper movement process known that there is relatively high-speed movement between the two friction pairs of the slipper and the swash plate, and the energy consumed by the sliding friction force is converted into heat, which makes the oil film of the slipper produce a hot wedge force. The thermal wedge supporting force can be expressed as [30]:


  N =   16  μ 2   ω 2   γ 0   r 4 4    G  c e  ρ g  h 4       ∫ 0 π     ( r +  r 4  cos φ )  2  sin φ d φ     



(6)




where  μ  is the dynamic viscosity coefficient of oil;  ω  is the angular velocity;    γ 0    is the volumetric expansion coefficient of oil;  ρ  is the density of the oil;    c e    is the specific heat capacity of the oil; g is the gravitational acceleration; G is thermal energy equivalent; h is the thickness of the oil film; r is the vector diameter corresponding to the first corner of the elliptic motion trajectory.



According to the force balance relationship, the relationship between the hot wedge supporting force N and the residual compression force Fs can be expressed as:


   F s  = N  



(7)







By combining the above Equations (5)–(7), we can obtain the 7th-order differential equation about the oil film thickness h. After solving, the only positive real number that meets the conditions is the oil film thickness of the bottom surface of the slipper at the corresponding position.




2.2. Oil Film Thickness Model of Slipper Pair


The above solution calculates the oil film thickness of slipper bottom by taking the linear velocity of the slipper center as the linear velocity of the complete sealing tape plane. However, because of the large annular size of the slipper bottom surface of the LDPP, the linear velocity difference between the top and bottom two positions of the slipper bottom surface is large, and different linear velocities will produce different temperature rises, resulting in different oil expansion volumes and influencing the oil film thickness. According to reference [31], differential processing was applied to the slipper’s sealing belt, and the thermal wedge effect diagram of the slipper motion at various linear velocities was generated, as illustrated in Figure 3.



In Figure 3, the friction power loss of   d y   width shear flow at the sealing belt    y 1    of the slipper is:


  d  E  j 1   = 2 μ    r 4 2  −  y 2        (  R f  + y )  2   ω 2   h  d y  



(8)







In Figure 3, the friction power loss of   d y   width shear flow at the sealing belt    y 2    of the slipper is:


  d  E  j 2   = 2 μ (    r 4 2  −  y 2    −    r 3 2  −  y 2    )     (  R f  + y )  2   ω 2   h  d y  



(9)







The flow rate through the section at the sealing belt    y 1    of the slipper is:


   q  j 1   = h (  R f  + y ) ω    r 4 2  −  y 2     



(10)







The flow rate through the section at the sealing belt    y 2    of the slipper is:


   q  j 2   = h (  R f  + y ) ω (    r 4 2  −  y 2    −    r 3 2  −  y 2    )  



(11)







If the heat dissipation of the oil is ignored, the oil film of slipper pair is regarded as adiabatic system, and the total friction power loss    E j    of the sealing belt of slipper pair is completely transformed into the thermal power increment of oil film. The temperature rise generated by the oil is   Δ T  . The expression is:


  ρ  c e   q j  Δ T = d  E j   



(12)







The Equation (12) can be obtained by integrating it simultaneously:


     ∫  −  r 4     r 4     ρ  c e   q j     Δ T =    ∫  −  r 4     r 4     d  E j      



(13)







To sum up, by substituting formulas (8)–(12) into formula (13), the temperature rise because of the relative slide between the slipper and the swash plate is as follows:


  Δ  T j  =   2 μ   ρ  c e   h 2    ⋅ (  R f  +  y j  ) ω  



(14)







In the above formula,    y j    is the value of different positions in the direction  y  of the slipper seal belt, and its range is     −  r 4  ,  r 4     ;   Δ  T j    is the temperature rise at the corresponding position.



Due to the temperature change caused by the thermal effect, the volume of oil is expanded by heat, which changes the thickness of the oil film of slipper pair. The expansion height of the oil film per unit volume of the sliding slipper pair under different linear speed conditions is:


   h j  = h ( 1 + 1 / 3  γ 0  Δ  T j  )  



(15)




where    α 0    is the volume expansion coefficient of the oil.



During slipper movement, heat exchange occurs between the slipper, oil film, and swash plate. As a result, the above changes in oil film thickness induced by temperature rise are adjusted using Fourier’s law and Newton’s law of cooling. Figure 4 depicts the heat transmission procedure of the slipper pair [32]. The temperature conduction relationship between the fluid medium and the solid of the slipper pair is of two types: the oil film temperature T is transferred to the slipper’s outer surface by heat exchange, forming temperature Th2, and the oil film temperature T is transferred to swash plate’s outer surface by heat exchange, forming temperature Tx2.



Base the heat exchange process between the oil film and the slipper, the temperature rise   Δ  T h    of the slipper and the temperature rise   Δ  T x    of the swash plate [33].



Due to the different linear expansion coefficients of different materials, the oil film thickness of the slipper pair changes. Therefore, the oil film thickness of the modified slipper can be:


   h 0  =  H 1   α 1  Δ  T h  −  H 2   α 2  Δ  T x  +  h j   



(16)




where    α 1    is the linear expansion coefficient of the slipper;    α 2    is the linear expansion coefficient of the swash plate.





3. Analysis of Effect Factors on Lubrication Characteristics of Slipper Pair Oil Film


To investigate the oil film properties of the LDPP slipper pair, the impacts of rotational speed, piston chamber pressure, and oil temperature on the oil film thickness of the slipper pair was simulated by MATLAB (R2010, Henan University of Science and Technology, Luoyang, China). Table 1 shows the working conditions and related parameters selected in matlab simulation calculation.



Figure 5 shows the simulation calculation flow chart. Force analysis is used to calculate the initial oil film thickness, then the temperature rise in different regions is calculated using the slipper bottom’s different linear velocities, the initial oil film thickness is corrected using the heat transfer relationship, and the oil film thickness of the entire bottom surface of the slipper is finally obtained.



3.1. Effect of Rotational Speed on the Oil Film Thickness of the Slipper Pair


Figure 6 shows the impact of various rotational speeds on the oil film thickness of a slipper pair annular seal tape under 3 MPa and 35 °C conditions. According to a comparison of the oil film thickness of the annular seal tape of the slipper pair at various rotational speeds, the oil film thickness of the slipper pair increases with increasing rotating speed. The central oil film thickness of the slipper pair increases from 6.96 μm at 800 r/min to 8.43 μm at 1800 r/min. The faster the rotational speed, the greater the temperature rise caused by heat transfer between the swash plate and the slipper, resulting in a bigger oil film expansion height due to the thermal wedge effect. Therefore, as the rotational speed increases, the oil film thickness of the slipper pair gradually increases. Secondly, as the rotational speed increases, the overturning amplitude of the oil film on the bottom surface of the slipper pair gradually increases. The faster the rotational speed, the bigger the speed differential between the slipper’s bottom surface and the swash plate center’s inner and outer side lines, and the larger the overturning amplitude of the oil film on the bottom surface of the slipper pair, resulting in a gradual increase in the deflection degree of the slipper.



Figure 7 illustrates the effect of varying rotational speeds on oil film thickness of slipper pair bottom surface at 3 MPa and 35 °C. The figure shows that the difference between the highest and lowest oil film thickness of the slipper pair presents a trend of gradual increase, and the tilt angle of the slipper pair gradually increases. The difference between the highest and lowest oil film thickness of the slipper pair increases from 13.54 μm at 800 r/min to 16.80 μm at 1800 r/min. The tilt angle of the slipper pair is increased from 0.01197° to 0.01484°.




3.2. Effect of Piston Chamber Pressure on the Oil Film Thickness of the Slipper Pair


Figure 8 shows the impact of varied piston chamber pressures on the oil film thickness of the slipper pair at 1200 r/min and 35 °C. The oil film thickness of the slipper pair will decrease as piston chamber pressure increases, based on a comparison of the annular seal tape oil film thickness diagram under various piston chamber pressure conditions. The central oil film thickness of the slipper pair decreases from 7.54 μm at 3 MPa to 7.16 μm at 9 MPa. The reason is that the pressure of the closed oil chamber in the slipper is the main aspect of power loss, which is inversely proportional to the third power of the oil film thickness. Under the action of pressure, the oil film thickness of the slipper pair decreases with the increase of the extrusion bearing effect. Secondly, as the pressure of the piston chamber rises, the overturning amplitude of the oil film on the bottom surface of the slipper pair gradually decreases. This is because, compared with the outer side of the swash plate, the linear speed of the slipper is larger, which causes the oil film temperature to rise more greatly during the movement. Meanwhile, the heat transfer rate between the slipper and the swash plate increases with the gradual rise of the oil film temperature, and the deformation degree between the slipper and the swash plate increases the compression degree of the outermost oil film thickness of the slipper, so the overturning amplitude of the oil film on the bottom of the slipper is gradually reduced.



Figure 9 shows the impact of various piston chamber pressures on oil film thickness of a slipper pair at 1200 r/min and 35 °C. The figure shows that the difference between the highest and lowest oil film thickness of the slipper pair showed a decreasing trend, and the tilt angle of the slipper pair gradually decreased. The difference between the highest and lowest oil film thickness of the slipper pair decreases from 14.90 μm at 3 MPa to 14.32 μm at 9 MPa. The tilt angle of the slipper pair is reduced from 0.01317° to 0.01266°.




3.3. Effect of Oil Temperature on the Oil Film Thickness of the Slipper Pair


Figure 10 illustrates the impact of varying oil temperatures on the oil film thickness of the slipper pair at 5 MPa and 1200 r/min. According to a comparison of the oil film thickness of the annular seal tape of the slipper pair at different oil temperatures, the oil film thickness of the slipper pair will decrease as the oil temperature increases. The central oil film thickness of the slipper pair will decrease from 7.59 μm at 25 °C to 7.01 μm at 55 °C. The reason is that the oil temperature affects the heat conduction effect of the oil film of the slipper pair. In addition, the heat accumulation value of the oil film of the slipper pair is proportional to the temperature of the oil. As the oil temperature increases, the internal energy of the oil film increases, and the convective exchange among the slipper, swash plate, and oil film is enhanced. As a result, the surface temperature of the slipper and the swash plate rises, the expansion and deformation of the slipper and the swash plate themselves increase, and the gap between the slipper and the swash plate is compressed. The thickness of the oil film formed between the two is reduced. Secondly, as the oil temperature increases, the overturning amplitude of oil film on the bottom surface of the slipper pair gradually decreases. This is because with increase in oil temperature, the temperature of the outer edge of the slipper pair rises faster, making the gap between slipper and swash plate smaller, so the oil film thickness is reduced more, making the overturning effect of the slipper gradually reduced.



Figure 11 demonstrates the impact of different oil temperatures on oil film thickness of the slipper pair at 1200 r/min and 5 MPa. The figure shows that the difference between the highest and lowest oil film thickness of the slipper pair gradually decreases, and the tilt angle of the slipper pair gradually decreases. The difference between the highest and lowest oil film thickness of the slipper pair decreases from 15.39 μm at 25 °C to 14.47 μm at 55 °C. The tilt angle of the slipper pair is reduced from 0.01358° to 0.01278°.





4. Experimental Contrastive Analysis


A test device is set up to measure the oil film thickness of the slipper pair to verify the theory of oil film thickness of the slipper pair of LDPP. Figure 12a shows the test device’s structural diagram. The variable frequency motor drives the swash plate sample to rotate to simulate the rotation of the cylinder block in the piston pump. The swash plate is in sliding contact with the surface of the slipper, and the slipper is attached to swash plate under the force of the spring to simulate the role of the return plate and the compression spring in the piston pump. In order to achieve the test purpose of measuring the oil film thickness of slipper pair in the LDPP, the hydraulic pump is connected at the bottom of the piston slipper assembly in the test device. The liquid pressure at the bottom of the piston is regulated through the throttle valve and the relief valve, and the variable frequency motor drives the rotation of the swash plate, simulating the motion of the slipper in the piston pump. Figure 12b illustrates the structural diagram of oil film thickness measurement. The oil film thickness measuring equipment consists primarily of an electric eddy current sensor, an acquisition card, and a computer.



Because the oil film on the slipper bottom has a ring structure, the thickness of oil film is estimated by taking three non-collinear spots on the slipper bottom surface. Due to the limitations of the test device itself, this paper selects three points on the most outer circle edge of the flange that are 90° of each other for representation. Figure 13 shows the calculation method for the oil film thickness of the slipper bottom.



In the XYZ space coordinate system, the oil film thickness of the three points selected on the bottom surface of slipper is measured by the electric eddy current sensor as   (  h 1  ,  h 2  ,  h 3  )  , and it can be concluded that the points on the plane determined by these three points meet the following requirements:


       x    y −  r 6      z −  h 1         r 6      −  r 6       h 2  −  h 1        −  r 6      −  r 6       h 3  −  h 1        = 0  



(17)







The plane equation is converted into polar coordinates, and the thickness of any point on the slipper surface in this coordinate system is:


    h ( r , θ ) =  1  2  r 6    (  h 2  −  h 3  ) ⋅ r ⋅ cos θ   +      1  2  r 6    ( 2  h 1  −  h 2  −  h 3  ) ⋅ r ⋅ sin θ +  1 2  (  h 2  +  h 3  )    



(18)







In the test, the material of swash plate is 38 CrMoAlA, and the material of slipper is QAl9-4. The piston slipper assembly in the actual LDPP is used to fit the actual working state as much as possible. The oil used in this test is Kunlun HM-32 hydraulic oil, which has excellent thermal stability, oxidation resistance, and wear resistance. The electric eddy current sensor model is the ML33-01-10 displacement sensor, (Shenzhen Milang Technology Co., Ltd., Shenzhen, China) and the accuracy was 0.01 μm, which outputs the data to the computer for display and recording through the cable. Table 2 shows the key parameters of the electric eddy current displacement sensor.



To assure the accuracy of the test data, the oil film thickness in the test was measured three times, the average value was calculated, and the analysis of deviation was performed on them.



4.1. Comparison of the Effect of Rotational Speed


Figure 14 illustrates the test and simulation impacts of varying rotational speeds on the central oil film thickness of a slipper pair at 3 MPa and 35 °C. To assure the accuracy of the test data, t the oil film thickness in the test was measured three times, the average value was calculated, and the analysis of deviation was performed on them. The comparison between the test and simulated data that the curve of oil film thickness in the center of slipper pair shows the same trend as that of the simulation data, both of which increases as the rotational speed increases. This is consistent with the experimental trend shown in reference [24,28]. Due to different working conditions, the specific oil film thickness in this study is different from that in reference [24,28]. When the rotation speed is 1200 r/min, the maximum error is 0.04 μm, and the percentage of error is 0.55%. The trend of the test data curve of the tilt angle of the slipper is the same as that of the simulation data curve, which increases as the rotational speed increases, and the increase of the tilt angle decreases gradually with the increase in speed.




4.2. Comparison of the Effect of Piston Chamber Pressure


Figure 15 shows the test and simulation impacts of varying piston chamber pressures on the oil film thickness of the slipper pair at 1200 r/min and 35 °C. The comparison between the test data and the simulated data shows that the curve of oil film thickness in the center of the slipper pair has the same trend as the curve of the simulation data, and both decrease as the pressure of the piston chamber increases. This is consistent with the experimental trend shown in reference [24,28]. Due to different working conditions, the specific oil film thickness in this study is different from that in reference [24,28]. When the pressure is 7 MPa, the maximum error is 0.02 μm, and the percentage of error is 0.28%. The trend of the curve of the test data and the simulation data is the same; both decreased as pressure increased, and the decrease of the tilt angle gradually slows down as pressure increases.




4.3. Comparison of Effects of Oil Temperature


Figure 16 shows the test and simulation effects of different oil temperatures on the oil film thickness in the center of the slipper pair at 1200 r/min and 5 MPa. The comparison between the test data and the simulated data that the curve of the oil film thickness in the center of the slipper pair has the same trend as the curve of the simulation data, they all decrease as the temperature rises. This is consistent with the experimental trend shown in reference [29]. Due to different working conditions, the specific oil film thickness in this study is different from that in reference [29]. When the oil temperature is 55 °C, the maximum error is 0.03 μm, and the percentage error is 0.43%. The trend of the curve of the test data and the simulation data is the same; both decreased as oil temperature increased, and with the continuous rise of the oil temperature, the decrease of the tilt angle gradually slows down.



It can be seen from the above three comparative tests that the experimental data are different from the simulation results. This is because the heat conduction of the oil takes a certain time in the actual test. Under the conditions of rotational speed, piston chamber pressure, and oil temperature rise, the temperature rise and heat conduction time also change to a certain extent. Therefore, the length of the interval time in the test of the oil film thickness of the slipper pair under different conditions will have a certain impact on the test data.





5. Conclusions


In this work, the oil film lubrication characteristics of a LDPP slipper pair under various working situations are examined. The following are the primary conclusions that can be made from the study:



(1) In this paper, a research method for the oil film thickness of the slipper pair of the LDPP under the condition of residual compression force is proposed. The oil film thickness model of the slipper pair of the LDPP is obtained by introducing the heat transfer relationship into the force analysis of slipper pair on the basis of considering linear velocity difference between the inner and outer positions of slipper pair relative to swash plate center during high-speed rotation.



(2) The large size of the bottom surface of the slipper pair of the LDPP leads to the obvious difference in the linear velocity of the slipper surface, and the different linear velocity causes the different heat generated by the oil film, which causes the tilt of the slipper. The tilt angle of slipper pair is proportional to the rotational speed and inversely proportional to the piston chamber pressure and oil temperature.



(3) As the rotational speed increases, the thickness of the oil film in the center and tilt angle of the slipper pair of LDPP increases gradually. As the piston chamber pressure and oil temperature increases, the thickness of the oil film in the center and tilt angle of the slipper pair of LDPP decreases gradually.



(4) This paper provides some theoretical support for the development of the main components of the LDPP by showing the variation law of the oil film thickness and tilt angle of the slipper pair of LDPP under the interaction of speed, pressure, and temperature through a combination of simulation and experiment.
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Figure 1. Diagram of the slipper bottom surface structure. 1—outside support ring; 2—annular oil groove; 3—Sealing ring; 4—inner support ring. 






Figure 1. Diagram of the slipper bottom surface structure. 1—outside support ring; 2—annular oil groove; 3—Sealing ring; 4—inner support ring.



[image: Lubricants 11 00521 g001]







[image: Lubricants 11 00521 g002] 





Figure 2. Force analysis diagram of slipper pair. 
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Figure 3. Hot wedge effect diagram of slipper motion in LDPP. 
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Figure 4. Heat transfer process of slipper pair. 
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Figure 5. Flow chart for solving the oil film thickness of slipper pair. 






Figure 5. Flow chart for solving the oil film thickness of slipper pair.



[image: Lubricants 11 00521 g005]







[image: Lubricants 11 00521 g006] 





Figure 6. Simulation of oil film thickness of slipper pair with various rotational speeds (a) Speed 800 r/min; (b) Speed 1000 r/min; (c) Speed 1400 r/min; (d) Speed 1800 r/min. 
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Figure 7. Effect of rotational speed on oil film thickness of slipper pair. 
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Figure 8. Simulation of oil film thickness of slipper pair under various piston chamber pressures. (a) Piston chamber pressure is 3 MPa; (b) Piston chamber pressure is 5 MPa; (c) Piston chamber pressure is 7 MPa; (d) Piston chamber pressure is 9 MPa. 
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Figure 9. Effect of piston chamber pressure on the thickness of the oil film of slipper pair. 
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Figure 10. Simulation of oil film thickness of slipper pair under various oil temperatures. (a) Oil temperature 25 °C; (b) Oil temperature 35 °C; (c) Oil temperature 45 °C; (d) Oil temperature 55 °C. 
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Figure 11. Effect of oil temperature on oil film thickness of slipper pair. 
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Figure 12. Structure diagram. (a) Test device structure diagram (b) Oil film thickness measurement structure diagram. 
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Figure 13. LDPP slipper bottom surface oil film thickness calculation method. 
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Figure 14. Rotational speed on slipper pair oil film thickness test and simulation comparison (a) Oil film thickness slipper pair center; (b) Tilt angle. 
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Figure 15. Piston chamber pressure on slipper pair oil film thickness test and simulation comparison. (a) Oil film thickness slipper pair center; (b) Tilt angle. 
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Figure 16. Oil temperature on slipper pair oil film thickness test and simulation comparison (a) Oil film thickness slipper pair center; (b) Tilt angle. 
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Table 1. Simulation parameter setting of oil film thickness of slipper pair.
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	Correlation Parameter
	Numerical Value





	Inner diameter of slipper auxiliary ring    r 1   
	13.3 mm



	Outer diameter of slipper inner auxiliary ring    r 2   
	15.85 mm



	Slipper seal with inner diameter    r 3   
	20.05 mm



	Slipper seal with outer diameter    r 4   
	24.85 mm



	Inside diameter of slipper outer auxiliary ring    r 5   
	27.6 mm



	Outer diameter of slipper auxiliary ring    r 6   
	32.4 mm



	Diameter of damping tube    d 1   
	2 mm



	Damping tube length  l 
	6 mm



	Piston distribution circle radius  R 
	100 mm



	Piston diameter  D 
	45 mm



	Quality of single piston assembly  m 
	1.7 kg



	Volume expansion coefficient of oil    γ 0   
	   0.7 ×   10   − 3       ° C   − 1     



	The density of oil  ρ 
	860 kg/m3



	Specific heat capacity of oil    c e   
	   1.98   KJ / ( kg ⋅  ° C  )   



	Acceleration of gravity  g 
	9.8 m/s2



	Oil dynamic viscosity coefficient  μ 
	   1.97 ×   10   − 2     Pa ⋅ s   



	Thermal equivalent  G 
	481.2 J



	Precompression force    F 2   
	30 N



	Thermal conductivity    k 1   
	   92   W ⋅   ( m ⋅  ° C  )   − 1     



	Linear expansion coefficient of slipper    α 1   
	   16.2 ×   10   − 6       ° C   − 1     



	Slipper material thickness    H 1   
	11 mm



	Linear expansion coefficient of swash plate    α 2   
	   13 ×   10   − 6       ° C   − 1     



	Swash plate material thickness    H 2   
	18 mm



	Thermal conductivity    k 2   
	   54.6   W ⋅   ( m ⋅  ° C  )   − 1     



	Thermal conductivity    k 0   
	   0.6   W ⋅   ( m ⋅  ° C  )   − 1     



	Swash plate roughness
	Ra 0.8



	Slipper roughness
	Ra 1.6



	Swash plate inclination  γ 
	    0 ∘    



	Piston dip angle  β 
	    0 ∘    



	Half angle of the cone    θ x   
	     30  ∘    



	Dynamic viscosity of hydraulic oil 25 °C
	85 mm2/s



	Dynamic viscosity of hydraulic oil 35 °C
	50 mm2/s



	Dynamic viscosity of hydraulic oil 45 °C
	40 mm2/s



	Dynamic viscosity of hydraulic oil 55 °C
	25 mm2/s










 





Table 2. Electric eddy current displacement sensor main parameters table.
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	Range
	Combined Error
	Precision
	Operating Temperature





	0–1 mm
	   ± 0.25 % F S   
	0.01 μm
	   − 30 ~ + 150    ° C    
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