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Abstract

:

The spindle tool is an important module of the machine tool. Its dynamic characteristics directly affect the machining performance, but it could also be affected by thermal deformation and bearing preload. However, it is difficult to detect the change in the bearing preload through sensory instruments. Therefore, this study aimed to establish a digital thermal–mechanical model to investigate the thermal-induced effects on the spindle tool system. The technologies involved include the following: Run-in experiments of the milling spindle at different speeds, the establishment of the thermal–mechanical model, identification of the thermal parameters, and prediction of the thermal-induced preload of bearings in the spindle. The speed-dependent thermal parameters were identified from thermal analysis through comparisons with transient temperature history, which were further used to model the thermal effects on the bearing preload and dynamic compliance of the milling spindle under different operating speeds. Current results of thermal–mechanical analysis also indicate that the internal temperature of the bearing can reach 40 °C, and the thermal elongation of the spindle tool is about 27 µm. At the steady state temperature of 15,000 rpm, the bearing preload is reduced by 40%, which yields a decrease in the bearing rigidity by approximately 16%. This, in turn, increases the dynamic compliance of the spindle tool by 22%. Comparisons of the experimental measurements and modeling data show that the variation in bearing preload substantially affects the modal frequency and stiffness of the spindle. These findings demonstrated that the proposed digital spindle model accurately mirrors real spindle characteristics, offering a foundation for monitoring performance changes and refining design, especially in bearing configuration and cooling systems.
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1. Introduction


The spindle tooling system is a critical component of the machine tool, and its structural performance directly impacts processing capability and machining precision. Particularly noteworthy is the impact of thermal errors resulting from heat generation during high-speed operation, which significantly affects the machining performance of a machine tool [1]. Consequently, thermal deformation compensation technology has been extensively developed and implemented in machine tool spindles to enhance machining accuracy [2,3,4,5,6]. This technology includes a thermal error prediction model and real-time compensation through online error detection. Ouafi et al. [2] proposed a thermal error compensation model based on multi-point temperature measurements. Through this compensation method, errors induced by spindle temperature rise were reduced from 19 μm to less than one μm. Yang et al. [3] utilized five sets of displacement gauges to measure radial and axial deviations of the milling tool, accounting for thermal deformation. With these measurements, they established a mathematical relationship between thermal error and temperature rise, subsequently integrating the model into the Siemens 840D controller for error compensation. The experimental results demonstrated an impressive 86% improvement in accuracy. Pahk et al. [4] developed a thermal error model by incorporating the spindle thermal error measuring system with multiple linear regression and neural network techniques. Their findings indicate a significant improvement in machine tool accuracy by approximately 4–5 times, following real-time compensation. In a study conducted by Chen et al. [5], four points exhibiting high sensitivity to temperature rise were identified as pivotal locations for constructing a thermal error prediction model. With the model, the compensation system was devised to control displacement variation and successfully applied in milling operation. Peng et al. [6] proposed a physical-based model that accounts for the influence of thermal bending deformation on spindle axial thermal errors. Experimental verification revealed superior performance compared to typical data-driven models. Further, various thermal error modeling algorithms, such as Bi-Directional Long-Term and Short-Term Memory (Bi-LSTM) deep learning [7,8], Gaussian Process Regression (GPR) [9], Back Propagation (BP) and Radial Basis Function (RBF) neural network [10,11] were proposed to enhance the prediction accuracy. It is worth noting that thermal error models developed for specific working conditions may lack adaptability to changes in environmental and working conditions, potentially leading to a decline in prediction accuracy [12].



In other respects, the dynamic frequency response of the milling spindle plays a pivotal role in determining the machining stability of the milling machine [13,14,15]. Essentially, both the static and dynamic characteristics of the spindle system are heavily influenced by factors such as bearing specifications, bearing configuration and arrangement, and preload amount [16,17,18,19,20]. For instance, Harris [16] noted that increasing the initial preload of the bearings can enhance the spindle’s rigidity and increase damping in the spindle system to mitigate machining chatter. Similarly, Kim et al. [17] demonstrated that higher bearing preload can ensure spindle operation accuracy under temperature rise. Ciou and Lee [20] highlighted that while higher bearing preload can guarantee rotational accuracy and dynamic spindle performance, it can also lead to temperature rise and higher vibration amplitudes. The preload status of bearings and contact stiffness at rolling interfaces are subject to change due to thermal deformation, consequently affecting the vibration characteristics of the spindle system. Bian et al. [21] further discovered that the thermal-induced preload of bearings during high-speed rotation correlates with the initial preload amount. These effects were found to influence the spindle dynamics to a different extent, depending on the specific bearing arrangements [19].



Considering the effects of thermal-induced bearing preload with the temperature rise, Jiang and Mao [22] and Hwang et al. [23], respectively, proposed the concept of adjustable bearing preload and implemented it in the spindle as a replacement for the traditional fixed preload method. They conducted a Finite Element modeling approach to further explore the impact of bearing preload on the rigidity of the spindle shaft as the temperature rises. In general, the thermal effects on the stiffness of the spindle bearing system have been extensively investigated using thermal-mechanical analysis based on analytical approaches and the Finite Element method [24,25]. For instance, Zahedi et al. [24] introduced a simplified thermal–mechanical coupling model for the spindle-bearing system, simplifying the spindle housing and shaft as six-degree-of-freedom Timoshenko beam elements. This model was used to analyze the deformation and temperature increase in the spindle at various speeds, revealing a decrease in bearing stiffness and modal frequency with higher speeds. Truong et al. [25] studied the impact of thermal effects on bearing stiffness using the Newton–Raphson technique, incorporating thermal radial expansion and centrifugal expansion of rolling balls into their analytical model through Finite Element modeling. The results indicated a significant reduction in all dominant bearing stiffness coefficients at high speeds compared to static stiffness values. Additionally, integrating bearing stiffness into the Finite Element model showed that the dominant frequency and vibration amplitude of the spindle tool decreased with rising temperatures [26].



Consequently, the thermal-induced variations in the structural characteristics of the spindle system were expected to have an impact on the dynamic behavior of the milling machine and its machining accuracy [27,28,29,30,31]. Gao et al. [27] developed a Finite Element model of a spindle using the Timoshenko beam theory to analyze the thermal-induced bearing preload and stiffness. They discovered that the temperature rise significantly affected the critical cutting depth of the milling system, depending on the initial preload and spindle speed. Liu et al. [28] proposed a thermal–mechanical coupling approach based on the Finite Element method to evaluate the tool point frequency responses under thermal effects during high-speed operation. The findings indicated that the thermal–mechanical coupling effect had a significant influence on the stability lobe of the milling tool. Additionally, Li et al. [29] examined the thermal-induced preloads on combined bearings and their relationship with bearing stiffness, which were incorporated into spindle dynamic models to demonstrate the thermal effects on operational stability. Recent experimental studies by Zhang et al. [32] also revealed noticeable variations in the modal parameters of the hobbing spindle system with changing thermal conditions.



The digital twin model has become a crucial component in Industry 4.0 in recent years and is recognized as a technological strategy for integrating the virtual and real worlds [33,34,35]. According to a study by Fuller et al. [33], the majority of digital twin research has primarily focused on the manufacturing field rather than other fields such as smart cities, maritime and shipping, healthcare, and aerospace. Segovia and Alfaro [36] define the digital twin as a means of mapping the physical world into the digital realm to enable optimization, monitoring, simulation, prediction, diagnosis, and control of physical processes within a virtual space. In 2017, Cai et al. [37] integrated manufacturing information and real machine sensing signals to predict cutting accuracy and enable remote machining monitoring. Liu et al. [38] also developed a thermal–mechanical coupling model to analyze the thermal deformation of a motorized spindle unit and improve the spindle cooling system. Xiao and Fan [39] developed a digital twin application for analyzing the thermal characteristics of a motorized spindle and found that the prediction results were accurate up to 95%.



The aforementioned studies clearly showed that the temperature increase in the spindle bearing system significantly affects the bearing stiffness and the dynamics of the spindle tool during machining, leading to a potential decrease in machining accuracy. It was observed that most studies utilized an analytical approach combined with the Finite Element method. Thermal expansion of rolling bearings obtained from Finite Element analysis was integrated into the analytical solution to calculate the bearing stiffness matrix using numerical difference techniques. The analytical solution allows for the estimation of the thermal impact on bearing stiffness and spindle dynamics. However, the relationship between the speed-dependent transient thermal behavior and thermal properties of the spindle tool was not established, which is crucial for analyzing the thermal–mechanical interaction of spindle dynamics under different operating conditions. Additionally, the simplified geometrical model used in the analytical solution may not accurately depict the temperature distribution in the milling spindle and the thermal expansions of all spindle components, such as the bearing raceways and spacers. The clearance or interferences among these components substantially affect the contact force and contact stiffness at rolling balls with raceways. Therefore, inaccurate calculation of thermal expansions may consequently affect the static and dynamic characteristics of the spindle tool. The changes in frequency responses of the milling spindle due to time-varying thermal effects have not been adequately measured.



On the other hand, for a spindle tool system, the variations in dynamic characteristics due to changes in bearing stiffness and preload caused by temperature rises are notably crucial for high-speed machining in machine tools. Error compensation through temperature sensing and predictive mathematical modeling for spindle deformation is a well-established technology in practical use. Nevertheless, there remains a lack of effective methods for measuring the variations in bearing stiffness and dynamic properties of milling spindles resulting from temperature rises. In order to overcome the challenge of implementing a preload sensing system in a spindle tool, this research aimed to develop a thermal–mechanical model of a milling spindle system to estimate changes in bearing preload and dynamic characteristics of the milling spindle at varying operating speeds. Initially, a thermal–mechanical analysis model of the milling spindle tool system was created to analyze transient thermal behaviors. This model incorporated thermal parameters such as bearing heat generation and convection coefficients, which were validated through comparisons with experimental measurements from a run-in test of a milling machine operating at different speeds. By utilizing this model, the thermal deformation, bearing preload, and vibration frequency of the milling spindle under various speeds were calculated, providing valuable insights into the machining stability during operation. The milling spindle model can be utilized to simulate the interaction between thermal and mechanical characteristics under different operating conditions, serving as a valuable tool for enhancing machining performance in the presence of thermal effects.




2. Theoretical Background


2.1. Thermal Modeling


The approach of the thermal model allows a steady and transient simulation that considers the spindle parts, the bearings, and their thermal–mechanical interaction. The Finite Element method (FEM) was utilized to analyze the thermal characteristics of the spindle-bearing system, especially to simulate the temperature field and thermal deformation under thermal loads from heat dissipation in the spindle under operation. Thermal–mechanical analysis, heat generation, and heat dissipation were considered the crucial boundary conditions for thermal analysis in the abovementioned models. Additionally, the contact status in the bearing was also included in the digital model because of the difference in heat transfer capability between the continuum and joint surface heat transfer [40]. Also, the axial and radial stiffness of the bearing has an apparent influence on thermal deformation [41]. Therefore, it is important to take into consideration the change in contact stiffness at the rolling interface between rolling balls and raceways when creating the spindle bearing model.



2.1.1. Heat Generation of Ball Bearing


The aim of this study is to develop a thermal–mechanical coupling model to analyze variations in bearing preload and dynamic characteristics of spindle tools. The key is to identify an appropriate friction model capable of accurately depicting heat generation within bearings. To date, numerous friction models have been proposed with varying levels of detail in defining friction moments for calculating power losses. However, they may yield disparate results in different scenarios. Among the most commonly used models are the Palmgren, Harris, and SKF models [42,43,44]. In the Palmgren and Harris models, friction torque is divided into two components: viscous friction moment and load-dependent friction moment. The former depends on hydrodynamic losses due to internal friction in the bearing lubricant, while the latter is determined by the contact characteristics of the rolling element and raceway under external loads. However, variations in contact status due to changes in loading conditions and surface irregularities may occur, which further affect the friction moment and heat generation in the bearing [45,46,47,48]. Research by Liu et al. [45] found that friction moment fluctuates due to surface waviness during bearing operation. Rodionov et al. [47] investigated the relationship between machining errors of ball-bearing raceways and friction torque, concluding that raceway surface shape errors primarily influence fluctuations in bearing friction torque. Additionally, fluctuation of friction torque and heat generation due to contact surface waviness can be effectively reduced by improving the surface finish of bearings [48]. In other respects, the Palmgren model and Harris model offer an efficient way of modeling and calculating friction torque. In addition, minimal effort is required to implement parameters in the Finite Element thermal model. The friction model has achieved popular acceptance as an accurate method to construct the thermal model of a high-speed spindle [38,39,49,50]. Therefore, the Palmgren model and Harris model could be an appropriate selection for dealing with heat generation. Heat loss from bearing caused by bearing friction moment can be calculated through the empirical formula as follows [44]:


  H = 1.047 ×   10   − 4   × M × n  



(1)







In this case, H is the heat value with the unit of energy in the form of Watts (W), n is the rotating speed of the bearing (rpm), and M represents the sum of the moments in (N mm), which can be contributed by mechanical friction torque (Ml) and viscous friction torque (Mv).



Ml is determined by bearing type load factor f1, bearing load Fβ, and the diameter of ball bearing dm. The factor f1 is determined by the static equivalent load fs as a function of axial load (Fa) and radial load (Fr) components, basic static load rating (Cor), and constant of z and y. While Fβ is the bearing load with axial and radial components. Fa and Fr are load components derived from the bearing preload; Cor, X0, and Y0 are provided by the manufacturer’s data [49]; and constants z and y are available in [43]. The following equation expresses the formula for Ml.


    M   l   =   f   1   ·   F   β   ·   d   m   =   z           X   0       F   r   +   Y   0       F   a       C   o r         y   ·     F   a   − 0.1     F   r       ·     d   m    



(2)







Mv is correlated with fluid friction. Although the complexity of calculating the forces in viscous friction is related to the elastohydrodynamic lubrication, the viscous friction torque can be empirically determined according to Harris’s theory [43], which can be expressed as Equation (7).


   M v =     10   − 7   · f   0           v   0   n       2   3       · d   m   3   ,       f o r     v   0   n   ≥   2000    M v =     10   − 7   · f   0     · d   m   3   ,       f o r     v   0   n   ≤   2000   



(3)




where n is the rotational speed in rpm, and v0 is the kinematic viscosity of the lubricant in mm2/s. Standard values of the kinematic viscosity of lubricating grease commonly used in spindle bearing are reported as 10–32 mm2/s at 40 °C [49,51], which also changes with operating temperature. f0 is a factor related to the type of bearing with the condition of bearings arrangements and lubrication type, in which f0 = 2 for single angular contact bearing with grease lubrication and f0 = 4 for duplex arrangement and with lubrication using grease [43].




2.1.2. Convective Heat Transfer Coefficient


Heat transfer coefficients can be appropriately defined, but due to the complexity of the heat problem, which is directly related to the system characteristic, this process can be challenging. In the milling spindle, the predominant methods of heat transfer are conduction and convection. The convective heat transfer of the entire spindle unit includes two types of convections: free (natural) and forced convection. The natural convection coefficient for all stationary components exposed to air under standard room circumstances is determined based on the variations in air temperature [52]. The equation is expressed as in Equation (4), where hh is the convection coefficient in W/m2·°C and ΔTh is air temperature changes in °C.


    h   h   = 23   ∆     T   h     0.25    



(4)







Basically, the spindle head stock structure and the outer surface of the spindle housing mainly interact with ambient air by natural convection with a heat transfer coefficient given as 9.7 W/m2·°C [53]. A rough approximation of the forced convection coefficients of the rotating components can be estimated as below.


    h   f   =     N   u   · λ       D   s      



(5)







In which     N   u     and   λ   is the Nusselt number and the thermal conductivity of the air in unit W/m·°C.     D   s     is the equivalent diameter of the rotating components. Details for calculating this value are available in reference [54]. The Nusselt number can be obtained using the formula [55].


     N   u   = 0.133 ·   R   e     2   3     ·     P   r     1   3         ;                                       R   e   =   u ·   D   s       ν       



(6)




where     P   r     is the Prandtl number of the fluid, which is given as 0.703 for air at room temperature, and Re represents the Reynolds number of the air flowing over the rotating surface.   ν   is the kinematic viscosity factor of the fluid, which is given as 15.06 × 10−6 m2s−1 for air. u is the velocity of the rotating surface (m/s). In addition, when considering the heat transfer between the rolling balls and the lubricant, the following equation can be used to estimate the forced convection coefficient     h   b      [56].


    h   b   = 0.0322 ·   λ   b   ·   P   r     1   3     ·   (     u   s       D   m     · ν   b     )     1   2      



(7)




in which λb and Pr are the heat conductivity in unit W/m·°C and the Prandtl number of the lubrication grease. us is one-third of the shaft/housing surface velocity, and Dm is the diameter of the bearing’s outer surface.





2.2. Bearing Configuration


As mentioned previously, the tool spindle must have excellent dynamic and static rigidity in the practical CNC tool machining to ensure the machining quality and accuracy. The bearing system in the spindle system is used to support the rotating shaft. It is rigid enough to withstand the cutting load through appropriate preloading, and the rotating shaft can perform precise rotational motion. Bearings for spindles are usually arranged in paired combinations of angular ball bearings, which can produce rigidity in both axial and radial directions. A preloading mechanism was installed inside the bearing to meet the high rigidity requirements to generate a preload load. The commonly used preloading methods are axial position preload and constant pressure preload, as shown in Figure 1 [49].



For the position preloading method, the axial preload was determined by the axial clearance of the inner and outer spacers, which were mounted between the front and rear bearings. Similarly, the interference fit between the bearing inner ring and the spindle mandrel causes the radial preload. Taking the DB arrangement of the bearing combination shown in the figure as an example, reducing the length of the inner spacer generates an axial clearance between the inner and outer rings, increasing the preload. Conversely, reducing the outer spacer length reduces the preload amount. The function of preload is not only to eliminate the clearance of bearing components but also to reduce the noise and vibration of the bearing. Moderate preloading can also improve the bearing rigidity. Still, it also changes the bearing contact angle, increases the deformation of the balls and the bearing ring seat, causes more significant wear, and affects the bearing life. Therefore, the preload is usually adjusted according to the recommended value in the technical manual of the bearing manufacturer.




2.3. Preload and Axial Clearance of Spacers


For the spindle module used in this study, axial positioning preload is usually used to generate axial and radial rigidity, as shown in Figure 2. The preload amount depends on the axial clearance set for the spacers, which can usually be selected according to the technical manual provided by the bearing manufacturer [49].



When the inner ring is compressed and deformed by an axial displacement “δa”, the center point of the arc surface of the ring shifts to the right by an equal amount. At this time, the contact angle shift of the ball is α, and the elastic deformation along the normal contact line is δ. As shown in Figure 2b,c, the relationship between the contact force Q of each ball and the axial preload Fa is:


  Q =     F   a       Z   S i n   α    



(8)




where Z is the number of balls, α is the contact angle at contact interface geometry. In the unloaded condition, it can be calculated based on geometry parameters using Equations (9) and (10).


    α   o   =   C o s   − 1     1 −     P   d     2 A        



(9)






    A =   r   o   +   r   i   − D   b    



(10)




where ro, ri, Db, Pd in Equations (9) and (10) are the radius of inner raceway curvature, outer raceway curvature, ball diameter, and diametric clearance, respectively. A ball-raceway normal force Q depends on this contact angle α. The normal force can be projected to radial and axial force denoted as Qr and Qa, respectively, as depicted in Figure 2 and written in Equations (11) and (12).


    Q   r   = Q   C o s   α  



(11)






    Q   a   = Q   Sin  ⁡  α    



(12)







Since the Q value depends on the contact angle, any geometrical change at contact geometry could alter normal force. Figure 2c shows the shifted inner raceway position due to rail misalignment δa or by force Fa. This will change the “A” value in Equation (9) to become B × Db + δn. Here, B = f0 + fi − 1, in which f0 and fi are form factors, the ratio of curvature radii of the outer and inner raceways to ball diameter, respectively. Since   Q =   K   h       δ   n     1.5     and     δ   n   = B ·   D   b         cos  ⁡    α   o         cos  ⁡  α     − 1    , then substitute to Equation (12) becomes the following equation.


      F   a     Z   K   h     ( B ·   D   b   )   1.5       = S i n   α       C o s     α   o     C o s   α   −   1     1.5    



(13)







The above equation is derived from the geometrical change caused by the shift in the position of the inner raceway. For a given axial preload Fa, the actual contact angle α can be solved iteratively. Geometrical change may happen because of factors such as rail misalignment, external force, and preload loss by surface wearing. These factors commonly appear in the application of linear bearing. The normal contact stiffness Kn at the contact surface was estimated by using Hertz contact theory [57,58]. In this context, the symbol Q represents the contact force, δ denotes the elastic deformation occurring at the contact site, and Kh represents the Hertz contact stiffness coefficient, which is defined by the geometric dimensions of the ball groove or raceway and the material qualities of both contacting components.


  Q =       K   h     δ   3 / 2    



(14)






    K   n     =     d Q   d δ   =     3   2         K   h     δ   1 / 2    



(15)







The normal contact stiffness Kn at the contact surface can be obtained as written in Equation (15). This statement clarifies that the contact stiffness in the normal direction is influenced by the contact force, which is related to the axial preload of the bearing pairs in the spindle. Consequently, any external perturbation applied to the spindle components would alter the bearing stiffness, thereby affecting the natural frequency of the system.




2.4. Modal Characteristics of Spindle Tool


Generally, the modal parameters of the mechanical system can be obtained from the frequency response function (FRF) by conducting the tapping test on the system. Figure 3 shows the typical frequency response function, which indicates that the system has several vibration modes with significant amplitude. The frequency with maximum dynamic deflection can be regarded as the primary mode that affects the system dynamics. Essentially, the dynamic characteristics or modal parameters of a milling spindle change with the preload amount. Therefore, by analyzing the change in this modal parameter, we can easily observe whether the bearing preload changes. A single-degree-of-freedom system can be used to describe the vibration behavior of a specific vibration mode, which can be represented by the following function.


  m     d   2   x     d   2   t   + c   d x   d t   + k x = F   t     o r   ( m   s   2   + c s + k ) x ( s ) = F   s    



(16)




where m, c, k is the mass, damping coefficient, and modal stiffness of the system, respectively.



The relationship between the displacement and excitation force can be expressed as the transfer function,


  F R F = Φ   s   =   x   s     F   s     =   1   (   m s   2   + c s + k )    



(17)







The frequency response under cyclic excitation can be mathematically represented as a function of the excitation frequency, as demonstrated below.


  Φ   i ω   =   x   i ω     F   i ω     =     ω   n   2     k     1   (   ω   n   2   −   ω   2   + i 2 ξ   ω   n   ω )   = G   ω   + i H ( ω )  



(18)







In the above, ωn is the modal frequency, and ξ is the damping ratio of the system, which can be related to the system parameters by the formula   ξ =   c  /  2  k m     .



G(ω) and H(ω) are the real and imaginary parts of the frequency response, which can be expressed by the following equations, respectively.


  G ( ω ) =       ω   n   2     k     (   ω   n   2   −   ω   2   )     (   ω   n   2   −   ω   2   )   2   +   ( 2 ξ   ω   n   ω )   2      



(19)






  H   ω   =   −     ω   n   2     k     2 ξ   ω   n   ω     (   ω   n   2   −   ω   2   )   2   +   ( 2 ξ   ω   n   ω )   2      



(20)






  | Φ   i ω   | =    G   2     ω   +   H   2   ( ω )   



(21)






  ∅ =     tan   − 1    ⁡    H ( i ω )   G ( ω )     =     tan   − 1    ⁡    − 2 ξ   ω   n   ω   (   ω   n   2   −   ω   2   )      



(22)







These modal parameters can be assessed by utilizing the real and imaginary components of the frequency response function of the spindle system. When the spindle system has a temperature growth, the bearing preload is affected by thermal deformation [50]. Therefore, changes in the dynamic characteristics of the milling spindle system can be detected by examining the frequency response function through vibration experiments.





3. Architecture of Digital Model of Spindle Tool


As mentioned above, for high-speed milling spindle, the change in bearing preload generated by thermal deformation from temperature rise cannot be directly measured in real-time. Due to the rise in temperature, the axial and radial deviations of the main shaft and its components are easily affected by the assembly accuracy of the machine structure. Using the sensing element for online monitoring and measurement is also difficult. Therefore, the purpose of this research is shown in Figure 4. By establishing a digital model of the spindle tool system, the thermal deformation and variation in the preload state of the spindle tool can be predicted based on the operation conditions and temperature measurements as input parameters, which are imported into the analysis model for subsequent analysis. Creation of the digital thermal–mechanical coupling model was performed following the procedures below:




	
Establishment of the thermal–mechanical model with characterized thermal parameters. Initially, a series of spindle run-in experiments were carried out. Based on the thermal–mechanical model of the spindle tool with bearing modules, the temperature rise history was predicted and compared with the measured results. From the comparisons, the thermal parameters, such as the heat loss of bearings and heat convection coefficients, were appropriately calibrated from initial defaults by an analytical approach.



	
Establishment of thermal–mechanical model with mechanical characteristics. The dynamic characteristics, such as the modal parameters of the spindle tool, were assessed by conducting the tapping tests on the milling machine, which was used to calibrate the preload state of the spindle bearing model at the initial amount.



	
Verification of the model. Additional experiments were conducted to assess the temperature rise history and dynamic characteristics at a steady state after run-in operation. Thermal-induced deformation and preload variation in the spindle tool were predicted based on an analysis model with imported temperature loadings form thermal analysis. The predicted bearing preload and dynamic characteristics under thermal effects were compared with experiments.
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Figure 4. Architecture for establishing the digital model of the spindle tool system. 






Figure 4. Architecture for establishing the digital model of the spindle tool system.
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4. Assessments of Thermal and Mechanical Behaviors


4.1. Run-In Temperature Rises Experiments


In establishing the digital model of the milling spindle system for thermal–mechanical coupled analysis, thermal parameters such as bearing heat flow, heat conduction properties of components, and convection coefficients are essential factors affecting the thermal behavior of the spindle in operation. The thermal parameters can be appropriately defined by an analytical approach based on the mechanical specification of the spindle system and the environmental condition. Still, they should be appropriately identified according to the thermal behavior assessed from practical conditions in operation. To this end, we conducted a series of run-in temperature rise experiments to assess the transient thermal behavior of the spindle system. The time histories of temperature growth under different operation conditions were assessed and employed to validate the digital model of the spindle tool system.



As shown in Figure 5, three temperature sensors were, respectively, mounted on the outer surface of the spindle housing near the rear bearing (T1), front bearing (T2), and machine base (T3). Another sensor was mounted on the machine frame (T4). During the experiment, the environment was controlled at a room temperature of 20 °C (±1 °C). The spindle was operated at speeds of 3000, 6000, 9000, 12,000, and 15,000 rpm, respectively. For each run-in operation, the temperature at the spindle housing gradually increased with time and reached a stable thermal state after around 3.5 h. The time histories of temperature rise at each sensor were recorded during experiments. After reaching a steady state in temperature, the spindle was stopped completely to conduct vibration experiments and assess the frequency response function of the spindle tool.



Figure 6 illustrates the history of temperature rise in the spindle tool at different points at various speeds. It can be seen from Figure 6 that the temperature rises at spindle housing near bearings are higher than at other points. The temperature rise at spindle housing near the front and rear bearings are 25.1 and 27.2 °C, 26.9 and 27.3 °C, 28.30 and 25.45 °C, and 28.34 and 28.58 °C for spindle speeds of 3000, 9000, 12,000, and 15,000 rpm, respectively. The temperature rises at the spindle housing at around 5.5 to 9.3 °C depending on the spindle speed at 3000, 9000, 12,000, and 15,000 rpm.




4.2. Impact Vibration Test


In this section, the dynamic characteristics of a milling tool are assessed by conducting the impact vibration test on the milling machine. The experiment configuration with sensor points on the milling machine with the arrow points to the applied force of the impact test is shown in Figure 7a. A solid carbide steel bar with a length of 100 mm was fixed in the tool holder. The spindle headstock was positioned at medium height, a distance of 295 mm between the tool end and the working table. Accelerometers were, respectively, mounted at the tool holder and steel bar in the X and Y orientations. The hammer was employed to strike the tool end on the opposing side sequentially to induce vibration within the spindle tool system. The frequency response function of the tool holder was derived from the recorded Fast Fourier Transform (FFT) spectrum. The modal parameters, including the damping ratio and dynamic stiffness related to the main vibration modes, were evaluated based on the measured frequency response functions.



The measured vibration response of the milling tool is illustrated in Figure 7b, which is expressed in terms of the dynamic compliance at the end of the tool holder as a function of frequency. It is found that there are some peaks occurring at the frequency of 176, 390, 792, 1070, and 1420 Hz, in which the modes below 800 Hz are associated with the structure vibration motion, and the higher modes more than 1000 Hz are mainly dominated by the vibration of spindle shaft with tool holder. The vibration mode at 1070 Hz shows a significant compliance of 0.0405 µm/N. This mode is associated with the bending vibration of the spindle shaft and is considered the primary mode affecting the machining stability of the milling tool. The modal parameters of these modes are identified by the curve fitting approach and summarized in Table 1, which indicates that the predominant mode has a modal stiffness of 519.32 N/µm and a damping ratio of 3.54%.




4.3. Variation in Modal Parameters due to Temperature Rise


The frequency response functions of the spindle tool under the influence of thermal deformation are shown in Figure 8, which compares the difference in the frequency response of the spindle after the temperature rises at different speeds. It is seen that the temperature rises at different speeds, eventually affecting the dynamic response characteristics of the spindle tool to different extents. The temperature rise after the operation affects the main modal frequency and dynamic compliance associated with the spindle mode, which is around 1000 Hz. The modal parameters corresponding to this critical spindle mode are listed in Table 2 and illustrated in Figure 9 for comparison. At higher speed operation, the modal frequency of the milling tool decreases, but the deflection increases. For example, after 15,000 rpm, the frequency decreases from 1070 Hz to 1010 Hz by 6%, and the dynamic compliance increases from 0.0405 μm/N to 0.052 μm/N, about an increment of 28.4%, corresponding to a decrement of dynamic stiffness of about 22%. Such changes after the low-speed operation are relatively small, but this shows that the thermal temperature rise under high-speed operation affects the dynamic characteristics of the spindle tool. As found, when the spindle temperature increases, the natural vibration frequency decreases, and the dynamic deflection increases, which implies a softening of the spindle system with increasing speed [24,25]. In addition, as shown in Figure 10, the bearing preload positively affects the modal frequency and modal stiffness with a correlation coefficient (R > 0.9), in which the bearing preload was predicted by thermal–mechanical model, reported in Section 6. This also indicates that the preload of the bearing and the rigidity of the spindle shaft are affected by deviating from the original values due to the increase in temperature. Essentially, the decrease in the dynamic stiffness due to the temperature rise results in a decrease in the machining stability of the spindle tool [25], which is expected to affect the machining performance of the milling machine.





5. Creation of a Digital Model with Thermal–Mechanical Characteristics


5.1. Finite Element Model of Milling Spindle


Figure 11 shows the milling machine (TC510, L. K. Machinery corp., Taichung City, Taiwan) and spindle system (DDS BT-30, POSA Spindle, Taichung City, Taiwan). The milling machine is composed of a vertical column structure, spindle headstock, feeding mechanism, and spindle tool module. The spindle headstock was driven to move along the column in the vertical direction. The high-speed spindle installed in the headstock was designed with a spindle shaft supported by the front and rear bearing pairs coded 7008C, arranged in a DB configuration, respectively. Referring to the bearing manufacturer [49], the geometry information of the angular ball bearings 7008C is given as follows: contact angle (15°), inside diameter (40 mm), outside diameter (68 mm), width (15 mm), ball number (18), and ball diameter (7.89 mm). Also, the basic dynamic and static load rating is 20.6 kN and 15.9 kN, respectively. The preload is an essential factor dominating the rigidity and the dynamic characteristics of the spindle tool, which basically can be preloaded at different amounts using spacers with different clearances, as shown in Figure 12. The clearance refers to the discrepancy in the axial dimensions of the outer and inner ring spacers without considering the radial clearance. In this study, a standard clearance of around 30 µm between the inner and outer ring spacers was made to generate a medium–high preload on bearings, approximately 540–590 N, according to the recommendation in reference [49].



The Finite Element model of the machine structure is shown in Figure 13. In order to consider the heat transfer across bearing components in thermal analysis and the subsequent mechanical analysis for calculating the contact forces of rolling elements, bearings and inner/outer spacers were included in the spindle unit. The bearing was modeled using 3D elements, including inner and outer races and balls. Basically, the bearing preload was determined by the interferences or clearances among these components. Therefore, these mating components were assumed to be in rough contact modes with appropriately defined interferences, which allowed for modeling the preload conditions generated by the change in interference or clearance among these mating components due to thermal expansion. In Finite Element computation, the contact force can be obtained by integrating the nodal force at each nodal point over the entire contact surface between rolling balls and raceways. The modeling of bearing in this way ensures the spindle model is more realistic as a physical unit and adaptable to the change in thermal boundary conditions.



The structural components of the system were meshed using an eight-node hexahedron and a ten-node tetrahedral element. The system consisted of a total of 879,752 elements and 3,064,098 nodes. This study mainly focused on investigating the thermal effect of the spindle tool. Therefore, the model considered here was composed of the spindle model and spindle headstocks, neglecting the vertical column structure and the feeding mechanism. With this model, the contact force at the raceways of bearings was analytically calculated by static analysis. The axial preload of bearing was then obtained as around 542–559 N when the interference between the inner spacer and inner raceway of bearings was set at 30 μm, which is comparable to the expected value of the assembled spindle. The result ensures the correct setting of the contact statute between the rolling balls and raceways in bearings for subsequent thermal–mechanical modeling. As shown in Figure 13c, the localized contact stress of the raceways was distributed in an elliptical area with a Hertzian contact pattern. On the other hand, in modal analysis, the contact stiffness at the rolling interface of the ball bearing was calculated as 347 N/μm under the axial preload of 550 N according to the Hertz contact theorem, which has axial and radial rigidity of 180 and 672 N/μm, respectively.



The milling spindle tool model was further validated by comparing the modal characteristics obtained from impact vibration tests with the computation of the Finite Element model. Figure 14 shows the fundamental vibration modes of the spindle tool headstock, including (1) pitching or nodding motion of the spindle headstock (146 Hz), (2) swinging vibration motion of the headstock about Z axis of the vertical column (160 Hz), (3) yawing vibration of the spindle headstock (370 Hz), (4) the bending vibration of the spindle shaft with tool holder at 1065 Hz, (5) higher bending mode of spindle shaft with tool holder and tail coupling at 1425 Hz. The linear guide modules on the feeding mechanism between the headstock and vertical column structure mainly dominate the first two modes. The fourth and fifth modes at higher frequencies are mainly dominated by the rigidity of the spindle bearings. It is noted that the predicted modal frequencies associated with the spindle modes agree well with those obtained from impact vibration tests. This obviously indicates that the stiffness of the spindle bearing was well implemented in the model based on the proposed modeling approach, which enabled the spindle model to exhibit the vibration characteristics of the milling machine.




5.2. Thermal–Mechanical Analysis and Calibration of Thermal Parameters


The thermal–mechanical coupling analysis was carried out to predict thermal behaviors under various operation conditions. The thermal parameters based on the previous studies were introduced as the boundary of the model under a thermal environment to validate the FE model of the spindle tool. With this, the temperature rise in the spindle tool can be predicted, and hence the mechanical characteristics with the thermal effects can be modeled. Prior to the thermal–mechanical analysis, the determination of the correct thermal parameters and boundary conditions of the spindle tool model is a prerequisite for creating the digital model that can mimic the thermal characteristics of the physical spindle tool system. Essentially, the parameters were initially obtained based on the analytical and empirical formulas in Section 2.1.1 and then imported into the digital model in a parametric mode from the thermal analysis.



In this study, the spindle bearing was lubricated with grease (SKF LGLT 2) with thicker (Lithium soap) and synthetic PAO base oil, which has a kinematic viscosity of 18 mm2/s at 40 °C [49,51]. The heat loss of the bearing was calculated as 17.6, 97.5, and 222.0 W for spindle rotational speeds of 3000, 9000, and 15,000 rpm. The forced convection coefficient generated by the lubricating greases with rolling balls and inner rings in bearing was calculated as 83.3 to 186.3 W/m2·°C for a speed of 3000 to 15,000 rpm, and the forced convection coefficient due to the rotation of the shaft was estimated as 101.6 to 301.9 W/m2·°C, changing with the increase in rotation speed from 3000 to 15,000 rpm. The temperature rises in the spindle under various speeds were obtained through thermal analysis. The thermal parameters were identified by comparing the time variation in temperature rise obtained from the experimental measurements with the results obtained from the thermal analysis. In this process, the results of the thermal analysis are affected by the heat loss and thermal convection coefficients introduced in the thermal model, which essentially were obtained through empirical calculations, but they are calibrated to fit the prediction with the measurements by considering the variation in the viscous characteristics of the lubricant, which is the main factor contributing to the heat loss and heat convection transfer in bearing [40].



The lubricant grease (SKF LGLT 2, NLGI grade2) used in bearing has a kinematic viscosity rated as 18 mm2/s at operating temperature (40 °C) and as 4.5 mm2/s at temperature (100 °C). The temperature-dependent viscosity can be expressed as an exponential form based on studies [40,59], which can be stated as the equation ν = 45.357 × e−0.023T. Therefore, in transient thermal modeling, thermal parameters were imported into the digital model in the parametric model. The heat loss and heat convection coefficient adapt to change with the temperature of the bearing when the spindle is operated at different speeds. With consideration of the variation in lubricant viscosity, the predicted transient temperature was shown to be comparable to the measurements.




5.3. Validation of Digital Model


Figure 15 shows the transient temperature rise in the housing at the front bearing of the spindle tool under speeds of 3000, 9000, 12,000, and 15,000 rpm, which were compared with the measured temperature rise. As observed, the temperature rise histories predicted under different spindle speeds agree with the measurements. The observation verifies the accuracy of the digital model of the spindle tool system in predicting thermal behaviors.



With the modeling of thermal behaviors, the temperature rises in bearings at a steady thermal state were predicted, as shown in Figure 16 and Table 3. The bearing temperature is around 29.4, 35.3, 37.9, and 40.8 °C for spindle speed at 3000, 9000, 12,000, and 15,000 rpm, respectively, corresponding to the temperature rise of about 9.4, 15.3, 17.9, and 20.7 °C. The temperature distributions within the spindle at a steady thermal state were predicted and illustrated in Figure 17.



Results of run-in experiments and thermal modeling have shown that the temperature increases with the spindle speed change, and the value of bearing heat generation ranges from 23 W at 3000 rpm to 198 W at 15,000 rpm. From the validation of the thermal model of the milling spindle, the thermal characteristics, such as bearing heat loss and forced convection coefficients with change in spindle speed, can be appropriately identified, as listed in Table 4. The thermal parameters can be accurately related to the spindle speed by curve fitting of the data, as shown in Figure 18. Equations for bearing heat loss Qb (w) and forced convection coefficient Hf (W/(m2·°C) can be expressed as the function of speed S (rpm) shown in Equations (23) and (24), respectively.


    Q   b   = 6.0 ×   10   − 7   ·   S   2     +   0.0034 · S     +   7.8  



(23)






    H   f   = 0.4508 ·   S   0.6767    



(24)









6. Application of Thermal–Mechanical Model


6.1. Prediction of Thermal Deformation


A typical deformation pattern of the spindle tool with the headstock under a stable thermal state is illustrated in Figure 19, which shows the maximum deformation occurring at the tool tip. The axial deformation of the spindle tool due to temperature rise under speeds of 3000, 6000, 9000, 12,000, and 15,000 rpm is predicted at around 11.4, 14.7, 18.0, 23.1, and 27.2 μm, respectively.



The thermal deformation of the spindle tool is more significantly affected by the increasing spindle speed. This phenomenon was clearly illustrated in Figure 20, in which the thermal deformation increases nonlinearly with spindle speed. The higher the speed of the spindle in operation, the higher the temperature rise inside the bearing, hence inducing more axial elongation of the spindle tool, which was believed to affect the dimensional accuracy of the workpiece. The axial deformation δt (µm) of the spindle tool can be well related to the spindle speed S (rpm) by the following equation.


    δ   t   = 9.3376 ×     e   7 ×   10   − 5   ×   S    



(25)








6.2. Prediction of Thermal-Induced Bearing Preload


As revealed in the previous section, there is an axial deformation due to the rise in temperature under high-speed operation. The thermal elongations of the spindle shaft, spindle housing, and the inner and outer spacers are different, which in turn change the clearance of the inner and outer spacers between the front and rear bearings, as shown in Figure 21. The axial deformation will change the contact state, such as the contact zone and contact force between rolling balls and raceways, altering the bearing preload amount and rigidity.



In this case, the bearings were arranged in a double-paired DB arrangement, in which the negative clearance between the outer ring spacer and the inner ring was made to generate the preload in bearings. According to the thermal–mechanical coupled analysis, the axial preload of bearing under thermal deformation can be calculated based on the contact force of the rolling balls on the raceways. It is noted that the spindle shaft with the inner spacer has more elongation than the outer spacers with spindle housing. Hence, it will lessen the interference between rolling balls and raceways and reduce the preload on rolling balls. The variation in bearing preload with changing of the spindle speed is shown in Figure 22a, which shows the decrease in preload with increasing speed in a nonlinear way. The fitted expression of preload Pr (N) with respect to spindle speed S (rpm) is given as


    P   r   = 1920 ·     S   − 0.191    



(26)







The initial preload of the spindle bearing is about 550 N, while it decreases to 365 N when operating at a speed of 6000 rpm, corresponding to a reduction of 35.6% in preload. If the spindle speed increases to 15,000 rpm, the bearing preload will decrease to 325 N, about a reduction of 40%. The reduction in bearing preload substantially reduces the contact stiffness and bearing rigidity by 16%. This implies that the dominant vibration frequency of the spindle with significant deformation will be affected by a decrease in temperature rise under high-speed operation, as was observed in the experiments conducted. The frequency responses of the spindle tool under different speeds were further predicted by harmonic analysis based on the proposed model, as illustrated in Figure 22b. It is noted that the predicted dynamic compliances at the dominant frequency around 1000 Hz decrease with the increase in spindle speed. The frequency responses affected by thermal effects on bearing preload are well comparable to those observed in experiments (Figure 8).



The current results clearly demonstrate that the digital model can effectively mimic the thermal–mechanical behavior of the milling spindle tool under different operation speeds. The change in bearing preload and the modal parameters dominating the machining stability under thermal effects can also be accurately predicted by using the digital model instead of the experiment measurements. As a whole, the model developed with thermal–mechanical coupling effects and thermal parameters identified from experiments can provide the basis for the improvement of the mechanical performances of the milling spindle system. Some implications in practical application can be drawn as follows: (1) Design of bearing configuration. Front and rear bearings in the spindle can be configured in different configurations, such as front-to-front or back-back arrangements [49]. As known, bearing preload was susceptible to decrease or increase due to thermal expansion of the spindle components. For different bearing configurations, the influence extent of such thermal effects on the dynamic characteristics and machining stability of the milling spindle can be evaluated following the proposed model, which can help engineers make appropriate evaluations at the design phase of the spindle. (2) Initial preload setting. Preload was normally set at a specific amount according to the machining purpose, light preload for high-speed finish machining or heavy preload for rough machining, but it causes a rise in bearing temperature and variation in bearing preload to different extents. With this model, an appropriate evaluation of the variation in dynamic characteristics of the spindle under temperature rise can help to determine the optimum preload.





7. Conclusions


This study aimed to develop a comprehensive thermal–mechanical model for the spindle tool system to investigate transient thermal behavior and its impact on the dynamic characteristics of the milling machine. The temperature rise histories and the dynamic characteristics of the spindle were first measured by conducting run-in tests on a milling machine and by tapping tests, which were used as model verifications. Some conclusions are drawn below:




	
Experimental findings revealed that temperature rises in the spindle unit affect the modal frequency and dynamic compliance to change with the increase in spindle speed, indicating a decrease in bearing stiffness due to thermal effects at higher speeds.



	
Thermal parameters played a crucial role in ensuring the effectiveness and accuracy of the model in mimicking the thermal–mechanical behavior of the milling spindle. The study successfully identified temperature-dependent thermal parameters by comparing results from transient thermal analysis with experimentally measured temperature rise histories. Notably, thermal parameters varied with temperature rise. In addition, the thermal-induced bearing preload can also be predicted by the digital model without the need for sensor implementation in the spindle.



	
Furthermore, results from thermal–mechanical coupling analysis highlighted that thermal expansion of spindle components and headstock led to a decrease in bearing preload with increasing speed. At a speed of 15,000 rpm, bearing preload exhibited a reduction of approximately 45% from its initial state, consequently increasing the dynamic compliance of the spindle tool, as confirmed in experiments.



	
These findings demonstrate that the spindle model developed in this study accurately reflects the characteristics of real milling spindles. Moreover, this model, incorporating a milling spindle with a machine frame, provides a valuable foundation for monitoring changes in spindle performance and improving the design of both spindle and machine frame structures. This is particularly relevant for optimizing bearing configuration, feeding mechanisms, and cooling systems to mitigate thermal effects.
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Nomenclature









	H
	Heat value
	Watts (W)



	M
	Sum of the moments
	N.mm



	n
	Rotation per minute
	rpm



	Ml
	Mechanical friction torque
	N.mm



	Mv
	Viscous friction torque
	N.mm



	f1
	Bearing type load factor
	



	Fβ
	Bearing load
	N



	     d   m     
	Pith diameter of ball bearing
	mm



	fs
	Static equivalent load
	N



	Fa
	Axial load
	N



	Fr
	Radial load
	N



	Cor
	Basic static load rating
	N



	z, y
	Constant value
	



	X0,Y0
	Static equivalent load factor
	



	v0
	Kinematic viscosity of the lubricant
	mm2/s



	f0
	factor related to the type of bearing with the condition of bearings arrangements and lubrication type
	



	hh
	Natural convection coefficient
	W/m2/°C



	     h   f     
	Forced convection coefficients of the rotating components
	W/m2/°C



	     h   b     
	Rolling balls and the lubricant forced convection coefficient
	W/m2/°C



	ΔTh
	Air temperature changes
	°C



	     N   u     
	Nusselt number
	



	   l   
	Thermal conductivity of the air
	W/m/°C



	     D   s     
	Equivalent diameter of the rotating components
	mm



	Re
	Reynold number
	



	     P   r     
	Prandtl number of the fluid
	



	   ν   
	Kinematic viscosity factor of the fluid
	mm2/s



	λb
	Heat conductivity
	W/m/°C



	us
	One-third of the shaft/housing surface velocity
	m/s



	Dm
	Diameter of the bearing outer surface
	mm



	     ν   b     
	Ball bearing lubricant kinematic viscosity
	mm2/s



	   Q   
	Contact force
	N



	Z
	Number of balls
	



	   α   
	Contact angle
	



	     α   o     
	Loaded condition contact angle
	



	Pd
	Diametric clearance
	mm



	D
	Ball diameter
	mm



	ro
	Outer raceway curvature radius
	mm



	ri
	Inner raceway curvature radius
	mm



	     Q   r     
	Radial force
	N



	     Q   a     
	Axial force
	N



	     K   n     
	Normal load–deflection factor; axial load–deflection factor
	N/mmn



	     δ   n     
	Normal deflection or contact deformation
	mm



	     K   h     
	Hertzian load–deflection factor; axial load–deflection factor
	N/mmn



	ωn
	Natural frequency
	Hz



	ξ
	Damping ratio
	



	G(ω)
	Real parts of the frequency response
	



	H(ω)
	Imaginary parts of the frequency response
	



	   k   
	Stiffness
	N/m



	   m   
	Mass
	Kg



	   c   
	Damping factor
	N.s/m



	Qb
	Bearing heat loss
	W



	     δ   t     
	Axial deformation
	µm



	S
	Rotation speed
	rpm



	     P   r     
	Bearing preload
	N







References


	



Mayr, J.; Jedrzejewski, J.; Uhlmann, E.; Alkan Donmez, M.; Knapp, W.; Härtig, F.; Wendt, K.; Moriwaki, T.; Shore, P.; Schmitt, R.; et al. Thermal Issues in Machine Tools. CIRP Ann. 2012, 61, 771–791. [Google Scholar] [CrossRef]

	



El Ouafi, A.; Guillot, M.; Barka, N. An Integrated Modeling Approach for ANN-Based Real-Time Thermal Error Compensation on a CNC Turning Center. AMR 2013, 664, 907–915. [Google Scholar] [CrossRef]

	



Yang, J.; Mei, X.; Zhao, L.; Ma, C.; Shi, H.; Feng, B. Thermal Error Compensation on a Computer Numerical Control Machine Tool Considering Thermal Tilt Angles and Cutting Tool Length. Proc. Inst. Mech. Eng. Part B J. Eng. Manuf. 2015, 229, 78–97. [Google Scholar] [CrossRef]

	



Pahk, H.; Lee, S.W. Thermal Error Measurement and Real Time Compensation System for the CNC Machine Tools Incorporating the Spindle Thermal Error and the Feed Axis Thermal Error. Int. J. Adv. Manuf. Technol. 2002, 20, 487–494. [Google Scholar] [CrossRef]

	



Chen, T.-C.; Chang, C.-J.; Hung, J.-P.; Lee, R.-M.; Wang, C.-C. Real-Time Compensation for Thermal Errors of the Milling Machine. Appl. Sci. 2016, 6, 101. [Google Scholar] [CrossRef]

	



Peng, J.; Yin, M.; Cao, L.; Liao, Q.; Wang, L.; Yin, G. Study on the Spindle Axial Thermal Error of a Five-Axis Machining Center Considering the Thermal Bending Effect. Precis. Eng. 2022, 75, 210–226. [Google Scholar] [CrossRef]

	



Liu, H.; Miao, E.; Feng, D.; Li, J.; Ma, H.; Zhang, Z. Thermal Error Modeling Algorithm Based on Overall Adjustment Strategy Neural Network. J. Chongqing Univ. Technol. Nat. Sci. 2020, 34, 107–115. [Google Scholar]

	



Liu, J.; Ma, C.; Gui, H.; Wang, S. Thermally-Induced Error Compensation of Spindle System Based on Long Short Term Memory Neural Networks. Appl. Soft Comput. 2021, 102, 107094. [Google Scholar] [CrossRef]

	



Wei, X.; Ye, H.; Miao, E.; Pan, Q. Thermal Error Modeling and Compensation Based on Gaussian Process Regression for CNC Machine Tools. Precis. Eng. 2022, 77, 65–76. [Google Scholar] [CrossRef]

	



Li, Z.; Zhu, B.; Dai, Y.; Zhu, W.; Wang, Q.; Wang, B. Research on Thermal Error Modeling of Motorized Spindle Based on BP Neural Network Optimized by Beetle Antennae Search Algorithm. Machines 2021, 9, 286. [Google Scholar] [CrossRef]

	



Tan, F.; Yin, M.; Peng, J.; Wei, Y.; Yin, G. CNC Machine Tool Spindle Thermal Error Modeling Based on Ensemble BP Neural Network. Comput. Integr. Manuf. Syst. 2018, 24, 1383–1390. [Google Scholar]

	



Li, Y.; Yu, M.; Bai, Y.; Hou, Z.; Wu, W. A Review of Thermal Error Modeling Methods for Machine Tools. Appl. Sci. 2021, 11, 5216. [Google Scholar] [CrossRef]

	



Ozturk, E.; Kumar, U.; Turner, S.; Schmitz, T. Investigation of Spindle Bearing Preload on Dynamics and Stability Limit in Milling. CIRP Ann. 2012, 61, 343–346. [Google Scholar] [CrossRef]

	



Chen, Y.-J.; Hung, J.-P.; Wu, K.-D. Experimental Measurement and FEM Modeling of the Dynamic Characteristics of the Milling Spindle with Different Bearing Preload. J. Chin. Soc. Mech. Eng. 2017, 38, 56–61. [Google Scholar]

	



Zhang, Z.; Feng, S.; Ding, Y.; Mei, X.; Tao, Z. Thermal Error Modeling of Spindle and Dynamic Machining Accuracy Reliability Analysis of CNC Machine Tools Based on IA and LHSMC. Eksploat. Niezawodn.—Maint. Reliab. 2022, 24, 100–113. [Google Scholar] [CrossRef]

	



Harris, T.A. How to Compute the Effects of Preloaded Bearings. Prod. Eng. 1995, 19, 84–93. [Google Scholar]

	



Kim, K.; Kim, S.S. Effect of Preload on Running Accuracy of Spindle. Int. J. Mach. Tools Manuf. 1989, 29, 99–105. [Google Scholar] [CrossRef]

	



Huseyin Filiz, I.; Gorur, G. Analysis of Preloaded Bearings under Combined Axial and Radial Loading. Int. J. Mach. Tools Manuf. 1994, 34, 1–11. [Google Scholar] [CrossRef]

	



Li, H.; Shin, Y.C. Analysis of Bearing Configuration Effects on High Speed Spindles Using an Integrated Dynamic Thermo-Mechanical Spindle Model. Int. J. Mach. Tools Manuf. 2004, 44, 347–364. [Google Scholar] [CrossRef]

	



Ciou, Y.-S.; Lee, C.-Y. Controllable Preload Spindle with a Piezoelectric Actuator for Machine Tools. Int. J. Mach. Tools Manuf. 2019, 139, 60–63. [Google Scholar] [CrossRef]

	



Bian, W.; Wang, Z.; Yuan, J.; Xu, W. Thermo-Mechanical Analysis of Angular Contact Ball Bearing. J. Mech. Sci. Technol. 2016, 30, 297–306. [Google Scholar] [CrossRef]

	



Jiang, S.; Mao, H. Investigation of Variable Optimum Preload for a Machine Tool Spindle. Int. J. Mach. Tools Manuf. 2010, 50, 19–28. [Google Scholar] [CrossRef]

	



Hwang, Y.K.; Lee, C.M. Development of Automatic Variable Preload Device for Spindle Bearing by Using Centrifugal Force. Int. J. Mach. Tools Manuf. 2009, 49, 781–787. [Google Scholar] [CrossRef]

	



Zahedi, A.; Movahhedy, M.R. Thermo-Mechanical Modeling of High Speed Spindles. Sci. Iran 2012, 19, 282–293. [Google Scholar] [CrossRef]

	



Sy Truong, D.; Kim, B.-S.; Park, J.-K. Thermally Affected Stiffness Matrix of Angular Contact Ball Bearings in a High-Speed Spindle System. Adv. Mech. Eng. 2019, 11, 168781401988975. [Google Scholar] [CrossRef]

	



Truong, D.S.; Kim, B.-S.; Ro, S.-K. An Analysis of a Thermally Affected High-Speed Spindle with Angular Contact Ball Bearings. Tribol. Int. 2021, 157, 106881. [Google Scholar] [CrossRef]

	



Gao, S.H.; Meng, G.; Long, X.H. Stability Prediction in High-Speed Milling Including the Thermal Preload Effects of Bearing. Proc. Inst. Mech. Eng. Part E J. Process Mech. Eng. 2010, 224, 11–22. [Google Scholar] [CrossRef]

	



Liu, J.; Lai, T.; Tie, G. Influence of Thermo-Mechanical Coupled Behaviors on Milling Stability of High Speed Motorized Spindles. Precis. Eng. 2018, 52, 94–105. [Google Scholar] [CrossRef]

	



Li, B.; Chen, Y.; Yang, X.; Zhu, L. Influence of Thermal Effect on Dynamic Behavior of High-Speed Dry Hobbing Motorized Spindle System. J. Mech. Sci. Technol. 2022, 36, 2521–2531. [Google Scholar] [CrossRef]

	



Hao, J.; Li, C.; Song, W.; Yao, Z.; Miao, H.; Xu, M.; Gong, X.; Lu, H.; Liu, Z. Thermal-Mechanical Dynamic Interaction in High-Speed Motorized Spindle Considering Nonlinear Vibration. Int. J. Mech. Sci. 2023, 240, 107959. [Google Scholar] [CrossRef]

	



Miao, H.; Wang, C.; Song, W.; Li, C.; Zhang, X.; Xu, M. Coupling Modeling of Thermal–Dynamics–Milling Process for Spindle System Considering Nonlinear Characteristics. Nonlinear Dyn. 2024, 112, 6061–6099. [Google Scholar] [CrossRef]

	



Zhang, C.; Li, B.; Yu, C.; Li, H.; Zhu, Y. Prediction of the Modal Parameters of The Spindle System in High-speed Dry Hobbing Machine with Thermal Effects. Acad. J. Sci. Technol. 2024, 9, 221–226. [Google Scholar] [CrossRef]

	



Fuller, A.; Fan, Z.; Day, C.; Barlow, C. Digital Twin: Enabling Technologies, Challenges and Open Research. IEEE Access 2020, 8, 108952–108971. [Google Scholar] [CrossRef]

	



Semeraro, C.; Lezoche, M.; Panetto, H.; Dassisti, M. Digital Twin Paradigm: A Systematic Literature Review. Comput. Ind. 2021, 130, 103469. [Google Scholar] [CrossRef]

	



Leng, J.; Wang, D.; Shen, W.; Li, X.; Liu, Q.; Chen, X. Digital Twins-Based Smart Manufacturing System Design in Industry 4.0: A Review. J. Manuf. Syst. 2021, 60, 119–137. [Google Scholar] [CrossRef]

	



Segovia, M.; Garcia-Alfaro, J. Design, Modeling and Implementation of Digital Twins. Sensors 2022, 22, 5396. [Google Scholar] [CrossRef] [PubMed]

	



Cai, Y.; Starly, B.; Cohen, P.; Lee, Y.-S. Sensor Data and Information Fusion to Construct Digital-Twins Virtual Machine Tools for Cyber-Physical Manufacturing. Procedia Manuf. 2017, 10, 1031–1042. [Google Scholar] [CrossRef]

	



Liu, T.; Gao, W.; Zhang, D.; Zhang, Y.; Chang, W.; Liang, C.; Tian, Y. Analytical Modeling for Thermal Errors of Motorized Spindle Unit. Int. J. Mach. Tools Manuf. 2017, 112, 53–70. [Google Scholar] [CrossRef]

	



Xiao, J.; Fan, K. Research on the Digital Twin for Thermal Characteristics of Motorized Spindle. Int. J. Adv. Manuf. Technol. 2022, 119, 5107–5118. [Google Scholar] [CrossRef]

	



Liu, J.; Ma, C.; Wang, S.; Wang, S.; Yang, B.; Shi, H. Thermal-Structure Interaction Characteristics of a High-Speed Spindle- Bearing System. Int. J. Mach. Tools Manuf. 2019, 137, 42–57. [Google Scholar] [CrossRef]

	



Lei, C.; Li, F.; Gong, B.; Jia, X. An Integrated Model to Characterize Comprehensive Stiffness of Angular Contact Ball Bearings. Math. Probl. Eng. 2020, 2020, 4951828. [Google Scholar] [CrossRef]

	



Palmgren, A. Ball and Roller Bearing Engineering, 3rd ed.; SKF Industries Inc.: Philadelphia, PA, USA, 1959; pp. 34–41. [Google Scholar]

	



Harris, T.A.; Kotzalas, M.N. Advanced Concepts of Bearing Technology: Rolling Bearing Analysis, 5th ed.; CRC Press: Boca Raton, FL, USA, 2006. [Google Scholar]

	



SKF Group. The SKF Model for Calculating the Frictional Moment, 2021, 17000–B5. Available online: https://cdn.skfmediahub.skf.com/api/public/0901d1968065e9e7/pdf_preview_medium/0901d1968065e9e7_pdf_preview_medium.pdf (accessed on 29 October 2023).

	



Liu, J.; Li, X.; Ding, S.; Pang, R. A time-varying friction moment calculation method of an angular contact ball bearing with the waviness error. Mech. Mach. Theory 2020, 148, 103799. [Google Scholar] [CrossRef]

	



Yu, Y.; Ma, R.; Xue, Y.; Liu, Y. Study on Thermal Characteristics of Angular Contact Ball Bearings Considering Roundness Error. Lubricants 2024, 12, 43. [Google Scholar] [CrossRef]

	



Rodionov, E.M. Moment Originating from Errors in the Form or Rolling Surfaces of a Ball Bearing; Technical Report FTD-HT-66-374; Foreign Technology Div.: Wright-Patterson AFB, OH, USA, 1966. [Google Scholar]

	



Liu, J.; Xu, Z. An Optimization Design Method of a Cylindrical Roller Bearing with the Low Friction Torque. J. Tribol. 2022, 144, 111201. [Google Scholar] [CrossRef]

	



NSK Ltd. Part 5: Technical Guides. In NSK Motion & Control Super Precision Bearings; NSK Ltd.: Tokyo, Japan, 2022; Available online: https://www.nsk.com (accessed on 4 November 2023).

	



Dong, Y.; Chen, F.; Qiu, M. Thermal-Induced Influences Considered Spindle Unit Angular Contact Ball Bearing Preload Determination Using Embedded Fiber Bragg Gating Sensors. Int. J. Distrib. Sens. Netw. 2022, 18, 15501329221082430. [Google Scholar] [CrossRef]

	



KOYO. Ball & Roller Bearing. Available online: https://koyo.jtekt.co.jp/en/support/bearing-knowledge/pdf/catb2001-8_a.pdf#page=68 (accessed on 25 March 2024).

	



Jorgensen, B.R.; Shin, Y.C. Dynamics of Machine Tool Spindle/Bearing Systems Under Thermal Growth. J. Tribol. 1997, 119, 875–882. [Google Scholar] [CrossRef]

	



Bossmanns, B.; Tu, J.F. A Thermal Model for High Speed Motorized Spindles. Int. J. Mach. Tools Manuf. 1999, 39, 1345–1366. [Google Scholar] [CrossRef]

	



Zhang, L.; Xuan, J.; Shi, T. Obtaining More Accurate Thermal Boundary Conditions of Machine Tool Spindle Using Response Surface Model Hybrid Artificial Bee Colony Algorithm. Symmetry 2020, 12, 361. [Google Scholar] [CrossRef]

	



Zhang, J.; Feng, P.; Chen, C.; Yu, D.; Wu, Z. A Method for Thermal Performance Modeling and Simulation of Machine Tools. Int. J. Adv. Manuf. Technol. 2013, 68, 1517–1527. [Google Scholar] [CrossRef]

	



Wang, Y.; Cao, J.; Tong, Q.; An, G.; Liu, R.; Zhang, Y.; Yan, H. Study on the Thermal Performance and Temperature Distribution of Ball Bearings in the Traction Motor of a High-Speed EMU. Appl. Sci. 2020, 10, 4373. [Google Scholar] [CrossRef]

	



Alfares, M.; Saleem, O.; Majeed, M. Analytical Study of Thermal Variation Impact on Dynamics of a Spindle Bearing System. Proc. IMechE 2019, 233, 871–898. [Google Scholar] [CrossRef]

	



Hung, J.-P.; Lai, Y.-L.; Lin, C.-Y.; Lo, T.-L. Modeling the Machining Stability of a Vertical Milling Machine under the Influence of the Preloaded Linear Guide. Int. J. Mach. Tools Manuf. 2011, 51, 731–739. [Google Scholar] [CrossRef]

	



Jakubek, B.; Barczewski, R. The Influence of Kinematic Viscosity of a Lubricant on Broadband Rolling Bearing Vibrations in Amplitude Terms. Diagnostyka 2018, 20, 93–102. [Google Scholar] [CrossRef]








[image: Lubricants 12 00185 g001] 





Figure 1. Schematic of a preloading method of bearings and adjustment method: (a) position preloading with spacer; (b) constant pressure preload with spring. 






Figure 1. Schematic of a preloading method of bearings and adjustment method: (a) position preloading with spacer; (b) constant pressure preload with spring.



[image: Lubricants 12 00185 g001]







[image: Lubricants 12 00185 g002] 





Figure 2. Adjustment of spacer length for preloading the bearings: (a) contact interface geometry, initial condition when touching but Q = 0; (b) contact normal force, axial and radial; (c) geometry change example at contact interface due to external loading or displacement. 
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Figure 3. Typical frequency response function of milling tool: (a) dynamic compliance and (b) real part. 






Figure 3. Typical frequency response function of milling tool: (a) dynamic compliance and (b) real part.



[image: Lubricants 12 00185 g003]







[image: Lubricants 12 00185 g005] 





Figure 5. Configuration of run-in experiments: (a) temperature sensor positions; (b) instruments used for temperature measurement; thermocouple sensors and data acquisition modules. 
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Figure 6. The temperature rise histories of the spindle tool measured at different points under various speeds: (a) 3000 rpm; (b) 9000 rpm; (c) 12,000 rpm; (d) 15,000 rpm. 
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Figure 7. (a) Configuration of vibration test conducted on a milling machine, (b) Measured vibration responses at tool holder of the milling spindle. 
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Figure 8. The frequency response functions measured after the run-in test at different speeds. 
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Figure 9. Variation in modal parameters due to thermal effects under different spindle speeds: (a) dynamic compliance; (b) modal frequency; (c) damping ratio; (d) modal stiffness. 
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Figure 10. Correlation between modal parameters and predicted bearing preload: (a) modal frequency; (b) modal stiffness. 
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Figure 11. Milling machine and detailed drawing specification of a spindle used for experiments: (a) milling machine; (b) spindle unit. 
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Figure 12. Solid model of spindle tool system: (a) the whole solid model used in the FEM model; (b) details of the spindle with bearings and spacer clearance between the inner and outer ring. 
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Figure 13. Finite Element model of the vertical spindle tool system: (a) FEM model including vertical column structure; (b) spindle headstock with tools; (c) distribution of contact pressure and minimum stress at bearing under initial preload. 
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Figure 14. The fundamental vibration modes of the milling spindle tool: (a) pitching mode of spindle headstock; (b) swinging vibration of spindle headstock; (c) yawing mode of spindle headstock; (d) bending vibration of spindle shaft with tool holder; (e) bending vibration of spindle shaft with tool holder and tail coupling. 
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Figure 15. Comparisons of the temperature rise in the spindle tool at the housing of the front bearing between measurements and predictions under different speeds: (a) 3000 rpm; (b) 9000 rpm; (c) 12,000 rpm; (d) 15,000 rpm. 
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Figure 16. Predicted temperature rises at spindle bearings. 
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Figure 17. Predicted temperature distributions of spindle headstock and spindle bearings: (a) 3000 rpm; (b) 9000 rpm; (c) 15,000 rpm. 
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Figure 18. (a) Bearing heat loss and (b) forced convection coefficient under different spindle speeds. 
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Figure 19. Typical thermal deformation pattern of the spindle headstock with spindle tool, predicted at speeds of 3000 and 9000 rpm. 
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Figure 20. Variation in thermal deformation of the spindle tool with the change in rotation speed. 
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Figure 21. Thermal deformation of spindle tool system at 3000 rpm. 
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Figure 22. (a) Variation in bearing preload and (b) frequency responses with changing of the spindle speed. 
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Table 1. Modal parameters of the spindle tool holder.
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	Mode
	Modal Frequency

(Hz)
	Dynamic Compliance

(μm/N)
	Modal Stiffness

(N/μm)
	Damping Ratio

(%)





	1
	176
	0.0447
	403.91
	5.16



	2
	380
	0.0167
	680.60
	6.48



	3
	675
	0.0192
	629.22
	6.44



	4
	1070
	0.0405
	519.32
	3.38



	5
	1420
	0.0151
	548.66
	5.29










 





Table 2. Modal parameters measured after run-in operation.
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	Spindle Speed

(rpm)
	Frequency

(Hz)
	Damping

(%)
	Compliance (μm/N)
	Modal Stiffness (N/μm)
	Dynamic Stiffness

(N/μm)





	Before run-in
	1070
	3.380
	0.0405
	519.32
	24.69



	3000
	1030
	2.447
	0.0407
	483.43
	24.57



	6000
	1015
	2.483
	0.0404
	401.99
	24.75



	9000
	1012
	2.490
	0.0447
	361.03
	22.36



	12,000
	1010
	2.495
	0.0476
	338.25
	21.01



	15,000
	1010
	2.505
	0.0520
	311.59
	19.23










 





Table 3. Comparisons of the temperatures at bearing sites between measurements and predictions.
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RPM

	
Measured Temp. at

Bearing Housing (°C)

	
Predicted Temp. at

Bearing Housing (°C)

	
Predicted Temp. at Ball Bearing (°C)

	
Temperature

Rise (°C)




	

	
Front

	
Rear

	
Front

	
Rear

	
Rear

	






	
3000

	
27.17

	
25.10

	
26.63

	
25.64

	
29.5

	
9.5




	
6000

	
27.96

	
28.07

	
27.34

	
27.25

	
31.5

	
11.5




	
9000

	
27.03

	
27.00

	
27.91

	
27.57

	
34.5

	
14.5




	
12,000

	
28.34

	
28.45

	
28.45

	
28.75

	
37.9

	
17.9




	
15,000

	
28.35

	
28.58

	
28.45

	
28.62

	
40.7

	
20.7











 





Table 4. Thermal parameters.






Table 4. Thermal parameters.





	Spindle

Speed (rpm)
	Bearing

Heat Loss (W)
	Forced Convection around

Spindle Shaft (W/(m2.°C)
	Forced Convection at Bearing

Rotating Surface (W/(m2.°C)





	3000
	23
	101.6
	83.3



	6000
	52
	162.4
	117.8



	9000
	87
	213.7
	144.3



	12,000
	138
	259.6
	166.6



	15,000
	198
	301.9
	186.3
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