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Abstract: Axial compressor blades with a deformed initial torsion angle caused by aerodynamic
excitation resonated at the working speed and changed the rule of fatigue damage accumulation.
The fatigue life of a blade has a prediction error, even causing serious flight accidents if the effect of
torque causing damage deterioration of the blade fatigue life is neglected. Therefore, in this paper, a
uniaxial non-linear fatigue damage model was modified using the equivalent stress with torsional
shear stress, and the proposed fatigue model including the torsional moment was used to study
the compressor blade fatigue life. Then, the blade numerical simulation model was established
to calculate the vibration characteristics under complex loads of airflow excitation and a rotating
centrifugal force. Finally, the blade fatigue life under actual working conditions was predicted
using the modified fatigue model. The results show that the interaction between centrifugal and
aerodynamic loads affects the natural frequency, as the frequencies in modes dominated by bending
deformation decreased whereas those dominated by torsional deformation increased. Furthermore,
the blade root of the suction surface showed stress concentration, but there is an obvious difference
of stress distribution and amplitude between the normal stress and the equivalent stress including
torsional shear stress. The additional consideration of the torsional shear stress decreased the
predicted fatigue life by 4.5%. The damage accumulation rate changes with the loading cycle, and it
accelerates fast for the last 25% of the cycle, when the blade fracture may occur at any time. Thus, the
aerodynamic excitation increased the safety factor of blade fatigue life prediction.

Keywords: compressor blade; aerodynamic excitation; torsional moment; vibration response; nonlin-
ear fatigue damage; life prediction

1. Introduction

The compressor blade is the core component of an aeroengine, which operates in
an environment of high rotating speeds, high pressure, and high temperature. With the
improvement in the performance of aeroengines, the compressor loads are increasing.
Therefore, the operating environment of the blade will become more adverse, and failure
fractures will often occur [1–3]. The high-speed rotating blades are not only subjected
to centrifugal load by self-weight, but could also be causing the vibration deformation
with the initial twist angle, leading to the blade entering a complex stress state [4]. In
this state, the blade can easily suffer fatigue failure under the coupling alternating loads,
which is extremely harmful to the operational security of an aeroengine [5,6]. Hence, it is
necessary to study the vibration characteristics and fatigue life predictions of a compressor
blade considering aerodynamic excitation, which is of great significance to improving the
reliability of aeroengines.

The high-speed rotation of a compressor’s blades converts the kinetic energy of the
rotor to the internal energy of the gas. As the pressure of the gas increases, its flow velocity
also increases. Studies have shown that, during this process of energy conversion, the
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blade is subject to excitation and vibrates. The vibration includes the self-excited vibration,
or flutter, and the unsteady forced vibration. Compared with the self-excited vibration, the
forced vibration is more common [7,8]. When the frequency of the external excitation is
equal or close to the natural frequency of the blade, it will be induced to resonate, leading to
instantaneous increases in the magnitude of vibration and blade failure [9]. Ernst et al. [10]
investigated the effect of the wave induced by the rotor–stator interactions on the vibration
characteristics of a compressor blade and verified the numerical computation results for the
flow field. They also measured the blade vibration frequencies and strains and developed
a method for determining the blade–blade interaction through frequency analysis. Janard-
hana and Maharana [11] analyzed the vibration stress in a single-stage fan blade at multiple
critical rotational speeds. They found that the peak stress was closely related to the blade
modal deformation and always occurred at the leading edge, making it prone to fatigue
failure. Yang et al. [12] computed the vibration response of a radial turbine. They found
that the shock wave excited by the trailing edge of the guide vane induced a pressure wave
on the turbine blade, which, in turn, induced blade harmonic resonance, and subsequently,
high-cycle fatigue. Belamri et al. [13,14] used a three-dimensional computational fluid
dynamics (CFD) tool to establish a flow field analysis model of a 15-stage axial compressor
and to perform steady-state and transient-flow simulations. Ni et al. [15] established a
numerical model of a transonic compressor blade under fluid–structure interactions and
analyzed the dynamic response characteristics of the blade. They found that the self-
excitation of the rotor blade rows varied the pressure distribution on the blade surface and
the resulting blade dynamic response had a non-negligible effect on the structural strength.

A blade is usually designed with an initial twist angle to improve its fluidity. Operat-
ing under high-speed, high-pressure conditions, the blade is subject to coupled vibrations,
including axial bending, tangential bending, and torsion, in real operating cycles due to the
combined effects of the centrifugal inertial force of the blade and the gas flow disturbance-
induced aerodynamic load [16,17]. The stress distribution in the blade under the coupled
vibrations is more complex than that under pure bending or torsional vibration [18]. The
combined effects of the tensile, bending, and torsional stresses not only change the location
of the critical region for blade fatigue failure, but also increase the accumulation rate of
blade damage. Among the methods for estimating the fatigue damage of structures from
the stress fatigue perspective, the S-N curve method is the most widely applied [19,20].
The model’s parameters can be easily fitted, and the computational results are accurate
enough for engineering applications, which combines with Palmgren–Miner linear damage
rule [21], Marco–Starkey nonlinear damage rule [22], and other nonlinear damage accumu-
lation equations [23,24]. However, they cannot characterize the relationship between the
loading parameters and the fatigue damage [25,26]. In order to overcome the defects of
the damage accumulation model, Chaboche and Lesne [27] proposed a nonlinear fatigue
damage model based on continuous damage mechanics, which describes the effects of
the loading parameters on the fatigue life and damage variables, considers the effect of
loading sequence, and provides more accurate computational results than the S-N curve
and damage accumulation models. On the basis of Chaboche’s work, the effect of the
loading conditions on fatigue damage and the application of Chaboche’s nonlinear damage
model have been studied [28,29]. In terms of the model’s improvement, Yao et al. [30]
modified the damage model by adding a temperature function to consider the effect of
temperature on the viscoplastic behavior of material. Van [31] showed the availability of
adopting the Chaboche model to predict the high cycle fatigue life of a steel structure based
on the finite element (FE) results of residual stress. Gao [32] used Chaboche’s nonlinear
damage model to investigate a compressor blade subjected to multilevel cyclic fatigue. It
was found that the Chaboche model takes into account the multilevel sequential loading
but ignores the multiaxial stress state, which might bring in errors of fatigue life prediction.
Therefore, the nonlinear model is based on uniaxial loading and does not consider the
torsional moment-induced stress (torsional shear stress) of the compressor blade. Thus,
it has certain errors when used for fatigue life prediction, and the nonlinear model can
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make proper modifications to the damage model based on the loading condition and can
improve the accuracy of the fatigue life assessment.

In this study, a three-dimensional numerical model of a compressor blade was estab-
lished. By analyzing the effect of the airflow excitation-induced blade torsional deformation
on the vibration response, the effect of the torsional moment was represented as torsional
shear stress. Then, the nonlinear cumulative damage model was modified by also consider-
ing the torsional shear stress and used for predicting the fatigue life of the blade in typical
operating cycles, and the predicted mode of failure was compared with the actual mode of
failure of the compressor blade. The results provide a foundation for further research of
blade fatigue life under in-service loading conditions.

2. Numerical Methodology
2.1. Structure Dynamic Equations

A dynamic equation is the basis of structure dynamic characteristic analysis. Its
general equation is expressed as follows [33]:

M
..
u + C

.
u + Ku = F (1)

where u,
.
u and

..
u are structural displacement, velocity, and acceleration, respectively. M

is the mass matrix, C is the damping matrix, K is the stiffness matrix, and F denotes the
resulting external forces.

For different solutions of dynamic characteristics, the parameter values in the above-
mentioned equations are different. Generally, it is accepted that F is zero for modal analysis
and C is zero for a frequency calculation of self-excited vibration. Therefore, the dynamic
equation is transformed as follows:

M
..
u + Ku = 0 (2)

For a compressor blade, it is believed that the blade is mainly affected by the centrifugal
loads in a state of rotation; therefore, the resulting external forces F =

∫
vNT f dv. Hence,

based on Equation (1), the dynamic frequency of a blade under centrifugal loads can
be calculated.

At the rotational part, a compressor blade can convert the rotational kinetic energy
into the internal energy of the gas, which increases the gas pressure and flow velocity.
Moreover, the compressor blade also affected by the aerodynamic excitation in the actual
working process since the blade has a pre-torsion angle. Under the aerodynamic loads,
the blade deformation is transformed. Therefore, the structural dynamic characteristics
also change. Additionally, then, the deformation has an effect on the fluid flow and
flow field distribution. Therefore, there is an interaction between the fluid domain and
the structural domain of the blade. Considering the complex loads of centrifugal and
aerodynamic excitation, the analysis of a dynamic characteristic could be more accurate for
a compressor blade.

Based on the energy conservation principle, the parameters of the fluid domain and
the structural domain meet the demand of displacement compatibility and force balance in
the coupling interface. The acoustic wave equation of fluid is established as follows:

MP
..
P + CP

.
P + KPP + ρ0RT ..

u = 0 (3)

where P is the sound pressure; MP, CP and KP are the mass, damping, and stiffness matrix
of the fluid; and ρ0RT denotes the coupling mass matrix.

Then, the fluid pressure is applied to the structural domain calculation. The dynamic
equation under aerodynamic excitation is established as follows:

M
..
u + C

.
u + Ku = F + Rf (4)
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where Rf is the additional node vector caused by an interaction between the structure and
the fluid, and F and Rf are both the function of fluid pressure P.

2.2. Modified Fatigue Damage Model

Generally, the S-N curves were used to indicate the life cycle of stress loading. Then,
the rules of damage accumulation and the failure life of engineering machinery could be
calculated with Miner’s linear damage theory. However, the interaction between the cycle
loads and the damage parameters is ignored in the linear theory, which leads to a large
deviation of predicted life between the numerical model and the actual situation. Hence,
some nonlinear damage accumulation models were put forward, of which the Chaboche
model was applied maturely. In this model, the damage and loading parameters interrelate,
which is expressed as follows:

dD
dN

= f−1(σa, σm, D) · g(σa, σm) (5)

From a nondestructive state to fracture, the damage parameter D rises from zero to
one. Therefore, the Chaboche nonlinear damage accumulation model can be obtained
under uniaxial loading by numerically integrating Equation (5).

Nf =
1

1− α

1
1 + β

[
M0(1− b0σm)

σa

]β

(6)

where β, M0, b0, and α are the fatigue parameters of the material, and α is relevant to the
load parameters, the equation for which is α = 1− H〈σa − σ−1/σb − σa〉. σa and σm are
the stress amplitude and mean stress of the uniaxial alternating load, respectively. σb and
σ−1 denote the tensile strength and fatigue limit of the material.

The high rotation speed compressor blade mainly bears centrifugal loads caused by
rotor rotation and aerodynamic loads caused by airflow disturbances [34]. Due to the
compressor blade with an initial angle of torsion, the torque caused by transverse aerome-
chanics will also cause the blade torsional vibration. The deformed blade of vibration is
subjected to the torsional shear stress, in addition to centrifugal tensile stress. Therefore, the
blade is affected by complex alternating loads, which accelerate the damage accumulation
rate and lead to an early fatigue fracture in the blade. Therefore, to predict the fatigue life
of an axial compressor blade, considering the torsional effect could be more accurate.

As shown in Figure 1a,b, the torsional stress τt is caused by blade deformation of
torsional vibration under the airflow effect, and the centrifugal tensile stress was super-
imposed at the same time, leading to the complex stress state shown in Figure 1c,d. Since
the torsional deformation leads to the degradation effect of damage accumulation and
crack propagation, the damage accumulation rate was accelerated, and the fatigue life was
decreased. In this study, the torque effect is expressed by the torsional stress τt, and the
von Mises equivalent stress in the blade in a complex stress state is expressed as follows:

σeq =
√

σ2
s + 3τ2

t (7)

where σeq is the equivalent stress amplitude of the blade, σs is the centrifugal tensile stress
and τt is the torsional shear stress. Based on the material static mechanics relationship, the
torsional shear stress τt is expressed as follows:

τt =
MT

WP
(8)

where MT is the torque caused by the resultant external force and WP is the section modulus
in torsion.
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Figure 1. Stress state of blade under torsional vibration. (a) Torsional stress of blade; (b) Deformation
of blade; (c) Tensile stress of blade; (d) Stress state.

By bringing Equation (8) into Equation (7), the stress in Equation (6) is expressed
by the equivalent stress amplitude. Considering the effect of torque on fatigue life and
damage accumulation, the modified fatigue model is established with a stress correction,
which is shown as follows:

N′f =
1

1− α

1
1 + β

M(1− bσ′m)√
σ2

s + 3τ2
t

β

(9)

where σ′m is the equivalent mean stress with torque effect, which can be calculated using
the following:σ′m = 1 + R

1 − R σeq.
According to Equation (9), there is no fatigue fracture in the structure (namely N = ∞)

when the loading is lower than the material fatigue limit (namely σa ≤ σ−1, so as to α = 1).
When the loading is larger than the material fatigue limit, the fatigue life cycles Nf

′ can
be calculated using Equation (9), and then the expression of the corresponding fatigue
damage D under complex bend-torsion loads of certain cycles n is shown as follows:

D = 1−
[

1−
(

n
N′f

)1/(1−α)
]1/(1+β)

(10)

Due to the irreversibility in the crack propagation process of continuous fatigue dam-
age, the above modified model must meet the following conditions to verify the validity.

(a) With the increase in fatigue loading cycles, the continuous damage variable D also is
increased, which is shown as follows:

∂D
∂n

> 0 (11)

(b) In the case of a structure with equal initial damage D0, the damage variable under
the larger fatigue load should be greater than the damage variable under the lower
fatigue load with the same loading cycles, which is expressed as follows:

∂2D
∂n∂σ

> 0 (12)

(c) In the case of equal fatigue loads, the damage variable with a larger initial damage
variable D01 under one loading cycle should be greater than the damage variable
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with a lower initial damage variable D02 under same loading cycle, which is shown
as follows:

∂D
∂D0

> 0 (13)

In Equation (10), the first order partial differential function of D to n is expressed
as follows:

∂D
∂n

=
1

(1− α)(1 + β)N′f

(
n

N′f

)α/(1−α)
[

1−
(

n
N′f

)1/(1−α)
]−β/(1+β)

(14)

In the case of σa > σ−1, it is found that 1− α > 0 and Nf > n > 0, while in the
equation of load parameters, α is denoted as 1 − H〈σa − σ−1/σb − σa〉. Therefore, the
modified fatigue model meets the above first condition, which establishes Equation (11).

For Equation (14), the partial differential function of D to σ is expressed as follows:

∂2D
∂n∂σ

=
(σb − σa)

nH(σa − σ−1)(1 + β)
(1− w)

− 1 + 2β
1 + β

[
1− w

1 + β

]
w′ (15)

where w =
(
n/N′f

)1/1−α. According to the parameter value and the same mathematic
relation as above, it can be easily proven that Equation (15) is greater than zero. Namely,
Equation (12) is also established, which sees the proposed model meet the aforementioned
second condition.

The relationship of damage variable D, loading cycles n, and initial damage D0 is
shown as follows, which is under a certain loading amplitude:

[
1− (1− D)1+β

]1−α
=
[
1− (1− D0)

1+β
]1−α

+ n(1− α)(1 + β)

[
σa

M0(1− b0σm)

]β

(16)

Hence, the partial differential function of D to D0 for Equation (16) can be given
as follows:

∂D
∂D0

=

[
1− (1− D0)

1+β
]α
(1− D0)

β[
1− (1− D)1+β

]α
(1− D)β

(17)

where there is 0 < D0 < D < 1 and the material parameters α and β are both greater
than zero. Therefore, Equation (13) is established, which sees the modified model meet the
above third condition.

In summary, the proposed fatigue damage model satisfies the mathematical constraints
of the continuous function, that is to say Equations (9) and (10) of the modified model
are valid.

3. Numerical Modelling
3.1. Finite Element Modeling and Verification

Based on the reversed modeling theory, the three-dimensional model of a compressor
blade was established. The detailed steps of the blade modeling have been published in
the Ref [35,36]. Therefore, there is no description of the modeling process in this study. The
method of reversed modeling and the blade 3D model with the main dimension parameters
are shown in Figure 2. The blade was pre-twisted at 33.4◦ and the semidiameter of hub was
281.79 mm. The blade material was Ti-6Al-4V titanium alloy, and its mechanical properties
were confirmed by the tensile test according to national standard GB/T 228.1-2010, as
shown in Figure 3. According to the tensile curves, the tensile strength, yield strength,
Young’s modulus, Poisson’s ratio, and material density were assumed to be σb = 1005 MPa,
σs = 975 MPa, E = 107 GPa, µ = 0.3, and ρ = 4200 kg/m3, respectively.
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of Ti-6Al-4V titanium alloy at room temperature.

In order to verify the modeling accuracy, it was necessary to calculate the modal
frequency to compare with the modal test. First, the blade 3D model was meshed with the
10-node tetrahedron (solid 187) to establish the finite element model, which is appropriate
to describe the thin wall features of the twisted blade and the constraint conditions are kept
with the actual assembly of the blade and the hub. The modal analysis was carried out using
commercial software of Ansys Workbench, within which the solver type is direct (Block
Lanczos), the blade FE model and constrain conditions are shown as Figure 4. The modal
tests of statically clamped impact were performed using a single-excitation, single-response



Metals 2021, 11, 1835 8 of 23

method (Figure 5), which is based on the national standard GB/T 19873.3-2019. The test
equipment included a PSV-400-3D Scanning Vibrometer system and a Test Lab Vibration
Control test system. The laser probe of the PSV-A-400 was used as the acceleration signal
sensor in the test. This non-contact measurement device obtained the response of the blade
to the excitation by detecting the variation in the displacement of spatial points. The results
of the modal calculation and the modal test are listed in Table 1. It was found that the
modal frequency error was consistently within 10%, and the modal shape corresponded
with the test. The errors may be caused by the following factors: (1) differences between
the computational models of the blade and its actual structure, and (2) differences between
the simulated and actual boundary conditions for constraining the blade’s displacement.
Finally, the 3D model blade essentially met the computational requirements.
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Table 1. Validation results for the finite element model.

Mode No.
Nature Frequency/Hz Relative

Error/%
Mode Shape

Test Results Computational Results

1 272.94 284.90 4.38 1st order
bending
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3.2. Flow Field Modeling and Verification

According to the above structural dynamic analysis, the rotating blade produced the
aerodynamic excitation to change the blade deformation and, in addition, to affect the
vibration response and fatigue damage. Therefore, the CFD model of the blade was built
as shown in Figure 6 to confirm the aerodynamic excitation. The flow field parameters
were set as follows: the gap between the blade and the casing was 1.7 mm, the length of
inlet flow and outlet flow were 80 and 120 mm, respectively. Considering the calculation
precision, the uniform multi-block grid was utilized to mesh the blade flow field model.
The mesh was generated using an H-J mixed mesh topology, an O-grid around the blade
surface and hexagonal elements in the tip region, while the blade tip was filled with a
refined H-grid block and the grid between the case and the blade tip was matched. With
the database for an aeroengine test, the boundary conditions were set as pressure inlet
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and pressure outlet. An ideal gas approximation was used for the fluid material and
the wall parameters were assumed to be adiabatic and smooth with a no-slip condition.
The turbulence was modelled using the realizable k-epsilon model and the standard wall
function was used as the near-wall treatment. The solution methods of CFD were solved
by an implicit formulation. The turbulence kinetic energy and turbulent dissipation rate
were both set as a second-order upwind.
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Figure 6. CFD model of compressor blade.

Considering the influence of grid density on CFD computational accuracy, the grid
independence was verified using three different grids, such as a coarse grid (comprising
1,312,442 elements), a medium grid (comprising 1,880,936 elements), and a fine grid (com-
prising 2,516,523 elements). Since the airflow at the blade tip has a significant influence on
deformation, the monitoring line was set at 90% of the blade span, as shown in Figure 7a.
The aerodynamic pressure results for the coarse, medium, and fine grids were compared,
as shown in Figure 7b. It was found that the calculated results’ error of the medium and
fine grids was within 2%. However, the computing time was significantly longer for the
fine grids. To balance the accuracy of the prediction with the computational time cost, the
medium grid was used for the CFD simulation in this study.
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4. Results and Discussion

Based on the theorical analysis, it was noted that the fatigue damage behavior was
greatly affected by the aerodynamic loads. Thus, the aerodynamic characteristics, nat-
ural vibration performance, and harmonic resonance characteristic are analyzed in this
part to discuss the effect of aerodynamic excitation on the vibration and fatigue life of a
compressor blade.

4.1. Aerodynamic Loads Analysis

Aerodynamic load, as an external excitation, can induce blade deformation and
vibration. When the energy supplied to the blade promotes structural vibration, the
resulting vibration stress can easily lead to blade fatigue. Generally, the working conditions
of an aeroengine are divided into some stages, such as take-off, cruise, approach, and
landing, with different rotation speeds, which lead to a change of the aerodynamic load
and vibration characteristics. Hence, the engine flight cycle was divided into six typical
operating conditions according to the aeroengine test-drive data [37], its rotation speeds
are shown in Table 2. With the CFD calculation models, the internal flow field of the
compressor was solved under six typical speeds.

Table 2. Typical operational conditions [37].

Case Take Off Maximum Continuous Cruise Descending Flight Idle Ground Idle

Rotational speed/rpm 9561 9337 9172 8847 6966 6278

It was found that the pressure distributions in the flow channel of the compressor
under different rotational speeds were basically consistent, but the pressure amplitude
differed significantly. Furthermore, the pressure amplitude on the inlet side was greater
than it was on the outlet side. This is because the main function of the compressor is to
provide a high-pressure gas source for the combustion chamber; therefore, the gas pressure
is increased by the blade rotating. Thereby, the pressure amplitude on the concave side of
the blade, used as the pressure side, was also greater than that on the convex side of the
blade, which is used as the suction side. The aerodynamic pressure on the blade surface
at rotational speeds 6278, 8847, and 9561 rpm are shown in Figure 8, which shows that
the pressure amplitude in the axial direction increased from the inlet to the outlet, and
that in the radial direction, increased from hub to casing. Additionally, the aerodynamic
pressure close to the blade tip was significantly higher than the other areas. This is because
the airflow could be leaked from the blade tip clearance. Therefore, the pressurized airflow
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might flow from the pressure side to the suction side by tip clearance, leading to an increase
in local pressure on the blade tip.
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4.2. Natural Vibration Analysis

The natural frequencies of the blade increased with the rotational speed (Table 3). This
is because the load on the blade resulting from the rotation increases the blade’s stiffness,
thereby increasing the frequency. In particular, the fifth-mode frequency increased by the
largest magnitude, whereas the first-mode frequency increased by the largest ratio due to
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its relatively low frequency. This is because the natural frequency of a structure is in direct
proportion to its stiffness. However, the natural frequency does not increase infinitely as
the stiffness increases, i.e., increasing the stiffness can only increase the natural frequency
by a certain magnitude.

Table 3. The natural frequency of the blade in typical engine conditions [36].

Mode No. Load Condition
Dynamic Frequency/Hz

6278 (rpm) 6966 (rpm) 8847 (rpm) 9172 (rpm) 9337 (rpm) 9561 (rpm)

1
CL 1 357.78 371.62 413.15 420.77 424.68 430.04

CL+ AL 2 356.81 370.61 412.06 419.48 423.37 428.63

2
CL 1040.6 1044.9 1057.9 1060.2 1061.4 1063.1

CL+ AL 1044.4 1050.3 1068.6 1072.2 1074.2 1076.2

3
CL 1348.7 1363.1 1409.3 1418.2 1422.8 1429.2

CL+ AL 1347.6 1361.3 1404.8 1413.5 1417.9 1423.6

4
CL 2069.7 2073.9 2087.5 2090.2 2091.6 2093.6

CL+ AL 2078.8 2084.6 2103.8 2107.9 2109.9 2112.5

5
CL 3136.3 3140.8 3154.8 3157.5 3159.0 3160.9

CL+ AL 3153.5 3164.6 3200.3 3207.9 3211.7 3216.0

6
CL 3288.7 3305.8 3362.0 3373.1 3378.8 3386.8

CL+ AL 3290.9 3307.7 3365.1 3378.2 3384.5 3391.9
1 CL denotes only centrifugal load, 2 CL + AL denote both centrifugal and aerodynamic loads.

With the airflow excitation considered, the blade’s modes of vibration at different
orders did not vary as the engine’s rotational speed varied. However, the magnitude of
the dynamic frequency did vary. With the effect of the aerodynamic pressure considered,
the blade’s first- and third-order frequencies decreased slightly, whereas the second-,
fourth-, and fifth-order frequencies increased. That is to say, when the airflow excitation
was considered, the frequencies in modes dominated by bending deformation decreased,
whereas those dominated by torsional deformation increased. The reason behind this
phenomenon is as follows. During the operation of the compressor, the tensile–compressive
stress caused by the centrifugal load increases the bending deformation of the blade,
whereas the aerodynamic load weakens the bending of the blade. In addition, the initial
twist angle of the blade, considering the airflow excitation further increases the torsion
effect of the blade, may lead to an acceleration of the crack fatigue propagation rate.

4.3. Harmonic Resonance Analysis

As discussed above, the gas flow excitation affects both the natural frequency and the
mode of vibration of a blade. In the following, the instantaneous dynamic characteristics of
a blade, also considering the effect of the gas flow, will be further analyzed. The flow in
a compressor is unsteady, i.e., the state of low at any point in the space varies with time.
Considering that the pressure wave on the blade surface varies periodically, the temporally
varying instantaneous flow pressure in the compressor was extracted to compute the
instantaneous response characteristics of the blade. Then, by analyzing the variations in
the blade stress distribution, the critical region for structural failure was determined, based
on which fatigue life of the blade was predicted.

Figure 9 shows the configuration of pressure measurement points in the compressor
flow channel. To understand the flow in the compressor, measurement points P1 and
P2 were used for measuring the pressures at the inlet and outlet of the flow channel,
respectively; measurement points P3, P4, and P5 were used for measuring the pressures at
the locations in the blade where the modal stress was concentrated. The model for solving
the flow field and the configuration of the boundary conditions and other conventional
parameters are as described in Section 3.2. The stage of the rotor investigated in this study
consisted of 40 blades. Therefore, a cycle of rotation of the compressor was divided into
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40 time steps, i.e., the flow field was solved for each 9◦ rotation of the blade. Thus, the
computational step length for the six typical operating conditions were as follows.
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The computational results showed that the pressure pulsation patterns under the
six typical operating conditions were basically consistent, all exhibiting a prominent peri-
odicity and differing only in the magnitude of pressure. Figure 10 shows the variations
in the instantaneous pressures at measurement points P1 (inlet) and P2 (outlet) at a ro-
tational speed of 6278 rpm. The pressures at P1 and P2 varied basically periodically in
the investigated cycles of rotation, and the pressure on the outlet side was prominently
higher than that on the inlet side. This result is consistent with the aerodynamic pressure
distribution described in Section 4.1. In a cycle of rotation, the maximum and minimum
aerodynamic pressures at measurement point P1 (inlet) were 101,380 and 90,877 Pa, re-
spectively, the difference being 10,503 Pa. The maximum and minimum aerodynamic
pressures at measurement point P2 (outlet) were 130,035 and 127,386 Pa, respectively, the
difference being 2649 Pa. The pressure wave in the outlet channel was prominently higher
than that on the inlet side. As the compressor blade increased the gas pressure, the blade
structure interacted with the pressure waves on the inlet and outlet sides. The following is
an in-depth analysis of the gas pressure waves on the blade surface.
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Similarly, Figure 11 shows the pressure time domain diagram for measurements
points (on the compressor blade surface) P3, P4, and P5, respectively, at a rotational
speed of 6278 rpm. The pressure waves at these measurement points were also basically
periodic, despite the different magnitudes of pressure in the different cycles of rotation. The
maximum and minimum aerodynamic pressures at measurement points P3 (at the blade
root on the suction side), P4 (on the concave surface of the blade), and P5 (at the lower
half of the leading edge on the concave surface of the blade) were 105,609 and 95,897 Pa,
130,750 and 125,531 Pa, and 107,986 and 99,534 Pa, respectively. The differences between
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the maximum and minimum aerodynamic pressures at these three measurements points
were 9712, 5219 and 8452 Pa, respectively.
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Further, the resonance characteristics of the blade were analyzed by extracting the
displacement response and stress response of the blade. Figure 12 shows the variations
in the displacement at the tip of the blade’s leading edge with a frequency under the six
typical operating conditions using FFT (fast Fourier transform), where the horizontal axis
represents the frequency, and the vertical axis represents the displacement. The blade
exhibited different response characteristics at the different rotational speeds. However,
all frequency–displacement curves have multiple peaks. At low rotational speeds (6278
and 6966 rpm), the blade resonated at the first-, second-, and fifth-order frequencies. At
rotational speeds of 8847 and 9172 rpm, the displacement peaked mainly at the first- and
second-order frequencies. At rotational speeds of 9337 and 9561 rpm, the blade resonated
at the first-, second-, and third-order frequencies. For the frequency spectra at different
rotational speeds, the maximum peak corresponded to the first-order frequency, and was
thus a low-frequency vibration. The harmonic response at the second-order torsional
frequency was also of high magnitude. As the rotational speed increased, the blade became
less subject to resonance or harmonic resonance at high-order frequencies. Therefore,
the vibration of the compressor blade was the result of the stacking of the vibrations
at different orders of low frequencies [38–40]. Despite the different resonance response
characteristics at different rotational speeds, the low-frequency (first-and second-order
frequencies) modes of vibration were more easily excited than the high-order modes of
vibration. Thus, the torsional deformation increases the complexity of the stress state in the
blade and is non-negligible in subsequent stress and fatigue analyses.
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In addition, the blade stress in a time domain in a cycle of rotation was analyzed.
Figure 13 shows the temporal variations in the stress distribution at a rotational speed of
6278 rpm. In the first half of the cycle, the stress in the blade gradually increased. On the
pressure surface, stress concentration occurred at the center, and the stress decreased as
the distance from the center increased, exhibiting elliptic contours. On the suction surface,
stress concentration occurred at the blade root, and the stress decreased along the blade
span direction. The stresses on both surfaces peaked at time T/2. In the second half of
the cycle, the stresses on the pressure and suction surfaces varied in a reverse trend—
decreasing from the maximum to the minimum. At the completion of a cycle of rotation,
the stress distribution in the blade returned to the initial state. Further analysis of the stress
distribution showed that the stress concentration at the blade root on the suction surface
(region B) was higher than that at the center of the pressure surface (region A). This result
is consistent with the actual mode of failure of the blade, namely overloading-induced
fracture failure at the blade root (Figure 14). Thus, region B was determined as the critical
region for a subsequent fatigue life prediction.
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4.4. Fatigue Damage Analysis

As the material parameters in the fatigue model could be obtained using the fatigue
test, the high cycle fatigue test was carried out according to the national standard GB/T
3075-2008. Based on the fatigue criterion of 107 cycles, the fatigue limit of the Ti-6Al-4V
titanium alloy was about 440 MPa. The fatigue test and fitting curve of the fatigue model
were shown in Figures 15 and 16, respectively. Then, the material parameters of the
proposed model were determined as H = 0.093, M0 = 6.63 × 108, β = 0.42, and b = 0.000112.
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Then, the blade stress in different operating cycles was computed. Figure 17 shows the
distribution of normal stress along the blade span direction (without the torsional moment)
and the distribution of equivalent stress (also considering the torsional moment) under
take-off operating conditions. The magnitude and distribution of the normal stress in the
blade without the torsional moment was different from those of the equivalent stress also
considering the torsional moment. However, whether or not the torsional moment was
taken into consideration, the maximum stress invariably occurred at the blade root on
the suction side near the gas inlet side, the critical region for fatigue failure as described
in Section 4.3. In addition, after considering the torsional moment (i.e., considering the
torsional deformation-induced shear stress in the blade), the magnitude of the stress in
the critical region increased. This result is consistent with the above conclusion that the
torsional deformation accelerated the damage. Therefore, the prediction life of the modified
model considering the torsional moment has a high safety factor.
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Table 4 shows the fatigue load spectrum of the blade under cyclic loading based on
the computed equivalent stress in the critical region. The table includes the maximum
and minimum equivalent stresses, the number of operating cycles per 1000 flight hours
and the fatigue life of the compressor blade (the number of operating cycles listed in the
last column, which was obtained by substituting the equivalent stresses into the fatigue
model also considering the torsional moment) under each of the cyclic loading conditions.
The fatigue life of the blade also considering the torsional deformation was predicted to
be 18,085.21 flight hours, while that of the blade predicted using the same method but
without the torsional moment was 18,939.17 flight hours. The additional consideration
of the torsional shear stress decreased the fatigue life by 4.5%. For the S-N curve and
Miner linear damage accumulation rule, the result was 30,478.8 flight hours, which is
extremely larger than the result of the proposed and the original Chaboche model. In
Figure 18, the damage accumulation curve of the proposed model and the Miner rule are
shown. As the linear model just accumulates the damage of every cycle, while it ignores
the interaction between the loading parameters and the damage variables, the damage
curve is a straight line. Actually, the damage accumulation rate changes with the loading
cycle, as shown with the damage curve of the proposed model. In the first 75% of cycles,
the damage accumulation rate is low, but the damage accumulation rate starts to accelerate
and increases the accumulative damage quickly for the last 25% of the cycle, while the
blade fracture may occur at any time. Hence, considering that the instantaneous fracture of
the compressor blade is a great hazard to aircraft flight safety, the additional consideration
of the torsional moment in the proposed model increased the safety factor of blade fatigue
life prediction, and can thus prevent a blade fatigue fracture to some degree.
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Table 4. The fatigue loading spectrum of the blade in typical engine conditions.

Operating Cycle Maximum
Stress (MPa)

Minimum
Stress (MPa)

Number of Loading
Cycles (Cycle/1000 h)

Fatigue Life
(Cycle)

0—take-off—0 563.54 0 311 32,723
Ground idle speed—take-off—ground idle speed 563.54 215.95 37 50,729

0—maximum endurance—0 525.63 0 244 39,896
flight idle speed—descending—flight idle speed 437.76 264.58 8952 142,770

Cruising—flight idle speed—cruising 525.63 480.64 7494 868,250
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Therefore, it is reasonable to conclude that under real operating conditions, a blade is
subject to high-cycle fatigue failure due to the torsional vibration. Thus, attention should
be paid to the torsional moment-induced vibration and its effect on the blade fatigue
characteristics in the design, strength analysis, life prediction, and fault diagnosis of blades.

5. Conclusions

In this study, a numerical computation of a compressor blade was produced to analyze
the effect of blade torsional deformation induced by aerodynamic excitation on vibration
response and fatigue life. Moreover, the modified nonlinear cumulative damage model
was proposed by considering the torsional shear stress caused by airflow. Then, fatigue
loading spectra were obtained for the compressor blade and the modified fatigue life model
was used to predict the life of the blade. The main conclusions are as follows:

1. A modified nonlinear cumulative damage model is proposed, which is based on the
uniaxial tensile-compressive stress, considers the effect of the torsional moment on the
cumulative damage rate, and describes the complex stress in the blade after torsional
deformation using equivalent stress.

2. When considering the airflow excitation, the frequencies in the modes dominated by
bending deformation decreased, whereas those dominated by torsional deformation
increased, since the blade has an initial twist angle, and the airflow excitation further
increases the torsion effect of the blade. Therefore, compared with the blade vibration
characteristics considering the centrifugal load alone, the results considering the
airflow excitation could better approximate the blade under the real-world operating
conditions of the engine.
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3. The vibration of the compressor blade is the result of the stacking of the vibrations at
different orders of low frequencies, first- and second-order frequency modes of vibra-
tion were more easily excited than high-order modes of vibration. Thus, the torsional
deformation increases the complexity of the stress state in the blade, resulting in the
stress concentration that occurred at the blade root and changed its fatigue behavior.

4. There is an obvious difference of stress distribution between the normal stress and the
equivalent stress including torsional shear stress. Hence, the additional consideration
of the torsional shear stress decreased the predicted fatigue life by 4.5%. Moreover,
the accumulative damage increased quickly for the last 25% cycle of damage curve,
when the blade fracture may occur at any time. Thus, considering the aerodynamic
excitation increased the safety factor of blade fatigue life prediction.
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Nomenclature
C, CP damping matrix of solid and fluid
D fatigue damage
D0 initial damage
F external forces
K, KP stiffness matrix of solid and fluid
M, MP mass matrix of solid and fluid
MT torque
n loading cycles
N, Nf, Nf

′
fatigue life

P sound pressure
Rf additional node vector
u,

.
u,

..
u structural displacement, velocity and acceleration

WP torsional section modulus
σ stress
σa stress amplitude
σb tensile strength
σeq von Mises equivalent stress
σm, σm

′
mean stress, the equivalent mean stress with torque effect

σs centrifugal tensile stress
σ−1 fatigue limit
τt torsional shear stress
b0, M0, α, β material parameters
ρ0RT coupling mass matrix
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