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Abstract: As the demand for agricultural electric vehicles increases, it is becoming important to
conduct noise reduction in consideration of the characteristics of an electric powertrain. This study
was conducted to optimize the shape design of gearbox housing for radiated noise reduction of
an agricultural electric vehicle gearbox. The noise and vibration of the gearbox were measured
considering the noise characteristics of the electric vehicle gearbox, which radiates high-frequency
pure tone noise. The main noise source radiated by the structural vibration of the gearbox housing was
identified and considered when modeling the loading conditions in the numerical analysis. To improve
the reliability, the finite element (FE) model was updated and validated. Internal machine elements
were modeled as a substructure through a reduced-order modeling method to reduce the computing
time and apply a constant gear excitation force. The weak areas of structure were determined and
it was used as the design area for optimization. The topology optimization technique was used to
reduce the equivalent radiated power (ERP) which was used as an indicator of radiated noise level.
The maximum value of the ERP decreased under all operating conditions at the rated speed.

Keywords: agricultural electric vehicle; gear whine noise; FE model update; topology optimization

1. Introduction

With increasing interest in reducing greenhouse gases and fine dust, the development and
dissemination of eco-friendly vehicles is expanding. In the agricultural machinery industry, the demand
for the development of electric vehicles is increasing as a result of the electrification of power
transmission systems [1]. The electric motor of an electric vehicle is operated at a relatively high
rotational speed and low torque compared to the engine of an internal combustion locomotive.
Therefore, to adjust the driving speed of the electric vehicle to the internal combustion locomotive,
a speed-reducing gearbox is required [2].

For a conventional engine-driven vehicle, the engine is the main noise source; however, for an
electric vehicle, there is no engine noise, but the gear noise owing to the driving of the electric motor
is the main noise source [3]. The noise of the motor and gearbox generated during driving shows
relatively high-frequency characteristics compared to that of the engine noise. Depending on the
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rotational speed, specific pure tone noise occurs at the torque ripple frequency of the electric motor and
gear mesh frequencies of the gearbox. The pure tone generated in the wide frequency band coincides
with the natural frequency of the system, which can cause resonance and enhance noise [4]. Pure tone
acts as a hissing noise in the high-frequency region and booming noise in the low-frequency region.
The higher the frequency of noise, the greater the discomfort to the operator [5]. Therefore, to improve
the working environment of the operators, noise reduction in agricultural electric vehicles should
be studied.

Fang et al. [6] measured radiated noise using a microphone to analyze the noise characteristics of
an electric powertrain and measured the vibration using an accelerometer on a bearing block. The noise
and vibration were analyzed by classifying electromagnetic noise, inverter noise, and gear whine
noise; the high-speed gear whine noise dominates the sound quality at high speed. As a result of
evaluating the sound quality through experiments, the electric powertrain exhibited a high-frequency
characteristic, and produced more discomfort than that by the conventional engine. As described above,
to reduce noise in an electric vehicle, a process of analyzing structure-borne noise caused by gear mesh
excitation force generated in the gearbox is required. Brecher et al. [7] produced a simple experimental
model consisting of two-speed gear trains to analyze the noise characteristics of the gearbox and
compared the noise levels of the first and second gear trains. A rotational acceleration sensor and a
microphone were used to measure the structure-borne noise due to gear excitation. The analysis of the
noise according to the order component of the first and second gear meshes confirmed that the first
gear mesh was dominant in the noise level by operating at a relatively high speed.

Inoue et al. [8] conducted a study on the optimization of the stiffener to reduce the noise and
vibration of the gearbox housing and revealed a correlation between the vibration reduction design
and noise reduction design. In addition, to minimize the structure-borne noise of the gearbox
housing, the vibration energy of the mode existing in the frequency domain of interest was reduced;
this method was most effective when the stiffener was positioned between the bearing and housing
fixing. Liang et al. [9] experimentally measured the load at the bearing position to realize the dynamic
load acting on the gearbox and verified it by comparing it with the simulation model. The natural
frequency of the housing increased by modifying the shape of the housing through a topology
optimization technique. Wang et al. [10] optimized the dynamic performance of sawing machine
gearbox using topology optimization. The internal components were modeled as point masses to
reduce the computational burden. The natural frequencies were used as the output design variables.
However, since the noise of electric vehicles has high-frequency characteristics, the resonance avoidance
design is not sufficient to account for the high-frequency excitation force [11]. Liu et al. [12] predicted
the sound pressure level of a gearbox at a specific field point. The load was modeled as a simulated
reaction force at the bearing position. Using a topology optimization technique, the sound pressure
level was reduced with objective function of minimizing the housing surface velocity.

The studies mentioned above have the following limitations: (i) the change in the reaction force
of the internal mechanical elements, such as the gears, shafts, and bearings, according to the shape
modification of a gearbox housing was not considered; (ii) model updating and validation procedures
for optimization using finite element (FE) analysis were not performed; (iii) the objective function
for optimization mainly focused on the natural frequencies or noise characteristic at a specific region,
and (iv) the design area of the optimization was specified based on experience or without clear criteria.

The objective of this study is to reduce the structural vibration of the gearbox housing owing to
the gear mesh excitation force and resulting radiated noise. To achieve this purpose, the root cause
of structural vibration should be identified, and noise and vibration should be reduced through an
objective and reliable method. In this study, the main noise source and excitation force considering the
noise characteristics of the electric vehicle gearbox were identified with the experimental measurement.
Since the topology optimization technique was used to reduce the radiated noise, the FE model was
updated and validated to develop a reliable analysis model. The housing shape design was optimized
by redesigning the weak areas against noise and vibration through sound power analysis. Topology



Appl. Sci. 2020, 10, 8414 3 of 19

optimization technique was used to reduce the radiated noise of the gearbox. In order to optimize
the material distribution in the redesign area, the equivalent radiated power with sound properties
regardless of location was used as the output variable. Figure 1 shows the entire procedure for
this study.
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2. Noise and Vibration Measurement of the Gearbox

2.1. Agricultural Electric Vehicle Gearbox

The gearbox used in this study is mounted on an agricultural electric vehicle. The vehicle is a
utility terrain vehicle designed for the purpose of transporting agricultural products at a close distance.
It is equipped with a 7 kW electric motor that operates at a rated speed of 2650 rpm. The gearbox
consists of two-stage reduction gear trains with the input shaft, intermediate shaft, and output shaft,
and it is designed to transmit power from a single electric motor to both wheels using differential
gears. The first-stage gear pair consists of a 14 teeth pinion and 46 teeth gear, and the gear ratio is
3.29. The second-stage gear pair consists of a 21 teeth pinion and 79 teeth gear, with a gear ratio of
3.76. The total gear ratio of the gearbox is 12.37. The gearbox housing is made of aluminum and is
lightweight, as shown in Figure 2.
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2.2. Gear Whine Noise

Imperfect motion transfer in gears owing to geometrical insufficiencies, such as manufacturing
tolerances, deviations in the manufacturing procedure of the gears, and elastic deflections and
deformation under loads in the operating conditions, result in variations in the gear excitation force,
that is, transmission error. The gear mesh excitation is transmitted through the shaft and bearing to
the housing, and structural vibration of the housing occurs, and radiated noise is generated, which is
called gear whine noise [13]. Gear whine is characterized by pure tone noise, which occurs at a certain
frequency. This frequency is determined by the rotational speed of the shaft and the number of teeth of
the gear, which is called the gear mesh frequency (GMF).

When the rotational speed of the input shaft is determined by the driving of the motor, the rotational
speeds of the middle shaft and output shaft are determined by the gear ratio of the gear train.
The excitation frequency caused by the gear mesh is determined by the rotational speed of each shaft
and the number of gear teeth, as shown in Equation (1). GMF represents a harmonic component
according to an integer multiple. For example, the rotational speeds of the input shaft, middle shaft,
and output shaft at the rated speed are listed in Table 1. The GMF values at the rated speed are listed
in Table 2:

GMF = sha f t rotational speed(Hz) × number o f teeth × N. (1)

Here, GMF is the gear mesh frequency in Hz, and N is an integer (1, 2, 3, . . . ).

Table 1. Rotational speed of the shaft at the rated speed.

Part Rotational Speed, rpm Shaft Frequency, Hz Gear Ratio

Input shaft 2650 44.2 Stage 1: 3.29

Mid shaft 806.5 13.4
Stage 2: 3.76

Output shaft 214.4 43.6

Table 2. Gear mesh frequency (GMF) at the rated speed.

GMF and Its Harmonics, Hz

1st 2nd 3rd 4th

Stage 1 618.3 1236.7 1855.0 2473.3

Stage 2 282.3 564.6 846.8 1129.1

2.3. Order Analysis

To analyze the noise source of the gearbox and set the frequency range of interest, the noise and
vibration should be measured. The main excitation frequencies in the gearbox are determined by the
rotational speed of the shaft, number of gear teeth, and rolling element characteristics of the bearing.
Therefore, the noise and vibration levels should be analyzed in the frequency domain according to the
rotational speed of the input shaft [14]. This process is called order analysis. A tachometer is used
to measure the rotational speed, and a microphone and an accelerometer are used to measure noise
and vibration. The information of the rotational speed can be used to calculate the GMF defined in
Section 2.2. By comparing the measurement result of noise and vibration with GMF, it is possible
to analyze the noise source. The accelerometer was attached to the housing where the bearing was
mounted. This makes it possible to measure structural vibrations caused by gear excitation forces.
The radiated noise caused by structural vibration of the gearbox housing was measured by placing the
microphone in the same row as the gearbox. The measurement results of noise and vibration were
analyzed in the frequency domain through fast Fourier transform (FFT).
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To operate the gearbox under the same conditions as the actual operating conditions, speed control
was performed on the input shaft, and the torque was controlled on the output shaft using the
dynamometers. The torque was measured using a torque meter mounted on the output shaft. As a
result of checking the measured value with a torque meter, the load was set equal to the rated condition
of the motor. The configuration of the order analysis test is shown in Figure 3 and listed in Table 3.
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Figure 3. Test layout for order analysis.

Table 3. Specification of test equipment for order analysis.

Equipment Model Specification

Data acquisition
B&K 3560-B-130

5 channel signal analyzer
Frequency range: 0–25.6 kHz

Input voltage range: 10 V (peak)

DEWE 43A 16 channel signal analyzer
(8 analog inputs and 8 digital/counter inputs)

Torque meter HBM T22/1KNM
Nominal torque: 1 kNm

Nominal speed: 20,000 rpm
Output signal: ±5 V and 10 ± 8 mA

Tachometer

B&K MM-0024
Combined infra-red transmitter/receiver

Maximum distance: 800 mm
Operating speed range: 20,000 rpm

ONO SOKKI MP-981
Magnetic detector

Frequency range: 1–20 Hz
Operating speed range: 20,000 rpm

Microphone B&K 4190-L-001
Sensitivity: 50 mV/Pa

Dynamic range: 15–148 dB
Frequency range: 3.15–20,000 Hz

Accelerometer PCB 352C68 Sensitivity: 10.2 mV/(m/s2)
Frequency range: 0.5–10,000 Hz

The noise and vibration levels measured using a microphone and an accelerometer are shown
in Figure 4 as the sound pressure level and acceleration in decibels. Since the order analysis process
is based on rotational speed information, the horizontal axis of the contour graph represents the
frequency and the vertical axis represents the rotational speed. Considering that the rated speed of
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the test gearbox was 2650 rpm, the driving range was set to approximately 1.5 times to drive up to
4000 rpm. The frequency range for the frequency analysis was set to 4000 Hz to consider the fourth
harmonic component for the GMF of the stage 1 gear pair.
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Figure 4. Results of the noise and vibration measurement. (a): Sound pressure level; (b): Acceleration level.

In the frequency analysis results of the sound pressure level and acceleration level, as shown in
Figure 5, the frequencies at which the high noise and vibration levels appear were changed depending
on the rotational speed. Therefore, the main noise of the gearbox was owing to the rotating components,
such as the gears, bearings, and shafts, and the main noise was generated from the gears through
comparison with GMFs. High noise around 3000 Hz did not appear in the vibration data, therefore this
noise is not radiated noise caused by the structural vibration of the gearbox. Considering the constant
frequency component without respect to the rotational speed and because the sideband component
appears in a V-shape according to the rotational speed, this noise is considered to be the switching
noise and its side band components of the inverter.
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Figure 5. Order analysis of the noise and vibration with gear mesh frequency (GMF). (a): Sound pressure
level; (b): Acceleration level.

In Figure 6, the frequency analysis was performed with FFT results of noise and vibration when
the rotational speed was fixed at the rated speed of 2650 rpm. Two of the three main noises indicating
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a noise above 60 dB (A) were the gear mesh components; the other noise was a value not present in the
vibration data, indicating an inverter switching noise. The high noise values in the low-frequency range
(300–400 Hz) are the resonance effect due to the natural frequency around 400 Hz when compared
with the frequency response function results of the gearbox, as shown in Figure 7.
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From the measured noise data, only the GMF components were extracted, and the contribution to
the total noise was analyzed according to the rotational speed of the input shaft. The GMF components
were extracted up to the fourth harmonic component for the first and second stages of the gear train
measured up to 4000 Hz. In Figure 8, the overall noise occurred from approximately 64 dB (A) to 82 dB
(A) depending on the rotational speed of the input shaft. In the first stage of the gear train, the first and
second harmonic components contributed to the noise at a level within 10 dB (A) compared to the
total noise level. For the first harmonic, the contribution was high in the 1500–2000 rpm range and the
3000–4000 rpm range and for the second harmonic, the contribution was high in the 2000–3000 rpm
range. In the second stage of the gear train, none of the harmonic components contributed significantly
to the overall noise.
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The radiated noise measured in the gearbox was caused by structural vibration of the housing.
Since the structural vibration of the housing occurs mainly at the GMF, it can be seen that the gear
excitation force is the main noise source, which is consistent with the results of previous studies. Due to
the structural vibration of the gearbox used in this study, the first and second harmonic components
of the first stage of the gear train act as the main noise source. The results of these tests were able to
identify the noise source as specific harmonic components. These components were used as loading
conditions for the FE model in the next section.
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3. Finite Element Modeling of the Gearbox

3.1. Finite Element Model Update and Validation

To obtain reliable results from the numerical analysis of the noise and vibration based on the finite
element method (FEM), it is necessary to validate whether the dynamic characteristics of the actual
model are reflected by the FE model. In this study, the natural frequency, mode shape, and damping
ratio were measured through an experimental modal analysis (EMA) to understand the dynamic
characteristics of the actual model. The FE modeling and the numerical mode analysis was performed
in the Ansys Workbench (v19.0) commercial software. Based on this, the FE model was updated and
validated. In the process of the model update, the material properties of the gearbox housing and the
contact method between the housings were set as variables. The natural frequency of the updated
model and actual gearbox housing showed an error of approximately 2.8%. For the mode shape, the FE
model was validated by comparing the modal assurance criterion (MAC) value, which is an index that
analyzes the correlation of the mode shapes between models. This portion of the study was based
on the detailed process and results of the update and validation of the FE model in a previous study
conducted by Son et al. [11].

3.2. Modeling of the Internal Machine Elements

To numerically analyze the noise and vibration of the gearbox using the FE model, the bearing
reaction force should be inputted as an excitation force. The gear mesh force is transmitted to the
housing through the shaft and bearing, and the force transmitted to the housing is called the bearing
reaction force. In a previous study, the bearing reaction force calculated by the dynamic analysis was
only applied as a loading condition. However, this method is not suitable because the bearing reaction
force does not change and is constant despite the housing shape changes during the optimization
process. In this study, internal machine elements such as gears, bearings, and shafts were modeled
as substructures using a reduced-order model technique [15] and connected to the FE model of the
gearbox housing using RomaxNEXUS (R19) and Opti-struct (v2019) commercial software. This method
is suitable for use in the optimization procedure because the excitation force changes according to the
shape change of the housing [16]. The first and second harmonic components of the first stage of the
gear train, which is shown as the main source of noise in Section 2, were applied as the excitation
forces, and the bearing node and housing nodes were connected by a rigid body element.

4. Radiated Noise Reduction Using Topology Optimization

4.1. Equivalent Radiated Power

To optimize the shape design of the gearbox housing to reduce radiated noise, the weak areas of
the structure against noise and vibration should be identified, and the design areas should be modeled.
To analyze the weak areas of the structure, the sound power according to the gear mesh excitation
was predicted using a validated FE model. The design areas were modeled based on the operating
deflection shape (ODS) and elastic strain energy (ESE) in the relevant mode under operating conditions
for high radiated noise.

As sound power represents the properties of a sound source, it does not depend on distance and
direction, unlike sound pressure or sound intensity, which represents the properties of a sound wave at
an arbitrary point in space. In a vibroacoustic problem, the surface velocity of the vibrating structure is
the same as the velocity of the air particles at the interface owing to the speed continuity. Accordingly,
the sound power can be expressed as shown in Equation (2), as a function of the surface velocity of
the structure:

P =
1
2
σρc
∫

v2 dS . (2)
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Here, P is the sound power, W; σ is the sound radiation efficiency; ρ is the density of air, kg/m3;
c is the speed of sound, m/s; S is the vibrating surface area, m2; v is the root mean square value of
surface velocity at the vibrating structure, m/s.

In the sound power analysis based on the FEM, Equation (2) can be calculated by discretizing
in finite elements, and the prediction can be made by assuming the sound radiation efficiency as
a unit value. This is called equivalent radiated power (ERP) and can be calculated as shown in
Equation (3) [17]. Since the radiation efficiency is assumed to be 1, the ERP can be calculated to be
larger than the actual sound power; however, the upper bound of the sound power radiated by
structural vibration can be approximately estimated:

PERP =
1
2
ρc

Ne∑
e=1

Seve
2. (3)

Here, PERP is the equivalent radiated power, W; Se is the surface area of the finite element at the
vibrating structure, m2; ve is the RMS surface velocity of the finite element at the vibrating structure,
m/s; Ne is the number of finite elements.

Depending on the rotational direction of the input shaft, the gear mesh force transmitted to the
housing is changed. In this study, to consider the forward and reverse motions of an agricultural
electric vehicle, ERP values were calculated when the input shaft was rotated clockwise (CW)
and counterclockwise (CCW), respectively. Figure 9 shows the direction of the bearing reaction force
along the rotational direction of the input shaft.
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A modal frequency response analysis was performed for the ERP analysis. Figure 10 shows the
ERP results when the first and second harmonic components of the first stage of the gear train were
applied as the excitation force. When the input shaft was rotated in the CW direction, the ERP value was
high at approximately 3500 rpm in the first harmonic component and approximately 2636 rpm in the
second harmonic component. When the input shaft was rotated in the CCW direction, the ERP value
was high at approximately 3788 rpm in the first harmonic component and approximately 2724 rpm
in the second harmonic component. The rotational speed range at which the peak value appears
depending on the gear mesh excitation was similar to the experimental noise measurement result in
Figure 8, and this could confirm the reliability of the FEM-based numerical analysis results.



Appl. Sci. 2020, 10, 8414 11 of 19Appl. Sci. 2020, 10, x FOR PEER REVIEW 11 of 19 

 

(a)  

 
(b)  

Figure 10. Results of the equivalent radiated power analysis. (a): Clockwise rotation of the input 
shaft; (b): Counterclockwise rotation of the input shaft. 

4.2. New Design Areas for Optimization 

The operating conditions with high response levels for each excitation component were 
confirmed from the ERP analysis results. After the ODS was predicted under these conditions, the 
ESE was analyzed for the mode causing the relevant deflection, and the location had the greatest 
influence on the deflection. This location was determined as the weak areas against noise and 
vibration for reinforcement. The original shape of the gearbox housing before optimization is 
shown in Figure 11. 
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4.2. New Design Areas for Optimization

The operating conditions with high response levels for each excitation component were confirmed
from the ERP analysis results. After the ODS was predicted under these conditions, the ESE was
analyzed for the mode causing the relevant deflection, and the location had the greatest influence
on the deflection. This location was determined as the weak areas against noise and vibration for
reinforcement. The original shape of the gearbox housing before optimization is shown in Figure 11.
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Figure 11. Original shape of the gearbox housing.

When the input shaft rotated in the CW direction, the ERP value peaked at 3500 rpm for the
first harmonic component and at 2636 rpm for the second harmonic component. The GMF can be
calculated according to Equation (1) using the order of the harmonic components and the rotational
speed. The GMF of the first harmonic component is 817 Hz at 3500 rpm, and the GMF of the second
harmonic component is 1230 Hz at 2636 rpm. Comparing these excitation frequencies with the natural
frequencies of the gearbox, the closest mode frequencies were 813 and 1238 Hz, respectively. Figure 12
shows the ODS under operating conditions with high ERP values for CW driving, and Figure 13 shows
the ESE of the mode shape causing the relevant deflection.
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Figure 13. Elastic strain energy (ESE) for clockwise drive. (a): ESE of mode shape at 813 Hz; (b): ESE of
mode shape at 1237 Hz.

When the input shaft rotated in the CCW direction, the ERP value peaked at 3788 rpm for the
first harmonic component and at 2724 rpm for the second harmonic component. The GMF of the
first harmonic component is 884 Hz at 3788 rpm, and the GMF of the second harmonic component
is 1271 Hz at 2724 rpm. Comparing these excitation frequencies with the natural frequencies of the
gearbox, the closest mode frequencies were 885 and 1280 Hz, respectively. Figure 14 shows the ODS
under operating conditions with high ERP values for CCW driving, and Figure 15 shows the ESE of
the mode shape causing the relevant deflection.
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Figure 15. Elastic strain energy for counterclockwise drive. (a): ESE of mode shape at 885 Hz; (b): ESE of
mode shape at 1280 Hz.

From the ESE analysis results, the location that had the greatest influence on the large deflection
of the ODS was the points at which the ESE showed a large value. As this location was confirmed to be
weak areas against noise and vibration, reinforcement was required. The reinforcing design for the
housing was performed to reduce the deflection by increasing the stiffness of the weak areas against
noise and vibration and to reduce the radiated noise owing to the structural vibration of the gearbox
housing. The new design area for optimizing the shape design was modeled, as shown in Figure 16.
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4.3. Topology Optimization

The topology optimization technique was used to optimize the shape design using Opti-struct
(v2019) commercial software. Topology optimization is a design technique that determines the density
distribution of optimized materials to achieve the design goals in a FE model. It is used in the initial
design stage to determine the optimal material distribution for a given boundary condition [18].
To determine the distribution of the material, the value of the relative density of each element in
the designated design area is defined as a design variable. According to the optimization function,
the density of the required area is regarded as 1 and completely filled, and the density of the unnecessary
area is regarded as 0 and removed. In this study, the design area for optimization was defined in
Section 4.2, and the optimization response value was defined as the ERP value and the housing volume;
thus, the objective function for minimizing the ERP value and constraints for preventing the weight
increase from exceeding 20% compared to the existing housing were set.

Figure 17 shows the modified housing shape from the topology optimization result.
The distribution of the optimized materials could be confirmed through the relative density of
the finite elements, which are the variables of optimization. In this study, the optimized shape of the
housing was modeled by considering the finite elements with a relative density of 0.8 or more as fully
filled elements. The weight of the housing before optimization was 4.84 kg, and the weight increased
by approximately 12% to 5.44 kg after optimization.
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Figures 18 and 19 show the changes in the ERP values before and after performing shape design
optimization through topology optimization. Most of the maximum ERP values were reduced under
all operating conditions. When the input speed of the gearbox was rated at 2650 rpm, the ERP value
decreased by approximately 9.7 dB for the first harmonic and 4.2 dB for the second harmonic in the
first-stage gear mesh for CW driving. The ERP value decreased by approximately 2.7 dB for the first
harmonic and 5.7 dB for the second harmonic in the first-stage gear mesh for CCW driving.

After optimization, the housing shape has not been laid out to a level that can be actually
manufactured, which shows the limitation that the topology optimization technique is used in the
initial design stage rather than to make the final shape. However, this technique is more objective
and reliable than design that relies on experience because it proceeds according to the variables and
objective functions designated by the designer. As a result of the optimal design, the ERP value
decreased in most operating conditions including the rated speed, but the ERP value increased in some
operating conditions. It is believed that this phenomenon may be caused by a different resonance
mode due to the housing shape change. The shape of the housing, initially designed through the
topology optimization technique, should be designed in detail taking into account manufacturing.
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5. Conclusions

This study aimed to reduce the structural vibration of the gearbox housing owing to the gear
mesh excitation force and resulting radiated noise. The whole procedure of this study focused
on the objectivity and reliability for reducing the radiated noise in agricultural electric vehicle
gearbox. The noise and vibration of the gearbox were measured and analyzed by considering the
load characteristics of the gearbox for agricultural electric vehicles. A FE model, which was validated
through an experimental modal analysis, was used, and the internal machine elements were modeled.
This process is suitable for optimization because it provides accurate bearing reaction force even if the
shape of the housing changes. Numerical analysis on the noise was performed using the validated FE
model, and the shape of the gearbox housing was optimized using topology optimization technique.
Since the value of the equivalent radiated power in the frequency range of interest was used as the
output variable for the topology optimization, results were obtained regardless of the measurement
location. In conclusion, the shape design process, which was previously dependent on experience, was
performed through an objective and reliable process.

The main conclusions from this study are as follows.
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• The whine noise of the gearbox represents the pure tone characteristics occurring at a specific
frequency, and this frequency is determined by the rotational speed of the input shaft. Therefore,
to analyze the noise and vibration considering these characteristics, an order analysis test was
performed to analyze the data according to the rotational speed of the input shaft. To reduce the
radiated noise owing to the structural vibration of the gearbox housing, the contribution level
was evaluated by comparing the GMF component with the overall noise level according to the
rotational speed. As a result, the first and second harmonic components of the first stage of the
gear train were evaluated as the main noise sources.

• Through the EMA, the dynamic characteristics of the actual housing were identified, and the FE
model was updated and validated based on this result. In the model update process, the material
properties of the gearbox housing and the contact method between the housings were set as
variables. The natural frequency of the improved model and the actual model showed an error of
approximately 2.8%. For the mode shape, the FE model was validated by comparing the MAC
value. The internal machine elements, such as the gears, shafts, and bearings, were modeled in a
substructure using a reduced-order modeling technique and were connected to the housing.

• To optimize the shape design of the gearbox housing for reducing radiated noise, the design
areas were modeled by analyzing the weak areas against noise and vibration. ERP analysis was
performed according to the rotational direction of the input shaft and gear excitation force. The new
design areas were determined through the ODS analysis under the operating conditions where the
ERP value was high and the ESE analysis in the mode causing the relevant deflection. To optimize
the shape design, a topology optimization technique was used to determine the optimum material
distribution in the design areas, and the minimization of the ERP value was set as the objective
function. After optimization, the maximum ERP value decreased under all operating conditions;
however, the weight of the housing increased by approximately 12%. When the input speed of
the gearbox was rated at 2650 rpm, the ERP value decreased by approximately 9.7 dB for the
first harmonic and 4.2 dB for the second harmonic in the first-stage gear mesh for CW driving.
The ERP value decreased by approximately 2.7 dB for the first harmonic and 5.7 dB for the second
harmonic in the first-stage gear mesh for CCW driving.
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