

  applsci-10-08892




applsci-10-08892







Appl. Sci. 2020, 10(24), 8892; doi:10.3390/app10248892




Article



Driving Safety Improved with Control of Magnetorheological Dampers in Vehicle Suspension



Piotr Krauze *[image: Orcid] and Jerzy Kasprzyk[image: Orcid]





Department of Measurements and Control Systems, Silesian University of Technology, Akademicka 16, 44-100 Gliwice, Poland









*



Correspondence: piotr.krauze@polsl.pl







Received: 24 November 2020 / Accepted: 10 December 2020 / Published: 12 December 2020



Abstract

:

The article is dedicated to the control of magnetorheological dampers (MR) included in a semi-active suspension of an all-terrain vehicle moving along a rough road profile. The simulation results of a half-car model and selected feedback vibration control algorithms are presented and analysed with respect to the improvement of driving safety features, such as road holding and vehicle handling. Constant control currents correspond to the passive suspension of different damping parameters. Independent Skyhook control of suspension parts represents the robust and widely used semi-active algorithm. Furthermore, its extension allows for the control of vehicle body heave and pitch vibration modes. Tests of the algorithms are carried out for a vehicle model that is synthesised with particular emphasis on mapping different phenomena occurring in a moving vehicle. The coupling of the vehicle to the road and environment is described by non-linear tire-road friction, rolling resistance, and aerodynamic drag. The pitching behaviour of the vehicle body, as well as the deflection of the suspension, is described by a suspension sub-model that exhibits four degrees of freedom. Further, three degrees of freedom of the complete model describe longitudinal movement of the vehicle and angular motion of its wheels. The MR damper model that is based on hyperbolic tangent function is favoured for describing the key phenomena of the MR damper behaviour, including non-linear shape and force saturation that are represented by force-velocity characteristics. The applied simulation environment is used for the evaluation of different semi-active control algorithms supported by an inverse MR damper model. The vehicle model is subjected to vibration excitation that is induced by road irregularities and road manoeuvres, such as accelerating and braking. The implemented control algorithms and different configurations of passive suspension are compared while using driving-safety-related quality indices.
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1. Introduction


The driving safety of road and off-road vehicles is the key feature that allows for safe and reliable transportation of passengers and different types of loads. Driving safety is a broad concept; here, it mainly refers to road holding and vehicle handling varying with respect to different configurations of vehicle suspension.



Road holding describes the ability of the vehicle to track the desired road trajectory and it can be influenced by different factors. Each tire and vehicle exhibits its optimized window of tire inflation, or tire deflection, which has a similar, but opposite, effect. Studies on inflation of tire were discussed in [1,2], where the typical deformation of underinflated tire was presented. Further analysis of non-uniform contact stress distribution for over and underinflated tire was presented in [3].



Both under and overdeflected tires result in accelerated tire wear and the deterioration of tire adhesion to road surface. Furthermore, not only static, but also dynamic changes in tire deflection should be taken into account [4]. The latter can be significantly increased by a wheel hop effect, which is related to the resonance of vehicle wheel vibration.



Vehicle handling, the second driving-safety-related feature, is commonly evaluated for steady-state or transient response of the vehicle, as shown in [5]. The steady-state response was analysed for a vehicle moving along a circle with increasing speed. Transient tests can be closed-loop, e.g., severe double line change or open-loop, e.g., J-turn, Fishhook. Further, vehicle handling can be analysed with respect to the chance of vehicle rollover.



An indicator of a possible rollover that was evaluated based on measurement data of roll angle and additional information about vehicle kinetic energy was presented in [6]. Other researchers proposed the roll rate as quantity that is related to the likelihood of rollover [4]. Consequently, pitch angle can also be used for the assessment of ride performance and steering stability as it was stated in [7]. Further, the approach of assessing vehicle handling on the pitch and roll rates was also applied in [8], presenting an analysis of whole body vibration for an off-road vehicle with magnetorheological (MR) dampers.



1.1. Vehicle Suspension


The parameters of the passive suspension can be optimized in terms of driving safety, but it is associated with a reduction in driving comfort. This statement was confirmed in [5] with respect to different cases that indicate that suspension settings for spring and damper parameters corresponding to ride comfort or driving safety are contradictory. Parameters of commonly used passive suspension are hard to change after being manufactured and they are dedicated to certain vehicle destination, e.g., road and off-road vehicles or sports cars. However, still, varying road conditions require the suspension parameters to be constantly adapted.



Active suspension systems are equipped with force generators that can effectively improve ride comfort and driving safety, as presented in [9], where the control methods for slow-active suspension were described. However, the high energy consumption of active suspension elements is their key disadvantage and is still an urgent problem described in the literature. The same authors presented, in [10], a study on energy consumption of an active suspension and proposed a weighted multitone optimal controller in order to minimise this consumption while the application of the ideal energy harvester was also analysed.



The application of a less energy-consuming semi-active suspension is a competitive offer. The operation of semi-active suspension dampers, especially magnetorheological dampers, is based on control of dissipation of vibration energy. They can also offer a short time response studied in [11], which is critical in vibration control applications. The authors presented an experimental analysis of the MR damper response time and showed that, in most cases, the response time to step current excitation does not exceed 20 milliseconds. It is worth noting that, similarly to active solutions, semi-active dampers are also supported by an energy harvester, which further improves the performance of semi-active approach. For instance, a novel design of the MR damper was presented in [12], where a controllable damping mechanism was integrated with a converter of mechanical energy to electrical energy.



Force-velocity characteristics of MR damper are strongly nonlinear, and they include hysteresis loops and force saturation regions [13]. Numerous models of MR damper were presented in the literature, including the Bingham model based on Coulomb force and viscous damping components [13]. A key element of the Spencer–Dyke model presented in [14] is a Bouc–Wen hysteresis component that was described by a nonlinear differential equation. The advantage of the MR damper model, which is based on hyperbolic tangent function, as presented in [15], is its simple form and good fit to the force-velocity experimental characteristics of MR damper. Furthermore, this model can be easily inverted, which is favorable in the case of control applications.




1.2. Modelling of the Vehicle


Numerous studies that are presented in the literature are devoted to simulation research that precede work on prototyping and commercial applications of MR dampers. They usually represent some kind of compromise between the accuracy of modelling and the requirement of simplicity of solutions, because, in the next stage, the developed control algorithm should be implemented in the microcontroller. Moreover, the use of very complex vehicle models requires the design of appropriate experiments in order to identify a large number of parameters, especially when it is necessary to take the measurement uncertainty into account [16].



Models of suspension are commonly grouped into a quarter-car, half-car, or full-car models. The quarter-car model is recommended when an initial analysis of the mechanical system is performed. Furthermore, it allows for a simple demonstration of control algorithm, like e.g., Skyhook control [17]. Half-car model is recommended when the pitch or roll dynamics of vehicle body have to be analysed, e.g., minimisation of quantities that are related to both ride comfort or driving safety while using H-infinity optimal control was presented in [18]. The full-car suspension model, which usually exhibits seven degrees of freedom, takes into account the vertical motion of the wheels, as well as heave, pitch, and roll motion of the body [19].



The next problem that should be taken into account is how to model a wheel. Usually, for the purpose of vehicle dynamics simulation the wheel is decomposed into the rim and tire. Depending on the model complexity vertical motion only or additionally lateral and rotational motion of the rim can be included in the wheel model. The dynamics of the rim depends on several factors, i.e., force and torque that are exerted by the road surface, as well as torques that are generated by the drive and braking system.



The modelling of tire behaviour during the ride is complex due to the susceptibility of rubber to large deformations. The complex tire structure is a second reason, where several elements of tire can be distinguished, e.g., tire treads, belt, sidewalls, or bead bundle [2]. Different phenomena are observed for the driving tire, such as longitudinal and lateral stiffness and damping, rolling resistance, or significantly nonlinear tire friction on the road. In [20], it was stated that four categories of possible approaches for developing a tire model can be distinguished, i.e., based on experimental data only, using similarity methods, based on a simple or more complex physical model.



The vertical tire model (i.e., the tire dynamics is considered vertically) that is presented in [21] is the simplest and most widely used in research. Further, the model can be extended by longitudinal or lateral forces [2]. Also, a group of radially and circumstantially located dampers and springs can be used. The most complex tire models are described using final element methods (FEM), as it was shown in [22,23], where modal analysis for steady or rolling tire was performed or circumferential waves at wheel’s critical speed were considered [2]. Other types of models allow for precise analysis of interactions between tire and road, as in the case of FEM models [24] or based on evaluation of contact mechanics between tread blocks and road surface [23]. Moreover, an alternative analytical model of the tire was applied in [25] in the case of uneven roads.



Rolling resistance is observed for rolling objects, while it is especially noticeable in the case of elastic tire where the energy for the expanding tire on the rear of the wheel is not fully restored, but dissipated. It results in a non-uniform distribution of ground normal stress, more generally, the resultant ground reaction force is shifted forward with respect to tire contact patch, as shown in [26,27] or [2]. It results in reaction force, which not only acts on the wheel center of gravity, but also generates a braking torque for the tire. The rolling resistance can be described by the shift of reaction force, but is more often normalized by the effective radius of the wheel resulting in a rolling resistance coefficient, which depends on several factors in a closer analysis, e.g., ambient temperature, types of road and tire materials, vehicle speed, tire air pressure, and vehicle load.



Interaction between tire and road profile is mainly based on phenomena such as rubber hysteresis that is caused by its continuous compression and expansion and a rubber adhesion to the road surface, as shown in [21] or [2]. The parameters of this interaction are significantly dependent on the condition of the road, e.g., wet, dry, or snow-covered road. Many researchers have analysed the behaviour of tire rubber, e.g., rubber friction was measured while using a dedicated test machine for different types of surface in [28].



Behaviour of tire rubber is being generalized and simplified for implementation in simulation and control applications. The Brush model (or Bristle model) described, e.g., in [26,27,29,30] or [20], corresponds to the tire model, where the rubber can be approximated as small elements of brush, where every element can bend independently.



In order to further simplify the analysis of vehicle dynamics with respect to tire-road friction, a relationship between slip ratio and the friction force is considered, where the former is defined as the ratio between the relative slip velocity and absolute longitudinal velocity of the wheel. The characteristics of friction force to slip ratio can be divided into three regions, i.e., elastic or linear region, transitional region, and frictional region [31]. Further, a semi-empirical models are widely used in the literature which describe the friction-slip characteristics by mathematical functions, e.g., Magic Formula tire model presented in [20].



The Burckhardt model presented in [32], which was further reviewed in [33], or the Reimpell model that was described in [34], are also semi-empirical tire models known in the literature. In the case of Burckhardt model, the longitudinal slip force is evaluated in the direction of wheel motion, while, in the case of Reimpell model, the slip force is derived in the direction of wheel orientation. Finally, a Fiala tire model is presented in [21], which is widely used in simulation, e.g., MSC ADAMS, assumes that each element of the surface can be displaced from its initial position and counteract with an assumed stiffness parameter.




1.3. Control of Semi-Active Suspension


Control algorithms that are dedicated to MR dampers are usually decomposed into the lower force control layer and the upper vibration control layer. The force control can operate in the open or closed loop. The open-loop takes advantage of the invertible MR damper model, while the closed-loop approach requires a force feedback signal. Force measurements are widely used in mechanical system starting from small-scale elements of vehicle suspension [35] to strain gauge that can be applied in mechanical constructions from suspension to a large-scale bridge conveyor of bucket wheel excavator [36].



The application of MR dampers in vehicle suspension allows for changing the suspension settings from soft to hard during the drive. However, the Skyhook algorithm that is presented in [17] is considered as one of the first semi-active control algorithms, simultaneously robust and widely tested, e.g., in [8] for an all-terrain vehicle (ATV). It also serves as a reference for other algorithms. On the other hand, the Groundhook algorithm described, e.g., in [37] generates a desired force that is inversely proportional to the wheel vertical velocity, whereas Skyhook generates force that is related to the vertical velocity of the body.



Applications of MR dampers can be also limited to the suppression of a seat vibration only. The real-time control of the MR damper applied for a driver seat with on-off and continuously variable control was presented in [13]. Further, the results of vibration suppression for an operator cabin in bucket wheel excavators were presented in [38], where the authors proposed an iterative learning method for optimal control.



Fuzzy control serves as an alternative control approach that can be applied for MR dampers [39], where an inverse MR damper is not required. Other authors presented, in [40], a control system of a vehicle model with MR dampers that was integrated with braking and front steering subsystems. Here, the study is more complex and takes into account both suspension dynamics and tire-road interaction in the form of a Magic Formula tire model. However, the authors focused their study on vehicle vibration that was induced by road manoeuvres, while road irregularities as well as the vertical dynamics of the wheel were not taken into account.




1.4. Highlights


The studies presented in the literature and related to vehicle vibration control using magnetorheological dampers are commonly limited to stationary vehicle suspension model, which does not take the longitudinal motion of the vehicle, more complex wheel model, or tire to road friction into account. Typically, description of tire-road interaction is limited to their contact in a single point. Admittedly, sophisticated models of vehicle and tire dynamics are well known; however, they are rarely related to semi-active suspension and semi-active control algorithms, in particular with regard to the analysis of road holding and vehicle handling.



The presented study discusses the interaction between the road surface and half-car vehicle model equipped with MR dampers and controlled with standard semi-active control algorithms. The most important phenomena that may occur while driving are taken into account, such as tire slip, body heave and pitch motion, wheel vibration, rolling resistance, and aerodynamic drag. It was shown how the suspension control influences the vehicle behaviour during the typical driving phases, i.e., accelerating, driving with constant speed, and braking.



The results were obtained for a vehicle model, which is, in detail, referred to an actual, commercially available, and real-size all-terrain vehicle (ATV), which was additionally equipped with suspension MR dampers. The road profile was generated according to the norm ISO 8608 describing road surface profiles with respect to mechanical vibration [41]. Furthermore, the influence of road profile on the vehicle wheel was evaluated while assuming the actual parameters and dimensions of the ATV’s wheels.



The methodology of road holding and vehicle handling was proposed while road holding was further analysed with respect to susceptibility of the wheels to separation from the road surface and fluctuations of the normal force exerted by the ground. It was also shown that driving-safety-related studies, like other research areas, require statistical analysis and averaging operation performed over several realizations. It is caused by the fact that the effective influence of the road on wheels depends on many factors, including applied control algorithms, tire and suspension deflection, or vehicle speed, despite the fact that the same road profile was used.



The paper is organized, as follows. Section 2 presents the description of the vehicle model, including the method of generating the road profile, a half-car submodel of vehicle suspension, and the MR damper model, which is based on a hyperbolic tangent function. The distributed model of tires takes into account the averaged normal force exerted by the ground and damping related to the tire deflection.



Further, the interactions of the vehicle with the road and slipping effect are described by the Burckhardt model of tire-road friction. The description of wheels dynamics includes their moment of inertia, which has influence on effective torques that are generated by the rear drive system and disc brake on the front wheel, similarly as in the real vehicle. The model of wheels also includes rolling resistance while the whole vehicle is subjected to aerodynamic drag.



Section 3 is dedicated to semi-active suspension control algorithms in which three control approaches are compared. First, a case of MR dampers controlled by different values of constant current is defined, which reflects different soft and hard configurations of passive suspension. Further, two variants of Skyhook control are presented, where the former is based on separate control of suspension parts, while the latter emulates different damping forces that are exerted on heave and pitch velocities of the vehicle body.



Section 4 presents the results obtained for implemented semi-active control approaches with respect to road holding and vehicle handling. Three phases of a typical drive were distinguished, i.e., accelerating from vehicle stop, driving at a constant speed assumed as set by an external object and braking until the vehicle stops. In the case of the road holding, the given algorithms were mainly compared with respect to their ability to avoid detachment from the road, which is evaluated as the weighted mean value of normal wheel forces.



The normal forces were also studied in frequency domain based on power spectral density (PSD) characteristics. Further, vehicle body and wheels were also analysed, as well as the occurrence of slip is observed. The second part of this section is dedicated to vehicle handling, which is analysed based on mean values and standard deviations of vehicle body pitch velocity evaluated similarly for different drive phases. Section 5 provides the conclusions of study dedicated to driving safety of ATV with MR dampers.





2. Vehicle Model and Its Coupling with Road and Environment


The presented results refer to the actual, commercially available ATV-Sweden that is shown in Figure 1a, manufactured by CF-Moto. According to the vehicle approval documents, it is 2.185 m long, 1.17 m wide, 1.23 m high, and its mass is approximately 393 kg.



Original shock-absorbers have been replaced with MR suspension dampers. It is also worth noting that each part of the suspension operates independently, which allows for only adapting a selected MR damper to the road unevenness. The vehicle is equipped with a measurement and control system in order to generate appropriate control currents for MR dampers.



The measurement part of the system includes numerous sensors. Mainly, three-axis accelerometers are used. Five of them are located in the vehicle body and additional accelerometers are located in the vicinity of each wheel. Furthermore, the deflection of each suspension part is measured while using an LVDT (linear variable differential transformer). Pitch and roll motion of the body, as well as acceleration of the driver’s seat, are measured by the additional IMU (inertial measurement unit). The angular velocity of each wheel can be roughly measured while using a Hall effect sensor and numerous neodymium magnets that are attached to the wheel rim. Regardless of this, the speed of the vehicle is measured by the standard sensor.



The study is focused on the analysis of longitudinal behaviour of the vehicle model during accelerating, braking or driving with a constant speed. Thus, simulation was performed for a half-car model which describes the major behaviour of the vehicle during road manoeuvres mentioned above, i.e., longitudinal and vertical motion as well as body pitch. The parameters that were used for the model simulation were carefully estimated and listed further in Table 1 in Section 4. The proposed half-car model exhibits seven degrees of freedom (DoFs) and its graphical representation is shown in Figure 1b. First four DoFs are related to wheel vertical and angular motion, denoted as   z  u f    and   ϕ  u f    for the front wheel, respectively, as well as   z  u r    and   φ  u r    corresponding to the rear wheel. Further two DoFs, denoted as   z s   and   φ  s p   , describe the heave and pitch motion of the body, respectively. For the simplification of the model, an assumption was made that longitudinal displacements of all vehicle components are the same and they are depicted by the last DoF, denoted as   x s  .



This model describes the dynamics of the half of the vehicle. Thus, selected vehicle parameters, e.g., mass or moment of inertia of the body as well as the torque of the drive system need to be scaled down. The wheel weights were measured as   m  u f    = 10 kg and   m  u r    = 15 kg for the front and rear wheel, respectively. Half of the body weight is   m s   = 171.5 kg while taking the weights of the wheels into account. Longitudinal location of the body centre of gravity (CoG) was estimated and defined by   l f   = 0.609 and   l f   = 0.681 m, which show that CoG is slightly shifted toward the front of the vehicle. The height of the vehicle CoG   h s   = 0.554 m was taken from the literature [42], where the selected parameters of the CF500 vehicle are listed.



Any data related to the body moment of inertia are hardly available for this type of vehicle, while experimental identification is not a trivial task for such weight. Therefore, moment of inertia of the body was estimated as   I  s p    = 74.3 kgm   2   for   m s   and   h s   assuming a uniform distribution of the body mass, which vertically starts at a height of 0.25 and ends at a height of 0.9 m.



The stiffness parameters of the suspension were obtained as   k  s f    = 22,208 Nm    − 1    and   k  s r    = 34,857 Nm    − 1    for the front and rear suspension, respectively, based on measurements of stiffness performed separately for suspension springs while using a material testing system (MTS) dedicated to static tests. Passive damping parameters were coarsely assumed as   c  s f    =   c  s r    = 300 Nsm    − 1   , the same for the front and rear part. Furthermore, it should be noted that the applied MR dampers are a dominant source of suspension damping, and they were carefully examined while using MTS dedicated to dynamic tests. Section 2.6 discusses their model.



2.1. Road Profile


Random road profile exhibits an integral character according to the norm ISO 8608 [41], i.e., low frequency components of the road profile present greater amplitudes and vice versa. Thus, the spatial power spectral density (PSD) of an ideal road profile, denoted as    S r   (  ω p  )   , can be described with respect to the spatial angular frequency   ω p   as follows:


   S r   (  ω p  )  =  Θ 0  ·     ω  p 0    ω p    2  ,  



(1)




where   Θ 0   is a reference value of    S r   (  ω p  )    that is dedicated to a selected road class at an angular frequency   ω  p 0    = 1. Here, class F is used in order to reflect off-road conditions; thus,    S r   (  ω  p 0   )    =   Θ 0   =   1024 ×  10  − 6     was assumed. The value of   Θ 0   was set as the geometric mean of the range for class F. Figure 2b presents the resultant characteristics of   S r   evaluated with respect to the spatial frequency   f p   as well as the simulated road profile.



The generation of road profile was realized by filtering a Gaussian white noise    w r   ( x )    dependent on the distance coordinate x while using an integrating digital discrete-distance filter of transfer function   H (  z p  − 1   )  . A continuous-distance filter   H (  s p  )   equivalent to   H (  z p  − 1   )   was defined in order to more clearly discuss its parameters and relate them to the continuous-distance spatial PSD   S r  :


  H  (  s p  )  =  ω  p 0   ·   Θ 0   ·   a H   1 +  s p  ·  a H    ,  



(2)




where   a H   = 6.6 m is a cutoff wavelength (an equivalent of time constant in the time domain, noticeable for low frequencies in Figure 2b), which is much greater than the wheelbase of the vehicle equal to 1.29 m. Consequently, Figure 2a shows a diagram of a sample road profile    z r   (  x r  )    with respect to distance.



The filtering of white noise can only be accomplished in the discrete domain, since white noise cannot be realized in reality. Besides, the resolution of the generated road profile was assumed as   f  p s    = 1000 points per meter. Thus, a discrete realization of white noise    w r   ( x )    was used with variance    σ r 2  = 2 π   f  p s   2    in order to obtain a unit level of the input random signal in spatial PSD    S r   (  ω p  )   , defined with respect to    ω p  = 2 π  f p   .



Higher spatial frequencies of the generated road profile can be neglected in further analysis due to the much greater dimension of wheels. Furthermore, the road profile needs to be differentiated in order to obtain    d  z r   (  x r  )    d  x r     indicating an inclination of road in a given point, which is required by the vehicle simulator. Thus, the bandwidth of the road profile   z r   was limited to the cutoff spatial frequency that was equal to 200 cycles per meter (see Figure 2b) while using an additional discrete domain finite impulse response filter (FIR).




2.2. Wheel and Tire Model


The experimental ATV is equipped with two types of wheels of different widths that were equal to   w  u f    = 0.2 m (8 inches) for the front wheel and   w  u r    = 0.254 meter (10 inches) for the rear wheel. Other dimensions of both wheels remain the same, i.e., radius of the unloaded wheel   r  u f 0    =   r  u r 0    = 0.317 m and radius of the rim   r  w f 0    =   r  w r 0    = 0.152 m (6 inches).



A tire aspect ratio being a ratio of tire sidewall height to tire width is a key parameter defining a type of tire. For standard tires, this ratio varies commonly from 0.5 to 0.7. In the experimental vehicle, this parameter takes a value of 0.65 for the rear tire and 0.81 for the front. Thus, the front tire appears to be slimmer in comparison to standard tires and the rear wheel is assumed as a reference in order to estimate moment of inertia of both wheels, denoted as   I  u f    and   I  u r   , respectively.



The diagram of the moments of inertia of the wheels for standard vehicles was presented with respect to a dynamic wheel radius (i.e., for a moving vehicle) in [43]. These data were compiled for the purpose of this study with a comparison between the dynamic radii and radii of unloaded wheels that were obtained experimentally and discussed in [44]. Consequently, the moment of inertia of the standard rear wheel was evaluated as   I  u r    = 0.9 kg m   2   with respect to the aspect ratio. The moment of inertia of the front wheel was scaled down with respect to the ratio between wheel weights and evaluated as   I  u f    = 0.6 kg m   2  , since the moment of inertia depends on a weight of the object with the same shape and size of the cross-section.



The goal of the tire model is to evaluate the resultant force   F n   and torque   T n   acting on the wheel axle at a given time instant. These forces are related to ground force generated as a reaction to tire stiffness   F  k u i    and damping forces   F  c u i    in a given point of road profile, as noted in Figure 3. The tire stiffness comes mainly from the compressed air of pressure   p u   inside the tire, which acts on a road surface. Tire damping is defined here as a force which counteracts deflection of the tire and is directly proportional to the velocity of deflection denoted as    n ˙   c i   . Ground forces are transferred through the stiff sidewalls of the tire to the wheel axle. The rim was assumed as a rigid component, while the outer surface of the tire is assumed to be deformable, ideally adapting to uneven terrain.



The evaluation of wheel forces is performed in several stages for a given moment in time. Firstly, for a given location of wheel and known road profile an area of tire cross-section, denoted as   Δ  A u   , is calculated, which shows how much the road deflects the tire. Next, instantaneous tire air pressure multiplied by   w  u f    is calculated according to the general gas Clapeyron’s equation assuming a constant temperature:


   (  p  u 0   ·  w u  )  ·  A  u 0   =  (  p u  ·  w u  )  ·  A u  ,  



(3)




where    A  u 0   = π ·  (  r u 2  −  r w 2  )    denotes an initial area of tire air and it is equal to the difference of wheel and rim areas. Symbol   p  u 0    denotes initial tire air pressure, while the method of its estimation multiplied by   w u   is later described in the subsection. The instantaneous area of tire air is denoted as    A u  =  A  u 0   − Δ  A u   .



Stiffness   F  k u i    and damping forces   F  c u i    that are generated by each fragment of the road profile contribute to the resultant force   F  n x    and   F  n z    in x and z directions, respectively, as well as torque   T n  , as follows:


         F  n x   =  ∑  x  r i    ( −  r u  ,  r u  )   sin  (  β i  )  · max  ( 0 ,  F  k u i   +  F  c u i   )  ,           F  n z   =  ∑  x  r i    ( −  r u  ,  r u  )   cos  (  β i  )  · max  ( 0 ,  F  k u i   +  F  c u i   )  ,           T n  =  ∑  x  r i    ( −  r u  ,  r u  )   cos  (  α i  +  β i  )  ·  r i  · max  ( 0 ,  F  k u i   +  F  c u i   )  ,     



(4)




where angle    α i  = atan 2  (  x u  −  x  r i   ,  z u  −  z  r i   )    describes orientation of radius   r i   with respect to the vertical axis. Angle    β i  = atan  (   d  z  r i     d  x  r i     )    denotes an inclination of the road profile in the given point and it can be calculated based on a derivative of the road profile height   z  r i    with respect to its coordinate   x  r i   . The forces that are presented in Equation (4) are calculated for the road surface coordinates   x  r i    varying from   −  r u    to   r u  , which is the radius of unloaded wheel. Using the max function means that Equation (4) is only considered for    F  k u i   +  F  c u i     not lower than zero, which indicates detachment from the road surface. The wheel radius of a given point denoted as    r i  =     (  x u  −  x  r i   )  2  +   (  z u  −  z  r i   )  2      is calculated as a distance between the road profile point and a center of the wheel.



Forces   F  k u i    and   F  c u i    are defined for the given point of road profile, as follows:


         F  k u i   = Δ  l i  ·  (  p u  ·  w u  )  ,           F  c u i   = Δ  l i  ·  (  c A  ·  w u  )  ·   n ˙   c i   .     



(5)




where the length of the unit fragment of road profile   Δ  l i  = Δ x · tan  (  β i  )    and   Δ x =  1  f  p s      depends on the spatial frequency   f  p s   . The velocity of a given point of tire    n ˙   c i    parallel to the normal direction of the road is evaluated based on wheel translational and rotational velocities, as follows:


    n ˙   c i   = sin  (  β i  )  ·   x ˙  u  − cos  (  β i  )  ·   z ˙  u  − sin  (  α i  +  β i  )  ·  r i  ·   φ ˙  u  .  



(6)







The initial tire air pressure    p  u 0   ·  w u    and tire damping parameter    c A  ·  w u    were calculated based on vertical tire stiffness   k u   and damping parameter   c u  , measured for static tire load. Measurements that were taken from the experimental vehicle indicate that static deflections of the front and rear tires   z  t f , s t a t i c    and   z  t r , s t a t i c    are approximately equal to 14 and 13 millimeters for wheel normal forces   F  k u f , s t a t i c    and   F  k u r , s t a t i c    that are equal to 986 and 941 Newtons, respectively. The reference tire damping parameter   c u   was evaluated assuming that the damping ratio is close to 0.05 for the majority of tires, as stated in [45]. As a result, parameters   c  u f    and   c  u r    take values of 84 and 102 Nsm    − 1    for the front and rear tire, respectively.



The tire model and evaluation of tire stiffness and damping forces was linked with the reference parameters   k u   and   c u   on the basis of the assumption that these parameters were obtained for a flat road surface, similarly as during laboratory measurements. In the case of reference tire stiffness, the following relationship is valid based on the integral evaluated for a continuous road profile:


   F  k u , s t a t i c   =  k u  ·  z  t , s t a t i c   =  ∫  −  x  r , s t a t i c     x  r , s t a t i c     (  p  u 0   ·  w u  )  · d x ,  



(7)




which gives    p  u 0   ·  w u    equal to 5234.1 and 5113.6 Nm    − 1    for the front and rear tire, respectively. The validation of    p  u 0   ·  w u    was carried out while assuming a rounded transverse cross-section of the tire and it results in an estimation of initial tire air pressures as    p  u f 0   = 50   kPa   and    p  u r 0   = 45   kPa  , which are comparable with 40 kPa, as recommended by the manufacturer, and they indicate slightly overinflated tire of the actual experimental vehicle.



A similar relationship can be defined in the case of tire damping parameter for the working conditions related to the static tire deflection, as follows:


   F  c u , s t a t i c   =  c u  ·   z ˙  t  =  ∫  −  x  r , s t a t i c     x  r , s t a t i c      z ˙  t  ·  (  c A  ·  w u  )  · d x ,  



(8)




which gives    c A  ·  w u    equal to 447.3 and 560.4 Nsm    − 2    for the front and rear tire, respectively.




2.3. Burckhardt Model of Tire to Road Friction


Tire-to-road friction is a complex phenomena, which, on the microscopic scale, is mainly based on rubber hysteresis caused by its continuous compression and expansion, and a rubber adhesion to the road surface, as discussed in Section 1. Thus, a macroscopic Burckhardt tire friction model was selected in order to avoid a further significant increase of the tire model complexity.



The Burckhardt tire friction model that is presented in Figure 4 was described, e.g., in [33,46] and it is defined for tire slip ratio   s r   by the following function:


    μ r   ( s r )   = sign  ( s r )  ·   f  b 0   ·  ( 1 −  e  −  f  b 1   ·  | s r |    )  −  f  b 2   ·  | s r |   ,  



(9)




where parameters of the model were selected for a wet concrete surface, as:   f  b 0    = 0.4004,   f  b 1    = 33.7080,   f  b 2    = 0.1204. It can be seen that    μ r   ( s r )    increases with the increase of the slip ratio up to the maximum possible tire friction. A further increase of the slip ratio deteriorates friction coefficient and, consequently, tire adhesion to the road surface.



However, the macroscopic tire model needs to be linked with the microscopic approach dedicated to normal tire forces presented in the previous section in order to apply Burckhardt model. Thus, the inclination  γ  of the averaged road profile is defined based on direction of resultant normal forces as   γ = atan 2 ( −  F  n x   ,  F  n z   )  . Moreover, the absolute value of the resultant normal force is obtained as    F n  =    F  n x  2  +  F  n z  2     .



Assuming that both the translational and rotational movements of the wheel are projected on an averaged road profile defined by angle  γ , the slip ratio   s r   is evaluated, as follows:


  s r =         v  u , friction   −  r e  ·  φ u     |   v  u , friction    |          for   |   v  u , friction    | ≥ |   r e  ·  φ u   |           v  u , friction   −  r e  ·  φ u     |   r e  ·  φ u   |          for   |   v  u , friction    | < |   r e  ·  φ u   |        



(10)




where    v  u , friction   = cos  ( γ )  ·   x ˙  u  + sin  ( γ )  ·   z ˙  u    denotes wheel velocity that is projected on the average road surface and   s r   needs to be additionally limited to the range from −1 to 1. As a result, a tire to road friction force   F r  , perpendicular to force   F n  , can be evaluated, as follows:


   F r  = −  μ r  ·  F n  ,  



(11)




where its x and z components are obtained based on averaged inclination angle  γ :    F  r x   = cos  ( γ )  ·  F r   ,    F  r z   = sin  ( γ )  ·  F r   .



The effective wheel radius   r e   that is used in Equation (10) is a conventional quantity that is commonly evaluated in an ideal case of flat road. In the case of significant unevenness of the road profile, a single effective radius cannot be indicated, since wheel dynamics are partially influenced by numerous fragments of road for which slip occurs in varying degrees. Different methods of calculation of the effective radius for a Burckhardt friction model were tested and analysed. Consequently, it was decided that the effective radius is calculated as an average of projections of all radii that were obtained for individual points of the road surface on a direction defined by a resultant normal wheel force (perpendicular to the averaged road profile defined by  γ ). This relationship can be concluded by the following formula:


   r e  =  1 N   ∑  x  r i    ( −  r u  ,  r u  )    r i  · cos  (  α i  + γ )  ,  



(12)




where N is a number of points on the road surface that are in contact with a tire. As a validation, it should be noted that the presented approach for the evaluation of the effective radius gives reasonable results for the standard case of a flat road surface. Finally, the effective radius is also used for the calculation of torque caused by the friction force and acting on rotational dynamics of the wheel:


   T r  = −  r e  ·  F r  .  



(13)








2.4. Wheel Rolling Resistance and Aerodynamic Drag of the Vehicle


The rolling resistance is manifested in the resultant ground reaction force that is shifted forward with respect to the tire contact area, as discussed in Section 1. In practice the rolling resistance force is assumed as acting on the wheel center of gravity along the road, while effects occurring on different types of road surface are described by a rolling resistance coefficient, denoted here as   f roll  . The rolling resistance was assumed as constant and independent on vehicle speed. Value of the coefficient   f roll   = 0.008 was set according to [2] assuming a rigid or only slightly deformable surface, e.g., concrete test road. Consequeently, the roll resistance force can be calculated as:


   F roll  = − sign  (  v  u , friction   )  ·  f roll  ·  F n  ,  



(14)




which depends on direction of wheel motion along the averaged surface described by   sign (  v  u , friction   )  . Components x and z of   F roll   can be obtained, similar to the friction force   F r  , based on average inclination angle  γ :    F  roll , x   = cos  ( γ )  ·  F roll   ,    F  roll , z   = sin  ( γ )  ·  F roll   .



Air flow over a moving vehicle counteracts its motion. An analysis of an actual effect of air flow is complex; thus, semi-empirical models are used, as presented in [47]. Here, the following relationship was applied in order to take into account aerodynamic drag acting on the vehicle model:


   F drag  = − 0.5 ·  ρ air  ·  c air  ·  A air  ·  v  s , drag  2  ,  



(15)




where    v  s , drag  2  =   x ˙  s 2  +   z ˙  s 2    denotes squared absolute value of the body velocity. The velocity included in Equation (15) is dependent on the body motion, since it was assumed that body motion has a decisive influence on aerodynamic drag of the vehicle. Further, x and z components of drag force   F drag   are defined as    F  drag , x   = cos  ( δ )  ·  F drag   ,    F  drag , z   = sin  ( δ )  ·  F drag   . Angle   δ = atan 2 (   z ˙  s  ,   x ˙  s  )   describes the orientation of the body velocity.



The evaluation of aerodynamic drag of the considered model requires an aerodynamic drag coefficient, denoted as   c air  , and the frontal cross-sectional area of the vehicle   A air  . The values of these parameters, i.e.,   c air   = 0.72,   A air   = 1.75 m   2  , were taken from a study that is presented in [48] and related to a similar all-terrain vehicle Polaris Sportsman 500. The value of air density was assumed to be   ρ air   = 1.223 kgm    − 3   .




2.5. Vehicle Drive and Braking Systems


The braking torque used in the vehicle model was evaluated as an average of braking torques presented in the literature that is dedicated to all-terrain vehicles. Mainly, three studies were analysed, i.e., [49,50,51], all being dedicated to a selection of the braking system for an ATV related to BAJA competition. The reported values of braking torques were scaled with respect to the weight of a certain vehicle and the averaged value was adjusted to the weight of the experimental vehicle under consideration, resulting in braking torque of the front disc brake   t b   = 160 Nm. Thus, the braking torque is dependent on the direction of front wheel rotation   φ  u f   , as follows:


   T  b f   = −  g b  · sign  (  φ  u f   )  ·  t b  ,  



(16)




where   g b   is a flag that indicates an activation of the braking system in the vehicle simulator.



The experimental vehicle is equipped with a four-stroke single cylinder spark ignition engine. According to the approval documents, the engine generates a maximum torque equal to 30 Nm at 4500 revolutions per minute of engine speed. Furthermore, the vehicle is equipped with an automatic gearbox, where a high gear ratio is usually used during experiments, for which the overall gear ratio varies from 9 to 35. It was concluded, based on vehicle speed and engine speed measurements taken during experiments performed in terrain, that the gear ratio close to 20 is commonly used, which is also in the middle of the given gear ratio range. Thus, for the purpose of this study, the torque of the rear drive was assumed as   t e   = 225 Nm. This estimation was carried out while taking into account that the simulated half-car model has half the weight of the actual vehicle and the fact that the engine torque of every vehicle varies within the whole working range of engine speed. Thus, the resultant drive torque was defined, as follows:


   T  e r   =  g e  ·  t e  ,  



(17)




where   g e   is a flag that indicates activation of drive system in the vehicle simulator.




2.6. MR Damper Model


The Tanh model of the MR damper was selected while taking into account a compromise between limited model complexity and its accuracy. The MR damper model was implemented and simulated in the following form, which is also presented in details in [15]:


   F  m r   = −  (  α 0  +  α 1    i  m r    )  tanh  ( β ·   z ˙   u s   )  −  (  c 0  +  c 1    i  m r    )  ·   z ˙   u s   ,  



(18)




where   i  m r    is a control current supplying the MR damper and    z ˙   u s    denotes the relative velocity of the damper piston and simultaneously the relative velocity of vehicle suspension. The parameters of the model were estimated based on identification experiments performed for an MR damper subjected to sinusoidal displacement excitation of amplitude equal to 25 mm and frequency of 1.5 Hz, as was presented in [52]. The following values of parameters are used:   α 0   = 62.42 N,   α 1   = 1340 N   A  − 1    ,  β  = 39.96 sm    − 1   ,   c 0   = 802.8 Nsm    − 1   , and   c 1   = 488.5 Nsm     − 1     A  − 1     . Figure 5 presents the sample force-velocity characteristics of the model.



It can be noticed that MR dampers exhibit nonlinear behaviour, including force saturation indicated for higher piston velocities. The maximum damper force that is reached for piston velocity equal to 0.5 ms    − 1    is close to   − 1500   N. It can be also highlighted based on the characteristics and mathematical model (18) that the dependence of damper force on control current is also nonlinear (dependent on root square), while a greater variation of force with respect to control current can be obtained for lower currents.




2.7. Longitudinal and Vertical Dynamics of Half-Car Vehicle Model


The proposed half-car model exhibits seven degrees of freedom (DoFs), where the first DoF is related to the longitudinal motion of the vehicle model, the next two DoFs describe heave and pitch motion of the body, respectively, and a further four DoFs are related to the wheel vertical and rotational motion.



Longitudinal dynamics of the vehicle, as well as heave and pitch dynamics of the body, were described, as follows, when assuming that pitch angles of the body are so small that trigonometric relationships can be neglected:


   (  m  u f   +  m  u r   +  m s  )    x ¨  s  =  F  n x   +  F  r x   +  F  roll , x   +  F  drag , x   ,  



(19)






   m s    z ¨  s  =  F  s f   +  F  s r   +  F  drag , z   −  m s  · g ,  



(20)






   I  s p     φ ¨   s p   = −  l f  ·  F  s f   +  l r  ·  F  s r   −  h s  ·  m s    x ¨  s  ,  



(21)




where g = 9.81 ms    − 2    is the gravitational acceleration. The expression    h s  ·  m s    x ¨  s    is related to the pitching torque caused by accelerating or braking. Forces that are generated in the front and rear suspension parts, denoted as   F  s f    and   F  s r   , respectively, are evaluated, as follows:


         F  s f   = −  k  s f   ·  (  z  s f   −  z  u f   )  −   c  s f    · (    z ˙   s f   −   z ˙   u f     ) +   F  m r , f   ,           F  s r   = −  k  s r   ·  (  z  s r   −  z  u r   )  −   c  s r    · (    z ˙   s r   −   z ˙   u r     ) +   F  m r , r   ,     



(22)




where vertical displacements and velocities of front and rear parts of the vehicle body are calculated, as follows:


         z  s f   =  z s  −  l f  ·  φ  s p            z ˙   s f   =   z ˙  s  −  l f  ·   φ ˙   s p             z  s r   =  z s  +  l r  ·  φ  s p            z ˙   s r   =   z ˙  s  +  l r  ·   φ ˙   s p       



(23)







Vertical dynamics of each wheel is described by the following differential equation:


   m u    z ¨  u  =  F  n z   +  F  r z   +  F  roll , z   −  F s  −  m u  · g .  



(24)







In the case of rotational dynamics, the equations are distinguished according to the braking and drive system for the front and rear wheel, respectively:


         I  u f     φ ¨   u f   =  T  n f   +  T  r f   +  T  b f   ,           I  u r     φ ¨   u r   =  T  n r   +  T  r r   +  T  e r   ,     



(25)




where the additional index f or r included in notations   T n   and   T r   indicates the front or rear wheel, respectively. Notations   v x  ,   a x  , or   v z  ,   a z   used in the reminder of the manuscript denote the first and second derivatives of x or z (i.e.,   x ˙  ,   x ¨   or   z ˙  ,   z ¨  ), respectively, which are numerically calculated based on the vehicle model.





3. Control Algorithms


Three different semi-active suspension settings are tested. First, MR dampers are controlled by different values of constant current reflecting different soft and hard passive suspension configurations. Next, two types of semi-active control are tested that are based on different variants of the Skyhook algorithm.



The control algorithms dedicated to MR dampers are generally divided into a lower force control layer and a higher vibration control layer, as shown in the block diagram presented in Figure 6. In the case of the lower layer an open-loop inverse model was implemented by reformulating the Tanh model of the MR damper defined in Section 2.



In order to obtain a desired current   i  m r    for a given desired force   F alg   generated by a control algorithm the MR damper model defined in Equation (18) needs to be reformulated into the inverse form, as follows:


    i  m r    = −    F alg  −  α 0  · tanh  (  β 0  ·  v  u s   )  −  c 0  ·  v  u s      α 1  · tanh  (  β 0  ·  v  u s   )  +  c 1  ·  v  u s   + ζ   ,  



(26)




where the control current   i  m r    is limited to the range from 0 to 1.3 amperes, according to the specification of MR dampers of type RD-8041 from Lord Corporation. Parameter  ζ  is used in order to avoid dividing by zero in the case of damper piston velocity   v  u s    = 0.



3.1. Skyhook Control of the Suspension Quarter (Skyhook-1DOF)


The first variant of Skyhook control, named Skyhook-1DOF, is based on separate control of the suspension parts. The desired control forces generated by the algorithm dedicated to the front and rear suspension are defined, as follows:


         F  alg , f   = −  c  s h 1 , f   ·  v  s f   ,           F  alg , r   = −  c  s h 1 , r   ·  v  s r   ,     



(27)




where   c  s h 1 , f    and   c  s h 1 , r    are the parameters of the control algorithm. They were assumed to be the same    c  s h 1   =  c  s h 1 , f   =  c  s h 1 , r     in order to limit the number of all possible experimental cases, which, on the other hand, does not significantly deteriorates the quality of control.




3.2. Skyhook Control of Heave and Pitch Vibration Modes (Skyhook-2DOF)


The second variant of Skyhook, which is named Skyhook-2DOF, emulates different damping force and torque exerted on heave and pitch velocities of the body, denoted as   F  alg ,  z s     and   T  alg ,  φ  s p     , respectively:


         F  alg ,  z s    = −  c  s h 2 ,  z s    ·  v s  ,           T  alg ,  φ  s p     = −  c  s h 2 ,  φ  s p     ·  φ  s p   ,     



(28)




where   c  s h 2 ,  z s     and   c  s h 2 ,  φ  s p      are the parameters of the control algorithm. Similarly to Skyhook-1DOF, they were assumed as mutually dependent, additionally taking into account different amplitudes of   z s   and   φ  s p    in order to maintain a comparable desired force of both control components. It results in the following relationship:    c  s h 2   =  c  s h 2 ,  z s    = 2.0 ·  c  s h 2 ,  φ  s p      .



The desired force   F  alg ,  z s     and torque   T  alg ,  φ  s p      need to be converted into desired forces that are generated by MR dampers, as follows:


         F  alg , f   =  1   l f  +  l r    ·  (  F  alg ,  z s    ·  l r  −  T  alg ,  φ  s p     )  ,           F  alg , r   =  1   l f  +  l r    ·  (  F  alg ,  z s    ·  l f  +  T  alg ,  φ  s p     )  ,     



(29)




which are applied to the inverse Tanh model.





4. Simulation Results


The vehicle model that is presented in Section 2 was tested in simulation experiments. The model was subjected to the rough road profile of class F according to the ISO8608 in order to refer to tests that were performed on a real vehicle in terrain [8]. Additionally, vehicle longitudinal velocity during a constant speed phase was related to the previous experiments when the vehicle was driving at a longitudinal velocity    v  s x   = 5   ms    − 1    due to significant irregularities of the terrain. For the purpose of this study an additional speed of 10 ms    − 1    was discussed. Finally, three suspension settings were tested, i.e., MR dampers controlled with constant current, Skyhook control of the separate suspension parts, or vehicle body dynamics.



The Groundhook control of the separate suspension parts, which is intended to suppress vertical velocity of wheels, was also implemented and tested. Its performance was analysed based on the transmissibility characteristics that were evaluated for wheel velocities and based on PSD characteristics that were evaluated for front and rear wheel normal forces. It was also validated with respect to road holding and vehicle handling indices. However, improvement was only slightly visible and, as a consequence, the Groundhook control was not considered in a further part of the manuscript.



4.1. Simulation Environment


The simulation environment that is presented in Figure 7 consists of parts of the vehicle model that are defined in Section 2. References to selected sections of the manuscript, where each part was described, are given in parentheses. Signals that are used for both front and rear wheel are written in bold. The outputs of the vehicle simulator are used by the controller, which is presented in Figure 6, as well as they are used for further analysis of control performance. The model was implemented in C programming language and supported by GNU scientific libraries, including, among others, algorithms for numerically solving differential equations. This approach is highly recommended for significantly speeding up the simulation in comparison to, e.g., Matlab/Simulink environment. Table 1 lists the values of the model parameters.



Another advantage of this approach is the fact that the simulation environment is fully compatible with the semi-active suspension controller and the measurement system installed in the experimental vehicle. Thus, the tested control algorithms can be directly transferred to the microcontroller in future experiments. Additionally, a sampling frequency used in the simulation was set to    f  t s   = 1000   Hz in order to make it similar to the conditions during real experiments.




4.2. Test Procedure


In each experiment, two types of driving methods were tested, i.e., road manoeuvres (accelerating or braking) or constant vehicle speed. Figure 8 presents time diagrams of vehicle longitudinal velocity. The first group of simulation was performed for the vehicle that alternately accelerates, drives and brakes, whereas the overall time of the simulation is equal to approximately 300 s. Ten cycles of such a driving strategy were simulated for each case.



The second group of simulation experiments was dedicated to the vehicle moving with a constant speed after a single accelerating, which is finished by a single braking. Drive and braking systems of the vehicle were disabled during this phase and the vehicle was assumed to be towed while using a rigid connection by another vehicle with ideal stabilization of longitudinal (x direction) velocity. An alternative approach can be based on the implementation of an additional cruise control algorithm in the implemented model. However, it was not considered in the presented manuscript.



An assumption about constant vehicle speed is important for standard validation of vibration control algorithms, since effective vibration excitation that is induced by road unevenness is strictly dependent on the vehicle speed while assuming the same road profile. It can be stated for the first order derivative of vertical road-induced excitation, as follows:


   v  r z   =   d  z r    d t   =   d  z r    d  x r    ·   d  x r    d t   =   d  z r    d  x r    ·   d  x s    d t   =   d  z r    d  x r    ·  v  s x   ,  



(30)




where   v  r z    denotes road-induced excitation in z direction with respect to time.



The results obtained for the phase of constant speed were analysed in the frequency domain f based on power spectral density (PSD) characteristics    S x   ( f )   . The PSD was calculated for all signals while using the   p w e l c h   function available in Matlab/Simulink environment. The length of the Fourier transform used for PSD calculation was assumed as   L t   = 10,000 in order to obtain 0.1 Hz resolution of the frequency characteristics. In the case of PSD evaluated in the time domain for the available samples of the road profile, its length was dependent on vehicle longitudinal velocity according to Equation (30). Similarly to the previous case, it was set in order to obtain the frequency resolution of 0.1 Hz.



The performance of semi-active algorithm was validated based on the transmissibility characteristics    T  x , y    ( f )   . The transmissibility shows damping of vibration from signal x to signal y evaluated for wideband random road-induced excitation as follows:


   T  x , y    ( f )  =    P S D ( y )   P S D ( x )    .  



(31)







The implemented simulator allows for observing numerous variables that describe the instantaneous state of the vehicle. Values of the slip ratio that are presented in Figure 9 and used for calculation of the tire to road friction coefficient. They are presented in Section 2 and can indicate the instantaneous operation of the drive and braking systems. Figure 9a shows slip ratio of the front wheel during braking manoeuvre and Figure 9b shows slip ratio for the rear wheel during accelerating. It can be stated that significant slip occurs during both manoeuvres, since the wheel motion considerably differs from vehicle speed.




4.3. Emulation of Passive Suspension


Semi-active suspension equipped with MR dampers offers an interesting opportunity to emulate different settings of passive suspension dependent on constant values of the current controlling the damper. The damping of the vehicle suspension influences the vibration of all vehicle components, among others vibration of the wheels and body. Figure 10 presents the transmissibility characteristics evaluated from vertical road-induced excitation velocity   v r   to vehicle body heave   v s   or pitch   ω  s p    velocities for constant control current   i  m r    varying from 0 to 0.33 amperes. The results were obtained for the vehicle longitudinal velocity   v  s x    equal to 5 ms    − 1   .



It can be seen in Figure 10a that the suspension controlled with zero current exhibits a single dominant resonance peak at a frequency equal to 1.4 Hz. It can be seen that, for higher control currents, the damping of heave vibration is deteriorated for higher frequencies from 2 to 5 Hz. An invariant point can be noticed for currents from 0 to 0.13 A, which is independent of the current. Vibration damping for frequencies to the left of the invariant point is improved for increasing currents while damping for higher frequencies is deteriorating. Moreover, for currents greater than 0.13 A vibration damping is deteriorating over the entire frequency range. It can be noticed that the previous resonance peak is shifted to the frequency of 1.7 Hz, while a second resonance peak can be detected at a frequency that is equal to 2.2 Hz.



Figure 10b presents the transmissibility characteristics evaluated for pitch velocity. Here a resonance peak is detected at a frequency equal to 1.7 Hz and is rather invariant with respect to the current. It can be seen that damping of pitch velocity is deteriorating for rising currents for the whole frequency range, similarly as it was noticed for heave velocity.



Figure 11 presents transmissibility characteristics that were evaluated for vertical velocities of the front and rear wheel. The resonance peak of the wheel vibration can be detected for both wheels at a frequency that is equal to 1.6 Hz. For increasing currents, the resonance peak shifts slightly towards higher frequencies. This effect is more clearly visible for the front wheel, where the resonance frequency is equal to 1.7 Hz for high currents. It can be explained by the fact that for higher suspension damping vibration of wheels and vehicle body start to become coupled while the same occurs with their resonance frequencies.



It was mentioned in Section 1 that the excessive vibration of the wheels can lead to alternately underdeflected and overdeflected tire, which deteriorates tire adhesion to the road surface. Thus, for the purpose of the study, variations of wheel normal forces are analysed in the frequency domain. The PSD characteristics were evaluated for different constant currents and presented for both wheels in Figure 12. It can be seen that a single resonance peak for zero control current is located at a frequency equal to 1.8 Hz for the front wheel and it is slightly shifted to 1.9 Hz for current equal to 0.33 A. Furthermore, the greater the control current, the greater PSD values of the normal force and thus the greater variations of this force.



In the case of PSD characteristics that are calculated for the rear wheel, the resonance peak for zero current is also located at a frequency equal to 1.8 Hz. Similarly to the front wheel, here, an increase of PSD characteristics can be noticed for a greater current. In conclusion, it can be said, based on the characteristics, that greater suspension damping causes stronger coupling between the wheels and body. Thus, wheel alignment with the road is deteriorating, since wheels are stronger coupled with the body.




4.4. Skyhook Control of the Suspension Quarter (Skyhook-1DOF)


The Skyhook-1DOF control algorithm is dedicated to damping of the body vibration, as indicated in Section 3. A variant of Skyhook that is discussed in this subsection is intended for independent control of front and rear suspension parts. Thus, its performance is discussed based on transmissibility characteristics for velocity signals of front and rear parts of the vehicle body and presented in Figure 13. Similarly to the analysis performed for constant current, the results are also discussed here for the vehicle longitudinal velocity   v  s x    equal to 5 ms    − 1   .



The simulations were performed for Skyhook parameter   c  s h 1   , ranging from 0 to 3000 Nsm    − 1   , with the same values for both parts of the body. Of course, it is a constraint that can deteriorate results of optimization for front and rear Skyhook. However, it allows for limiting the possible combinations of control parameters and reducing the time that is needed for optimization.



Both of the subfigures presented in Figure 12 indicate the proper operation of the Skyhook algorithm for front and rear suspension parts. It can be seen, for the front vehicle part, that the height of the resonance peak of vertical velocity vibration was decreased from 3.5 to 1.8. In the case of rear vehicle part, the resonance peak decreased from 4.5 to 2.5. Additionally, a slight deterioration of vibration damping for a frequency range from 2.2 Hz to 6 Hz can be noticed, especially in the front of the vehicle. Similarly to the passive suspension, an invariant point of the transmissibility characteristics can be determined at 2.2 Hz for front and rear parts of the body.



Figure 14 presents the PSD characteristics that are evaluated for the front and rear normal forces. It can be stated that, as in the case of the body, velocity variations of normal forces for both wheels are significantly reduced. Here, an invariant point can be noticed at frequency equal to 2.2 Hz. Values to the left of the invariant point are decreased for increasing control parameters, whereas values to the right are increased. The frequency of the resonance peaks for the front and rear wheels are approximately constant and they are equal to 1.8 Hz.




4.5. Skyhook Control of Vehicle Body Vibration Modes (Skyhook-2DOF)


The modification of Skyhook algorithm, denoted here as Skyhook-2DOF, is dedicated to the mitigation of modes of vehicle body vibration, i.e., heave and pitch vertical velocities. For the sake of simplicity, Skyhook parameters for both state variables of the vehicle model were mutually set during the simulation, where the parameter corresponding to the pitch velocity was internally decreased twice, as it was described in Section 3. This variant of Skyhook algorithm focuses on heave and pitch velocities; thus, these state variables are analysed in Figure 15.



The control parameters of the Skyhook-2DOF, denoted as   c  s h 2   , ranged from 0 to 3000 Nsm    − 1   . The dependence of heave and pitch velocity characteristics on parameters of Skyhook-2DOF is significantly different in comparison to cases of constant currents that are presented in Figure 10. Here, the resonance peak visible for the zero control current is clearly suppressed for the highest value of   c  s h 2   . The performance of Skyhook-2DOF is most noticeable in the frequency range from 1 to 2.5 Hz, while the damping of vibrations at higher frequencies is slightly worse for higher values of the control parameter.



Similar and significant improvement of damping can be seen in Figure 15b dedicated to the pitch velocity. The resonance peak that is located at frequency equal to 1.7 Hz is significantly decreased from approximately 6.0 to 3.5 rad·m    − 1   . No additional deterioration can be noticed for pitch transmissibility for greater values of   c  s h 2   .



Additionally, PSDs of the front and rear wheel normal forces are presented for Skyhook-2DOF in Figure 16. It can be noticed that, similarly to the Skyhook-1DOF performance of Skyhook-2DOF, is also significant in the case of suppressing variations of normal forces. Here, resonance peaks are suppressed twice for both front and rear wheels, while an additional increase of normal force PSD can be noticed for the front wheel in the frequency range from 2.5 to 5 Hz.




4.6. Road Holding


The road holding index describes the susceptibility of the wheels to separation from the road surface. It was calcuated for the vehicle that alternately accelerates, drives, and brakes. The road holding index is based on instantaneous wheel normal force   F n  . The static normal force, which is denoted as   F  n s   , is assumed to be optimized for each wheel and related to the static tire pressure. It is assumed that any deviation from static normal force during the ride worsens the ability to stay on the road and the ability to follow the desired driving trajectory. This behaviour is described by a road holding weighting function    w  r h    (  F n  )   , as presented in Figure 17.



The weighting function is based on the quadratic relationship, where the greatest value equal to 1.0 can be obtained for the wheel normal force that is equal to the static normal force   F  n s   . For the model under consideration value of the wheel normal force cannot drop below zero since it indicates separation of the wheel from the road surface. Likewise, the presented weighting function is not defined below   F n   equal to zero.



Moreover, significantly increased wheel normal force is also not recommended for the vehicle, since it can lead to deteriorated road holding and it can speed up the tire wear. Thus, for   F n   above the static normal force   F  n s   , the weighting function is decreasing and it takes the value zero for double static normal force. The function is quadratic in order to make the function still tolerate small deviations of the wheel normal force.



As a result, the road holding index denoted as   J  r h    is defined as a mean value of the weighting function    w  r h    (  F n  )    calculated for the normal force of a selected wheel over time and consecutive accelerating or braking phases:


   J  r h   =  1  M · N    ∑  m = 1  M   ∑  i = 1  N   w  r h    [  F n   ( i )  ]  ,  



(32)




where M denotes the number of accelerating or braking phases and N is the number of signal samples included in a single phase.



Further discussion on road holding is carried out in comparison to the results that were obtained for constant currents. A normalized value of   J  r h   , denoted as   J  r h , n   , was evaluated for each simulation case. The results obtained for zero current were assumed as reference value for the normalized   J  r h , n   . It is worth noting that the higher road holding index corresponds to the better road holding.



Figure 18 presents the values of the normalized road holding index for different suspension settings and vehicle longitudinal velocity equal to 5 ms    − 1   . The results obtained for the front wheel are presented for braking phases, since it is dependent on the front wheel while the accelerating phase was related to the rear wheel since the rear axle is driving.



It can be stated that, for rising values of constant current, the road holding is deteriorating. As was mentioned previously, it is caused by stronger coupling between the wheels and the body, which results in worse matching of wheel movement to the shape of road surface. The reason of this effect is the same as in the case of constant control currents, i.e., the suppression of wheel vibration does not necessarily lead to an improvement of road holding and may even worsen it.



Both of the implemented variants of the Skyhook algorithm are intended not necessarily to suppress fluctuations of wheel normal forces, but rather to mitigate the body vibration. However, as can be seen in Figure 18, the road holding is improved by both of them. For the front wheel, the Skyhook-1DOF offers a slightly better result with a 13% improvement for the best case over zero current, while the Skyhook-2DOF gives an 11% improvement. For the rear wheel, a 5% improvement can be obtained for the Skyhook-1DOF, whereas, for the Skyhook-2DOF, it is 4% improvement.



Similar results can be observed for vehicle longitudinal velocity equal to 10 ms    − 1   , see Figure 19, where both variants of the Skyhook algorithm offer better results when compared to those that were obtained for zero current.



In the case of the front wheel and the braking manoeuvre, Skyhook-1DOF and Skyhook-2DOF gave comparable improvements of 19% and 18%, respectively. For the rear wheel during the accelerating manoeuvre, the Skyhook-1DOF provides 17% improvement in road holding, while the Skyhook-2DOF offers 20% improvement.



Even though the Skyhook algorithm has been used to mitigate vehicle body vibration, it also improves road holding. This can be explained by the fact that, for higher amplitudes of road-induced excitations, dominant body resonances are induced. Body vibrations significantly affect forces generated in the front and rear suspension and, thus, the normal forces acting on the front and rear wheels. This effect is more clearly visible for the body having significant mass when compared to other vehicle components. Therefore, suppression of the body resonance lead to a considerable suppression of the wheel normal force and it improves the road holding.




4.7. Vehicle Handling


The vehicle handling is evaluated for a steady speed that is similar to the previous frequency domain analysis. It was assumed that the vehicle handling is related to the pitch velocity of the body and it is evaluated based on the standard deviation of this state variable, as follows:


   J  v h   = s t d  (  w  s p   )  =    1  N − 1     ∑  i = 1  N     [  w  s p    ( i )  −   w  s p   ¯  ]  2    ,  



(33)




where N is the number of samples and    w  s p   ¯   denotes a mean value of   w  s p    calculated over N.



Similarly to the road holding index, the normalized value of the vehicle handling index   J  r h    was calculated and denoted as   J  r h , n   . Here, the results obtained for zero MR damper current were also assumed as the reference case. It should be noted that, the lower value of the vehicle handling index, the better the vehicle handling and body pitch movements are suppressed.



Figure 20 presents the values of normalized vehicle handling index for vehicle longitudinal velocity equal to 5 ms    − 1    and 10 ms    − 1   . It can be noticed that low current controlling the MR damper offers little improvement in comparison to zero current. This can be explained by the fact that the increase in suspension damping counteracts the pitching movement of the body. However, a further increase of current causes excessive stiffening of the entire vehicle suspension, as shown in Section 4.3, and significantly deteriorates its vibration damping.



Skyhook control, which is focused on the body vibration control, is also recommended for the suppression of body pitch motion. Even though Skyhook-1DOF is dedicated to separate control of suspension parts rather than body vibration modes, as done by Skyhook-2DOF, it offers comparable or slightly better results. For a vehicle longitudinal velocity of 5 ms    − 1   , this is a 33% improvement in vehicle handling, while the Skyhook-2DOF offers 31%. However, it can be expected based on Figure 20 that a further increase of control parameter of the Skyhook-1DOF and Skyhook-2DOF would lead to the comparable results.



Figure 20b also presents the results of vehicle handling for vehicle longitudinal velocity of 10 ms    − 1   . Here, a different order of algorithms can be noticed, as Skyhook-2DOF offers slightly better results, i.e., 21% improvement when compared to the 20% offered by Skyhook-1DOF.





5. Conclusions


The paper is dedicated to the analysis of driving safety for a vehicle model. The applied model was, in detail, referred to an actual, commercially available, and real-size all-terrain vehicle (ATV), additionally equipped with suspension MR dampers. The simulation environment was implemented in C programming language and supported by GNU scientific libraries, including, among others, algorithms for numerically solving differential equations.



The original contribution of the manuscript consists of a comprehensive study on vehicle behaviour with respect to driving safety while taking into account interactions between road surface and the vehicle model. The model includes MR dampers which are controlled with standard semi-active control algorithms. The main effort was placed on modelling major phenomena that occur during different road manoeuvres, i.e., tire slip, vehicle body heave and pitch motion, wheel vibration, rolling resistance, and aerodynamic drag. One of the most important issues was to validate the impact of suspension control on the vehicle’s behaviour during the typical driving phase, i.e., accelerating, driving with a constant speed, and braking. For the purpose of research, a half-car vehicle model was implemented, which describes the major behaviour of the vehicle during the mentioned road manoeuvres, i.e., longitudinal and vertical motion and vehicle pitching motion. The proposed half-car model exhibits seven degrees of freedom (DoFs), where the first DoF is related to the longitudinal motion of the vehicle model; next, two DoFs describe the heave and pitch motion of the vehicle body, respectively, and an additional four DoFs are related to wheel vertical and rotational motion. The vehicle model was subjected to the random road-induced excitation in the form of a road profile of class F generated according to the norm ISO 8608.



Three different settings of semi-active suspension are tested in the presented study. First, a case of MR dampers that are controlled by different values of constant current is defined, which reflects different soft and hard configurations of passive suspension. Further, two types of Skyhook control are examined, i.e., based on separate control of suspension parts or emulating different damping force exerted on heave and pitch velocities of the vehicle body. A methodology that is related to driving safety was proposed and a comprehensive analysis was presented in frequency domain based on transmissibility and power spectral density characteristics, as well as road holding and vehicle handling indices were defined and discussed.



It was shown that properly tuned variants of Skyhook control algorithms improve road holding quality indices for 5 ms    − 1    vehicle longitudinal velocity by about 13% (Skyhook-1DOF) or 11% (Skyhoook-2DOF) for the front wheel and braking, when compared to the passive suspension with zero control current. For the rear wheel and accelerating an improvement of 5% (Skyhook-1DOF) or 4% (Skyhook-2DOF) was obtained. In the case of 10 ms    − 1    vehicle longitudinal velocity, the following improvement was reached: 19% (Skyhook-1DOF) and 18% (Skyhook-2DOF) for the front wheel, and 17% (Skyhook-1DOF) and 20% (Skyhook-2DOF) for the rear wheel. The vehicle handling is similarly improved by both algorithms, i.e., 33% (Skyhook-1DOF) and 31% (Skyhook-2DOF) tested for constant vehicle longitudinal velocity of 5 ms    − 1   , 20% (Skyhook-1DOF) and 21% (Skyhook-2DOF) for vehicle longitudinal velocity of 10 ms    − 1   . The Groundhook control of the separate suspension parts was also implemented and tested. However, its improvement with respect to road holding and vehicle handling indices was only slightly visible.



Future research will be related to the experimental validation of the vehicle model and control algorithms that are reported in the presented manuscript for different road manoeuvres. The extension of the vehicle model to a full-car model will be also studied with respect to driving safety.
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Figure 1. The experimental all terrain vehicle with magnetorheological (MR) dampers: (a) actual vehicle, (b) graphical representation of the implemented half-car model with 7 DOFs. 
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Figure 2. Standard road profile of class F: (a) with respect to the longitudinal coordinate, (b) spatial power spectral density (PSD) with respect to the spatial frequency. 
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Figure 3. Tire model for uneven road: (a) tire subjected to road irregularities and ground normal forces, (b) tire stiffness and damping forces. 
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Figure 4. Characteristics of tire to road friction force on slip ratio for the Burckhardt model and wet concrete surface. 
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Figure 5. Force-velocity characteristics of the MR damper based on hyperbolic function. 
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Figure 6. Block diagram of the control algorithm, including inverse Tanh models. 






Figure 6. Block diagram of the control algorithm, including inverse Tanh models.



[image: Applsci 10 08892 g006]







[image: Applsci 10 08892 g007 550] 





Figure 7. Block diagram of the simulation environment, section references are given in parentheses. The controller part is presented in Figure 6. 
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Figure 8. Procedure of simulation tests of the vehicle model: (a) constant vehicle speed, transmissibilities T, power spectral densities S and values of vehicle handling index   J  v h    were evaluated for simulation data corresponding to the gray area, (b) multiple accelerating and braking phases, the values of road holding index   J  r h    were evaluated for simulation data marked by the following areas: green for accelerating and the rear wheel, red for braking and the front wheel. 
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Figure 9. Time diagrams of slip ratios: (a) front wheel during braking, (b) rear wheel during accelerating. 
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Figure 10. Transmissibility characteristics of vehicle body dynamics for passive suspension and constant vehicle longitudinal velocity equal to 5 ms    − 1   : (a) heave velocity, (b) pitch velocity. 
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Figure 11. Transmissibility characteristics of vertical wheel velocity for passive suspension and constant vehicle longitudinal velocity equal to 5 ms    − 1   : (a) front wheel, (b) rear wheel. 
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Figure 12. Power spectral density characteristics of wheel normal forces for passive suspension and the vehicle constant longitudinal velocity 5 ms    − 1   : (a) front wheel, (b) rear wheel. 
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Figure 13. Transmissibility characteristics of vehicle body dynamics for Skyhook control of suspension parts and vehicle longitudinal velocity equal to 5 ms    − 1   : (a) front body velocity, (b) rear body velocity. 






Figure 13. Transmissibility characteristics of vehicle body dynamics for Skyhook control of suspension parts and vehicle longitudinal velocity equal to 5 ms    − 1   : (a) front body velocity, (b) rear body velocity.



[image: Applsci 10 08892 g013]







[image: Applsci 10 08892 g014 550] 





Figure 14. Power spectral density characteristics of wheel normal forces for Skyhook control of suspension parts (Skyhook-1DOF) and vehicle longitudinal velocity equal to 5 ms    − 1   : (a) front wheel, (b) rear wheel. 
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Figure 15. The transmissibility characteristics of the body dynamics for Skyhook control of the vibration modes (Skyhook-2DOF) at vehicle longitudinal velocity equal to 5 ms    − 1   : (a) heave velocity, (b) pitch velocity. 
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Figure 16. Power spectral density characteristics of wheel normal forces for Skyhook control of the body vibration modes (Skyhook-2DOF) and vehicle longitudinal velocity equal to 5 ms    − 1   : (a) front wheel, (b) rear wheel. 
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Figure 17. Weighting function dedicated to assessment of tire from road separation for the front and rear wheel. 
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Figure 18. Comparison of road holding for different suspension settings: passive, separate and coupled Skyhook control for vehicle longitudinal velocity of 5 ms    − 1   : (a) front wheel during braking, (b) rear wheel during acceleration. 
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Figure 19. Comparison of road holding for different suspension settings: passive, separate and coupled Skyhook control for vehicle longitudinal velocity of 10 ms    − 1   : (a) front wheel during braking, (b) rear wheel during acceleration. 
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Figure 20. Comparison of vehicle handling for different suspension settings: passive, separate and coupled Skyhook control: (a) vehicle longitudinal velocity of 5 ms    − 1   , (b) vehicle longitudinal velocity of 10 ms    − 1   . 
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Table 1. Parameters of the vehicle model and its submodels.






Table 1. Parameters of the vehicle model and its submodels.





	
Road profile and simulation parameters




	
  f  t s    = 1000 Hz

	
  f  p s    = 1000 points m    − 1   

	
rc (road class) = F

	
  a H   = 6.6 m




	
4 DoFs half-car suspension model




	
  m s   = 171.5 kg

	
  I  s p    = 74.3 kgm   2  




	
  l f   = 0.609 m

	
  l r   = 0.681 m

	
  h s   = 0.554 m




	
  k  s f    = 22.208 kNm    − 1   

	
  k  s r    = 34.857 kNm    − 1   

	
  c  s f    = 300 Nsm    − 1   

	
  c  s r    = 300 Nsm    − 1   




	
 Tanh  based model of the MR damper




	
   i  m r   ∈   (0.0; 1.33) A

	
  α 0   = 62.42 N

	
  α 1   = 1340 N   A  − 1    




	
 β  = 39.96 sm    − 1   

	
  c 0   = 802.8 Nsm    − 1   

	
  c 1   = 488.5 Nsm     − 1     A  − 1     




	
Wheel and tire models




	
  m  u f    = 10 kg

	
  m  u r    = 15 kg

	
  I  u f    = 0.6 kgm   2  

	
  I  u r    = 0.9 kgm   2  




	
  r  u f 0    = 0.317 m

	
  r  u r 0    = 0.317 m

	
  A  u f 0    = 0.244 m   2  

	
  A  u r 0    = 0.244 m   2  




	
   p  u f 0   ·  w  u f     = 5234.1 Nm    − 1   

	
   p  u r 0   ·  w  u r     = 5113.6 Nm    − 1   

	
   c  A f   ·  w  u f     = 447.3 Nsm    − 2   

	
   c  A r   ·  w  u r     = 560.4 Nsm    − 2   




	
Burckhardt model of tire to road friction for wet concrete surface




	
  f  b 0    = 0.4004

	
  f  b 1    = 33.7080

	
  f  b 2    = 0.1204




	
Rolling resistance for concrete surface and aerodynamic drag




	
  f roll   = 0.008




	
  ρ air   = 1.223 kgm    − 3   

	
  c air   = 0.72

	
  A air   = 1.75 m   2  




	
Parameters of front braking and rear drive systems for half-car model




	
  t b   = 160 Nm

	
  t e   = 225 Nm
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