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Abstract

:

The acoustic resonance of aero-engine compressors is very harmful, which can lead to the failure of components such as blades. The mechanism of acoustic resonance is very complicated. To solve this problem, characteristics of the noise signal under the abnormal vibration state of the rotor blade are analyzed through the noise measurement in the compressor in the paper. The frequency spectrum characteristics, sound pressure level, and phase relationship of the noise signal corresponding to the abnormal vibration of the rotor blade are captured, and the feature of “frequency locked” which is consistent with the acoustic resonance in the compressor is obtained. Numerical simulation is a better way to study the mechanism of acoustic resonance. Therefore, based on the Parker model, a research method of acoustic resonance characteristics and mechanism based on acoustic analogy is proposed from the solution of the sound-induced in the pipe cavity. The vortex system and sound field characteristics when the acoustic resonance occurs are calculated. The results show that the distribution characteristics of the shedding vortex can be recognized, which are consistent with the experimental results of Welsh when the acoustic resonance occurs. The error of the acoustic resonance frequency from numerical simulation results to experimental is 3.6%. The characteristic of “frequency locked” and Parker β mode of the acoustic resonance is captured. The acoustic analogy method is suitable for the characterization of the acoustic resonance performance and mechanism in the pipeline and in the aeroengine compressor.
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1. Introduction


Since the 1950s, research institutions represented by the National Aeronautics and Space Administration (NASA) in the United States, Deutsches Zentrum für Luft-und Raumfahrt (DLR) in Germany, have encountered many cases of vibration damage to the engine casing, rotor blades, and other structures caused by acoustic resonance during the development and use of aeroengines [1,2]. At the same time, the “Engine Structural Integrity Plan” proposed that numerous acoustic modes presented in a closed cavity simultaneously weaken the energy of a single mode and reduce the interaction with surrounding structures [3], which causes difficulties in verifying the strength of acoustic resonance on aeroengines. The phenomenon of acoustic resonance that occurs in the compressor has been presented in many studies. Although it has similar characteristics, there are differences in the explanations of its mechanism. Parker presented the first report on acoustic resonance in a low-speed single-stage compressor in 1968 [4]. The problem of compressor blade breakage caused by acoustic resonance was captured in a multi-stage high-speed axial compressor, which was not publicly reported due to technical confidentiality. The problem of acoustic resonance has been investigated by Legerton with the full-scale compressor developed by Rolls Royce, and proposed that the problem of acoustic resonance may widely exist in other types of aeroengines [5]. The annular cascade experiment conducted by Weidenfeller indicated that, when the Ma of flow is 0.482, the acoustic mode with a helical structure occurs in the annular cascade flow channel and the blade vibration frequency corresponding to the acoustic mode frequency, which is related to the excitation sources of the high amplitude of blade vibration is obtained [6]. Stator blade damage had appeared in the rear stage of the Alstom gas turbine compressor, Cyrus measured the pressure pulsation in the compressor flow channel with a pneumatic pressure probe and found that asynchronous pressure pulsation occurred in the rear stage of this compressor. The frequency of the asynchronous pressure pulsation is basically consistent with the natural frequency of vibration of the damaged blade, and it is believed that acoustic resonance plays a role in it [7]. The experimental research conducted by Camp on the C106 low-speed and high-pressure axial flow compressor at the University of Cambridge presented a helical acoustic mode very similar to the acoustic resonance. So, Camp concluded there must be three frequencies closed when the acoustic resonance occurs, i.e., the frequency of the shedding vortex, the acoustic modal frequency of the cavity (including the blade row), and the natural frequency of the blade vibration are very close, thus the blade vibrates with a high amplitude [8]. Hellmich discovered the phenomenon of acoustic resonance at a four-stage compressor running near the off-design conditions and summarized the typical characteristics of the acoustic resonance of an axial-flow compressor, i.e., the frequency of the helical acoustic mode in the pipeline is consistent with the frequency of the blade vortex shedding, the vortex shedding frequency and the acoustic mode frequency present the phenomenon of “frequency locked”, and the characteristic frequency of the noise signal has a change sharp [1]. Most of the above research studies the characteristics of acoustic resonance by experiment because there are too many influencing factors in the compressor, including the non-uniform swirl, the changing pipe geometry, the reflection and transmission of acoustic waves between multi-stage blade rows, and high-intensity aerodynamic loads, which lead to significant difficulty in constructing theoretical models to predict the occurrence of acoustic resonances. Combing with the unacceptable computational cost, it is very difficult to simulate the whole process of pressure disturbance in unsteady methods, and the directly coupling calculation between the three-dimensional flow field, sound field, and structure are merely impossible to achieve. Therefore, it is very necessary to establish a reasonably simplified physical model in the study of the acoustic resonance of the multistage compressor [9].



Parker successfully constructed the first acoustic resonance model based on the flat blade cascade, confirmed the occurrence conditions of the resonant acoustic wave and its interfering effect on the shedding vortex in the flow field by experiments, and described the typical phenomenon of “frequency locked” [10]. The proposal of the Parker mode makes a further step to clarify that the internal relationship between the acoustic mode in the pipeline and the vibration mode of the plate structure directly determines the vibration of the plate [11,12,13]. Clements built a two-dimensional rectangular plate wake model based on the plate cascade model, achieved the numerical calculation for the shear layer of the flow field, and described the physical process of the generation and development of the plate wake vortex in detail [14]. Yokoyama [15] obtained that the shedding vortex under parallel multi-plates exhibits an anti-phase mode by experiment. Research on the mechanism of acoustic resonance induced by plate wake flow in a hard-walled pipeline is conducted by Welsh and derived the key factors affecting the acoustic resonance, including the thickness of the plate, the chord length, the shape of the trailing edge of the plate, and the internal geometric dimensions of the pipeline [16]. Reyes indicated that the function of acoustic waves imposed on the flow field is mainly to affect the shedding of the wake vortices [17]. Taking the Parker β mode as a reference and ignoring the influence of airflow velocity, Thompson achieved the prediction of vortex shedding in the wake of the flat plate in the pipeline, derived the rhythm of the influence of acoustic waves on vortex shedding, and captured the characteristic phenomenon of the coupling between the acoustic wave frequency and the vortex frequency [18,19]. Katasonov discovered that the trailing edge shedding vortex is the main sound source through research with acoustic resonance [20]. Hellmich completed the calculation of the acoustic wave transmission coefficient and reflection coefficient between the compressor blades with the definition of the internal flow field vortex of a four-stage compressor as a rigid body and thus established a simplified physical model [1]. At the same time, Courtiade took this model to reveal the causes of acoustic resonance when discrete pure-tone components with a high amplitude appeared during the experiment [21]. An exciter disk model which can predict the acoustic resonance of aeroengines was established by Cooper based on the global stability theory and pointed out that the acoustic resonance phenomenon only occurs at special combined conditions of the rotor speed, the eddy current Mach number, the mass flow and other parameters [22]. The investigation of the failure of the blade in the aeroengine is conducted in detail [23,24]. Parker’s resonance mechanism established the physical model foundation for the study of structural destructive problems caused by acoustics and indicated the importance of the interaction between the sound waves and the wake vortex of the plate in acoustic resonance research.



Considering the influence of the solid wall boundary on the acoustic propagation, Curle established the Curle acoustic analogy equation by further improving the Lighthill equation. The wake of the turbulent fluid in the flow channel develops along the direction of the incoming flow and spreads around, at the same time, the interaction of the force generated by the solid wall with it jointly affects the flow form of the entire flow field. Curle indicated that the force generated by the action of the solid boundary on the flow field exists in the form of a dipole force source term, which makes the main contribution to the sound field in the flow channel, i.e., the so-called dipole sound source [25]. After proposing Curle’s acoustic analogy equation, researchers try to solve the flow field where the structure is located and use the acoustic analogy equation to equivalent the aerodynamic force generated by the solid surface as the sound source term, so achieving the solution of the flow-induced sound source. This solution method has been successfully applied in the flow-induced sound generation of structures such as plates, cylinders, and airfoils with good calculation results [26,27]. A dipole force source will be generated by the function of counterforce in the flow field under the action of the solid wall, and this force will also exist in the flow field information. Therefore, the accurate description of the aerodynamic force caused by the solid wall is the key point to solving the problem of the sound generated in the wake of the structure. The relationship between the aerodynamic force on the surface of the structure and the flow vortex in the flow field can be explained by the Blasius theory. So, there is no need to solve the surface force of the structure. Howe did a more authoritative verification in this regard [28]. Escobar first used the large eddy simulation method to complete the calculation of the flow field information around the structure and obtained the Lighthill stress information on the flow field calculation grid. Then, by interpolating the flow field information into the sound field calculation grid, the solution of the sound field information was achieved [29]. Under the current situation of the rapid development of computer technology, especially the realization of large-scale and ultra-fast parallel computing, the direct numerical calculation method used to directly calculate the sound field information can be achieved to a certain extent [30]. However, the solution of the directly coupled solution method and the sound field with the flow field requires a lot of computing resources, and it is difficult to widely apply it in practical engineering applications. Therefore, it is technically feasible and practical to develop a reliable and effective solution method for flow-induced sound generation. In the paper, the combination of large eddy simulation and acoustic analogy method, which is used to solve the problem of sound generated with shedding vortex from the trailing edge of a flat plate locked in a rectangular pipe, will be a good solution to the problem of turbulent sound.



The noise experiment between compressor stages is conducted in present research. The frequency spectrum characteristics, sound pressure level, and phase relationship of the noise signal corresponding to the abnormal vibration of the rotor blade are captured, and the feature of “frequency locked”, which is consistent with the acoustic resonance in the compressor is obtained. Based on the Parker model, an acoustic analogy research method used to study the characteristics and mechanism of the acoustic resonance of the sound induced in the pipe cavity is proposed. Taking this method to analyze the acoustic mode distribution characteristics and “frequency locked” characteristics of the pipe cavity, and reveal the mechanism of the acoustic resonance induced by the shedding vortex. The method proposed in the paper is suitable for solving the acoustic problem of the pipeline cavity under the flow conditions of low Mach number and high Reynolds number, which can provide guidance for the investigation of the acoustic resonance mechanism in an aeroengine compressor.




2. Flow-Induced Noise Theory


Simulation of the flow state is conducted in the present investigation. Initially, the steady flow field calculation is carried out to achieve the initialization of the flow state and then is used as the input condition for the transient flow field calculation. Renormalization-group (RNG)   k − ε   model is taken for the steady-state calculation, the small scale motion in the flow is no longer calculated separately but is represented in the large scale motion and viscous motion. Therefore, the governing equations are not considered with the small scale motion.   k   equation and   ε   equation can be expressed as


   {      ∂  (  ρ k  )    ∂ t   +   ∂  (  ρ k  u i   )    ∂  x i    =  ∂  ∂  x j     [     α k   μ  e f f   ∂ k   ∂  x j     ]  +  G k  + ρ ε       ∂  (  ρ ε  )    ∂ t   +   ∂  (  ρ ε  u i   )    ∂  x i    =  ∂  ∂  x j     [     α ε   μ  e f f   ∂ ε   ∂  x j     ]  +    C  1 ε  *  ε  G k   k    −    C  2 ε   ρ  ε 2   k         



(1)




where   ρ   is the flow density,    u i    and    u j    are the flow velocity.    G k    is the turbulent kinetic energy generated by the laminar velocity gradient.



For the transient state calculation, the large eddy simulation (LES) turbulence model is selected in the paper [31,32]. After processing through the mathematical filter function, the governing equation LES is described by


   {     ∂  ∂ t    (  ρ    u i   ¯   )  +  ∂  ∂  x j     (  ρ    u i   u j   ¯   )  = −   ∂ p   ∂  x i    +  ∂  ∂  x j     (  μ   ∂    u i   ¯    ∂  x j     )  −   ∂  τ  i j     ∂  x j          ∂ ρ   ∂ t   +   ∂ u   ∂  x i     (  ρ    u i   ¯   )  = 0      



(2)




where the parament with the overbar ‘—’ is the field variable after filtering.


   τ  i j   = ρ    u i    ′   u ′    j   ¯  − ρ    u i    ′   u ′    j   ¯   



(3)







The above formula is the subgrid-scale stress (SGS), which is associated with the small scale motion in the motion equation. The variable value is the instantaneous value after filtering, which is different from the time-averaged value of Reynolds-averaged Navier–Stokes (RANS). The stress term in SGS is unknown which needs to be derived from other physical quantities. The basic model of SGS is proposed by Smagorinsdky [33]:


   τ  ij   −  1 3   τ  k k    δ  i j    =  − 2  μ t     S  i j    ¯   



(4)




where    μ t    is the turbulent viscosity of the sublattice scale model,    μ t  =    (   C s  Δ  )   2   |   S ¯   |   .





  {       S  i j    ¯  =  1 2   (    ∂  u i    ∂  x     +   ∂  u j    ∂  x i     )       |   S ¯   |  =   2  S  i j    S  i j         Δ = (  Δ x   Δ y   Δ z   )   1 / 3         C s  =  1 π    (   2 3   C κ   )   3 / 4       



(5)




where    C κ    is the Smagorinsdky constant.



The flow characteristics of the vortex group in the cavity of the structure are captured by computational fluid dynamics (CFD) which is based on the above equations. In the paper, the sound source information is extracted from the flow field information by the Lighthill acoustic analogy method. The mass conservation equation and the momentum conservation equation can be expressed as:


   {      ∂ ρ   ∂ t   +   ∂ ρ  v i    ∂  x i    = 0       ∂ ρ  v i    ∂ t   +   ∂ ρ  v i   v j    ∂  x j    = −   ∂  p  i j     ∂  x i         



(6)







Additionally,


   p  i j   = p  δ  i j   −  τ  i j    



(7)







 ρ ,  p , and  v  are the density, pressure, and velocity, respectively, of the flow in the presence of acoustic disturbance.    δ  i j     is the Kronecker symbol (   δ  i j   = 1  ,   i = j  ;    δ  i j   = 0  ,   i ≠ j  ).



Taking the first formula of Equation (6) for partial derivatives with respect to time and the second formula with respect to space, and subtracting the results:


     ∂ 2  ρ   ∂  t 2    =  ∂  ∂  x i     (    ∂ ρ  v i   v j    ∂  x j    +  δ  i j     ∂ p   ∂  x i    +   ∂  τ  i j     ∂  x j     )   



(8)







Subtracting    c 0    2     ∂ 2  ρ   ∂  x i    2      from both sides of Equation (8):


      ∂ 2  ρ   ∂  t 2    −  c 0    2     ∂ 2  ρ   ∂  x i    2    = −    ∂ 2   T  i j     ∂  x i  ∂  x j      



(9)







The relationship of the parameters in Equation (9) gives:


   {     T  i j   = ρ  v i   v j  −  (  p −  c 0  ρ  )   δ  i j   +  τ  i j       p =  p 0  +  p a      ρ =  ρ 0  +  ρ a       



(10)







   p 0    and    ρ 0    are the pressure and density of the flow without acoustic disturbance.    p a    and    ρ a    are the pressure and density variation caused by the sound pressure pulsation.    c 0    is the sound velocity outside the sound source and the mean flow region, and    T  i j     is the Lighthill stress tensor.



Combining      ∂ 2   ρ 0    ∂  t 2    −  c 0    2     ∂ 2   ρ 0    ∂  x i   x i    = 0   gives:


     ∂ 2   ρ a    ∂  t 2    −  c 0    2     ∂ 2   ρ a    ∂  x i  ∂  x i    = −    ∂ 2   T  i j     ∂  x i  ∂  x j     



(11)







For the flow in the low Mach number, on the premise of the small amplitude and ignoring high-order terms above the second order:


  ρ  v i   v j  =  (   ρ 0  +  ρ a   )   v i   v j  ≈  ρ 0   v i   v j   



(12)







Without considering the entropy source term and the viscous stress:


   T  i j   =  ρ 0   v i   v j   



(13)







Finally, the Lighthill acoustic analogy equation can be presented as:


   {       ∂ 2   ρ a    ∂  t 2    −  c 0    2     ∂ 2   ρ a    ∂  x i  ∂  x i    = −    ∂ 2   T  i j     ∂  x i  ∂  x j           ∂ 2  p   ∂  x i  ∂  x i    =  1   c 0    2       ∂ 2  p   ∂  t 2         



(14)







The acoustic analogy equation is consistent with the continuity equation and the momentum conservation equation.    T  i j     is an unknown quantity that can be derived from the complete N-S equation solved with the flow field calculation. The Lighthill acoustic analogy separates the flow field and the sound field artificially. The right side term of the first equation above can be regarded as the source term, which can be obtained from the flow field calculation, and the left side is the typical sound wave equation. The sound source information can be derived from the flow field calculation result by the analogy between the two equations above.




3. Noise Experiments and Results


The experimental test of the noise between the stages of the compressor is carried out to capture the noise characteristics when the rotor blades vibrate abnormally, as well as the characteristics of sound propagation in the flow channel. The phenomenon of “frequency-locked” is obtained at the same time.



3.1. Measurement System


The high-pressure compressor of the aeroengine always works in a complex environment with a pressure and temperature which are as high as 3 MPa and 150 °C, respectively, and with the high-intensity noise (the sound pressure level of it reaches 170 dB or more and the frequency range covers 50 Hz–12 kHz). It is very difficult to meet the test requirements with conventional acoustic microphones in such an ambient environment. Therefore, a derived noise measurement method that is based on rigid-wall acoustic waveguide technology was adopted in the paper [34]. The features of this measurement system based on the principle of pipe sound transmission are that the sensing part of the microphone does not directly contact with the high-temperature environment, but leads the sound wave with a specially designed sound waveguide tube. Based on the derived noise measurement method of rigid-wall acoustic waveguide technology, a measurement system used to monitor the compressor internal noise is established, which consists of the acoustic waveguide, the microphone holder, the semi-infinite attenuator tube, the data acquisition, and analysis instrument. The connection diagram of the measurement system is shown in Figure 1. The sound wave guide is connected to the engine compressor casing, the end of which is installed flush with the inner surface of the compressor casing, so the sound waves inside the compressor flow channel can be led out through the sound wave guide. A quarter-inch condenser microphone is installed in the microphone holder. One end of the microphone holder is connected to the acoustic waveguide and the other end is connected to the semi-infinite attenuator tube, which is applied to avoid the reflection in the integral pipe.



The experimental test of the noise between the stages of the high-pressure compressor of the turbofan engine is implemented with this measurement system. In addition, the non-contact blade vibration test system is taken to monitor the vibration of the first-stage rotor blades of the high-pressure compressor. In order to obtain axial sound pressure distribution of the high-pressure compressor of the engine, during the experiment, a total of four testing points are arranged along the axial direction of the engine to measure the sound pressure of the inner wall of the compressor casing. The positions of four measuring points from one to four are the inlet guide vane (IGV), the clearance between the IGV and the first stage of the rotor blade (Rotor1), and the directly above Rotor1 and the clearance of the first stage of stators (Sator1), respectively. The schematic diagram of the positions of noise measurement points during the experiment is shown in Figure 2. Additionally, a total of three points used to monitor the rotor blade vibration are arranged at different circumferential positions along the high-pressure first-stage rotor blade, which is present in Figure 3. The fiber optic sensor probe is mounted at the designed position of the casing, and the positioning reference sensor is installed on the surface of the rotor blade. The time interval between the blade tip amplitude pulse and the rotational speed pulse is obtained through measurement and calculation. The blade tip deviates along the direction of rotation in the process of blade vibration, then the time to reach the sensor changes. Thereby, the vibration parameter information such as blade amplitude, phase, and frequency are obtained.




3.2. Analysis of Noise Characteristics under Abnormal Vibration of Rotor Blades


The compressor with the deflection angle of IGV of it works at a specific speed (about 9960 r/min) for a period of time, the abnormal vibration with a relatively large amplitude is observed at the first stage of the rotor blade of the high-pressure compressor. Figure 4 shows the variation rhythm of the noise signal before and after the abnormal vibration of Rotor1 occurs with a relatively large amplitude at discrete rotor speed ranges, respectively. The red data in the figure indicates the operational condition when the rotor blade occurs a relatively large amplitude vibration.



It can be seen from Figure 4 that the internal noise spectrum of the compressor presents typical broadband noise characteristics, and there are several characteristic frequencies with discrete pure sound components. It is obvious that the pure sound component appears at 1402 Hz when the abnormal vibration of high-amplitude value occurs in the first stage of the rotor blade of the high-pressure compressor. In order to reveal the horizontal distribution of noise sound pressure level along the axial direction of the compressor before and after Rotor1 of the high-pressure compressor vibrates with a relatively large amplitude, the sound pressure level distributions of the noise signals at four different measuring points in the compressor flow channel are analyzed. The sound pressure level distributions of the noise signal at 1402 Hz measured at different measuring points are present in Table 1 and Figure 5.



Through the above analysis, it is found that the sound pressure levels of the noise signals were measured at four different measuring points along the axial direction of the compressor at the characteristic frequency of 1402 Hz, before and after the abnormal vibration of the first stage of the rotor blade of the high-pressure of the compressor occurs, are all the maximum value at the position directly above the measuring point. When the vibration amplitude of the rotor blade sustains a relatively large value, the sound pressure level of the noise signal measured at all measuring points also reaches the maximum at this characteristic frequency. In addition, the sound pressure level directly above the rotor blade is the highest, which is up to 154 dB.



Through the analysis in Figure 4, it is found that, when the high-pressure first-stage rotor blades vibrate with a large amplitude, the characteristic frequency structure and a high-amplitude discrete pure tone component of 1402 Hz appear in the noise spectrum of the compressor internal flow channel. According to the evolution rhythm of the noise spectrum inside the compressor operated over each typical speed condition of the engine in Figure 4, the corresponding relationship between the characteristic frequency in the noise spectrum and the engine speed is analyzed and plotted in Figure 6.



It is clear that the characteristic frequency near 1402 Hz of the noise spectrum changes as the rotational speed increases. At the same time, the characteristic frequency of 1402 Hz remains constant over a specific speed range which presents no variation with the rotating speed, i.e., the phenomenon of “frequency-locked”. This is consistent with the “frequency locking and phase locking” characteristics of the noise signal when the acoustic resonance phenomenon occurs inside the compressor [1].



In order to obtain the sound propagation characteristics of the characteristic frequency noise source in the compressor flow channel of the turbofan engine, the correlation analysis of the noise signal is carried out. When the high-amplitude vibration of Rotor1 of the high-pressure compressor of the engine occurs, the noise signal measured at different measuring points in the compressor flow channel at the characteristic frequency of 1402 Hz is subjected to cross-spectral analysis. The results of the cross-spectrum analysis are shown in Figure 7, the phase relationships of noise signals of characteristic frequency at different axial positions of the compressor are obtained. Thereby, the propagation rhythm of sound signals at a characteristic frequency in the compressor flow channel is investigated. The phase difference of the characteristic frequency of the noise signal at different measurement positions is shown in Table 2.



As shown above, the “115° phase difference between IGV and IGV/Rotor1” indicates the phase of the characteristic frequency 1402 Hz at IGV is ahead of the phase at IGV/Rotor1 about 115°, i.e., the noise signal propagates from IGV/Rotor1 to IGV, and similar to others. The phase relationship of the noise signal of the characteristic frequency 1402 Hz at different measurement points is expounded as follows: (I-II) + (II-III) = (I-III), (II-III) + (III-IV) = (II-IV), and (I-II) + (II-III) + (III-IV) = (I-IV). The phase relation above is expressed as follows: characteristic frequency sound signal, which corresponds to the moment of Rotor1 of the high-pressure compressor vibrates with a high amplitude value, is the same sound wave at the different axial positions of the compressor. The phase relationship of the characteristic frequency noise signal which is transmitted from IGV through the first-stage rotor blade, and then to Sator1 is sequentially lagging. Therefore, the characteristic frequency noise signal origins after the cross-section of Stator1 of the high-pressure compressor, including the section itself. Combined with the circumferential rotational motion of the characteristic frequency noise source rotating around the rotor blade in the compressor flow channel [9], the propagation state of the characteristic frequency noise source in the compressor flow channel is a helix structure. This is consistent with the “helix acoustic mode” of the noise signal when the acoustic resonance occurs in the compressor [1].





4. Acoustic Resonance in Pipe Cavity


A built-in plate pipeline model based on the park model is established to investigate the characteristics and mechanism of acoustic resonance with the method based on acoustic analogy. The special characteristic “frequency-locked” is captured and analyzed in the mechanism of the onset of it.



4.1. Computational Model and Parameter


In the region of research on the mechanism of acoustic resonance, the Parker resonance introduced in the introduction is the research basis and focus of the majority of scholars. The model therefore established to study the acoustic resonance of rectangular ducts which are excited by the trailing wake of flat plates by Welsh is referenced, taking this to explore the characteristics law of acoustic resonance excited by shedding vortices from the trailing edge of the flat plates. The acoustic resonance experiment of the trailing edge of the flat plates, in which the cross-sectional dimension of the wind tunnel was 244 mm × 244 mm, was completed in a low-speed wind tunnel by Welsh at a range of flow velocity from 0 to 40 m/s. In this rectangular plate with a semi-circular leading edge and a square trailing edge, the chord and thickness were 192 mm, 12 mm, and spanwise dimension was 244 mm, was locked in the center of the wind tunnel. In the processing of tests, the distribution characteristics and motion law of the region of wake vortex taking the flow display technology with discrete ranges of flow velocity were detected. A microphone above the flat plate near the tube wall was used to obtain the sound pressure spectrum, which indicated the correspondence between the frequency and amplitude of the sound pressure and the flow velocity, and captured the distribution characteristics of the sound pressure at the existence of acoustic resonance inside the tube. The sufficient and reliable experimental data above mean it is cited widely in the region of acoustic resonance, so the model mentioned above was taken to establish a computational model in the paper as shown in Figure 8.



The wall of the rectangular tube and the flat plate is set to a no-slip boundary, and the inlet and outlet of the computational model are taken from the velocity inlet and the pressure outlet, respectively. The domain extracting the sound source covers the computational model. Structured grids are selected to divide the region of flow calculation. Further processing, in which the minimum and maximum grid are 0.5 mm and 2 mm, respectively, and the growth ratio of the grid is set to 1.2, is taken in the region near the flat plate. On the other region of the computational model, the grid size is set to 3 mm. The total number of grids in the calculation model is about 3,000,000. The computational model of the flow field is shown in Figure 9. Unstructured grids are taken to divide the source region in which the maximum grid is set to 8 mm. Acoustic non-reflection regions, i.e., the domains were referred to as free propagation domain 1 and domain 2, were applied to the inlet and outlet of the computational model to achieve the free propagation of the sound waves. The other walls of the computational model are set to acoustic hard walls to simulate the total reflection of sound waves. The computational model of the source field is shown in Figure 10.



Initially, the flow field calculation under steady-state conditions is carried out with 100 iterations, and then the calculation results of this are used to initialize the transient flow field calculation. The calculation of the steady and transient flow field was applied with the RNG   k − ε   turbulence model and LES turbulence model, respectively. The standard wall function is taken to address the flow of information near the wall of the model. The second-order implicit regime is adopted in the transient equation. In order to obtain the complete sound source information in the range of 0–2000 Hz in the transient calculation, the transient calculation time step is set to 0.00025. The resolution frequency of the sound source is 10 Hz, so the number of calculation time steps is 400 steps, and the iteration number of each time step is 20 steps.




4.2. Characteristics of Shedding Vortex at the Wake of Plate


The flow characteristics of the trailing wake of the flat plate over discrete ranges of flow velocity are obtained by calculation in which the vortex motion law of this when the flow velocity is 29 m/s is shown in Figure 11. The experimental result in the reference [15] corresponding to the computational model above is shown in Figure 11b.



As shown in Figure 11a, the vortex generated over both sides of the flat plate began to grow as it moved along the main flow downstream. The vortices shedding from the trailing edge of the flat plate are present as an asymmetric regime and a typical Karman vortex street regime. The good correlation between the vortices distribution of the experimental results and the motion characteristic results of the wake vortex of the plate which is captured in the present calculation method is clear.




4.3. Characteristics and Mechanism Analysis of Frequency Locked in Acoustic Resonance State


The procession and the characteristic of the acoustic resonances are discussed as follows according to the experimental results from Welsh. The shedding vortex frequency of the trailing edge of the plate grows linearly with the increasing flow velocity. The sound pressure amplitude inside the tube grows abruptly at the flow velocities ranging from 28 m/s to 30 m/s, and in these instants, acoustic resonance occurs in the tube. When the acoustic resonance of the rectangular ducts is excited, the resonance frequency is 530 Hz and the sound pressure level reached a maximum of 145 dB. A particular phenomenon, in which the resonance frequency keeps constant at the flow velocity range of the acoustic resonance, occurs, i.e., the phenomenon of the frequency locked. The variation law of sound pressure frequency and sound pressure level with flow velocity in the literature is shown in Figure 12 [15]. The sound pressure spectrums in the tube are obtained with the flow velocity range from 20 m/s to 35 m/s by calculation, the typical results of these are shown in Figure 13. The variation law of sound pressure frequency and sound pressure level with the intake flow velocity are shown in Figure 14 and Figure 15.



It is obvious that there are high amplitude pure sound components fv and fs in the sound pressure spectrum inside the tube in Figure 14. The high amplitude pure sound component fv is the dominant component of the increasing flow velocity in the sound pressure spectrums, which are also harmonic components. The pure sound component fv grows linearly as the flow velocity increases, which is consistent with the variation of the shedding vortex frequency of the Karman vortex street. Consequently, the source of the pure sound component is the vortex shedding from the flat plate trailing edge. This indicates that the Strouhal number of the shedding vortex is almost constant in this instant, i.e., St = fvd/V = 0.212, which is approximately equal to the calculation results described in the literature [14]. The acoustic modal frequency of the rectangular tube model, i.e., the pure sound component fs = 511 Hz, can be excited at discrete ranges of flow velocity. There is an error of 3.6% between the calculated results and the tube acoustic modal frequency of 530 Hz measured by Welsh. The shedding vortex frequency grows closer to the acoustic modal frequency of the tube with the increasing flow velocity. The dominant component of the sound pressure spectrum is the acoustic modal frequency in the tube substituting the shedding vortex frequency. The amplitude of the sound pressure level grows significantly to a maximum of 145 dB at the flow velocity of 32 m/s. Then, acoustic resonance occurs in the tube. The velocity range where acoustic resonance occurs is 30 m/s–33 m/s, i.e., a frequency locked region with a resonance frequency of 511 Hz. As the flow velocity continues to increase, the separation of the shedding vortex frequency and the acoustic mode frequency occurs, and the amplitude of the sound pressure level decrease significantly, the state of acoustic resonance can not be sustained and then exit. Figure 16 indicates the sound pressure distribution at the resonance frequency of 511 Hz when the onset of acoustic resonance excited in the rectangular tube, the corresponding result in the literature is shown in Figure 17.



The dark blue and dark red regions in Figure 16 and Figure 17 both are high sound pressure areas. The positive and negative sound pressure indicates the relative phase. The sound pressure amplitude above and below the plate is equivalent, and the phase difference is exact 180 degrees. When the onset of acoustic resonance is excited in the rectangular pipe model, the sound pressure distribution is presented in a way of the β mode in Parker resonance. The typical Parker resonance occurrence process is described well by the calculation method in this paper.





5. Conclusions


	(1)

	
The experimental test of the noise between the stages of the compressor is implemented in this investigation. The internal noise spectrum of the compressor presents typical broadband noise characteristics, and there are several characteristic frequencies with discrete pure sound components. The pure sound component appears at 1402 Hz, when the abnormal vibration of high-amplitude value occurs in Rotor1 of the high-pressure compressor. The sound pressure levels of the noise signals measured at four different measuring points along the axial direction of the compressor at the characteristic frequency of 1402 Hz, before and after the abnormal vibration of Rotor1 of the high-pressure of the compressor occurs, are all the maximum value at the position directly above the measuring point over all rotational speed conditions. When the vibration amplitude of the rotor blade sustains a relatively large value, the sound pressure level of the noise signal measured at all measuring points also reaches the maximum at this characteristic frequency. In addition, the sound pressure level directly above the rotor blade is the highest, which is up to 154 dB.




	(2)

	
The characteristic frequency of 1402 Hz remains constant over a specific speed range, when the high-amplitude vibration of Rotor1 of the high-pressure compressor of the engine occurs, i.e., the phenomenon of “frequency-locked”. The characteristic frequency sound signal is the same sound wave at the different axial positions of the compressor, and its propagation state in the compressor flow channel is a helix structure. The characteristic above is consistent with the features when the onset of acoustic resonance is excited in the compressor. The work presented in this research can provide data basis for the analysis of the vibration mechanism of the compressor rotor blades, and provide the guidance for the application of acoustic methods in the engineering field for the condition monitoring and structural troubleshooting of a compressor.




	(3)

	
The typical Parker resonance regime occurs in the rectangular tube model by the calculation method proposed in the paper, which characterizes the distribution characteristics of the shedding vortices at the acoustic resonance condition in detail. The acoustic resonance frequency of the tube coincided with the corresponding result in the literature. The resonance frequency error between the calculation result and the result in reference is 3.6%. Additionally, the “frequency locking” feature and β mode of acoustic resonance are captured. The acoustic analogy method is suitable for the characterization of the mechanism of pipeline acoustic resonance over the flow conditions of low Mach number and high Reynolds number. In addition, the typical characteristics of a compressor can be captured effectively at the onset of acoustic resonance. The research method can provide certain method guidance for the research on the mechanism of acoustic resonance of aeroengine compressors.
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Figure 1. Schematic diagram of measurement system. 
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Figure 2. Diagram of noise measurement positions. 
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Figure 3. Diagram of rotor blade vibration measurement positions. 
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Figure 4. The change of noise signal spectrum before and after rotor blade abnormal vibration. 
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Figure 5. Distribution of sound pressure level at 1402 Hz of noise signals at different measurement positions. 
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Figure 6. Correspondence between characteristic frequency of noise spectrum and rotor speed. 
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Figure 7. Cross-spectrum analysis about characteristic frequency noise. (a) The position of IGV and IGV/Rotor1. (b) The position of IGV and Rotor1. (c) The position of IGV and stator1. (d) The position of IGV/Rotor1 and Rotor1. (e) The position of IGV and Stator1. (f) The position of Rotor1 and Stator1. 






Figure 7. Cross-spectrum analysis about characteristic frequency noise. (a) The position of IGV and IGV/Rotor1. (b) The position of IGV and Rotor1. (c) The position of IGV and stator1. (d) The position of IGV/Rotor1 and Rotor1. (e) The position of IGV and Stator1. (f) The position of Rotor1 and Stator1.
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Figure 8. Diagram of calculation model. 
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Figure 9. Flow field calculation model of plate wake. 
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Figure 10. Sound field calculation model of plate wake. 
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Figure 11. Motion law of plate wake vortex. (a) Present result. (b) Reference result [16]. 
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Figure 12. Variation laws of sound pressure frequency and sound pressure level with inlet flow velocity in the literature [16]. 
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Figure 13. Sound pressure spectrum in the pip under different flow velocities. 
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Figure 14. Variation law of sound pressure frequency under different flow velocities. 
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Figure 15. Variation law of sound pressure level under different flow velocities. 
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Figure 16. The sound pressure distribution of the acoustic resonance frequency at 511 Hz in present result. 
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Figure 17. The sound pressure distribution when acoustic resonance occurs in reference result [16]. 
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Table 1. Distribution of sound pressure level at 1402 Hz of noise signals at different measurement positions.
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	Rotor Speed

(r/min)
	IGV

(dB)
	IGV/Rotor1

(dB)
	Rotor

(dB)
	Stator1

(dB)





	9600
	120.4
	129.2
	144.2
	138.3



	9660
	122.0
	128.5
	144.0
	138.2



	9720
	122.5
	129.2
	144.8
	139.7



	9780
	122.6
	130.6
	146.3
	139.7



	9840
	124.1
	134.0
	149.7
	142.9



	9900
	125.4
	137.2
	152.1
	144.9



	9960
	124.4
	136.3
	151.4
	144.1



	10,020
	123.3
	134.4
	149.1
	141.7



	9960
	124.6
	137.3
	153.4
	144.8



	9960
	126.0
	138.8
	153.4
	146.3



	9960
	125.6
	138.6
	153.3
	146.1



	9960
	125.3
	138.7
	153.5
	146.2



	9960
	124.8
	138.5
	153.4
	146.1
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Table 2. Phase difference of characteristic frequency of noise signal at different measurement positions.
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	Phase/°
	IGV
	IGV/Rotor1
	Rotor1
	Stator1





	IGV
	-
	115
	142
	242



	IGV/Rotor1
	–115
	-
	28
	128



	Rotor1
	–142
	–28
	-
	99



	Stator1
	–242
	–128
	–99
	-
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