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Abstract

:

The performance and efficiency of a centrifugal compressor are usually affected by the highly complex 3-dimensional flow structures which develop in the flow field of the compressor. Several experiments and research using numerical analysis have been reported, however, there are still many unknown physical phenomena that need to be studied, in order to optimize the design and improve the efficiency of turbomachines, especially those installed on hydrogen-powered fuel cell electric vehicles (FCEVs). In this study, the 3-dimensional vortex structures were analyzed using the critical-point theory and the probabilistic definitions, for an air supply device mounted on the commercial hydrogen FCEVs. The behavior of the complex 3-dimensional vortex structures at the design flow rate and low flow rate were elucidated. A tip leakage vortex was observed to develop at the leading edge of the main blade at all flow rates, which caused interference to the splitter blade. At 60% of the design flow rate, a vortex breakdown occurred at the tip leakage vortex near the leading edge of the main blade, and a reverse flow at 50% chord length of the main blade’s suction surface. The boundary layer which developed at the leading edge of the main blade’s suction surface at all flow rates led to the creation of a hub separation vortex by interfering with the boundary layer developed at the hub surface as a result of the centrifugal force. In addition, the boundary layer developed at the hub and shroud surface created a horseshoe vortex as it moved downstream and interfered with the leading edge of the main blade and splitter blade. It was confirmed that the behavior of the tip leakage, hub separation, and horseshoe vortex structures determined the aerodynamic performance of the centrifugal compressor. The average pressure difference improved by 1.47% of the entire flow rate after optimizing the compressor design.
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1. Introduction


During the last decade, governments around the world have implemented strict regulations for reducing greenhouse gas emissions and energy consumption. This will help to protect the environment and control the effects of global warming. It is estimated that the transport sector is responsible for about 30% of the world’s greenhouse gas emissions, and internal combustion engine vehicles (ICEV) contribute close to 70% of that emission [1]. The automotive industry has developed several power train concepts, which include hybrid vehicles, electric vehicles, and fuel cell vehicles, in order to reduce the carbon footprint of the industry. Fuel Cell Electric Vehicles (FCEVs) are one of the ideal solutions to the global warming and energy crisis. They have zero carbon dioxide emissions and high system efficiency while having a long driving distance and short refilling time [2,3]. If renewable energy sources, such as hydrogen are used, FCEVs will be more environmentally friendly and can reach net-zero emission [4]. Hydrogen is readily available in nature in various forms, which will make hydrogen-fueled FCEVs indispensable in the future in terms of performance and environmental friendliness [1,5,6,7].



The electric power in the hydrogen-fueled FCEVs is generated through the electrochemical reaction of hydrogen and oxygen (air) in the fuel cell stack [1]. The air compressor supplies compressed air from the atmosphere to the fuel cell stack while the turbo blower supplies hydrogen from the compressed hydrogen tank and water is released as the by-product. The air compressor is one of the most important auxiliary components of the FCEV, that determines the cost, efficiency, performance, and power density of the system [8,9,10]. The centrifugal compressor is considered the most ideal air compressor, when compared with other types (such as screw, scroll, and roots), because of its ability to provide oil-free clean air at high efficiency, favorable NVH (noise, vibration, harshness) performance, and at a smaller energy footprint [4,8,11,12]. However, centrifugal compressors generally have narrow operating ranges and tend to operate near the surge line and flow instabilities at these operating conditions lead to undesirable pressure pulsation [11].



Therefore, to improve the performance of hydrogen FCEVs, as well as other centrifugal compressor applications, it is important to improve the pressure ratio and operating range of the centrifugal compressor [13]. The flow field in the centrifugal compressor is 3-dimensional and highly complex. Composed of many flow phenomena such as shock waves, tip leakage vortices, wakes, reverse flows, and the interactions among them. These flow phenomena greatly affect the performance of the centrifugal compressor and their occurrence need to be thoroughly understood to improve the performance of the centrifugal compressor [14]. In the previous studies, Ibaraki et al. [14] performed a computational fluid dynamics (CFD) analysis of the transonic centrifugal compressor with a double splitter blade using the k-omega turbulence model and analyzed the vortical flow structures by visualizing the vortex structure using CFD analysis. The experimental results and CFD analysis results were compared for the relative velocity distribution at various locations of the blade. They observed that the changes in pitch velocity affected by the shock wave due to the transonic were the same in both results. Tomita et al. [13] performed unsteady numerical calculations of two different centrifugal compressors at 160,000 rpm by experimental and numerical investigations and revealed that the internal flow structures were related to the operating range. In compressors with a narrow operating range, the compressors’ characteristics become unstable at low flow rates. It was predicted that the blockage caused by the tip leakage vortex breakdown can stabilize the flow field and improve performance.



The flow phenomena occurring in the centrifugal compressor are largely influenced by the shape of the impeller and the flow passage between the hub and the shroud [15]. Several methods are used for designing the geometry of flow passage and the impeller blades [15,16,17], however, the configuration of the air compressor is largely determined by the designer’s experience and intuition [12]. Therefore, the manufacturer’s design is usually modified (enhanced) to improve the performance based on the flow structures within the passage after CFD calculations. Optimization of the impeller is crucial when designing a centrifugal compressor, as the flow development inside that component not only determines the aerodynamic efficiency of the impeller itself but also strongly affects the efficiency of the downstream diffuser [18].



The previous studies conducted flow structure analysis on industrial centrifugal compressors [13,14] and so far, no studies have been conducted on turbomachines for hydrogen-fueled FCEVs using vortex visualization techniques. Therefore, in this study, the authors analyzed the behavior of the three-dimensional vortical flow structures of the internal flow of an impeller of an air supply device mounted on commercial hydrogen FCEVs, using CFD analysis and vortex visualization techniques. The CFD analysis results were compared with and validated by the experimental results. Based on the CFD analysis results of the behavior of vortical flow structures, the design of the centrifugal compressor was enhanced using the ANSYS Bladegen software. The enhanced centrifugal compressor impeller and conventional centrifugal compressor impeller were compared at design flow rate and low flow rate. By optimization of the impeller, the average performance of the centrifugal compressor was improved by 1.47% of the entire flow rate.




2. CFD Analysis and Vortex Visualization Method


2.1. Specification of CFD Analysis Model


The model used in this study consisted of an impeller installed inside an air supply device of a commercial hydrogen FCEV. The design specifications of the impeller are shown in Figure 1 and Table 1. The impeller consisted of six main blades and six splitter blades. The design specifications except for the number of the main blades and splitter blades were normalized by the impeller diameter.




2.2. Mathematical Model and Boundary Conditions


In this study, 3D, compressible, Reynolds Averaged Navier–Stokes (RANS) equations are adopted for obtaining steady state results of the centrifugal compressor. For this simulation, it is assumed that mass, momentum, and energies are conserved and by these assumptions, the governing equations can be written as follows in a stationary frame [19];



The continuity equation is described as Equation (1),


    ∂ ρ   ∂ t   +  ∂  ∂  x j     (  ρ  U j   )  = 0  



(1)







The momentum equations are described as Equations (2) and (3),


    ∂ ρ  U i    ∂ t   +  ∂  ∂  x j     (  ρ  U i   U j   )  = −    (  ∂ p  )    ∂  x i    +  ∂  ∂  x j     (   τ  i j   − ρ    u i   u j   ¯   )  +  S M   



(2)







The total energy equation is described as Equation (4),


    ∂  (  ρ  h  h o t    )    ∂ t   −   ∂ p   ∂ t   +  ∂  ∂  x j     (  ρ  U j   h  h o t    )  =  ∂  ∂  x j     (  λ   ∂ T   ∂  x j    − ρ    u j  h  ¯   )  +  ∂  ∂  x j     [   U i   (   τ  i j   − ρ    u i   u j   ¯   )   ]  +  S E   



(3)




where    h  h o t     is the total enthalpy, related to the static enthalpy   h  (  T , p  )    by,


   h  h o t   = h +  1 2   U i   U j  + k  



(4)







The velocities at the wall can be represented as follows;


   U  w a l l   = 0   ( at   stationary   frame )  



(5)






   U  w a l l   = ω R   ( at   rotating   frame ,   hub )  



(6)






   U  w a l l   = − ω R    (  a t   r o t a t i n g   f r a m e ,   s h r o u d  )   



(7)







Because the shroud is fixed while the passage is rotating, wall velocity is defined as Equation (7). The heat transfer condition of the wall is defined as follows;


   q  w a l l   = 0  



(8)







For flows in the rotating frame, rotating at a constant angular velocity  ω , the source of rotating momentum is defined as follows;


   S  M , r o t   =  S  C o r   +  S  c f g    



(9)






   S  C o r   = − 2 ρ ω × U  



(10)






   S  c f g   = ρ ω ×  (  ω × r  )   



(11)







The calculation domains of numerical analysis were configured to contain one main blade and one splitter blade each; 1/6 of the total impellers, as illustrated in Figure 2. The red and blue parts were set as stationary domains, and the yellow blade parts were set as rotating domains.



Grid sensitivity is conducted with normalized pressure difference. As shown in Figure 3, the normalized pressure difference after about 900,000 grids is converged. Therefore, the computational grid system is consisted of 1,000,000 hexahedral grids by ANSYS Turbogrid. The inlet and outlet conditions (temperature, pressure, mass flow rate, and revolutions per minute) of the calculation domains were the same as the experimental conditions. Figure 4 shows the experimental equipment of the centrifugal compressor. Analysis was performed using ANSYS CFX using the Shear Stress Transport (SST) turbulence model [20]. The Shear Stress Transfer (SST) turbulence model is adopted to predict precisely flow separation [20,21,22,23]. In various research studies, the SST turbulence model has been confirmed to be able to predict precisely flow separation under adverse pressure gradients [21,22,23]. Additionally, the SST turbulence model has high numerical stability than   k − ω   turbulence model [20]. By using this turbulence model, 3D-RANS simulations are conducted with high accuracy flow separation prediction and high numerical stability.




2.3. Vortex Visualization Method


Using the vortex identification method developed by Sawada in 1995 [24], the vortex structures inside the impeller were visualized using the singularity theory, the probabilistic definition of vortex structure, and the results of the computational fluid analysis. In addition, the visualized vortex core was colored with normalized helicity to visualize the rotation direction of the vortex. Normalized helicity was defined by Equation (12). Where    H n    is normalized helicity and ζ is an absolute vorticity vector, ω is a relative velocity vector.


   H n  =  ζ →  ·  ω →  /  (   |  ζ →  |  ·  |  ω →  |   )     



(12)







Figure 5 shows the rotation direction as normalized helicity changes. The value    H n    has the following physical meaning.    H n    > 0, means that the vortex rotates and moves axially according to the law of the right hand,    H n    = 0, means the vortex is in a stagnation and rotation state, and    H n    < 0, means the vortex rotates according to the law of the right hand and moves in the opposite direction of the axial direction.




2.4. Design Optimization Parameter


ANSYS Bladegen was used to design the centrifugal compressor impeller. This software has two parameters for designing the centrifugal compressor; the theta angle and the beta angle. Theta is the angle between the x-axis of the reference coordination and the line connecting the origin of the reference coordination and the blade leading edge. Figure 6 shows the definition of theta angle at the position of spanwise 100% of the main blade’s leading edge. In this study, theta angle of blade distribution was defined using the spline curve with 5 points at chordwise 0%, 25%, 50%, 75%, and 100%. The impeller was enhanced by changing the theta angle through the 5 points. Because of the manufacturing method, the theta angle from spanwise 0 to 100% must be linear. Table 2 shows the theta angle distribution of the conventional centrifugal compressor impeller and four compressor impeller design cases. The four design cases were simulated and compared at the compressor design flow rate (hereinafter referred to as design flow rate) and at a low flow rate (about 60% of the design flow rate). After simulation, the best performance case was simulated at the whole flow rate range and compared with a conventional centrifugal compressor.





3. Results of Vortical Flow Structure Analysis


3.1. Comparison of 3D-RANS Analysis Results and Experimental Results


3D-RANS (Reynolds-Average Navier–Stokes) simulation was conducted using experimental boundary conditions and the results were validated using the experimental results. Figure 7 shows the characteristic curve of a conventional centrifugal compressor using 3D-RNAS results and experimental results. The pressure difference and the flow rate were normalized using the experimental values at the design flow rate. From the graph, OP1 designates the design flow rate results and OP5 the low flow rate results. The 3D-RANS results were higher than the experimental results at a low flow rate because the complex flow characteristics (e.g., vortex breakdown, large-scale reverse flow areas) that occurred in the experiment were predicted using time averaging in the 3D-RANS analysis. Therefore, 3D-RANS steady calculation could not predict the loss generation exactly [25].




3.2. Vortical Flow Structure Analysis Results


Using the validated 3D-RANS analysis results, the vortex core was visualized and the behavior of the vortical flow structure was analyzed by changing the flow rate from the design flow rate to a lower flow rate. Figure 8 shows the perspective view of the vortical flow structure distribution of the conventional centrifugal compressor at the design flow rate (OP1) and low flow rate (OP5). The vortex core was colored using the normalized helicity as defined in Figure 5. At both flow rates, a tip leakage vortex occurred at the tip of the main blade’s leading-edge and splitter blade’s leading edge. However, at OP5, the tip leakage vortex that occurred on the main blade’s leading edge breaks down at 50% of the chord length, thus creating a reverse flow.



However, on the suction side (Figure 9) at both flow rates, the air entering the impeller from the entire flow rate leaked between the shroud and tip due to the pressure difference between the pressure surface and the suction surface near the tip of the main blade and the splitter blade. This led to the generation of a tip leakage vortex at the leading-edge tip of the blade. Additionally, as the air moved downstream, the vortex size increased, causing interference with the splitter blade, thus affecting the flow around the splitter blade. The developed boundary layers at the hub and suction surface of the main blade were interfered with by the centrifugal force, leading to the generation of a hub separation vortex at the suction surface of the main blade. At OP5, the tip leakage vortex that occurred at the main blade’s leading edge broke down at 50% of the chord length, creating a reverse flow. By changing the flow rate from the design flow rate to the lower flow rate, the size of the hub separation vortex grew bigger. The interference caused by the tip leakage vortex at the main blade’s leading-edge and splitter blade can reduce the aerodynamic performance of the centrifugal compressor by interrupting the blade rotation.



Figure 10 shows the pressure surface view of the vortical flow structure at OP1 and OP5. In both cases, as the boundary layer developed around the hub surface and the shroud surface moved downstream, the leading edge of the main blade and the splitter acted as an obstacle, causing a horseshoe vortex. The horseshoe vortex at the splinter blade, which occurred on the hub surface of the leading edge of the blade, generated a passage vortex in the area near the splitter surface. At OP5, the flow starting from the leading edge of the main blade moved along downstream, and vortex breakdown occurred at a position of about 50% of the main blade chord length, and thus the size of the vortex core increased. In addition, reverse flow occurred at 30% of the suction surface area near the shroud of the main blade, thereby degrading the performance of the centrifugal compressor.



In this paper, the entropy function (S*) was defined as an index for the evaluation of loss, as shown in Equation (13). Here, ΔS is the increase of entropy, R is gas constant, γ is the ratio of specific heat, Tt is total temperature and Pt is total pressure. The subscript 0 indicates the inlet [26].


  S * =  e     Δ s   R     = (     (   T t     / T     t 0     )     γ   γ - 1         ) / ( P   t      / P     t 0    )   



(13)







The vortical flow structure and the entropy function corresponding to the perpendicular cross-section in the streamwise direction at OP1 and OP5 are shown in Figure 11. The entropy increased near the tip leakage vortex, which meant a generation of energy loss. At OP1, the region of entropy increase is smaller than at OP5, which was a result of reverse flow and vortex breakdown occurring at OP5. Downstream the impeller, the tip leakage vortex size increased and in the region of mixing near the tip, the leakage vortex increased. The region of entropy increase became bigger which meant that OP5 had more loss generation than OP1.




3.3. Comparison of the Optimization Result with Conventional Centrifugal Compressor


The conventional and enhanced centrifugal compressor impellers are shown in Figure 12. The conventional impeller is colored grey, and the enhanced impeller is colored red. The enhanced impeller was analyzed in 4 cases and the highest adiabatic efficiency improved case was selected as the enhanced centrifugal compressor impeller as shown in Table 3.



The pressure difference and adiabatic efficiency between conventional and enhanced centrifugal compressor impellers were compared (Figure 13). The enhanced impeller had an average improvement of pressure difference and adiabatic efficiency of 1.47% and 0.47%, respectively. This showed that the enhanced impeller supplied the combustion gases more efficiently, thereby improving the efficiency of hydrogen fuel cell electric vehicles.



Additionally, the relative velocity distribution in the meridional view between conventional and enhanced centrifugal compressor impellers at OP5 was compared in Figure 14. The relative velocity in the passage is represented by colored contours. The blue region indicates the occurrence of reverse flow, where the velocity in the passage was 0 m/s. The enhanced impeller had a thinner reverse flow region as compared to the conventional one. This showed that the enhanced impeller had a higher performance than the conventional impeller.



Figure 15 shows the vortical flow structure distribution of enhanced centrifugal compressor impeller at OP1 and OP5 in perspective view, respectively. In Figure 15b, it was found that the region of reverse flow (blue color) was larger than the conventional impeller that is shown in Figure 8b, but as seen in Figure 14b, the reverse flow region was thinner than in the conventional impeller, which meant that the performance of centrifugal compressor had improved.



In Figure 16, the vortical flow structure distribution of the enhanced impeller at OP1 and OP5 in the suction surface view is shown. In both flow rates, low-energy air near the pressure surface leaked between the shroud and blade tip due to the pressure difference at the suction surface and the pressure surface. This led to the generation of a tip leakage vortex at the main blade’s leading edge, which was crushed with the leading edge of the splitter blade leading to the generation of a small reverse flow region.



However, because of a smaller vortex core of the enhanced impeller as compared to the conventional impeller, the effect of the small reverse flow was compensated for, and a passage vortex occurred at the pressure surface of the splitter blade. At OP5, a flow starting from the leading edges of the main blade and the splitter blade moved along downstream, and vortex breakdown occurred at a position of 50% of the main blade chord length, at 30% of the splitter blade chord length, and 30% of the suction surface area near the shroud of the splitter blade. Reverse flow occurred at 50% of the suction surface area near the shroud of the main blade and 30% of the suction surface area near the shroud of the splitter blade.



The vortical flow structure distribution of enhanced impeller at OP1 and OP5 in pressure surface view is shown in Figure 17. At OP1, the passage vortex occurred near the pressure surface of the splitter blade due to the generation of a horseshoe vortex on the leading edge of the splitter blade.



At OP5, a hub separation vortex occurred at a point near the pressure surface of the main blade because of the interference between the boundary layer developed at the hub and the pressure surface of the main blade. It is expected that blade optimization is related to the main parameter of blade design. Reverse flow is one of the main characteristics of flow phenomena determinant of aerodynamic performance in turbomachinery [27,28]. It reduces aerodynamic performance and increases aeroacoustic sound in the centrifugal compressor.



When the entropy difference of the enhanced case in streamwise cross-section at OP1 and OP5 was analyzed, in Figure 18a,b, it was observed that the entropy raised near the vortex core and became wider as it moved downstream. The entropy difference was smaller than the conventional case in Figure 11. This meant that the enhanced impeller had lower energy loss than the conventional one. The comparison of vorticity magnitude between conventional centrifugal compressor and enhanced centrifugal compressor at OP1(Figure 19) and OP5 (Figure 20), showed a larger magnitude of vorticity magnitude in the enhanced impeller than in the conventional impeller in the entire flow rate (OP1 and OP5), which was due to the change of the blade shape. The blade length of the enhanced impeller was shorter than that of the conventional impeller thereby increasing the blade’s loading capacity, and thus had a larger vorticity magnitude than the enhanced impeller. It seemed that the magnitude of vorticity increase made the performance of centrifugal compressor reduce as stronger tip leakage vortexes were generated, reducing the velocity of air in the passage [14]. However, a thinner reverse flow region and reduction of other vortex core size compensated for the effect of vorticity enhancement.





4. Conclusions


In this study, the three-dimensional vortical flow structures in a complex passage of the centrifugal compressor were analyzed using the vortex visualization technique. Four cases of the compressor impeller were designed (enhanced) and the behavior of the complex three-dimensional vortex structures at the compressor design flow rate and low flow rate (about 60% of the design flow rate) were studied.



It was observed that a tip leakage vortex occurred at the leading edge of the main blade and splitter blade during the entire flow rate and a hub separation vortex generated by the interference of the boundary layer developed at the hub and the suction surfaces of the main blade. As the flow rate decreased, the size of the hub separation vortex was increased, followed by the reverse flow and vortex breakdown. At the designed flow rate, a passage vortex occurred at a point near the pressure surface of the splitter blade, while at a low flow rate, a tip leakage vortex broke down at 50% of the chord length, and reverse flow occurred. When the impeller was enhanced, the tip leakage vortex generated at the leading edge of the main blade was crushed with the leading edge of the splitter blade at the design flow rate.



After optimizing the centrifugal compressor, the impeller had a thinner reverse flow region and lower entropy difference as compared to the conventional impeller. The entropy near the vortex core increased and the size of the entropy rise region grew larger downstream. It was observed that the behavior of the vortex core (such as the tip leakage vortex) changed with flow rate, which affected the performance of the centrifugal compressor. Optimization of the impeller led to a decrease in the extent of entropy rise and improvement of the pressure rise and adiabatic efficiency, more than by changing theta angle. On average, the pressure rise, and adiabatic efficiency were improved by 1.47% and 0.4%, respectively.
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Figure 1. Centrifugal compressor impeller used in the analysis. 
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Figure 2. Computational grid system with a specific view at the hub and tip side. 
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Figure 3. Grid sensitivity results with normalized pressure difference. 
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Figure 4. Experimental equipment of the centrifugal compressor. 
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Figure 5. Rotation direction according to normalized helicity. 
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Figure 6. Definition of theta angle at a position of spanwise 100% of centrifugal compressor impeller main blade leading edge. 
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Figure 7. Comparison of 3D-RANS analysis results with the experimental results. 
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Figure 8. Perspective view of vortical flow structure distribution of the conventional centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 9. Suction surface view of vortical flow structure distribution of the conventional centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 10. Pressure surface view of vortical flow structure distribution of conventional centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 11. Streamwise cross-sectional view of vortical flow structure and entropy function distribution at (a) OP1and (b) OP5. 
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Figure 12. Illustration of the conventional (grey-colored) enhanced (red-colored) centrifugal compressor impellers. 
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Figure 13. Comparison of (a) pressure ratio and (b) adiabatic efficiency, between conventional centrifugal compressor impeller and enhanced centrifugal compressor impeller. 
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Figure 14. Relative velocity distribution in meridional view at OP5 for the (a) conventional and (b) enhanced centrifugal compressor impellers. 
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Figure 15. Perspective view of vortical flow structure distribution of enhanced centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 16. Suction surface view of vortical flow structure distribution of enhanced centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 17. Pressure surface view of vortical flow structure distribution of enhanced centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 18. Streamwise cross-sectional view of vortical flow structure and entropy function distribution of enhanced centrifugal compressor at (a) OP1 and (b) OP5. 
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Figure 19. Streamwise cross-sectional view of vortical flow structure and vorticity magnitude distribution of (a) conventional impeller and (b) enhanced impeller at OP1. 
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Figure 20. Streamwise cross-sectional view of vortical flow structure and vorticity magnitude distribution of (a) conventional impeller and (b) enhanced impeller at OP5. 






Figure 20. Streamwise cross-sectional view of vortical flow structure and vorticity magnitude distribution of (a) conventional impeller and (b) enhanced impeller at OP5.



[image: Applsci 12 07755 g020]







[image: Table] 





Table 1. Design specification of centrifugal compressor.






Table 1. Design specification of centrifugal compressor.





	Design Parameter
	Value (Dimensionless)





	Impeller Diameter
	1



	Impeller Height
	0.3546



	Number of Main Blade
	6



	Number of Splitter Blade
	6



	Tip Clearance
	0.00319
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Table 2. Comparison of theta angle difference between the conventional impeller and the design cases.
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	Case
	Theta Angle Difference at Spanwise 0%
	Theta Angle Difference at Spanwise 100%





	Conventional
	0°
	0°



	Opt. 1
	0°
	−1°



	Opt. 2
	0°
	−2°



	Opt. 3
	0°
	−3°



	Opt. 4
	0°
	−4°
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Table 3. Comparison of normalized efficiency difference for 4 enhanced impeller cases.
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	Case
	Normalized Efficiency Difference at Design Flow Rate
	Normalized Efficiency Difference at Low Flow Rate





	Opt. 1
	−0.34%
	−0.36%



	Opt. 2
	−0.05%
	0.21%



	Opt. 3
	0.00%
	0.00%



	Opt. 4
	0.07%
	0.00%
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