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Abstract

:

Most large commercial vessels are propelled by low-speed two-stroke diesel engines due to their fuel economy and reliability. With increasing international concern about emissions and the rise in oil prices, improvements in engine efficiency are urgently needed. In the present work, a zero-dimensional model for a low-speed two-stroke diesel engine is developed that considers the exhaust gas bypass and geometry structures for the gas exchange model. The model was applied to a low-speed two-stroke 7G80 ME-C9 marine diesel engine and validated with engine shop test data, which consisted of the main engine performance parameters and cylinder pressure diagrams at different loads. The simulation results were in good agreement with the experimental data. Thus, the model has the ability to predict engine performance with good accuracy. After model validation, the variations in compression ratio, fuel injection timing, exhaust gas bypass valve opening portion, exhaust valve opening timing, and exhaust valve closing timing effects on engine performance were tested. Finally, the influence level of different parameters on engine performance was summarized, which can be used as a reference to determine the reasons for high fuel consumption in some cases. The developed engine performance model is considerable in digital twins for performance simulation, health management, and optimization.
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1. Introduction


The shipping industry faces a number of challenges from policies, regulations, and operation competition, including decarbonization, non-GHG emissions reduction, the rise in fuel price, and the increasingly stringent IMO and regional (emission control zones) emission regulations [1,2,3,4,5]. The advancement in digital twins can be combined with health management, fault diagnosis, engine energy efficiency evaluation, and optimization to help deal with the faced challenges in maritime industry [6,7,8,9]. The diesel engine performance model with fast response speed and high accuracy is vital and the basis of digital twins. Thus, based on the engine performance model, improving engine efficiency and reducing emissions can be an effective way to achieve energy savings and emissions reduction. In the past few decades, diesel engines have attained a leading position in marine applications, where more than 99% of large commercial vessels adopt low-speed two-stroke diesel engines as the prime mover for their propulsion systems, because of the advantages of fuel economy and reliability [10,11]. Meanwhile, the two-stroke diesel engine consumes most of the fuel in an ocean-going ship [1,12], so improving the efficiency of the two-stroke diesel engine is especially important for ship fuel savings. Thus, research work should be conducted to study the low-speed two-stroke diesel engine’s performance and reduce fuel consumption [1,13,14,15].



Improvements in the efficiency of the engine can be obtained in design and operation [1,14,16]. In the design respect, engine manufacturers have conducted a great deal of work. For fuel injection timing, exhaust valve opening (EVO) timing and exhaust valve closing (EVC) timing, the camshaft control is replaced by electronic control to improve the engine efficiency of the design operation point. Furthermore, innovative combustion systems with innovative injection strategies [17,18] as well as alternative fuels [19] can improve CO2 and other emissions (especially NOx emissions). Meanwhile, electronic control makes it much easier to adjust the injection timing, EVO timing, and EVC timing, which makes it more meaningful to study the effect of parameter variation effects on engine performance.



The exhaust boiler, waste heat recovery system, and turbocharge system are used to utilize exhaust energy to improve the whole efficiency of the ship. With the objective of improving engine performance at low loads, retrofitting packages for turbochargers and the implementation of variable geometry turbines have also been presented [10].



Experimental research is quite expensive and time-consuming due to the large size of the low-speed two-stroke diesel engine. Meanwhile, it costs much less to develop an engine model to study engine performance in the design and operation phases. Recently, more and more scholars and companies are paying attention to engine performance analysis, operation optimization, and health management, which are the same concepts to a certain extent [20,21,22,23,24,25]. Therefore, this paper aims at providing theoretical insights into the low-speed two-stroke diesel engine’s thermal performance, which will be helpful for the design and operation of the engine in practice.



According to different application scenarios and research purposes, different types of diesel engine models were developed, such as the mean value engine model (MVEM), zero-dimensional model, one-dimensional model, and three-dimensional model [1,26]. MVEMs are usually used in marine engine simulators and the simulation of the whole propulsion system, where a fast calculation speed is needed for real-time responses. With the in-cylinder thermodynamic processes simplified as a continuous flow process, MVEMs are able to simulate the average performance of engine parameters over the whole operating cycle, but the crank angle based on parameters such as the in-cylinder pressure, temperature, exhaust gas mass flow rate, and scavenging air mass flow rate cannot be captured [27,28,29,30,31]. There were several investigations where parts of the sub-models were developed in one-dimensional form and with very good results [32,33,34]. These models are used when engine detection fails or to improve engine diagnosis, including the viability of zero-dimensional models of some devices connected with more complex one-dimensional engine models. For the engine’s thermal performance evaluation, one-dimensional models permit little improvement in the engine’s thermal performance simulation, but they increase the model’s complexity and calculation time. Three-dimensional models consider the working medium variation in spatial distribution and usually use CFD to simulate the spatial distribution of pressure and temperature. They are usually associated with high accuracy and used in the design of engine components. However, they simulate only a part of the engine system, such as the cylinder, gas exchange period, and vibration, due to model’s complexity and calculation time [35,36,37,38,39,40]. Zero-dimensional models are widely used in the study of engines’ thermal performance because they are capable of predicating the in-cylinder parameters as well as the average performance of the whole cycle with accuracy and a suitable calculation time [41,42,43,44,45,46,47]. Thus, the zero-dimensional model is a good solution for diesel engine performance analysis and optimization, regardless of the accuracy or calculation time.



Larsen et al. [48] developed a zero-dimensional model that was validated and had high accuracy regarding the exhaust temperature for the research of waste heat recovery systems, but the gas exchange period was not considered. Payri et al. [49] built a zero-dimensional model between intake valve closing and EVO, which, however, could not be used to analyze some parameters’ variation effects on engine system performance, such as that of the turbocharger. Hountalas [50] built an engine model considering the turbocharger and applied it to a two-stroke diesel engine. In addition, the model studied the engine performance under faults. However, the gas exchange model was built with a great deal of simplification and could not predict the scavenge receiver pressure, exhaust receiver pressure, and transient inlet and outlet mass flow rates, as well as their effects on engine performance. Lamaris et al. [10] developed a zero-dimensional model and a diagnostic model technique for marine diesel engines, which also entailed a large amount of simplification for the gas exchange.



The models mentioned above have permitted a great deal of work on engine models and performance analysis based on engine engineering principles. According to different purposes, the diesel engine has been simplified to different degrees. Scholars have conducted a large amount of research on the performance of diesel engines, especially the in-cylinder process, using zero-dimensional, quasi-dimensional, and three-dimensional models. This achievement in digital twins offers a solution with less time and cost in dealing with health management, performance evaluation, and optimization, the challenges faced in the shipping industry. Thus, a diesel engine performance model with fast response speed and high accuracy is vital. In this study, a zero-dimensional model that considers a detailed gas exchange model, as well as an EGB model, is established for a low-speed two-stroke diesel engine. Then, the model is applied to a two-stroke marine diesel engine and validated with shop test measurements on the main engine performance parameters, as well as cylinder pressure diagrams at different loads. Finally, the effects of the compression ratio, fuel injection timing, exhaust gas bypass valve opening portion, exhaust valve opening timing, and exhaust valve closing timing variations on engine performance are studied and summarized. The model established can be used as a platform for the development of digital twins, which can reduce the time and cost compared with those of engine performance optimization based on experiments.




2. Model Description


Figure 1 shows a schematic of a low-speed two-stroke diesel engine with EGB. This section introduces the main hypotheses and the engine cylinder model, as well as sub-models such as the turbocharger model, scavenge and exhaust receiver models, and the gas properties model to provide the thermal boundary to the cylinder model.



2.1. Basic Hypotheses


	
The pressure is assumed to be uniform in the cylinder, scavenge receiver, and exhaust receiver, as the velocities of both fluid and flame are much smaller than that of sound [49,51].



	
Perfect gas behavior is assumed. This assumption is reasonable for thermal performance calculation since the errors are negligible [52].



	
Two species of gas medium, air and stoichiometric combustion products, are considered [51]. All gas is considered the mixing of air and stoichiometric combustion products.



	
A mean uniform temperature is assumed for the calculation of internal energy, which provides sufficient accuracy for the thermal performance simulation of the engine system [51].







2.2. Engine Cylinder Model


The thermodynamic state in the cylinder is calculated with angular resolution by the energy conservation equation, mass conversation, and the perfect gas state equation [34,51]. The internal energy variation is equal to the sum of work, fuel heat released, heat transfer to the walls, and the energy difference in the incoming and outcoming flows from the scavenge ports and exhaust valves.



The model is specifically established for low-speed two-stroke diesel engines. According to the zero-dimensional model, the energy conservation Equation (1), mass conservation Equation (2), and perfect gas station Equation (3) are as follows:


    d U   d t   =   d W   d t   +   d   Q   H R     d t   −   d   Q   w     d t   +   h   i n     d   m   i n     d t   −   h   o u t     d   m   o u t     d t    



(1)






    d m   d t   =   d   m   i n     d t   −   d   m   o u t     d t   +   d   m   f     d t    



(2)






  p V = m R T  



(3)




where   U   is internal energy,   W   is mechanical work,     Q   H R     is the heat release of fuel,     Q   w     is the heat loss to the cylinder’s surrounding walls,   m   is mass,   h   is specific enthalpy,     m   f     is the fuel mass injected into the cylinder, and   R   is the general gas constant, where the subscripts   i n   and   o u t   are the inlet and outlet, respectively.




2.3. Sub-Models


For the calculation of the cylinder temperature, pressure, and mass, some sub-models are needed, which consist of the exhaust receiver model, turbocharger model, air cooler model, scavenge receiver model, etc. These sub-models are the temperature, mass, heat release rate, and heat transfer boundaries of the cylinder model, which are essential for the thermodynamics simulation of the engine.



2.3.1. Exhaust and Scavenge Receivers


The exhaust receiver and scavenge receiver are modeled using the open systems in a control volume [1,51]. By using energy conservation, mass conservation, and perfect gas equations, the dynamic temperatures and pressures of the receivers can be derived. The temperature in the exhaust receiver is very high, so heat transfer is considered. Heat transfer is calculated using a typical Nusselt–Reynolds number correlation for gas in pipes [53], while heat transfer of the scavenge receiver is small that it is not considered, due to the low temperature of the gas in the scavenge receiver.




2.3.2. EGB


In recent years, some low-speed two-stroke diesel engines have been equipped with EGB valves for improved turbocharger efficiency at partial load operation while maintaining the turbocharger speed at safe levels at high loads [31]. The EGB mass is controlled by the EGB valve to adjust the opening area of the valve. The transient EGB mass flow rate is estimated using an adiabatic nozzle as follows [47,49]:


      m  ˙    b   =   c   b     A   b        x   b       R   b     T   b , u       



(4)




where     m  ˙    is the mass flow rate,   c   is the flow coefficient, and   A   is the opening area. Subscript   b   is the bypass valve, and   u   is the upstream condition.



Here,     x   b   =   2   k   b     (   k   b   − 1 )   [         p   b , d       p   b , u           2     k   b       −         p   b , d       p   b , u             k   b   + 1     k   b       ]  ; when       p   b , d       p   b , u     <   (   2     k   b   + 1   )       k   b       k   b   − 1      ,     x   b   =   (   2     k   b   + 1   )       k   b       k   b   − 1        2   k   b       k   b   + 1     .



Additionally,   k   is the specific heat ratio, and subscript   d   is the downstream condition.




2.3.3. Turbocharger


The complete compressor map and turbine mass flow map were used in the model construction process to ensure that the turbocharger responds to reality during different loads’ simulation or convergence processes. For the application of the diesel engine, there are two turbochargers, whose types are MAN TCA66-21.



The compressor map provides four parameters’ interrelations that determine the compressor’s performance, i.e., the turbocharger speed, corrected flow rate, pressure ratio, and efficiency. If two of the specific parameters are known, the other two can be interpolated according to the database extracted from the state map. Since the parameters of the performance map are given in corrected values, it is necessary to perform a conversion between the corrected and the real values [54]. The power consumption and outlet temperature are derived by using the compressor pressure ratio and efficiency [55].



For the turbine, the flow rate is modeled with the turbine swallowing map, which provides the relation between the swallowing capacity and the expansion ratio. Since there is no efficiency map for modeling, a semi-empirical formula is used, which fits the model well [51] and is as follows:


      η   t       η   t , m a x     = − 0.2124 + 4.5601   v   r   − 4.9414   v   r   2   + 1.1779   v   r   3    



(5)




where     v   r     is the speed ratio and   η   is efficiency. Subscripts   t   and   m a x   are the turbine and maximum, respectively.



The gas outlet temperature and the torque of the turbine are calculated by using turbine efficiency, expansion ratio, and turbine mass flow rate [51].



When the diesel engine works at a stable station, the compressor, turbine, and bypass flow rates will achieve mass balance. The mass balance of the turbocharge is different from that in the normal case due to the existence of EGB. There are two turbochargers and two compressors, so the mass balance formulation is as follows:


  2     m  ˙    c   +     m  ˙    f   =   2   m  ˙    t   +     m  ˙    b    



(6)




where subscript   c   is the compressor.



Turbine speed can be derived from the shaft dynamic equation, which represents the conservation of the angular momentum equation in the shaft line [1,51].




2.3.4. Air Cooler


Air cooler pressure drop and efficiency are functions of mass flow [1]. However, the mass flow rate usually does not have measurement value and fluctuates in the calculation, which will increase the simulation time to a certain extent. Meanwhile, the air cooler mass flow nearly linearly changes with the diesel engine load, so the pressure drop and efficiency can be written with the changes in engine load as


  ε = 1 − b   l   2    



(7)






  ∆   p   a c   = d   l   2    



(8)




where air cooler efficiency   ε   is defined as


  ε =     T   a , i n   −   T   a , o u t       T   a , i n   −   T   c m , i n      



(9)




where   b , d   are constants for adjustment with the experimental measurements,   l   is the engine load, and ∆ is the difference. Meanwhile, subscripts   a c  ,   a  ,   c m   denote the air cooler, air, and cooling medium, respectively.




2.3.5. Gas Exchange


The gas exchange process includes the exhaust gas expiring into the exhaust receiver and the charged fresh air entering into the cylinder for combustion in the next cycle. The gas exchange has a large influence on the thermodynamic calculation of the diesel engine, especially for low-speed two-stroke diesel engines, because a two-stroke diesel engine does not have separate exhaust and intake processes, as with a four-stroke diesel engine. Meanwhile, the gas exchange determines the temperature and pressure at EVC, which has an important effect on engine compression, combustion, and expansion processes. Gas exchange also affects the exhaust gas temperature and mass flow rates, which in turn influence the operation performance of the turbocharger.



In general, scholars have not considered the change in the opening cross-sectional area of the exhaust valves and the scavenging ports with the crank angle [1,13,56], which will not accurately reflect the actual response process between the cylinder and turbocharger, scavenge and exhaust receivers. In order to simulate the thermal performance more accurately, the exhaust and scavenge process models were developed by considering the inlet and exhaust area changes with the crank angle.



It is similar to calculating the mass flow rates of the exhaust gas exiting and fresh air entering the cylinder. The exhaust and scavenge mass flow rates can be estimated by means of an isentropic flow [47,49]:


      m  ˙    i n   =   c   i n     A   i n        x   i n       R   i n , u     T   i n , u       



(10)






      m  ˙    o u t   =   c   o u t     A   o u t        x   o u t       R   o u t , u     T   o u t , u       



(11)




where     x   i n   =   2   k   i n     (   k   i n   − 1 )   [         p   i n , d       p   i n , u           2     k   i n       −         p   i n , d       p   i n , u             k   i n   + 1     k   i n       ]   and     x   o u t   =   2   k   o u t     (   k   o u t   − 1 )   [         p   o u t , d       p   o u t , u           2     k   o u t       −         p   o u t , d       p   o u t , u             k   o u t   + 1     k   o u t       ]  ; when       p   o u t , d       p   o u t , u     <   (   2     k   o u t   + 1   )       k   o u t       k   o u t   − 1      ,     x   o u t   =   (   2     k   o u t   + 1   )       k   o u t       k   o u t   − 1        2   k   o u t       k   o u t   + 1     .



The instantaneous scavenge ports’ opening area and exhaust valve opening area are as follows:


    A   i n   =   H   s p     B   s p   s i n β  



(12)






    A   o u t   = p i ·   H   e   c o s σ     D   e   +   H   e   s i n σ c o s σ    



(13)




where   H   is the transient opening height,   B   is the width,   β   is the inclination of the scavenge ports,   p i   is the circumference ratio,   D   is the disc outer diameter, and   σ   is the exhaust valve seat cone angle. The subscripts   s p   and   e   are the scavenge ports and exhaust valve, respectively.




2.3.6. Heat Release Rate


Combustion is very important because it has a large influence on the work and temperature. There are different types of combustion models in the literature. The Wiebe function is one of the best-known models. The double Wiebe function cannot describe the complex fuel–air mixing in the combustion process for the diesel engine, but it can provide a realistic heat release for thermodynamic calculation [56,57], and the double Wiebe function is as follows:


     1   ω     d   Q   H R     d t   = 6.9     Q   p c     ∆   θ   p c         M   p c   + 1         θ −   S O C   p c     ∆   θ   p c           M   p c       exp  ⁡    − 6.9       θ −   S O C   p c     ∆   θ   p c           M   p c   + 1          + 6.9     Q   d c     ∆   θ   d c         M   d c   + 1         θ −   S O C   d c     ∆   θ   d c           M   d c       exp  ⁡    − 6.9       θ −   S O C   d c     ∆   θ   d c           M   d c   + 1         



(14)




where   ω   is the engine angular velocity,   ∆ θ   is the combustion duration,   S O C   is the start of combustion,   M   is the combustion shape factor, and   θ   is the crank angle degree. The subscripts   p c   and   d c   are pre-mixed combustion and diffusion combustion, respectively.




2.3.7. Heat Transfer


The heat transfer between the trapped gas in the cylinder and its surrounding walls is calculated by convective heat transfer, assuming a constant value for the cylinder walls’ temperature [51]:


    d   Q   w     d t   = α   A   w     T −   T   w      



(15)




where subscript   w   is the cylinder wall. For heat transfer coefficient   α   to the cylinder surrounding walls, the widely used Woschni correlation is applied [1,58]:


  α = 127.93     C   0   (   p     10   5     )   0.8     w   0.8     D   − 0.2     T   − 0.53    



(16)




where   w   is a representative velocity, which takes the mean piston speed and the combustion-induced turbulence into account.     C   0     is a constant to be adjusted for the specified engine according to the experimental data.




2.3.8. Gas Properties


The thermal properties of the gas in the cylinder and its subsystems are considered as the mixture of air and stoichiometric combustion products. The stoichiometric combustion products are determined by fuel composition. The gas properties in the cylinder model and its sub-models are calculated in the following way:


  R =   R   a     X   a   +   R   s c p     X   s c p    



(17)






    c   v   =   c   v , a     X   a   +   c   v , s c p     X   s c p    



(18)




where   X   is the mass fraction. The subscript   s c p   denotes stoichiometric combustion products;     c   v , a     and     c   v , s c p     are calculated using the interpolation database of air and the stoichiometric combustion products of the fuel used [59].






3. Engine Model Setup and Validation


3.1. Model Setup


The engine model was set up by providing the required input data, including the engine geometric parameters, turbine and compressor state maps, model constants, and the initial condition settings. For the initial condition setting, the experimental data were used, such as the temperature and pressure of scavenge and exhaust receivers. The fuel oil used in the experiment was marine diesel oil (MDO), whose lower heating value (LHV) is 42.92 MJ/kg according to the fuel report.



The combustion model was essential to the engine simulation, and the combustion model constants were validated by using the performance parameters from shop trials. The combustion model had eight constants (    S O C   p c    ,   ∆   θ   p c    ,     Q   p c    ,     M   p c    ,     S O C   d c    ,   ∆   θ   d c    ,     Q   d c    , and     M   d c    ) to be adjusted. Meanwhile, for the present work, five model constants were set as fixed values or determined by other model constants, such as     M   p c   = 2  ,     M   d c   = 0.8  ,   ∆   θ   d c   = 80  ,     S O C   d c   = 0.5 ∆   θ   p c    , and     Q   d c   = 1 −   Q   p c    , as suggested by Wang [60]. Thus, only three model constants needed to be adjusted according to the experimental engine performance data. The calibrated combustion model parameters are shown in Table 1.




3.2. Model Validation


The proposed model was applied to a low-speed two-stroke diesel engine (7G80 ME-C9.5). Table 2 shows the general characteristics of the diesel engine. The diesel engine consists of seven cylinders in line with a rated power of 21,000 kW at 58 rpm. There are two constant-pressure turbochargers that supply the high-pressure exhaust gas from the exhaust receiver to drive the two turbines to work. In turn, the air is compressed by the two compressors and then cooled by the air coolers before it enters the scavenge receiver. The engine shop test was used in validation, which was obtained from data reports of the official shop trials. Validation of the model was carried out by comparing simulation and experimental main parameters’ mean values and in-cylinder pressure traces.



Figure 2 shows the comparison between the simulation values and the shop test measurements for the main performance parameters at different loads (load 50%, 75%, 85%, 100%, and 110%). The error bars indicate the ±5% tolerance for the SFOC (specific fuel oil consumption) and ±15% tolerance for the exhaust temperature, specified by the manufacturer [48]. It can be seen in Figure 2 that the simulation values of the main performance parameters at different loads were in good agreement with the shop test measurements. Meanwhile, values from the SFOC and the exhaust temperature were all within the error bars.



Cylinder pressure diagrams at different loads (load 50%, 75%, 85%, 100%, and 110%) were used to further verify the model. Figure 3 shows the comparison between the simulation pressure diagrams and the measured pressure values. At different loads, the simulation results were in good agreement with the measurement, which confirmed the ability of the model to predict the main performance parameters and the cylinder pressure with good accuracy. Therefore, it was considered that the model had sufficient accuracy to be used as a simulation platform to simulate thermal performance under different conditions.





4. Results and Discussion


This study had two main goals. One was the validation of the accuracy of the engine model considering the bypass model and geometry structure for the gas exchange model, which was introduced in the previous section. The other one was to analyze the influence of some parameters on the engine performance. It was impossible to analyze the effects of all the types of parameters on engine performance, so only the most common ones were studied. These parameters were either easy to change or changed themselves because of degradation. The expansion process has a large influence on engine power and other main performance parameters, and many marine engine performance management software companies monitor the expansion pressure at a 50-degree crank angle after TDC (top dead center). In the present work, the expansion pressure was defined as the cylinder pressure at a 50-degree crank angle after TDC. The effect of the parameters on engine performance was studied at 21,000 kW at 58 rpm.



The parameters used to analyze their effects on engine performance were as follows:




	
At present, the effect of CR (compression ratio) variations was analyzed. It was studied from 85% to 115% of the normal value (32.7). A variation in CR can be caused by the replacement of the cylinder head gasket connecting the rod gasket and deposit in the cylinder.



	
The influence of injection timing variations was studied by changing the timing from −1.5 degrees to 1.5 degrees of the normal value. Injection timing can be varied by an electronically controlled fuel unit.



	
The bypass valve effect was discussed by changing the opening portion of the bypass valve. It was analyzed from 85% to 115% of the normal value. The variation in the opening portion may be caused by the electronically controlled EGB valve opening size and deposit in the EGB.



	
The influence of EVC timing variations was considered by changing the timing from −5 degrees to 5 degrees of the normal value. The variations in EVC timing can be adjusted by the electronically controlled valve unit or the poor seal of hydraulic oil for the exhaust valve.



	
The influence of EVO timing variations was investigated by varying the timing from −1 degree to 5 degrees of the normal value. The variations in EVO timing can be controlled by the electronically controlled valve unit or the poor seal of hydraulic oil for the exhaust valve.








For the variation in injection timing, EVC timing and EVO timing, a negative value and positive value indicate the corresponding timing in advance and delay, respectively. The change in the parameters may cause the maximum pressure or temperature to exceed the limits. Due to the theoretical nature of the analysis, the exceeding of mechanical and thermal loads was not considered. In the subsequent discussions, all input parameters in the model were unchanged, except for the parameter variations being studied.



4.1. Effect of Compression Ratio on Engine Performance


Figure 4 shows the engine’s main performance parameters’ variations with CR changes. The variation in CR was 85% to 115% of the normal value.



As shown in Figure 4, with the increase in CR, the SFOC decreased and the power increased. The compression pressure and maximum pressure also increased sharply with the increase in CR, which caused a higher cylinder temperature during the combustion and expansion process and higher power. With more produced power and more heat loss due to the higher mean cylinder temperature, less energy was left for the exhaust gas. Thus, the turbine speed, scavenge receiver pressure, exhaust receiver pressure, compressor outlet temperature, and scavenge temperature all decreased with the increase in CR. However, the expansion pressure almost remained constant with the CR variation. The CR significantly affected most of the performance parameters, as seen in Figure 4.




4.2. Effect of Injection Timing on Engine Performance


It is well known that injection timing has a significant influence on engine performance, such as SFOC, power, and exhaust temperature. Figure 5 reveals the injection timing effect on the engine’s main performance parameters. The variation in injection timing was from −1.5 to 1.5 degrees of the normal value.



As shown in Figure 5, the decrease in the injection timing resulted in a decrease in SFOC and an increase in power and maximum pressure, which was similar to that of the CR increase. However, the compression pressure almost remained stable, which was different from the CR variation. Similar to CR changes, with the decrease in injection timing, more power was produced and more heat was lost to the cylinder walls, so less energy was left for the exhaust gas, resulting in a lower exhaust temperature. Meanwhile, less exhaust gas energy meant that turbine speed, scavenge receiver pressure, exhaust receiver pressure, compressor outlet temperature, and scavenge temperature all decreased with the decrease in injection timing. The expansion pressure also decreased with the injection timing decrease because fuel heat release brought forward caused the pressure to lower in the later stage of the combustion process.




4.3. Effect of EGB Valve on Engine Performance


A few decades ago, marine engines did not have EGB valves. Moreover, there are few studies on the effect of the EGB valve opening portion on an engine’s performance.



Figure 6 shows how the opening proportion of the bypass valve affected the engine’s performance. The variation in the opening proportion of the bypass valve was 85% to 115% of the normal value. As shown in Figure 6, with the increase in opening proportion, the SFOC, power, compression pressure, maximum pressure, scavenge receiver pressure, exhaust receiver pressure, and expansion pressure were almost unchanged. Turbine speed, compressor outlet temperature, and scavenge temperature slightly decreased with the increase in opening proportion due to more exhaust gas passing through the EGB valve and less exhaust gas passing through the turbine. As exhaust gas temperature is the combined gas temperature of the gas after the turbine and the bypass gas, the exhaust gas temperature slightly increased with the opening proportion increase. The opening proportion had little or no effect on the engine’s performance since the bypass mass proportion was very small. The mass flow of bypass was 1.07 kg/s, and the whole exhaust mass flow was 43.13 kg/s at a normal bypass valve setting for the applied engine at 100% load. The bypass valve can be useful for the turbocharger to select the proper operation point with high efficiency and avoid the overspeed of the turbocharger at high loads.




4.4. Effect of EVC Timing on Engine Performance


Recently, electronically controlled valve units have been used to control the EVO and EVC timings instead of cams, which makes it much easier to adjust EVC timing and EVO timing.



The EVC has a strong influence because, for a two-stroke engine, the EVC (and not IVC in four-stroke engines) determines the trapped condition and effective compression ratio. It would be useful for authors to consider these in the future. Figure 7 shows the EVC timing’s influence on the engine’s main performance parameters. The variation range of EVC timing was from −5 degrees to 5 degrees of the normal value. As shown in Figure 7, the later EVC timing caused a sharp decrease in the compression and maximum pressure, because there was less time left for the compression process. In fact, the variation in EVC timing affected the effective compression ratio. Moreover, the SFOC increased and power decreased with the increase in the EVC timing, which was similar to that of the CR decrease. The later the EVC timing, the smaller the effective compression ratio. With less power produced, the exhaust temperature increased with the EVC timing increase, which in turn resulted in the increase in turbine speed, scavenge receiver pressure, exhaust receiver pressure, compressor outlet temperature, and scavenge temperature. Expansion pressure also decreased because the compression pressure and maximum pressure decreased with the increase in EVC timing.



The engine’s fuel consumption could be reduced by properly closing the exhaust valve in advance, which is also confirmed in Figure 2. As shown in Figure 2, the scavenge pressure at 85% load was lower than that at 100% load, but the compression pressure and maximum pressure at 85% load were higher than that at 100% load. Moreover, the SFOC at 85% load was lower than at 100% load. Since the compression ratio was the same, the compression pressure at 85% load was larger than at 100% load because of EVC timing in advance. Although earlier EVC timing reduces fuel consumption, the timing cannot be too early because of the mechanical and thermal load limits of the engine. As shown in Figure 7, EVC timing had a strong effect on most of the engine’s performance parameters.




4.5. Effect of EVO Timing on Engine Performance


Figure 8 reveals the EVO timing’s effect on engine performance. The variation range of EVO timing was from −1 degree to 5 degrees of the normal value. Initially, the range was set from −5 degrees to 5 degrees of the normal value. However, when the variation was smaller than −2 degrees, the cylinder pressure was lower than that of the exhaust receiver pressure when the exhaust valve opened, which was unreasonable.



It can be seen in Figure 8 that the increase in EVO timing scarcely affected the engine performance parameters, except for a slight increase in power and a decrease in SFOC. This result may be different from our expectation that the longer the expansion process, the more power produced. However, the later the exhaust valve opens, the worse the ventilation quality of the cylinder.




4.6. Summary of the Effects of Different Parameters


Table 3 shows the effect levels of different parameter settings on diesel engine performance. A strong positive influence is denoted by ‘‘++’’, a slightly positive effect by ‘‘+’’, a strong negative influence by ‘‘− −’’, a slightly negative effect by ‘‘−’’, and almost no effect by ‘‘ο’’.



As shown in Table 3, fuel consumption decreased with a CR increase, injection timing decrease, or EVC timing decrease. On the other hand, if the engine’s performance parameters deviates largely from the engine reference in the engine manual or the average of all cylinders, some references can be consulted, as shown in Table 3. If a cylinder’s power is much smaller than the average of all cylinders, the reason may be a smaller CR, later injection timing, or later EVC timing. Moreover, if compression pressure, maximum pressure, and expansion pressure are checked, the reason can be found. A later injection timing may be the reason if a cylinder’s maximum pressure is much lower than the average value and its compression pressure is almost the same as the average value. If a cylinder’s compression and maximum pressure are both smaller than the engine’s average value, it may be caused by a smaller CR or later EVC timing. Then, the expansion pressure may be checked, and a smaller CR may be the reason if a cylinder’s expansion pressure is almost the same as the average value. Otherwise, an EVC timing delay may be caused if a cylinder’s expansion pressure is smaller than the average value.





5. Conclusions


In the present work, a zero-dimensional model was developed to simulate an engine’s thermal performance. Exhaust gas bypass was considered in the model. Meanwhile, the geometry of scavenging ports and the exhaust valve was also considered, which can help to simulate different parameters’ effects on engine intake and exhaust mass flows and the turbocharger. The model was applied to a low-speed two-stroke marine diesel engine. The main conclusions of the study are as follows:




	(1)

	
The model validated some engine performance parameters as well as cylinder pressure diagrams at 50%, 75%, 85%, 100%, and 110% load. The results obtained were in good agreement with the measurements. From the comparison of the calculated results with the official shop test, the model has the capability to predict the main performance parameters and the cylinder pressure with good accuracy.




	(2)

	
After validation, the model was used to analyze some parameters’ effects on engine performance. Namely, the effects of compression ratio, injection timing, exhaust gas bypass valve opening portion, exhaust valve closing timing, and exhaust valve opening timing variations on engine performance were studied. Compression ratio, injection timing, and exhaust valve closing timing had strong effects on the engine’s thermal performance, while the exhaust gas bypass valve opening portion and exhaust valve opening timing had little effect on the engine’s main performance.




	(3)

	
The effect level of different parameter settings on diesel engine performance was also examined. From the analysis, a high engine cylinder SFOC may be caused by different factors, such as a smaller CR, later injection timing, and later exhaust valve closing timing. The reason may be determined if the compression pressure, maximum pressure, and expansion pressure are checked further.









The double Wiebe function was adopted in heat release rate prediction in order to have a high speed, which resulted in relatively low accuracy and could not predict complex combustion deterioration. Future research can focus on the phenomenological spray combustion model to improve engine performance efficiency and to better simulate spray and combustion process.
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Nomenclature








	Acronyms
	



	CR
	Compression ratio



	EGB
	Exhaust gas bypass



	EVC
	Exhaust valve closing



	EVO
	Exhaust valve opening



	LHV
	Lower heating value



	MDO
	Marine diesel oil



	MVEM
	Mean value engine model



	SFOC
	Specific fuel oil consumption



	TDC
	Top dead center



	Greek symbols
	



	α
	Heat transfer rate (W/m2·K)



	β
	Inclination of scavenge ports (rad)



	∆
	Difference (-)



	∆θ
	Combustion duration (rad)



	ε
	Air cooler efficiency (-)



	η
	Efficiency (-)



	θ
	Crank angle degree (rad)



	σ
	Exhaust valve seat cone angle (rad)



	ω
	Engine angular velocity (s−1)



	Symbols
	



	A
	Area (m2)



	b,C0,d
	Constant coefficient (-)



	B
	Width (m)



	c
	Flow coefficient (-)



	cv
	Specific heat capacity under constant volume (J/kg·K)



	D
	Disc outer diameter (m)



	h
	Specific enthalpy (J/kg)



	H
	Height (m)



	k
	Specific heat ratio (-)



	l
	Load (-)



	m
	Mass (kg)



	M
	Combustion shape factor (-)



	     m  ˙    
	Mass flow rate (kg/s)



	p
	Pressure (Pa)



	pi
	Circumference ratio (-)



	Q
	Heat (J)



	R
	Gas constant (J/kg·K)



	SOC
	Start of combustion (rad)



	T
	Temperature (K)



	U
	Internal energy (J)



	V
	Volume (m3)



	     v   r     
	Speed ratio (-)



	w
	Representative velocity



	W
	Mechanical work (J)



	X
	Mass fraction (-)



	Subscripts
	



	a
	Air



	ac
	Air cooler



	b
	Bypass valve



	c
	Compressor



	cm
	Cooling medium



	d
	Downstream



	dc
	Diffusion combustion



	e
	Exhaust valve



	f
	Fuel



	HR
	Heat release



	in
	Inlet



	max
	Maximum



	out
	Outlet



	pc
	Pre-mixed combustion



	scp
	Stoichiometric combustion products



	sp
	Scavenge ports



	t
	Turbine



	u
	Upstream



	w
	Wall
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Figure 1. Sketch of the diesel engine system. 
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Figure 2. Comparison between shop test and simulation results for the main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler. 
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Figure 3. Comparison between calculated and measured pressure traces of different loads: (a) 50% load at 46 rpm; (b) 75% load at 52.7 rpm; (c) 85% load at 54.9 rpm; (d) 100% load at 58 rpm; (e) 110% load at 59.9 rpm. 
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Figure 4. The effect of compression ratio on engine’s main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler; (f) Expansion pressure. 
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Figure 5. The effect of injection timing on engine’s main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler; (f) Expansion pressure. 
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Figure 6. The effect of the EGB valve opening portion on engine’s main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler; (f) Expansion pressure. 
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Figure 7. The effect of EVC timing on engine’s main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler; (f) Expansion pressure. 
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Figure 8. The effect of EVO closing timing on engine’s main performance parameters: (a) SFOC and power; (b) Exhaust temperature and turbine speed; (c) Compression and maximum combustion pressure; (d) Scavenge receiver and exhaust receiver pressure; (e) Temperature before and after air cooler; (f) Expansion pressure. 
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Table 1. Calibrated combustion model parameters.
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Parameters

	
Load (%)




	
50

	
75

	
85

	
100

	
110






	
     Q   p c     

	
0.88

	
0.92

	
0.83

	
0.75

	
0.78




	
   ∆   θ   p c     

	
18.0

	
22.0

	
20.0

	
23.0

	
25




	
     S O C   p c     

	
−0.1

	
−0.1

	
0.3

	
0.3

	
0.5
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Table 2. Specification of diesel engine.
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	Parameters
	Values





	Rated power
	21,000 kW



	Rated speed
	58 rpm



	Number of cylinders
	7



	Cylinder bore
	900 mm



	Stroke
	3720 mm



	Connecting rod length
	3720 mm



	Displacement volume
	1.87 m3



	Compression ratio
	32.7:1



	Turbocharger type
	TCA66-21*2



	Bypass valve diameter
	61 mm



	Number of air coolers
	2



	LHV
	4.292 × 107 J/kg



	Fire order
	1-7-2-5-4-3-6
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Table 3. Different parameter settings’ effects on diesel engine performance.
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	Parameters
	CR Increase
	Injection Timing Increase
	Bypass Valve Increase
	EVC Timing Increase
	EVO Timing Increase





	SFOC
	− −
	++
	ο
	++
	−



	Power
	++
	− −
	ο
	− −
	+



	Exhaust temperature
	− −
	++
	+
	++
	ο



	Turbine speed
	−
	+
	− −
	+
	ο



	Compression pressure
	++
	− −
	ο
	− −
	ο



	Maximum pressure
	++
	ο
	ο
	− −
	ο



	Scavenge receiver pressure
	−
	+
	ο
	+
	ο



	Exhaust receiver pressure
	−
	+
	ο
	+
	ο



	Compressor outlet temperature
	− −
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