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Abstract

:

A directional valve is a core component of the electro-hydraulic shakers in fatigue testing machines, controlling the cylinder or motor that drives the piston for reciprocating linear or rotary motion. In this article, a high-speed rotating directional valve with a symmetrical flow channel layout is designed to optimize the force on the valve core of the directional valve. A comparative analysis is conducted on the flow capacity of valve ports with different shapes. A steady-state hydrodynamic mathematical model is established for the valve core, the theoretical analysis results of which are verified through a Computational Fluid Dynamics (CFD) simulation of the fluid domain inside the directional valve. A prototype of the rotatory directional valve is designed and manufactured, and an experimental platform is built to measure the hydraulic force acting on the valve core to verify the performance of the valve. The displacement curves at different commutation frequencies are also obtained. The experimental results show that the symmetrical flow channel layout can significantly optimize the hydraulic force during the movement of the valve core. Under a pressure of 1 MPa, the hydraulic cylinder driven by the prototype can achieve a sinusoidal curve output with a maximum frequency of 60 Hz and an amplitude of 2.5 mm. The innovation of this design lies in the creation of a directional valve with a symmetric flow channel layout. The feasibility of the design is verified through modeling, simulation, and experimentation, and it significantly optimizes the hydraulic forces acting on the spool. It provides us with the possibility to further improve the switching frequency of hydraulic valves and has important value in engineering applications.
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1. Introduction


With the rapid development of modern technology, higher testing performance requirements have been imposed on product testing equipment. For the fatigue testing of materials, vibration equipment is required to apply 107 to 108 cyclic alternating loads to mechanical parts to verify their fatigue strength [1,2,3]. Vibration equipment mainly consists of a vibration table and a vibration generator, which come in various forms, such as mechanical, electro-mechanical, electro-hydraulic, or magnetostrictive. Among these, electro-hydraulic systems have many advantages, such as a compact structure, high power density, fast response, and high stiffness, and are widely used in vibration-environment simulation experiments for vehicles, weapons, ships, aerospace, nuclear industry, seismic wave replication, etc. [4,5,6,7,8,9].



For electro-hydraulic shakers, the directional valve is a core component, as it controls the cylinder or motor, driving the piston for reciprocating linear or rotary motion. The performance of a directional valve, such as its switching frequency and rated flow, directly determines the performance of an electro-hydraulic shaker. High-end testing instruments in modern manufacturing require directional valves with a high-frequency response, wide bandwidth, and high hydraulic power levels [10,11,12]. However, existing directional valves use slide valves as their switching components. In scenarios requiring high-speed switching, the large inertial force generated by the slide valve can lead to intensified valve body vibrations and a decrease in control accuracy. Compared with traditional flow-reversing valves, rotary-reversing valves have the advantages of a compact structure, relatively simple valve port form and internal flow channel, better control characteristics, a wider operating frequency, and no zero-acceleration drift. At the same time, in high-frequency and wide-frequency hydraulic servo systems, high-speed rotary-reversing valves have a more stable performance and are more accurate in flow regulation and other aspects [13,14,15,16,17].



The high-speed rotary-reversing valve has a more reasonable design on its friction surface because of the precision of its design, which means less wear during operation [18]. At the same time, although the initial manufacturing cost may be higher, the long-term operating cost will be reduced due to lower maintenance requirements and higher working efficiency; higher efficiency means that a greater output can be achieved with the same energy input, thereby reducing energy consumption and indirectly reducing operating costs. In design and application, making full use of these advantages can improve the overall performance and economy of the system [19,20].



Aiming at addressing the shortcomings of the reversing valves currently on the market, and taking into account the above advantages of high-speed rotary-reversing valves, this paper proposes a rotating valve suitable for high-frequency switching, where the valve core continuously rotates within the valve body, with different speeds corresponding to different switching frequencies. During the motion of the valve core, the acceleration and deceleration, as well as the reversing process, of the slide valve’s spool are eliminated, so inertial forces do not need to be considered. Therefore, only the resistance caused by viscous friction needs to be overcome. By eliminating the inertial forces that occur during the switching process, the switching efficiency of the directional valve can be improved, while the wear that may occur during movement due to inertial forces can also be reduced.




2. Structure Design of the Rotary Directional Valve


The structure of the valve seat is illustrated in Figure 1. The valve seat features a total of five interfaces, labeled from left to right as PATBP. Each interface is connected to one of the five chambers formed between the valve seat and the valve sleeve, ensuring complete and independent sealing between the chambers.



The valve sleeve features five sets of interfaces in the axial direction, evenly distributed circumferentially, enabling switching between different hydraulic circuits. On the valve core’s shoulder, N grooves are offset to serve as flow passages, facilitating the connection or disconnection of hydraulic circuits. The number of grooves is even to balance the radial hydraulic forces acting on the valve core, thereby minimizing the risk of sticking due to radial imbalance forces. The valve core comprises three shoulders, dividing the space between the valve core and the valve sleeve into two chambers, each connected to the AB interface and a corresponding chamber within the valve body. Balancing grooves are opened on the outer sides of the two shoulders to reduce the pressure on the outer side of the valve core while balancing the forces acting on the valve core, optimizing the sealing performance of the hydraulic valve. The middle shoulder features eight offset grooves leading to chambers on the left and right sides, with four offset grooves opened on each side’s shoulder. The state depicted in Figure 1 shows the left-side grooves are aligned with the valve sleeve interface, establishing a connection between the P and A interfaces through the left chamber, while the right chamber is connected to the T and B interfaces, achieving a PA-BT connection state. As the valve core rotates, it switches between PA-BT to PB-AT connection.



To meet the requirements of high-frequency switching, seven similar-sized but differently shaped valve ports are selected to analyze the flow capacity of different-shaped valve ports, as shown in Figure 2. With the valve core rotating one full cycle and the fluid switching N times, the average flow area of a single-cycle valve port can be represented as


    A   average   =    N   ∫  0     2 π   N      A d θ     2 π     



(1)







For these seven different shapes of port, when the spool is turned over an angle   θ  , the flow area will change, and the relationship is as follows:
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In order to compare the corresponding relationship between the throttle hole area and the spool angle under different max(r1,r2) ratios, the     r R     ratios were set as 0.05, 0.1, and 0.15, respectively, for verification, as shown in Figure 3.



The relationship between the circular orifice area and valve core angle can be plotted based on the above equation.



When the shape of the flow channel in the valve sleeve and the valve core is triangular, the flow area is as shown in Figure 4.
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The flow area of a square orifice is


  A = L      a + b   2    − d    



(5)
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When the shape of the flow path in the valve sleeve and spool is square, the orifice area is as shown in Figure 5.



Figure 6 depicts the results of a comparative analysis of the flow capacity of different-shaped valve ports. It is evident from Figure 6 that the larger the valve port area, the greater the average flow area. However, the average flow area is not solely dependent on the valve port area but also on the valve port shape. As observed in the graph, the Aavg/Amax ratio is highest for square-shaped valve ports, whereas it is relatively lower for circular and triangular valve ports. Consequently, to achieve an equivalent flow performance, square-shaped valve ports require a smaller area, enabling the use of smaller valve bodies to achieve a better flow performance.




3. Analysis and Simulation of the Hydraulic Forces Acting on the Valve Core


The hydraulic forces acting on the valve core during its motion include both steady-state and transient hydraulic forces. Throughout the motion of the valve core, when fluid passes through the throttling orifices, changes in momentum give rise to a force that impedes the rotation of the valve core.


  F = ρ Q v  



(8)







Due to the hydraulic oil entering the valve core at an angle, known as the jet angle, which is the angle between the direction of the jet entering the valve and the tangent of the valve core’s rotation direction, steady-state hydraulic forces can be divided into their radial and tangential components. The inlet ports on the valve core are uniformly distributed along the circumference. the Radial hydraulic force components cancel each other out, while the tangential hydraulic force components between different inlet ports add up along the circumferential direction, affecting the valve core’s motion.



Therefore, the actual hydraulic force components affecting the valve core during motion are


    F   t a n   = F c o s α = ρ Q v   cos  ⁡  α    



(9)







In a hydraulic system, the formula of the flow through a throttle can be used to describe the flow of fluid through a throttle:


  Q =   A   c     v   c   =   C   c     C   v   A     2 Δ p   ρ      



(10)
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The flow coefficients     C   c     and     C   v     are used to correct the difference between the actual flow rate and the ideal flow rate.    ζ   is a dimensionless coefficient of flow loss that is dependent on the geometry of the valve or orifice.



During the motion of the directional valve, there are two throttling orifices, one at the entrance to the oil chamber from the P port and the other from the oil chamber to the working oil port. Except for the different fluid pressures, the conditions in these two places are essentially the same. The directional valve core experiences consistent tangential steady-state hydraulic forces in both locations. Therefore, the tangential steady-state hydraulic torque on the valve core is denoted as follows:
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As indicated by the equation, the steady-state hydraulic force torque is proportional to the cosine value of the opening angle of the throttling orifice and the pressure drop across the orifice. Additionally, the larger the radius of the valve core, the greater the torque generated by the hydraulic force. Furthermore, this force always acts to close the throttling orifice. Therefore, during the motion of the valve core, the effect of the steady-state hydraulic forces fluctuates around zero, impacting the stability of the valve core’s operation to some extent. Therefore, when the load exceeds the rated pressure, the torque generated by the steady-state hydraulic pressure will be very large, causing the throttle opening to be very small or even unable to open, thus causing the equipment to fail to work. Reducing the diameter of the valve core can significantly decrease steady-state hydraulic forces, thereby enhancing the stability of the valve core’s motion.



Using CFD simulations to analyze the hydraulic forces acting on the valve core is an effective method for validating the calculation results. In Figure 7, the fluid domain is divided into different regions for numerical simulation. From left to right, the fluid domains are divided into Interface 1, Cavity 1, 4 × 5 valve sleeve interface fluid domains, a valve core fluid domain, R3 valve sleeve interface fluid domain, Cavity 2, and Interface 2. The valve core fluid domain is further subdivided into a central hollow cylindrical fluid domain and the fluid domains of the valve core grooves on the left and right sides, resulting in a total of 21 regularly shaped fluid domains. This division facilitates the use of structured grids for grid partitioning during numerical simulation.



The model uses two transport equations (one for kinetic energy k, and another for the dissipation rate   ε  ), unlike other more complex models (such as k-  ω   or large eddy simulation), making the calculations relatively simple. In addition, the model is suitable for a variety of flow conditions, especially pipeline flows, outflows, and turbulent boundary layers. It has been proven useful in many industrial applications and can provide reasonable prediction accuracy.



Figure 8 shows the results of the mesh quality test after the mesh division.



Therefore, the viscosity model selected is the standard model used in the k-epsilon turbulence model, and the wall function was set to the standard wall function. The inlet pressure was set to 4 MPa, and the outlet pressure was set to 0 MPa. The simulated fluid medium used was 46# anti-wear hydraulic oil, with specific parameters listed as follows in Table 1.



During one rotation cycle of the valve core, the rotation angle on both sides of its symmetry axis is 21.32°. Therefore, in the static simulation, the valve core rotation angle from 0° to 20° was divided into eleven states. Figure 9 and Figure 10 show the simulation results.



Combining Figure 9 and Figure 10, it is observed that the velocity of the fluid at the valve ports remains relatively constant throughout the entire rotation of the valve core, ranging from 72 to 93 m/s. As the valve core angle increases and the flow area decreases, the fluid gradually concentrates. After passing through the throttling orifice, due to the sudden increase in fluid domain space, the simulation results in which interface I is the pressure inlet show that the fluid jets toward the concave groove wall of the valve core. After reflection, vortices form inside the concave groove of the valve core. When comparing this to the velocity contour plot, the center of the vortex has the slowest velocity, reaching a minimum of 0 m/s. If such a vortex is formed during high-speed operation, it will lead to an uneven flow of hydraulic oil and increase flow resistance, and thus cause flow loss, affecting the overall efficiency of the system; the existence of the vortex may cause fluid to be retained in the valve core, thereby affecting the response speed of the valve and reducing the dynamic performance of the system. The local high flow rate and turbulence caused by the vortex will accelerate the wear of the valve core, affecting the service life and performance stability of the valve, leading to reduced control accuracy, etc. In the simulation results where interface II was used as the pressure inlet, the angle of fluid jetting is smaller compared to the flow direction angle of the channel. Therefore, it is less likely to form vortices, with only small vortices occurring at valve core angles of 4° to 8°. This has a minor impact on the flow of hydraulic oil, explaining why the maximum velocity at interface II in the velocity plot is greater than that when interface I is used as the pressure inlet.



To avoid the problem of decreased efficiency caused by vortexes, the following aspects can be considered:



	
Select a hydraulic oil with appropriate viscosity to ensure good fluidity and reduce the vortexes caused by its fluid properties;



	
Install a flow monitoring system to monitor the fluid status in real time and promptly discover and solve possible flow problems.






Based on the velocity contour plots and fluid flow vector plots at the valve ports, the angles of fluid jetting generated by different valve port openings have been assessed, and the corresponding jet angles and valve core torque for different valve core angles obtained in Figure 11.



Taking the case of interface I as the pressure inlet, the torque exerted on the valve core varies with the valve core angle in four stages:



	
As the valve core angle gradually increases from zero degrees, the jet angle gradually decreases. Considering the torque corresponding to the valve core angle, it is observed that the rotational torque exerted on the valve core continuously increases, with relatively high acceleration.



	
When the valve core angle is between 6° and 10°, the fluid flow through the valve port gradually converges. Although the jet angle decreases continuously during this stage, the reduction in the flow area leads to a decrease in the fluid flow rate. Therefore, the total rotational torque exerted on the valve core remains almost constant.



	
At a valve core angle of 10°, due to the reduction in the area of the throttling orifice, the fluid flow vectors become more concentrated and the flow velocity increases. The jet angle stabilizes at around 45° to 50°, and the fluid jets directly toward the right wall of the concave groove on the valve core after passing through the throttling orifice. Although the jet angle is relatively small compared to the valve core angle during the 6–10° range, the torque exerted on the valve core decreases due to the continued reduction in the hydraulic oil flow rate after passing through the throttling orifice.



	
As the valve core angle continues to increase, the throttling orifice gradually approaches a closed state, leading to a further reduction in the flow of the hydraulic oil through the valve port, resulting in a sharp drop in the torque exerted on the valve core. When the valve core angle reaches 20°, the valve port is almost closed, and the fluid flows along the left arm of the valve core groove after passing through the throttling orifice. Although the maximum velocity of the jet is still 69.8 m/s, its direction is directly toward the valve core axis, limiting its impact on the valve core’s motion. Subsequently, the valve port closes, and the direction-change process ends.






In contrast, when interface II is used as the pressure inlet, the trend in the torque exerted on the valve core is similar to the previous case, but there are no obvious boundaries to distinguish between stages. The relationship curve between the valve core angle and the corresponding torque is parabolic in shape. The torque reaches its maximum value at a valve core angle of 12° and then gradually decreases due to the decrease in flow rate. In the fluid flow vector plot, it can be observed that the hydraulic oil does not jet directly toward the inner wall of the valve sleeve opening after passing through the throttling orifice. By comparing the jet angle, it can be concluded that the jet angle remains relatively large throughout the entire operation of the valve core. Therefore, the torque exerted on the valve core when interface II is used as the pressure inlet is almost smaller than that when interface I is used as the pressure inlet throughout the entire motion stage.




4. Simulation Analysis of Directional Performance


To further determine the commutation performance of the hydraulic valve, Amesim simulation software was used to build a hydraulic simulation system to systematically verify the designed directional valve. Due to the limitations in the software’s physical model types, it Was necessary to first perform an equivalent slide valve replacement for this spool valve. The principle is to control the output orifice area of the slide valve so that it is the same as the working process of the spool valve. The simulated hydraulic circuit used after this replacement is shown in Figure 12, and the simulation parameters are set as shown in Table 2.



Figure 13 shows the simulation results of the system’s dynamic characteristics at different switching frequencies. Clearly, as the switching frequency increases, the vibration frequency of the hydraulic cylinder also increases proportionally. Consequently, the amplitude of the hydraulic cylinder’s vibration and the system flow gradually decrease. This is because with higher switching frequencies the time during which the valve’s internal flow passage is open becomes shorter. Hydraulic oil cannot enter the hydraulic cylinder flow passage before it closes. Therefore, with higher switching frequencies, the vibration amplitude of the hydraulic cylinder decreases.



Figure 14 depicts the simulation results of the influence of the supply pressure and load on the system’s dynamic characteristics, with a fixed switching frequency of 20 Hz and a load of 10 kg. Before the directional valve reaches its performance limit, both the system flow and the amplitude of the hydraulic cylinder’s vibration are proportional to the supply pressure. In practical use, different switching performances can be achieved by adjusting the supply pressure.



The main function of this directional valve is to generate vibration in the hydraulic cylinder. Figure 15 presents the simulation results of the dynamic performance of the directional valve under different hydraulic cylinder load conditions.



It can be observed that the larger the load, the smaller the amplitude and velocity of the hydraulic cylinder’s vibration. The amplitude of the hydraulic cylinder’s vibration synchronously changes with the flow of the system. The larger the system flow, the more hydraulic oil enters the hydraulic cylinder, and the larger the vibration amplitude of the hydraulic cylinder.




5. Prototype Testing and Analysis of Results


A test platform was constructed to experimentally validate the theoretical calculations and simulation results mentioned earlier, as shown in Figure 16. Since the maximum supply flow rate of the experimental platform is 12 L/min, when the supply pressure was set to 0.5 MPa, the system flow rate had already reached its maximum. Since higher pressure has little impact on the system flow rate, under the same switching frequency, the displacement data of the hydraulic cylinder under different supply pressures are essentially the same.



Figure 17 shows the displacement curves of the hydraulic cylinder under different switching frequencies when the supply pressure is 1 MPa. It can be observed that the higher the switching frequency, the shorter the time of the channel’s connection, resulting in a smaller displacement of the hydraulic cylinder. Additionally, due to leakage within the hydraulic system, the displacement of the hydraulic cylinder is not strictly symmetrical. The displacement curves of the hydraulic cylinder under different switching frequencies are all sinusoidal.



Figure 18 depicts the magnitude of the steady-state hydraulic torque exerted on the spool under different spool angles when the inlet pressure is 1 MPa. In contrast to the CFD simulation results, the actual measured values of the spool torque did not exhibit the distinct step-like pattern seen in the simulation results. The torque values and variations at interfaces I and II are essentially the same, both increasing and then decreasing with spool angle and peaking at 9–10.5°. As can be seen from the figure, compared with the CFD simulation results, the actual maximum values for inlet 1 and inlet 2 are only 79% of the simulated theoretical results. At the same time, the valve core angle at which the maximum torque occurs is close to 9–10.5° during measurement. The experimentally measured torque values are generally smaller than the simulated values. This is because during the axial locking measurement of the spool, there is hydraulic oil between the spool and the valve sleeve, and the viscous resistance of the hydraulic oil can result in the measured values being smaller than the actual values. Additionally, the steady-state hydraulic torque is primarily caused by the impact of the fluid flow entering the valve chamber. Lower flow rates result in smaller impacts on the spool and therefore smaller measured torque values. At the same time, due to the position error between the valve core and the opening during the experimental assembly process, this difference will also appear.



Figure 19 illustrates the hydraulic torque exerted on the spool at a spool angle of 10.5° under different inlet–outlet pressure differentials. Clearly, the torque experienced by the spool increases with larger pressure differentials. However, contrary to theoretical expectations, the torque experienced by the spool does not linearly increase with the pressure differential. As the pressure differential increases, constrained by the performance limitations of the experimental setup, the supply capacity of the hydraulic pump gradually reaches its maximum. At this point, the rate of change in the flow of the hydraulic fluid to the spool per second slows down, leading to a gradual reduction in the magnitude of the hydraulic torque experienced by the spool.




6. Conclusions


	
The symmetrical flow channel layout effectively reduces the radial hydraulic forces acting on the spool, resulting in smoother spool operation. Reducing the spool diameter can significantly decrease the steady-state hydraulic forces seen, thereby enhancing the stability of spool movement.



	
The switching frequency of the hydraulic valve can be adjusted by controlling the spool’s rotation speed. Under the same experimental conditions, a higher switching frequency leads to a smaller amplitude of hydraulic cylinder vibration. Additionally, increasing the load on the hydraulic cylinder results in a smaller amplitude of vibration.



	
The designed rotary directional valve has a maximum switching frequency of 60 Hz, with a hydraulic cylinder amplitude of approximately 2.5 mm, exhibiting displacement characteristics similar to a sine wave. It can be utilized in electro-hydraulic vibration platforms.






In addition, high-speed rotary-reversing valves still have potential limitations when subjected to long-term operation and continuous high-frequency use:



	
The wear of the valve core and valve seat will lead to reduced sealing performance, and material fatigue may cause failure.



	
High-frequency operation may cause the hydraulic oil temperature to rise, affecting the oil’s viscosity and lubrication performance and increasing the risk of wear.



	
High-speed and high-frequency use may generate vortices and turbulence, resulting in flow and pressure fluctuations.



	
Accelerated wear requires more frequent maintenance, increasing maintenance costs and time.



	
Response delays and wear lead to unstable control, affecting system performance.



	
The noise and vibration generated by high-speed switching will affect the stability of the equipment






In actual use, long-term use or continuous high-frequency use of these valve should be avoided.



However, the rotary directional valve designed in this paper still has some shortcomings, such as the fact that it utilizes open-loop control; therefore, the spool angle cannot be established in real time during its actual operation. Future work may involve adding a feedback device to the hydraulic valve to achieve closed-loop control, which would allow for more precise spool angle control and more accurate output results. At the same time, it is possible to consider replacing the sealing ring between the valve core and the end cover with a mechanical seal, creating micro-textures on the valve core and the end cover to increase the sealing performance, and eliminating the existence of the sealing ring to make the entire hydraulic valve structure more compact.
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Abbreviations




	
Type

	
Symbol

	
Definition




	
Parameter

	
r1

	
Valve sleeve hole radius




	
r2

	
Valve core hole radius




	
d

	
Distance between the centers of two circles




	
R

	
Valve core radius




	
a

	
Valve port length




	
b

	
Valve port width




	
L

	
Overlap length




	
ρ

	
Density of the hydraulic fluid




	
v

	
Fluid flow velocity




	
α

	
Jet angle of the hydraulic oil




	
Cc

	
Contraction coefficient of the section




	
Cv

	
Velocity coefficient




	
p1

	
Inlet pressure




	
p2

	
Outlet pressure




	
  Δ  p

	
Pessure drop across the throttling orifice




	
Cd

	
Flow coefficient




	
   ξ   

	
Local loss coefficient of the orifice




	
Variable

	
N

	
Fluid switching times




	
A

	
Cross-sectional area of the flow passage




	
Q

	
Flow rate through the orifice




	
Ftan

	
Actual hydraulic force




	
Tsteady

	
Tangential steady-state hydraulic torque on the spool
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Figure 1. Structure of rotary directional valve. 
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Figure 2. Valve port shapes. 
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Figure 3. Relationship between circular orifice area and valve core angle. 
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Figure 4. Relationship between triangle orifice area and valve core angle. 
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Figure 5. Relationship between square orifice area and valve core angle. 
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Figure 6. The average flow area of the valve port and its ratio to the maximum flow area. 






Figure 6. The average flow area of the valve port and its ratio to the maximum flow area.



[image: Processes 12 02600 g006]







[image: Processes 12 02600 g007] 





Figure 7. Fluid domain division. 
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Figure 8. Mesh quality test results. 
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Figure 9. Cloud diagrams of the valve port velocity with different port openings. (a) The inlet I is used as the pressure inlet. (b) The inlet II is used as the pressure inlet. 
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Figure 10. Vector diagrams of liquid flow at different valve openings. (a) The inlet I is used as the pressure inlet. (b) The inlet II is used as the pressure inlet. 
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Figure 11. Jet angle and spool torque at different rotation angles. (a) Jet angle curves. (b) Spool torque curves. 
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Figure 12. Hydraulic simulation system diagram. 
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Figure 13. System flow rate and cylinder amplitude at different commutation frequencies. 
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Figure 14. Flow rate and cylinder amplitude at different pressures. 
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Figure 15. Flow rate and cylinder amplitude at different loads. 
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Figure 16. Test platform. (a) Overview of experimental system. (b) Prototype and sensors. 
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Figure 17. Hydraulic cylinder displacement curves at different commutation frequencies. 
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Figure 18. The relationship between the steady-state hydraulic torque and the spool rotation angle. 
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Figure 19. The torque of the spool at different pressures. 
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Table 1. Fluid simulation parameters.
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	Parameter
	Value





	  Density   ( k g /   m   3    )
	874



	  Kinematic   Viscosity   ( m   m   2   / s  )
	46



	  Dynamic   Viscosit   ( P a ⋅ s  )
	0.040204



	  Air   Separation   Pressure   ( P a  )
	1300–6700



	  Saturation   Vapor   Pressure   ( P a  )
	6–2000



	  Vapor   Density   ( k g /   m   3    )
	1.2



	  Vapor   Viscosity   ( P a ⋅ s  )
	1.2 × 10−5










 





Table 2. Simulation parameters.
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	Parameters
	Values
	Parameters
	Values





	Supply oil pressure
	1 MPa
	Servo valve diameter
	10 mm



	Oil pump flow rate
	300 L/min
	Servo valve rod diameter
	2 mm



	Servo valve stroke
	4/pi mm
	Hydraulic cylinder diameter
	30 mm



	Overlap length of the servo valve’s null position
	0.32/pi mm
	Hydraulic cylinder rod diameter
	5 mm



	Hydraulic oil density
	870 kg/m3
	Hydraulic cylinder load
	10 kg



	Hydraulic cylinder stroke
	500 mm
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