

  processes-09-01031




processes-09-01031







Processes 2021, 9(6), 1031; doi:10.3390/pr9061031




Article



Numerical Research of Pump-as-Turbine Performance with Synergy Analysis



Zheng Cao 1,2,3[image: Orcid], Jianqiang Deng 1,2,*, Linkun Zhao 1,2 and Lin Lu 3





1



School of Chemical Engineering and Technology, Xi’an Jiaotong University, Xi’an 710049, China






2



Shaanxi Key Laboratory of Energy Chemical Process Intensification, Xi’an 710049, China






3



Department of Building Services Engineering, The Hong Kong Polytechnic University, Hong Kong 999077, China









*



Correspondence: dengjq@xjtu.edu.cn







Academic Editors: Krzysztof Rogowski and Weizhong Dai



Received: 30 April 2021 / Accepted: 9 June 2021 / Published: 11 June 2021



Abstract

:

The wide use of pumps and turbines has significant value in energy conservation and utilization. In this work, a three-dimensional Computational Fluid Dynamics (CFD) model and a one-dimensional theoretical model of a Pump as Turbine (PAT) were established. On this basis, the correlation between pressure and velocity was quantitatively investigated by a proposed sensitivity index (SPV). A synergy field analysis was then applied to evaluate the flow characteristics of a pump and PAT, providing a perspective from the mechanism of the energy transfer enhancement for hydraulic devices. Moreover, the hydraulic and synergy performances of PAT were studied under various operating conditions. The results show that the minimum SPV is obtained in the impeller. With increasing flow rate, the SPV of the PAT generally increases, and the synergy angle of the impeller surface increases as well. A strong disordered synergy field is observed in regions of the blade leading edge, trailing edge, and volute tongue. The variations in efficiency and head with flow rate showed similar trends, respectively, with the synergy angle of the outlet and the mid-plane. This study provides an analytical method for quantitative evaluation of flow synergy characteristics, and it supplies a basis for further design improvement of the pump and PAT.
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1. Introduction


In various process industries, there is a considerable amount of pressure energy carried by liquid streams. A large amount of fluid energy dissipates after processing with pressure relief valves or other throttling devices. In recent decades, the wide use of turbines has had significant value in energy recovery and utilization. The reverse operation of the pump, namely, the Pump as Turbine (PAT), has significant advantages of convenience, flexibility, and economic practicability. Therefore, it has attracted much attention in both theoretical research and industrial applications.



At the initial stage of hydraulic turbine research, the main focus is selecting the appropriate pump to work as the hydraulic turbine according to the specific flow rate, pressure, fluid properties, and operational considerations such as the desired operating speed, operating temperature, and mechanical reliability. Much research has been carried out on the relationship between the external characteristics of the pump and PAT. Williams [1] proposed a standard ellipse formula for estimating the hydraulic performance of turbines, which can be used to build the conversion relation between pump and turbine performances. Kaunda et al. [2] carried out substantial work on the selection of pumps for turbines, proposed the flow–head curve of pumps, and carried out the selection design based on the turbine specific speed and hydraulic performance. However, for a hydraulic turbine design in an actual scene, even for a pump with the same specific revolution, the conversion relation of the pump turbine obtained from tests is quite different [3]. It is not enough to obtain the hydraulic performance of a PAT only at the best efficiency point by an empirical conversion. Moreover, it is still difficult to accurately obtain the performance and flow field details of hydraulic turbines through theoretical calculations.



The application of Computational Fluid Dynamics (CFD) technology has been successfully demonstrated not only for conventional pump design but also for analyzing complicated flow phenomena inside the pump. For example, the unsteady flow characteristics termed pressure fluctuation and distribution were investigated for a centrifugal pump with different blade numbers [4]. Besides this, the effect of operating conditions on the cavitation characteristics of a centrifugal blood pump can also be analyzed using the CFD method [5]. In view of the compatibility of turbo-machinery, reverse operation of the pump also follows a similar design and analytical method [6]. Therefore, a simulation of the hydrodynamic flow in a PAT can be performed based on CFD models as well.



Miao et al. [7] studied the energy conversion characteristics of a PAT at different flow rates using the CFD method. They found that the power capability of the turbine impeller reduced when the water inflow was outside the range of 80% to 120% of the designed flow rate. Perezsanchez et al. [8] studied the PAT performance in a pipeline system, and a whole-flow-field numerical simulation was carried out to investigate the pressure distribution characteristics of system components under different working conditions. Yang et al. [9] conducted a numerical simulation of the flow field in the entire channel of a hydraulic turbine. The numerical results were compared with experimental results when the flow rate deviated from the design point. Štefan et al. [10] presented a CFD simulation and velocity vector analysis on a PAT, and they found that the flow rate and head at the Best Efficiency Point (BEP) were 27% and 41% higher, respectively, than those in pump mode. In addition to the investigation regarding the hydraulic characteristics, Barrio et al. [11] estimated the steady load on the impeller in both pump and reverse modes. The pressure and velocity distributions were also investigated numerically for a wide operating range between 20% and 160% of the designed flow rate.



Pump hydraulic predictions based on CFD results can be used for quantitative comparisons under different flow conditions and structural configurations [12]. Likewise, Binama et al. [13] paid attention to the pressure pulsation performance under the unsteady condition of a PAT. They believed that a PAT operated at a low specific speed was prone to producing pressure pulsation phenomena. Balacco [14] considered that there was still no universal method for predicting reversed operational performance based on the performance of the forward rotation of the pump. He used an artificial neural network and polynomial regression to establish the conversion relationship between turbine performance and pump performance, but the turbine head and flow performance could not be predicted effectively. Xue et al. [15] analyzed the energy loss of a pump-turbine by utilizing PIV (Particle Image Velocimetry) technology. They found that off-design operations may lead to great dissipation-induced loss with the rotating stall. Wang et al. [16] applied the Pareto-based genetic algorithm to optimize the blade geometric parameters based on a theoretical model. The optimized PAT efficiency was improved by 16.3% at the design point.



Apart from the necessity to investigate the performance in off-design conditions, it is important to identify the potential for improving device performance based on flow details. In research on heat transfer enhancement, Guo et al. [17] proposed the concept of the field synergy principle for enhancing heat transfer. They found that better field synergy between velocity and heat flux will improve heat transfer intensity under the same boundary conditions. Since then, much attention has been given to improving the overall heat exchanger performance, and the synergetic effect on heat transfer enhancement was found to be strongly related to the flow resistance [18].



In turbo-machinery devices, the exchange of momentum associated with energy loss is highly affected by the uniformity of the pressure and velocity distribution. This inspired the authors to evaluate the flow field characteristics and performance improvement potential of a pump and PAT from the perspective of synergy analysis in such devices. Taking advantage of CFD application such that the pressure and velocity in the whole flow domain are easily accessible, the aim of this study to investigate the influence of pressure and velocity synergy distributions on the hydraulic performance of a pump and PAT could be fulfilled. Firstly, a three-dimensional (3-D) CFD study of the PAT was carried out. The accuracy of the 3-D numerical results was verified by comparison with the theoretical model considering hydraulic losses. On this basis, 1-D sensitivity analysis and 3-D synergy field analysis were applied to evaluate the flow characteristics of the PAT, providing a synergetic perspective on the flow field analysis of such a hydraulic device. After hydraulic and synergy performances were assessed in various operating conditions for the pump and PAT, the variation in device performance with the flow rate was evaluated.




2. Model Description


2.1. Geometry and Mesh Model


A single-stage centrifugal pump was selected as the research object, and the geometric model with an open volute is as shown in Figure 1. It can be seen that the model components mainly include the impeller, suction chamber, and volute. The design flow rate of the pump is 13.86 kg/s, the design head is 35 m, and the rotational speed is 2900 r/min. The pump can be characterized as a low-specific-speed pump with a specific speed of 23.75. The inlet diameter of the suction chamber is 0.092 m, the number of impeller blades is 7, and the diameter of the impeller is 0.165 m. In consideration of the full development of the inflow, the inlet end of the suction chamber is extended. The main design parameters of the model are summarized in Table 1.



As shown in Figure 2, the commercial software GAMBIT was used to generate a heterogeneous mesh of the flow domain. In the mesh domain, the number of unstructured elements is 1961,957. The mesh quality can be estimated by three factors: the orthogonal quality, aspect ratio, and skewness value. It is recommended that the orthogonal quality should be no less than 0.01. The aspect ratio is a measure of the stretching of a cell and may affect solution accuracy if the value is too large near the meshing wall. Meanwhile, the skewness of the mesh element should be no larger than 0.95, as recommended by Fluent [19]. In this work, the minimum orthogonal quality and the maximum aspect ratio were 0.178 and 74.57, respectively. The skewness was kept below 0.86 in the whole region. Therefore, the mesh is of sufficient quality for computational standards.



The simulation domain in this study consists of a rotating impeller, stationary suction chamber, and stationary volute parts. Each stationary part was assigned an interface connecting with the inlet interface or the outlet interface of the rotating impeller. In the impeller, the blade rotation was simulated by the moving mesh method. The blade wall and fluid domain in the impeller were set with a constant rotating speed, while the other domains in the volute and pump inlet were set as the stationary region. In addition, the pressure outlet and mass flow inlet conditions were applied as boundary conditions for both the pump mode and PAT mode correspondingly.



The computation conditions for the standard case were given as follows: The mass flow inlet condition was assigned with a flow rate of 13.8 kg/s, the pressure outlet condition was assigned with an operating pressure of 0.34 MPa. A transient simulation with a time step of 0.001 s was performed, and a maximum of 220 iterative steps was set to guarantee the convergence of the first calculation step after the default initialization. On this basis, the flow field and device performance could be investigated after iterations reached a stable state.




2.2. Governing Equation


The Reynolds-Averaged Navier–Stokes (RANS) equations were used for describing the three-dimensional incompressible flow in the simulation domain, and these equations were closed by a turbulence model.



The general form of Navier–Stokes equations includes equations of conservation of mass and momentum, which are represented as follows:


    ∂  u i    ∂ t   +  ∂  ∂  x j    ( ρ  u i  ) = 0  



(1)






   ∂  ∂ t   (  ρ  u i   ) +  ∂  ∂  x j    ( ρ  u i   u j  ) = −   ∂ p   ∂  x i    +   ∂  τ  i , j     ∂  x j    +  f i   



(2)







In the above equations, ρ is the density; t is the time; u is the velocity; f is the volume force that includes the coriolis force and the centrifugal force; P is the static pressure; and τ is the stress tensor.



Numerical simulation performed using the k–ε model has been extensively validated for a wide range of flows for turbo-machinery devices [9]. The standard k–ε model has been evaluated as the most accurate one when compared with real data among other turbulent models [20]. Therefore, the standard k–ε model was employed as the transport equations for turbulent flows in our study:


   ∂  ∂ t     ρ k   +  ∂  ∂  x i      ρ k  u i    =  ∂  ∂  x j        μ +    μ t     σ k        ∂ k   ∂  x j      +  G k  +  G b  − ρ ε −  Y M  +  S k   



(3)






   ∂  ∂ t     ρ ε   +  ∂  ∂  x i      ρ ε  u i    =  ∂  ∂  x j        μ +    μ t     σ ε        ∂ ε   ∂  x j      +  C  1 ε    ε k  (  G k  +  C  3 ε    G b  ) −  C  2 ε   ρ    ε 2   k  +  S ε   



(4)




where ui is the time-mean velocity, σk and σε are Prandtl numbers, Gk and Gb are the turbulent kinetic energies due to the mean velocity gradients and buoyancy, and Ym is the contribution of the fluctuating dilatation in turbulence. Sk and Sε are the source terms, and the model constants C1ε, C2ε, and C3ε were set to 1.44, 1.92, and 1.0, respectively.



Based on the commercial CFD software ANSYS Fluent 14.5, the above basic equations were discretized by the finite volume method, the convective terms were discretized in the second-order solution format, the turbulent terms were discretized in the default first-order numerical format, and the other terms were discretized in the default solution format.




2.3. Synergy Degree and Hydraulic Performance


The total pressures Ptot,in and Ptot,out are used to represent the fluid energy at the pump inlet and outlet. Therefore, the head of the pump can be calculated as


  H =    P  t o t , i n   −  P  t o t ,   o u t     ρ g    



(5)




where g is the acceleration of gravity.



Since the mechanical and volumetric losses are ignored in the numerical model, the hydraulic efficiency is close to the total efficiency and is thus used to represent pump efficiency in CFD analysis [21]:


  η =     N  e  o u t     N  e  i n     =   M ϖ   ρ g Q H    



(6)







In the equation above, Ne represents the power, M represents the torque, and ϖ represents the angular velocity. The impeller torque can be obtained as the blade surface moment in the rotation axis by Fluent solver. Also, it is noted that these evaluation indexes are also applicable for PAT when the inlet and outlet, input, and output are reversed.



Based on the conservation equation for mechanical energy, the dot product of the pressure gradient and velocity vector represents the rate at which work is done by the gradient of fluid pressure drop [22], which can be expressed by


   N p  =  u →  ·   − ∇ p   =   u →       − ∇ p     cos θ  



(7)







In analogy to synergy in heat transfer, the synergy angle of the momentum transfer process is therefore calculated as


  θ =  arccos     u →  ·   − ∇ p       u →       − ∇ p      



(8)







From the equation above, it can be expected that an increase in θ means a decrease in the fluid flow resistance and an increased work capacity of the pressure gradient. Thus, increasing the synergy angle is beneficial to enhancing the momentum exchange between fluid and impeller blades in a PAT for the energy transfer process.




2.4. One-Dimensional Hydraulic Loss Model


Despite the difficulty in obtaining detailed flow fields inside a pump and PAT by theoretical prediction based on a one-dimensional energy loss model, such a model can still be used as an efficient tool to determine the energy performance by calculating hydraulic loss. Effective predictions of the pressure head of a pump and PAT in various flow conditions were obtained compared with real operating data [16,23,24]. For this reason, the theoretical model is developed herein to verify the simulation result.



Based on the conservation of angular momentum, Euler’s equation can represent the pump head without considering the energy loss condition. The theoretical head Hth,P, also known as the Euler head, can be calculated as


   H  th , p   =    u  2 , p    C  u 2 , p   −  u  1 , p    C  u 1 , p    g   



(9)







In the equation above, C is the absolute velocity, u is the circumferential velocity, the subscript u is the circumferential component, and subscripts 1, 2, and p denote the impeller inlet, impeller outlet, and pump mode, respectively.



The circumferential component of the absolute velocity at the impeller outlet can be calculated as


   C  u 2 , p   =  C  u 2 ∞ , p   − Δ  C  u 2 , p    



(10)




where    C  u 2 ∞ , p     is only applicable under the assumption of an infinitely thin blade.



Under the assumed condition, the flow is congruent with the blade shape, and the flow angle equals the blade angle. In practice, the flow angle is smaller than the blade angle because of the deviated flow distribution on the blade pressure and suction surfaces. Taking this into consideration, the difference in velocity can be characterized by taking into account the slip effect as


  Δ  C  u 2 , p   =   1 −  σ p     u  2 , p    



(11)







The slip coefficient    σ p    can be obtained via the Stodola equation, which is


   σ p  = 1 −   π sin  β  2 , p    Z   



(12)







Due to the complexity of the internal flow of turbo-machinery, it is difficult to precisely calculate the energy loss associated with each section. The hydraulic loss is analyzed as it is one major factor affecting hydraulic performance.



The hydraulic friction of the pump inlet,   Δ  h  inf , p    , can be estimated based on the Fanning equation:


  Δ  h  inf , p   = λ ·    l  i n , p      D  i n , p     ·    c  i n , p     2    2 g    



(13)




where   λ   is the friction coefficient and can be calculated from the Reynolds number [23]; l and D are the length and hydraulic diameter of the pump inlet.



When the flow enters the blade channel, the incidence loss caused by the inflow deviation can be calculated as


  Δ  h  inc , p   =    f  i n c     2 g        u  1 , p     Q −  Q  d , p      Q  d , p        2   



(14)







The surface friction loss can be derived from the standard pipe friction model:


  Δ  h  sf , p   = Z · λ    l e     d  h , L a        w  a v     2    2 g    



(15)




where Z is the blade number, le is the blade length, dh,La is the diameter of the impeller passage, and wav is the average relative velocity [25].



When the liquid flows through a diffuser or contraction part in the impeller channel, diffusion or contraction loss occurs, and it can be estimated by the local resistance loss estimation formula as


  Δ  h  di , p   = ξ    w  1 , p     2    2 g    



(16)




where  ξ  is the drag loss coefficient depending on the equivalent diffusion angle [26].



In some cases, flow separation may occur near the impeller surface due to blade incongruent flow. The separation loss needs to be taken into account as follows:


  Δ  h  s e p , P   =        f  s e q , P          w  1 t , P      w  2 , P     − 1.4    2     w  2 , P     2   g  ,    w  1 t , P      w  2 , P     > 1.4       0 ,      w  1 t , P      w  2 , P       ≤   1.4        



(17)




where the flow separation loss coefficient fseq,p is set to 0.4.



The wake mixing loss is associated with the jet wake at the trailing edge of the impeller outlet, which can be calculated as


  Δ  h  mix , P   =     1 −     1 −  ε  w a k e , P      b  2 , P      b  V o l        2       1  1 −  ε  w a k e , P        2     c  m 2 , P     2 g    



(18)




where b is the width, subscript vol denotes the volute, and    ε  w a k e , P     is the wake coefficient [23].



After the work transfer process between the fluid and impeller, the high-energy entrained fluid enters the volute. However, the non-uniformity of the flow direction will cause impact loss in the volute chamber, which can be characterized as


  Δ  h  inc , vol   =   (     v  m 2      u 2     )  2       1   ψ 2    −    b 2     b 3         2   



(19)




where vm2 is the meridional velocity at impeller outlet, ψ is the blade exclusion coefficient, and b3 is the width of the volute inlet.



The friction loss along the volute and inside diffuser can be calculated via Equations (20) and (21):


  Δ  h  vsf , p   = λ    l  v o l      D  v o l        v  d s v o l     2    2 g    



(20)






  Δ  h  vdsf , p   = λ  1  8 tan (   θ 2   )      v  d s o     2    2 g   [         F  d s o      F  d s v o l        2  − 1  ]  



(21)




where F is the area, θ is the equivalent diffuser angle, subscript vol is the volute, dsvol is the connected section of the spiral part and diffuser of volute, and dso is the diffuser outlet.



In the diffuser, the flow separation loss caused by divergent structure is also considered as


  Δ  h  vdiff , p   = k    v  d s v o l     2    2 g    



(22)




where k is the diffuser loss coefficient [9].



Therefore, the theoretical head considering energy loss is obtained as


   H p  =  H  th , p   − ∑   Δ  h p     



(23)







It is noted that the theoretical energy loss model ignores secondary flow and a non-uniform velocity distribution in pump devices; such an assumption of idealized one-dimensional flow enables fast energy performance prediction. Similarly, the Euler equation also applies when the impeller runs reversely. Under such turbine mode operation, the flow direction and blade rotation are opposite compared with the pump modes, and the hydraulic energy is recovered into mechanical shaft work. In this process, one major difference is that the volute acts as a fluid distributor for the impeller. Therefore, the inlet flow angle to the turbine impeller is approximately equal to the volute angle, which is no longer the same as the outlet flow angle in pump mode [6].



The circumferential component of the absolute velocity at the impeller inlet under an infinite blade assumption is therefore calculated as


   C  u 1 ∞ , T   =    cot     α v    ·  C  m 1 , T    



(24)




where    α v    is the volute angle, and    C  m 1 , T     is the meridional velocity at impeller inlet of the turbine.



Considering that the diffusion part in pump mode turns into the contraction part in reverse mode, the separation losses are neglected. According to the discussion above, to calculate energy loss in turbine mode, we can then refer to Equations (13)–(16) and Equations (20) and (21). Then, the theoretical head of the PAT can be obtained accordingly. It is noted that in the loss analysis, the Sharma correlation was used to obtain the design flow rate of the PAT.





3. Results


3.1. Grid Dependency Test


The mesh density needs to be selected at a balance between computational accuracy and computational efficiency. For this purpose, the grid dependency test was carried out using different mesh densities of the simulation domain. As shown in Figure 3, the respective mesh numbers of the four simulation cases were 1,494,784, 1,961,957, 2,289,210, and 5,208,580. The calculated heads were 37.01, 40.18, 40.21, and 39.25 for the four cases. As the results show no obvious differences with greater mesh density, the grid number of 1961,957 in Case 2 was selected to save computational power.




3.2. Model Verification


In general, the calculated y+ value is used as guidance for mesh configuration and the selection of the most suitable turbulence model when experimental data are not available to validate CFD models [27]. For the pump simulation using the standard k–ε turbulence model, the impeller mesh y+ should be around 200 to meet the requirement [28]. In this study, the calculated y+ values of the impeller mesh were all below 120, and 95% of them were smaller than 40. For the purpose of further verifying the CFD numerical method, the 1-D theoretical model was used to solve the pressure head of the pump and PAT.



Both experimental and 1-D theoretical results are available to examine the accuracy and reliability of simulation results, and experimental validations are primarily considered to obtain a direct contrast against measured data [29,30]. However, due to some limitations when experimental facilities are not satisfactory, the analytical method can be used to minimize experimental work to verify the results obtained from other techniques [31]. Such model verification was made by mathematically comparing the simulation result with analytical results, as introduced in the literature [32,33,34], to prove the applicability of the CFD model implementation. As shown in Figure 4 and Figure 5, the CFD results in different operating conditions were compared with the corresponding theoretical data. A good agreement was observed between the CFD simulation result and the theoretical calculations. The head curves of the numerical and theoretical results follow similar trends, and the averaged relative variations for the pump head and turbine head predictions are 17.03% and 8.65%, respectively. Since the pump head is too small at the largest flow rate, which causes a relatively high discrepancy, the averaged relative variation was calculated as 6.31% in smaller flow conditions in pump mode. This indicates that the numerical model used in this work provides acceptable estimates after quantitative verification with the theoretical method using the energy loss model. The CFD result was then used to provide a vision of the flow field and synergy distribution, since the reliability of the simulation was considered to be successfully demonstrated.




3.3. Sensitivity of Parameter Correlation


Although it is common sense that the velocity simultaneously changes with the pressure of the fluid flow, it is difficult to quantitatively evaluate the correlation of each interactive variable. In order to investigate the coordinated variation in pressure and velocity during pump and PAT operations, the sensitivity index of the pressure–velocity correlation (SPV) is introduced as follows:


  S P  V i   k  =     min  i    min  k     C k *  −  C k i    +      ξ min   i    min  k     C k *  −  C k i         C k *  −  C k i    +      ξ min   i    min  k     C k *  −  C k i       



(25)




where    C k *    is the reference factor calculated as the head difference between each component, including the diffuser, volute, impeller, and pump inlet;    C k i    is the evaluation factor of each component calculated as the velocity difference between the inlet and outlet; and  ξ  is the correlation coefficient, which was set to 0.5.



Based on the one-dimensional theoretical result, the sensitivity of the pressure and velocity correlations was measured by SPV for each section of the pump and PAT. As shown in Figure 6, the effect of flow rate on SPV is different between the pump and PAT operations. For the pump mode, the pressure change is less sensible with velocity change at larger flow rates, while the trend is almost opposite for the PAT mode. This is because the rotation and flow direction both reverse in PAT mode; thus, the fluid in the impeller channel and diffuser displays contraction flow, which reduces the proportion of nonlinear separation loss, while the theoretical Euler head linearly varies with increasing flow rates. Also, it was found that when the device operates near high-efficiency operating conditions, the synchronous amplitude between pressure change and velocity change is relatively high. This is because in such region, the ratio of complex nonlinear energy loss is small, and this results in a more obvious peak for the pump mode considering the separation loss of divergent flow.



Despite the sensitivity behavior under various flow rates, it is beneficial to establish an overall perspective of sensitivity variations in the pressure and velocity changes in different device parts. As shown in Figure 7, the minimum SPV was obtained at the impeller part for both the pump and PAT, while a high synchronous amplitude was observed at the inlet and diffuser. This can be explained by the fact that the flow complexity increases due to the rotation of the impeller, causing the pressure change to not strictly follow a proportional relationship with velocity change; such a characteristic is reflected by the empirical energy loss model of the impeller. Moreover, it can be seen that for the design of the device inlet, volute, and diffuser parts, pressure drop can be largely eliminated by reducing the velocity drop, since the SPV of each part is relatively higher than that of the impeller.




3.4. Internal Flow Field Analysis


In order to obtain the internal flow field distribution characteristics of the PAT, numerical calculations were carried out under the inflow conditions of 17.25 kg/s and 27.6 kg/s. In order to ensure a stable state for the calculated results, the flow field at a typical time of 1.0 s after about 48 circles of rotation was selected. The results are shown in Figure 8, Figure 9 and Figure 10.



As can be seen from Figure 8, there is an obvious pressure gradient indicated by dense contour lines on the impeller surface, and the pressure on the leading edge of the blade is higher than that on the edge of the blade outlet. Comparing Figure 8a,b, the pressure on the blade surface is increased overall at a high flow rate in the PAT. This indicates that a larger driven force is added to the impeller blade when the inflow rate is increased.



In Figure 9, it can be observed that the static pressure decreases along the radial flow direction in the impeller. For example, for the PAT operated at 17.25 kg/s, the fluid pressure decreases from 0.51 MPa to 0.33 MPa in the channel located 90 degrees above the axis center. This can be explained by the energy recovery process, where the high-pressure fluid impacts the blade and transfers the pressure into the rotating mechanical energy of the impeller, resulting in a pressure drop in the fluid flow. Also, the lowest static pressure appears on the suction side of the blade leading edge, making this area prone to cavitation when operated under the lower back pressure of the PAT. Moreover, the pressure distribution is not symmetrical about the center, and the uniform pressure distribution is close to the volute tongue area, indicating that the tongue has a great influence on the pressure field of the PAT. In comparison, the pressure head is higher and the pressure distribution in the volute is more uniform at a large flow rate, which indicates that the energy conversion efficiency is relatively high under such conditions.



Figure 10 shows the respective synergy angle distributions of the PAT mid-plane under flow rates of 17.25 kg/s and 27.6 kg/s. It can be seen that at the flow rate of 27.6 kg/s, the cosine of the synergy angle is generally smaller compared to that for the operation at the flow rate of 17.25 kg/s. In Figure 10a, large cosine values are observed in the volute and near the pressure side of the impeller blade, indicating that the work done by the fluid is relatively small. In comparison, the synergy field in the volute and impeller channel in Figure 10b is significantly improved. This indicates that the momentum transfer of the turbine impeller can be enhanced under the high flow rate condition. In addition, it can be seen that the cosine of the synergy angle shows an alternating positive and negative distribution in regions of the blade leading edge, trailing edge, and volute tongue, which may be affected by rotor–stator interaction. This also suggests that design improvement in these regions should be considered to benefit PAT performance.




3.5. Performance Prediction


CFD simulations were carried out under different working conditions for both the pump mode and the turbine mode operations. Several key hydraulic performances were calculated, such as the head, power, torque, and efficiency. Moreover, the synergy index was analyzed.



Figure 11 shows the head–flow rate (H–Q) and power–flow rate (P–Q) curves of the centrifugal pump. It can be seen that both the power output and pump head are low under low flow rate conditions. The pump head decreases with increasing flow rate, and the highest head is about 41.91 m at a low flow rate. Meanwhile, with increasing flow rate, the lowest power of the pump is obtained at a flow rate of 27.6 kg/s.



The H–Q and P–Q curves of the PAT are shown in Figure 12. During the reverse operation mode, the high power area of the PAT deviates to the high flow rate condition. It can be seen that both the power output and pressure head are low under low flow rate conditions. The pressure head increases with increasing flow rate, and the highest head is about 56.81 m at a low flow rate. Meanwhile, with increasing flow rate of the PAT, the highest power of 15.37 kW is obtained at 27.6 kg/s.



Figure 13 shows the torque and efficiency performance of the pump, which are represented by T–Q and η–Q curves. It can be seen that the pump hydraulic efficiency increases first and then decreases rapidly with increasing flow rate, and the highest hydraulic efficiency reaches 56% at a flow rate of 17.25 kg/s. This variation trend is similar to that of the power output, indicating that an optimum flow rate exists for the most energy-efficient operation of a pump. It can also be seen that, with increasing flow rate, the shaft torque also increases. This implies that the driving force increases when the pump operates at a high flow rate at a fixed rotational speed.



As shown in Figure 14, the torque and efficiency increase with increasing flow rate in turbine mode. It is noted that when the flow rate is less than 17 kg/s, the torque remains small and even becomes negative. This means that the torque direction changes, and the fluid no longer applies work on the impeller. In such circumstances of low flow rate operation, the efficiency of the turbine decreases to zero and it becomes a power-consuming device, which shows different hydraulic characteristics in comparison with pump operation. In addition, the high efficiency zone of the PAT corresponds to a sharply decreasing efficiency zone of the pump. This indicates that the direct use of a PAT may lead to very limited hydraulic efficiency for the energy recovery process, and it is necessary to modify the design of the pump for use as a turbine.



Figure 15 shows the synergy angles of different pump sections under various operating conditions. A larger value of synergy angle indicates a better-synergized flow field. It can be seen that as the flow rate of the pump increases, the synergy angle of the pump impeller increases. This suggests that the flow field on the blade surface in the impeller improves at a large flow rate, which ultimately helps to enhance the pump torque. Moreover, the synergy angle of the pump outlet increases first and then decreases with increasing flow rate; the highest value is obtained at the optimized operating condition with the highest efficiency. It can also be seen that the synergy angle of the mid-plane decreases with increasing flow rate. This is caused by the high energy dissipation of pump expanding flow in the volute and impeller passage under a large flow rate. Such a dis-synergized flow field leads to a high pressure drop that ultimately affects the output of the pump head.



The synergy angle of the PAT is shown in Figure 16. The synergy angle of the PAT impeller also increases with increasing flow rate, as the enhanced momentum transfer between the fluid and impeller blade increases the torque of the PAT. Meanwhile, the synergy angles of the outlet and mid-plane generally increase in PAT mode, which corresponds to the increasing turbine efficiency and turbine head as well. This indicates that under the effective operating conditions in our study, the flow field synergy can be improved by increasing the flow rate, which is beneficial for energy transfer enhancement of the PAT performance.





4. Conclusions


This paper studied the hydraulic performance and flow behavior of a centrifugal pump running as a turbine. Through the established 1-D theoretical model and 3-D CFD model, both the inherent correlation degree between pressure and velocity and the field synergy degree were investigated. The main conclusions can be summarized as follows.




	(1)

	
The sensitivity index of the pressure–velocity correlation (SPV) can be used to measure the coordinated variation in pressure and velocity in the pump and PAT. The pressure change is less sensible with velocity change at higher pump rates, while the trend is generally the opposite for the PAT. Compared to the minimum SPV at the impeller, high synchronous amplitudes are obtained at the inlet and diffuser, suggesting that pressure drop can be largely eliminated by avoiding large velocity drop in these areas.




	(2)

	
According to the numerical results, the best working zone of the PAT shifts to a larger flow rate compared to that of the pump mode. With increasing flow rate, the head and torque are enhanced, and the pressure distribution in both the blade surface and volute shows a more obvious gradient. In addition, the lowest static pressure appears on the suction side of the blade leading edge, making this area cavitation-prone when operated under lower back pressure of the PAT.




	(3)

	
The synergy angle of the impeller surface of the pump and PAT increases with increasing flow rate. The maximum synergy angle of the outlet is obtained at the flow rate with the highest efficiency. Also, the synergy angle of the mid-plane shows a similar trend to the head variation with flow rate. For the synergy field of the PAT, a strong disordered distribution exists in regions of the blade leading edge, trailing edge, and volute tongue, indicating that proper design of these areas could be beneficial for performance improvement of the energy recovery process.




	(4)

	
The synergy analysis and the sensitivity correlation analysis can be applied to quantitatively evaluate the energy transfer performance and the inherent correlation between pressure and velocity. It is also expected to provide a basis for further design improvement and selection guidance for the operating conditions of the pump and PAT.
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Figure 1. Geometric model of the centrifugal pump with an open volute. 
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Figure 2. Simulation domain of the mesh model. 
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Figure 3. Assessment of mesh dependence. 






Figure 3. Assessment of mesh dependence.



[image: Processes 09 01031 g003]







[image: Processes 09 01031 g004 550] 





Figure 4. Comparison between numerical and theoretical results of the pump. 
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Figure 5. Comparison between numerical and theoretical results of the PAT. 
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Figure 6. SPV variation at different flow rates of the pump and PAT. 
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Figure 7. SPV variation in different parts of the pump and PAT. 
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Figure 8. The static pressure distribution at the PAT blade surface under different flow rates: (a) Q = 17.25 kg/s; (b) Q = 27.6 kg/s. 
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Figure 9. The static pressure distribution of the PAT mid-plane under different flow rates: (a) Q = 17.25 kg/s; (b) Q = 27.6 kg/s. 
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Figure 10. The synergy degree of the PAT mid-plane under different flow rates: (a) Q = 17.25 kg/s; (b) Q = 27.6 kg/s. 
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Figure 11. Pump hydraulic performance in terms of head and power. 
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Figure 12. PAT hydraulic performance in terms of head and power. 
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Figure 13. Pump hydraulic performance in terms of torque and efficiency. 
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Figure 14. PAT performance in terms of torque and efficiency. 
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Figure 15. Pump synergy performance at various flow rates. 
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Figure 16. PAT synergy performance at various flow rates. 
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Table 1. Main design parameters of the model.
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	Parameters (Unit)
	Value





	Impeller outlet diameter (m)
	0.165



	Impeller inlet diameter (m)
	0.092



	Blade thickness (m)
	0.02



	Hub diameter (m)
	0.03



	Number of blades (-)
	7



	Inlet blade angle (°)
	19.8



	Outlet blade angle (°)
	24.8



	Volute discharge area (mm2)
	996.4



	Volute width (m)
	0.033
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