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Abstract: Understanding the flow instabilities encountered by the turbocharger compressor is an
important step toward improving its overall design for performance and efficiency. While an experi-
mental study using Particle Image Velocimetry was previously conducted to examine the flow field
at the inlet of the turbocharger compressor, the present work complements that effort by analyzing
the flow structures leading to stall instability within the same impeller. Experimentally validated
three-dimensional computational fluid dynamics predictions are carried out at three discrete mass
flow rates, including 77 g/s (stable, maximum flow condition), 57 g/s (near peak efficiency), and
30 g/s (with strong reverse flow from the impeller) at a fixed rotational speed of 80,000 rpm. Large
stationary stall cells were observed deep within the impeller at 30 g/s, occupying a significant portion
of the blade passage near the shroud between the suction surface of the main blades and the pressure
surface of the splitter blades. These stall cells are mainly created when a substantial portion of the
inlet core flow is unable to follow the impeller’s axial to radial bend against the adverse pressure
gradient and becomes entrained by the reverse flow and the tip leakage flow, giving rise to a region
of low-momentum fluid in its wake. This phenomenon was observed to a lesser extent at 57 g/s
and was completely absent at 77 g/s. On the other hand, the inducer rotating stall was found to
be most dominant at 57 g/s. The entrainment of the tip leakage flow by the core flow moving into
the impeller, leading to the generation of an unstable, wavy shear layer at the inducer plane, was
instrumental in the generation of rotating stall. The present analyses provide a detailed characteriza-
tion of both stationary and rotating stall cells and demonstrate the physics behind their formation,
as well as their effect on compressor efficiency. The study also characterizes the entropy generation
within the impeller under different operating conditions. While at 77 g/s, the entropy generation is
mostly concentrated near the shroud of the impeller with the core flow being almost isentropic, at
30 g/s, there is a significant increase in the area within the blade passage that shows elevated entropy
production. The tip leakage flow, its interaction with the blades and the core forward flow, and the
reverse flow within the impeller are found to be the major sources of irreversibilities.

Keywords: turbocharger; CFD; PIV; centrifugal compressor; impeller; stationary stall; rotating stall;
tip leakage; streamlines; entropy generation; irreversibilities

1. Introduction

Downsizing internal combustion engines along with turbocharging is an effective
approach for reducing carbon dioxide emissions from vehicles to mitigate global warming [1].
A turbocharger comprises a radial turbine driven by exhaust enthalpy flow connected on the
same shaft to a centrifugal compressor that provides compressed air to the engine. Under
certain engine operating conditions, the turbocharger faces challenges, however, due to
instabilities encountered by its centrifugal compressor, primarily stall and surge [2]. While
stall adversely affects the compressor’s aerodynamic performance and efficiency, deep surge,
which is characterized by large amplitude pressure and flow rate fluctuations, results in
drastic deterioration of compressor performance and may lead to complete mechanical
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failure of the turbocharger [3]. The noise generated due to these instabilities (reaching
170 dB at surge) is also a major concern [4]. To mitigate these instabilities, it is critical to
analyze the flow structures involved in these processes. The present work, therefore, focuses
on analyzing the turbocharger compressor flow field using computational fluid dynamics at
discrete mass flow rates along a characteristic curve with a focus on stall instability.

Although considerable research has been conducted on compressor stall and surge for
the past several decades, they still remain an active area of research with regard to both
axial and centrifugal machines. The most generic use of the word ‘stall” in the literature
refers to the separation of the boundary layers from the blades or shroud. While the flow in
the impeller or the diffuser is subject to adverse pressure gradients, the separation of the
flow from the blades is thought to be a result of large positive incidence angles. Separation
of the flow from the shroud has also been well documented in the literature [5-7]. Near
the shroud, the flow is made to follow a curved path. The flow accelerates past the convex
surface, and the subsequent deceleration is the potential cause of separation [7]. Japikse [8]
refers to this kind of stall (wall shear layer separation) as ‘stationary stall’.

Stall may also result from dynamic instabilities, where the flow is not axisymmetric
but rotates around the annulus in a circumferentially non-uniform pattern, known as a

‘rotating stall’. When a portion of a blade row (in axial compressors) is affected by a stall

patch, the flow is deflected on both sides, leading to an increase in the blade incidence on
one side and a decrease on the other. Thus, the blade with increased incidence tends to
stall, and the stall cell propagates in the direction in which the incidence is increased.

If the onset of stall results in a very small drop in overall performance (and its presence
is indicated by a change in noise or high-frequency instrumentation), it is called ‘progres-
sive stall’, whereas a drastic drop in pressure rise and flow rate is a characteristic of “abrupt
stall’ [7]. Day [9] states that centrifugal compressors do not generally exhibit a discontinu-
ous pressure rise characteristic after stalling, while axial compressors of medium and high
loading experience a large pressure drop when stall occurs (abrupt stall). Most of the rise
in static enthalpy between inlet and outlet for centrifugal compressors is attributable to
the centrifugal effect (change in blade speed between outlet and inlet), which is essentially
loss-free, and not to the deceleration of the relative flow. Thus, the centrifugal compressor
still provides a reasonable pressure rise after stalling, although the aerodynamic behavior
is poor with patches of separated flow.

Stall cells may radially extend across the entire annulus (full-span stall) or part of
the annulus (part-span stall). Cumptsy [7] suggests that part-span stall cells often rotate
close to 50% of the rotor speed, whereas full-span cells usually rotate more slowly in the
range of 20-40%, with the speed increasing with number of stages. Day and Cumptsy [10]
provided more details regarding the nature of a stall cell: the average axial velocity in the
stalled sector of the annulus is nearly zero, whereas, in the unstalled part, it is above the
design value. The flow inside a stall cell is highly energetic and three-dimensional, with a
strong tangential component.

For axial compressors, the precursor for the rotating stall is believed to be either mode
(low amplitude, long wavelength circumferential disturbances) or spike (short wavelength
perturbation) [11-13]. Spakovszky and Roduner [14] studied stall inception in an advanced
design, preproduction, 5.0 pressure ratio, high-speed centrifugal compressor with a vaned
diffuser, which was also equipped with a bleed valve at the impeller exit. From unsteady
diffuser pressure measurements at 105% corrected design speed, a short wavelength (spike-
type) perturbation was shown to emerge with the bleed slot closed, which slowly grew in
amplitude and triggered full-scale surge instability, whereas four backward rotating (at about
8% of first-order shaft frequency) stall cells were observed when the bleed slot was open.

Aerodynamic instabilities near the blade tips of axial machines, particularly with large
tip clearances, at times, are referred to as ‘rotating instabilities” [9,15-19], a nomenclature
that has been somewhat debated in the literature. Some authors have attempted to dis-
tinguish between traditional rotating stall and rotating instabilities based on whether the
number of cells is constant or fluctuating [15]. These ‘rotating instabilities” are generally
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characterized by circumferential disturbances rotating in the same direction as the impeller
at roughly half the rotor speed, with its signature in the frequency domain being a broad-
band hump below the blade passing frequency (BPF). Much less work, however, has been
conducted on understanding the precursors of stall in centrifugal compressors.

Because of the small and compact nature of the automotive turbocharger, it is not
easy to obtain optical access or mount pressure transducers in different locations inside
the compressor, such as the diffuser. Thus, aside from experimental techniques, CFD
has become a powerful tool for exploring and understanding the physics behind the
flow structures and acoustics of the turbocharger. Iwaraki et al. [20], Tomita et al. [21],
and Cao et al. [22] studied the tip leakage flow and examined its possible role in stall
inception. Iwaraki et al. [20] performed Detached Eddy Simulations (DES) on a centrifugal
compressor impeller at stall inception and found that the interaction between the blade
tip leakage flow and splitter blades created a horseshoe vortex which was responsible
for degrading compressor performance. Cao et al. [22] performed Reynolds-Averaged
Navier-Stokes (RANS) simulations on a centrifugal compressor at near stall conditions
and illustrated how flow instability (unstable shear layer with strong spanwise vorticity
created due to interaction of incoming mainstream flow and tip leakage flow) induces
vortex shedding resulting in short wavelength and high amplitude pressure perturbations
rotating at half the blade speed. Guleren et al. [23] performed RANS as well as Large Eddy
Simulations (LES) to study tip leakage flow in an unshrouded centrifugal compressor by
investigating velocity profiles as well as probability density function and power spectral
density of instantaneous velocities. The results suggested that the velocity values in the tip
wake region were less intermittent than those in the region near the blade suction surface.
Miura et al. [24] illustrated the presence of a three-cell rotating stall in the vaneless diffuser
and a single rotating stall cell in the impeller of a centrifugal compressor using RANS
simulations. The rotational speed of the diffuser stall cells was observed to be about 17% of
the shaft speed, whereas the speed of the impeller stall cell was over 70%. The single-cell
rotating stall caused strong sub-synchronous shaft vibrations. Margot et al. [25] found two
low-pressure instability zones within the impeller along with a circumferential pressure
distortion around the volute passage through 3D CFD computations and attributed the
rotating stall cells to be the precursors of surge. Hellstrom et al. [26] carried out LES
simulations in a ported shroud compressor at an operating point close to surge with the
objective of determining the driving mechanism behind the unsteadiness in the compressor
flow field to gain a more comprehensive understanding of the precursors to stall and surge.
They concluded that due to the extremely complex unsteady flow, it was impossible to
exactly identify the mechanism that starts the unsteadiness. It may be initiated due to the
flow structures created near the inducer due to the reverse flow from the ported shroud, or
in the diffuser due to structures like tip vortices and horseshoe vortices created in the wheel,
or even due to separation from the volute tongue. Bousquet et al. [27] investigated how
the flow structures in the compressor change from peak efficiency to near-stall conditions,
along with the demonstration of secondary flow effects in the impeller. They also observed
flow separation from the suction surface of diffuser vanes with a reduction in mass flow
rate. The literature shows that while various authors have identified different mechanisms
responsible for the inception of stall in the centrifugal compressor, the same remains an
active area of research.

While the majority of research described thus far pertains to large turbomachines, for
example, large-scale centrifugal compressors used in tandem with gas turbines, much less
work has been conducted in characterizing the flow field of small centrifugal compressors,
typically used in automotive turbochargers. The present authors have previously carried
out Particle Image Velocimetry (PIV) measurements at the inlet of a turbocharger compres-
sor [28-30]. But, in these experiments, the optical access at the compressor inlet was limited
to the inducer plane of the impeller, which permitted the characterization of the flow
field only in front of the compressor wheel. While stall instabilities were observed at the
compressor inlet, it was not possible to exactly identify the generation mechanisms within
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the impeller. To complement the experimental effort, the current study uses computational
fluid dynamics to provide insights into the impeller flow field. The main objectives of this
work are to carry out 3D CFD simulations at three different flow rates on the compressor
map, validate the predictions using previously acquired experimental data, and finally,
identify the flow physics and generation mechanisms of impeller stall for the turbocharger
compressor along with their potential effect on compressor isentropic efficiency.
Following this introduction, the computational domain is described in Section 2. The
model is described in Section 2.1 and the assumptions are summarized in Section 2.2.
Section 3.1 shows the CFD operating points on the compressor map and validates the CFD
results against experimental data. Section 3.2 presents the analyses of the compressor flow
field, including the illustration of stationary stall cells (Section 3.2.1) and the generation of
rotating stall cells (Section 3.2.2). Finally, the concluding remarks are provided in Section 4.
An analysis of entropy generation within the impeller is also provided in Appendix A.

2. Computational Domain
2.1. Model Description

A 3D CFD model was created for the turbocharger compressor installed on the OSU
turbocharger bench stand [28,31], and predictions have been completed on the Owens
Cluster of the Ohio Supercomputer Center (OSC) using STAR-CCM+ software (Version
12.06.010) [32]. The details of the compressor geometry are listed in Table 1. The compressor
has a vaneless diffuser and is not equipped with a passive recirculation channel or ported
shroud. The computational domain is shown in Figure 1, which consists of three regions to
allow for rigid body motion of the axisymmetric meshed region surrounding the impeller
(green) relative to the stationary up (blue) and downstream (red) regions. Between regions,
internal interfaces are utilized, where the solver computes the intersecting faces at every
time step. Upstream of the compressor, the duct geometry, including the length and inlet
bellmouth, is identical to the experimental setup [28]. The inlet boundary condition (BC)
is a ‘free-stream’ type with static temperature and pressure specified as reference values
of 298 K and 100 kPa, respectively. The inlet boundary of the computational domain is
spherically shaped so that the pressure waves incident upon the bellmouth opening can be
naturally transmitted and reflected without artificial numerical reflection. The ‘free-stream’
boundary is non-reflecting to pressure waves incident normal to the surface; so, the inlet
sphere is centered about the bellmouth opening to satisfy this condition [33]. The outlet
duct is modeled with a length equal to about ten times the internal duct diameter, and a
constant mass flow boundary condition is specified at its end. During simulations, the
rotational speed of the impeller is fixed at 80,000 rpm.

Table 1. Compressor geometry details.

Parameters Value
Number of main blades 6
Number of splitter blades 6
Inducer tip radius 19.6 mm
Inducer hub radius 4.97 mm
Inducer shroud radius 19.95 mm
Exducer diameter 49 mm
Length of diffuser 18.1 mm
Diffuser ‘b’ width 3.54 mm
Compressor inlet duct inner radius 23.5 mm

The present study incorporates impeller rotation and all blade passages to capture
the unsteady interaction of the impeller blades and asymmetric volute. In addition, the
tip clearance region between the impeller blade tips and shroud is sufficiently resolved to
capture tip leakage flow. Table 2 summarizes the detailed boundary conditions applied for
each of the three fluid regions shown in Figure 1, along with their total cell count.
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Figure 1. Geometry of the CFD model.

Table 2. Computational domain cell count and boundary conditions.

. . Cell Count ipe
Fluid Domain (Million) Boundary Conditions

. Free-stream inlet boundary: static temperature: 298 K; static
pressure: 100 kPa; turbulent intensity: 0.01; viscosity ratio: 10.

Stationary Upstream 0.38 e  Adiabatic and smooth inlet duct surfaces with no-slip shear

Region stress specification (wall).

. Internal interface with the rotating region.

° Constant rotation of 80,000 rpm applied to all cells and
impeller surface.

. Stationary shroud and diffuser surfaces (wall).

Rotating Region 3.95 ° Adiabatic and smooth impeller, diffuser, and shroud surfaces

(wall) with no-slip shear stress specification.

. Internal interfaces with the stationary up and
downstream regions.

. Internal interface with the rotating region.

. Adjiabatic and smooth volute and outlet duct surfaces with

Stationary no-slip shear stress specification (wall).

Downstream Region 0.79 . Outlet duct exit boundary: constant mass flow rate; flow

direction: boundary normal; total temperature: 300 K; turbulent
intensity: 0.01; and viscosity ratio: 10.

The total cell count of the present model is 5.1 million (polyhedral cells with prism
layers at the walls). The mesh is most refined in the vicinity of the impeller and diffuser,
where the rotating region contains 3.95 million cells (approximately 77% of the total).
Figure 2 shows an example of the mesh refinement within (and in front of) the impeller,
including the blade leading edges. The increased number of faces for polyhedral cells
allows for a lower cell count than that comprised of tetrahedral cells without sacrificing
accuracy. Polyhedral cells also allow for a smoother transition of grid sizes (from walls to
core), faster convergence, and improved gradient calculation due to the increased number of
cell neighbors. In order to balance accuracy and runtime for these relatively long-duration,
unsteady simulations, the near-wall prism layer height is specified to obtain a relatively
high y* (y* = 30) mesh. The “all-y*’ wall treatment in STAR-CCM+ is therefore adopted,
where wall functions are used to model the viscous sublayer when the mesh resolution is
inadequate. The global maximum cell size (within the compressor and ducting, excluding
the spherical inlet portion) is limited to 1.44 mm, such that a minimum of 20 cells are
utilized to resolve pressure fluctuations at a frequency of 12 kHz (wavelength of 28.83 mm
at 298 K) [34]. This relatively coarse mesh is used within the up and downstream regions
of the domain, which are further from the impeller. Within the rotating region, the mesh
resolution is significantly finer (recall Figure 2). The minimum cell size on the surface of the
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impeller is about 30 pm, and the maximum cell size in the volume mesh surrounding the
inducer region of the impeller is limited to 0.5 mm. Surface and volume mesh growth rates
are limited to a factor of 1.2 in order to provide a gradual transition of cell size throughout
the domain.

Figure 2. Illustration of surface mesh on the impeller along with volume mesh on planes passing
through the axis of rotation and the leading edge of main impeller blades.

The working fluid is standard air with constant material properties, and the compress-
ible ideal gas model is employed. These fluid properties are listed in Table 3. At wall
boundaries, the no-slip velocity and adiabatic thermal conditions are utilized. In this code,
the finite volume method is used to transform the governing equations into a form that
can be solved numerically, and the present study utilizes the coupled algebraic multi-grid
(AMG) solver with a second-order spatial discretization scheme for the diffusive flux while
Roe’s scheme is utilized for the inviscid flux. Both the coupled implicit and turbulence
AMG solvers use the flex cycle to automatically optimize the relationship between the
coarse and fine mesh cycles. A second-order implicit time-marching scheme is used with a
number of sub-iterations at each time step to reduce the residuals by at least six orders of
magnitude (for each time step). The unsteady Reynolds-Averaged Navier-Stokes (URANS)
equations are solved, while the closure is provided by the shear stress transport (SST) k-w
turbulence model [35,36]. The time step for the present CFD predictions is 60 ns, such that
the impeller rotates 0.0288° each step (12,500 time steps per revolution). This stringent time
step was selected to maintain the global maximum convective Courant Number near unity.
The simulations were considered converged when the fluctuations in the distribution of
isentropic efficiency with respect to time reduced below 1%. The simulations were run for
a total physical time of at least 40 ms (about 53 impeller revolutions).

Table 3. Fluid (air) properties.

Dynamic Viscosity 1.85508 x 107> Pa-s
Molecular Weight 28.9664 kg /kmol
Specific Heat 1003.62 J/kg-K
Thermal Conductivity 0.02603 W/m-K
Turbulent Prandtl Number 0.9

2.2. Model Assumptions

The assumptions in the present CFD modeling are summarized below:
Working fluid (air) has constant material properties and obeys the ideal gas law.
The fluid zones have adiabatic walls.

All duct, impeller, shroud, diffuser, and volute walls are smooth.
The ‘all-y™’ wall treatment with a wall mesh of y* around 30 is utilized.
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e  Turbocharger shaft vibrations and speed fluctuations are neglected.
URANS (k-w SST) turbulence model with a linear constitutive relation between
Reynolds stress and strain rate is used.

3. Results and Discussion
3.1. Operating Points and Model Validation
3.1.1. CFD Operating Points

Three operating points were chosen for the CFD predictions as listed in Table 4.

Table 4. CFD operating points.

Speed Mass Flow Rate Flow Coefficient Reynolds Number
(krpm) (g/s) () (Re)
77 0.135 1.2 x 10°
80 57 0.101 0.9 x 10°
30 0.052 1.8 x 10°

The operating points were chosen such that the first point (77 g/s) is the maximum
flow rate on the OSU turbocharger bench stand at a rotational speed of 80,000 rpm; 57 g/s is
an operating point at the peak efficiency region, which is just above the flow rate threshold
(55 g/s) when reversed flow was first observed experimentally in the inlet duct at this
speed; and for the last operating point (30 g/s), the phenomenon of inlet recirculation is
rather significant at the compressor inlet, where the reverse flow propagates upstream and
subsequently becomes entrained back into the forward-moving fluid. Table 4 also lists the
flow coefficient [7] .

J— mc
¢ p1U;2D3
corresponding to each operating point, where 7. is the actual mass flow rate, p; is the inlet
air density, U > is the exducer tip speed, and D, is the impeller exit diameter. Also shown
in Table 4 is the Reynolds Number

1)

_ p1Uc1 Dy
H

corresponding to each mass flow rate, where D is the inlet duct diameter (=0.047 m), U, 1 is
the centerline mean axial velocity in the inlet duct at an axial location of 23.2 mm from the
inducer plane, and y is the dynamic viscosity.

Re )

3.1.2. Performance and Efficiency Comparison

Figure 3a shows the comparison of compressor characteristic predictions (at 80 krpm):
total-to-total pressure ratio,
PRett = po2/ por, 3)

versus corrected mass flow rate,

Thc,cor = mcy/ TOl/Tref/ (PO] /Pref)r 4

from CFD (open symbols) with steady-state experimental data (closed symbols) from the
turbocharger bench, where py; and pg, are the total pressures at the compressor inlet
and outlet, respectively, T,os = 298 K is the reference temperature, and p,.¢ = 100 kPa is
the reference pressure. Figure 3b illustrates the comparison of compressor total-to-total
isentropic efficiency () predictions from CFD to experimental data. The close agreement
between the predictions and the experimental data demonstrates that the model is capable
of accurately predicting compressor performance and efficiency.
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Figure 3. (a) Comparison of compressor characteristic predictions at 80 krpm from CFD with steady-

state experimental data, and (b) comparison of compressor isentropic efficiency predictions at 80 krpm
from CFD with steady-state experimental data.

3.1.3. Velocity Field Comparisons between Predictions and Experiments

In this section, the flow field at the compressor inlet obtained from the CFD predictions
is compared with experimental data obtained earlier using the Particle Image Velocimetry
technique [28-30]. The comparisons are presented in terms of color contours as well as
velocity profiles. These validations are provided for the operating points of 77 and 30 g/s.
Since the flow field at 57 g /s in front of the impeller (within the PIV domain) is qualitatively
very similar to that at 77 g/s, the comparisons for this mass flow rate have been excluded.

Figure 4a presents the comparison of time-averaged axial velocities on an axial plane
passing through the center of the compressor wheel at 77 g/s. The upper portion (above
the dot—dash centerline or axis of rotation) of the figure is from 3D CFD predictions, while
the bottom half is obtained from PIV measurements. Similar comparisons at 30 g/s are
provided in Figure 4b,c for mean axial and tangential velocities, respectively. The tangential
velocities at the compressor inlet are negligible at 77 g/s and are not presented here. The
velocities are presented in terms of color contours, where the Cartesian coordinate system
utilized is illustrated in Figure 4a. The axial domain portrayed in Figure 4 corresponds to the
PIV interrogation domain [30]. The horizontal axis ("Axial Distance, £ [mm]’) of the figure
denotes the axial distance from the compressor nut (or origin) along the negative X axis.
The origin at £ = 0 mm is 12.7 mm from the leading edges of the main impeller blades.
The center of the duct is at a radius of r = 0 mm, and |r| = 23.5 mm corresponds to the
inner surface of the inlet duct walls. The regions in the PIV domain affected by laser
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light reflections from the compressor nut and blades are covered by a gray oval. The
sign convention adopted for axial velocity (X velocity) is positive for flow entering the
impeller (from right to left in Figure 4a,b) and negative for reverse flow. Tangential velocity
(Z velocity) in Figure 4c is positive for flow moving into the plane under investigation. The
rotation of the compressor is in the clockwise direction, that is, out of the plane of the page
at the bottom and into the plane of the page at the top. This is depicted in Figure 4c by a
black arrow around the centerline. Figure 4 illustrates good qualitative agreement between
the predictions and measurements for both operating points.

60

w
o

Axial Velocity, U [m/s]

N WD
5 8 & ©

o

Y

N
o o o

— {ll-40

0O 10 20 30 40 50 60 70 80

0 10 20 30 40 50 60 70 80
Axial Distance, € [mm]

Figure 4. Contour plots of time-averaged (a) axial velocity (at 77 g/s), (b) axial velocity (at 30 g/s),
and (c) tangential velocity (at 30 g/s) on an axial plane passing through the axis of rotation from 3D
CFD data above the center line and PIV data below.

For a more quantitative analysis, velocity profiles are presented next from CFD simula-
tions and PIV measurements for two different configurations. Figure 5a presents the radial
and tangential velocity profiles on a cross-sectional plane 2 mm in front of the main blade
leading edges for a particular azimuthal orientation (illustrated through the schematic in
Figure 5a). This configuration is first chosen because, being close to the impeller, the radial
and tangential velocities at 77 g/s are non-zero (albeit small). The PIV data [29] are shown
in circular symbols and CFD using triangles. At 77 g/s, the tangential and radial velocities
are presented in blue and green, respectively, while the corresponding colors at 30 g/s are
red and violet. The ordinate in these plots is the relative height, which is given as
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iR R ®

s h
where H is the total height from hub to shroud, # is the local height from the hub, R is the
radius, Ry (=4.97 mm) is the radius of the hub at the inducer plane, and Rs (=19.95 mm)
is the radius of the shroud at the inducer plane. Thus, h/H ranges from 0 at the hub to
0.977 in front of the blade tip. The available experimental data point closest to the hub
corresponds to i/H = 0.07. Now, the experimental data corresponding to Figure 5a is
obtained from 2D PIV experiments, where the out-of-plane component of velocity, that is,
axial velocity, was not available. So, the axial velocity profiles are presented instead for a
fixed location (¢ = 10.5 mm) on the plane passing through the axis of rotation (Figure 5b).
The experimental traces are shown in red, and the predictions are shown in blue. Solid lines
are used for 77 g/s, and dashed lines for 30 g/s. The comparisons in Figure 5a,b show that
while the CFD results agree fairly well with the experiments, the predicted peak velocity
magnitudes at 30 g/s are slightly higher. This discrepancy between the measurements
and the predictions may be because of a combination of increased uncertainty of the PIV
data near the walls due to reflections and glare and the inaccuracies in the CFD model for
endwall flows. Since the current predictions do reasonably capture all the trends shown by
the experimental data, they are used next to further examine different characteristics of the
flow field.

(a)

1
0.8
77 g/s 30g/s
0.6+
- O tangential | O tangential
z PIV
0.4+ radial radial
A tangential | A tangential
021 CFD
radial radial
0 L f
-20 0 20 40 60 80 100 120 140
(b)
60
:
40
> 77g/s | 30g/s
=
g 2 PIV| —— | ===~
2
T o CFD | —— | ===---
<
'y /—1_4_ i1
-20 ST S
% £=10.5 5

-20 -10 0 10 20
Radius, r (mm)

Figure 5. (a) Comparison of time-averaged radial and tangential velocity profiles on a cross-sectional
plane at £ = —10.7 mm (2 mm in front of the main blade leading edges) between experiments [PIV
(circles)] and predictions [CFD (triangles)]; (b) comparison of time-averaged axial velocity profiles at

a fixed axial location (¢ = 10.5 mm) on an axial plane passing through the center of the compressor
wheel for PIV (red) and CFD (blue).

3.2. Flow Field Analysis

This section illustrates the flow field inside the impeller with a focus on the generation
of both stationary (Section 3.2.1) and rotating stall cells (Section 3.2.2).
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For analyzing compressor stall in Sections 3.2.1 and 3.2.2, eight different cross-sectional
planes at specific distances from the leading edge of the main impeller blades are chosen.
These planes (labeled from a to h) and their respective distances with respect to the leading
edges of the main blades are shown in Figure 6. The first plane (labeled a) is 2 mm in front
of the leading edges, which is the same as the plane for the 2D PIV investigation domain
(recall Figure 5a). The second plane (b) is the inducer plane. The other planes are within the
impeller at successively larger distances from the leading edge. Plane e, which is 8.78 mm
from the main blade’s leading edges, is just in front of the leading edges of the splitter
blades. It is also the location from where the shroud’s axial to radial bend starts becoming
prominent. Plane h passes through the exducer and the diffuser.

g. Main Blade LE-12.5 mm f. Main Blade LE-10 mm

e. Main Blade LE-8.78 mm (LE of splitter)

h. Main Blade LE-15 mm

) d. Main Blade LE-5 mm

c. Main Blade LE-2.5 mm
b. Main Blade LE

«— a. Main Blade LE+2 mm

_“% x| Compressor Nut

23.5mm

- Inner Surface of Glass Wall

r=

Inlet Step

LE: Leading Edge

Figure 6. Eight cross-sectional planes with respect to the impeller for flow field analyses.

3.2.1. Analysis of Stationary Stall Cells

While Figure 4 shows how the relatively simple flow moving axially into the compres-
sor at 77 g/s (Figure 4a) changed into a swirling three-dimensional flow field at 30 g/s
(Figure 4b,c) with an annular region of negative axial velocity near the periphery (reversed
flow), the present section analyzes from where this reverse flow is generated and its rela-
tionship with stationary stall cells. The results are presented mainly at the lowest flow rate
of 30 g/s since the phenomenon of reversed flow was observed to be most prominent here
(out of the three operating points). First, the axial velocity distribution within the impeller
at 30 g/s is presented in Figure 7. The contours labeled from a to h correspond to the same
planes shown in Figure 6. The individual sizes of the color contours representing these
planes preserve the ratios of their cross-sectional areas except for contour ‘h’, which had to
be scaled down further so that it could be contained in the same figure. The splitter blades
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in contours ‘g’ and ‘h’ have been shaded in gray. The black lines in Figure 7 denote the
iso-lines for zero mean axial velocity.

Axial Velocity (m/s)

Figure 7. Instantaneous axial velocity contours on different cross-sectional planes (a—h) within the
impeller at 30 g/s.

The color convention here is consistent with that of Figure 4, where negative axial
velocity (shades of yellow and red) indicates reverse flow coming out of the compressor
toward the inlet. Recalling Figure 4b, it is evident that at this operating point, the phe-
nomenon of inlet recirculation has been established within the inlet duct, and Figure 7a
shows the reverse flow occupying an annular region near the periphery. On the inducer
plane, reverse flow is present near the blade tips (Figure 7b), but it occupies a larger area
near the pressure surface than the suction surface. Figure 7c,d show that as the reverse
flow makes its way out of the impeller progressively through planes d, ¢, and b, there is a
gradual increase near the pressure surface blade tips in the thickness of the annular region
of negative axial velocity. On the other hand, further inside the impeller, on planes e and f,
the reverse flow is more or less confined near the blade tips between the suction surface
of the main blades and the pressure surface of the splitter blades with the thickness of
the reverse flow region being slightly more skewed toward the main blades. On plane g,
the magnitude of the reverse flow has substantially decreased, and on a time-averaged
basis, only pockets of negative axial velocity are observed near the shroud at the suction
and pressure surfaces of the main and splitter blades, respectively (Figure 7g). The vector
plot of relative velocity on plane f at 30 g/s is shown in Figure 8, which clearly shows that
the portion of the blade passage near the shroud between the suction surface of the main
blades and the pressure surface of the splitter blades is stalled (axial velocity is nearly zero).
The stall cells in Figure 8 are identified using red dashed ovals. Similar structures are also
observed on planes e and g between the suction and pressure surfaces of the main and
splitter blades, respectively. While these stall cells were also observed at 57 g/s, they have
grown in size and have become more prominent at this operating point. On the other hand,
these were not observed at all at 77 g/s. The following discussion will help with further
characterization of these stall cells and illustrate the physics behind their generation and
location with respect to the blades.
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Plane f

40 10 -20

- Axial Velocity (m/s)

Figure 8. Frontal view of the impeller showing vector plot of relative velocities on plane f at 30 g/s.

Figure 9a presents the mean axial velocity (above the centerline) and mean absolute
pressure (below the centerline) on an axial plane passing through the axis of rotation. The
solid black lines denote the iso-lines for zero mean axial velocity, and the three dashed
vertical lines denote the axial locations of planes e, f, and g (recall Figure 6). As the
compressor mass flow rate is reduced from 77 to 57 and then to 30 g/s, the incidence
angle at the blade tips increases, and flow separates from the blade suction surface [2,28].
A strong adverse pressure gradient is observed within the impeller (Figure 9a), which
pushes this separated fluid toward the inlet, thus helping in the generation of reverse flow.
Note that the thickness of the reverse flow region near the shroud increases sharply around
plane e as compared to further within the impeller, which is also the location where the
axial to radial bend of the shroud starts. Figure 9b,c present the radial velocity distribution
and the relative velocity vector plot, respectively, on the same plane. The right boundary of
Figure 9c is identified on the top half of Figure 9a using a dashed white line. Figure 9c shows
that a considerable portion of the forward flow is unable to follow the impeller’s axial to
radial bend against the adverse pressure gradient and becomes entrained by the reverse
flow and the tip leakage flow moving back out of the impeller. This further strengthens the
reverse flow at this operating point and also explains the sudden increase in the annular
thickness of the reverse flow region inside the impeller as observed in Figure 9a. Upstream
of plane e, the axial velocity magnitude is high, while the radial velocity starts increasing
downstream of plane g. The black oval in Figure 9c indicates a low-momentum region near
the shroud between planes e and g that is conducive to the generation of stationary stall
cells. Note that even on a highly saturated color scale, the axial velocity within the oval
region is close to zero. It identifies the axial location within the compressor where the stall
cells are generated. Thus, the stall cells observed in Figure 8 are axially located in the wake
of the blockage created by the annular reverse flow region formed near the shroud of the
impeller, where the axial to radial bend of the shroud is prominent.
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Figure 9. At 30 g/s: (a) distributions of mean axial velocity (above the centerline) and mean absolute
pressure (below the centerline); (b) distribution of radial velocity; (c) relative velocity vector plot on
an axial plane passing through the center of the wheel.

Figure 10a shows the contour plot of relative total pressure on plane f (same plane
as in Figure 8) at 30 g/s. The regions where stall cells were observed in Figure 8 between
the suction surface of the main blades and the pressure surface of the splitter blades also
correspond to zones of low relative total pressure. This is further illustrated in Figure 10b,
where the same contour plot of relative total pressure is shown within one blade passage,
and the relative velocity vectors are portrayed in the adjacent one. The vectors’ color bar
representing axial velocity has a different color scheme from that of Figure 8 to improve
the contrast with the relative total pressure contour. The figure clearly illustrates the
non-uniformities in the distribution of relative total pressure on plane f. It can be shown
theoretically that gradients in relative total pressure distributions can lead to the generation
of secondary flows within the impeller [8,37]. The impact of the generation of secondary
flows can be broadly classified under the effects of rotation and curvature. The effect
of rotation [Coriolis force (—2pw x w), where w and w are angular velocity and relative
velocity vectors, respectively] starts to become potent as the flow is turned in the radial
direction and is most effective near the outlet. For example, for an impeller rotating in the
clockwise direction, the core flow experiences Coriolis force from suction to the pressure
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surface of the blades, which is, in turn, balanced by pressure gradients acting in the opposite
direction. For a region of low-momentum fluid (for example, within the boundary layer in
an adverse pressure gradient), the relative velocity and hence the magnitude of Coriolis
force acting on it is low, and the pressure gradients (same magnitude as for core flow) tend
to force this low-momentum fluid toward the suction surface. Similarly, as the core flow
moves along the axial to radial bend of the shroud, the centrifugal forces are balanced by
pressure gradients. But, if a low-momentum region (or a region of low relative stagnation
pressure) is formed due to some reason, the pressure gradients will try to force that fluid
toward the shroud. This may partially explain why the stall cells in Figure 8 were located
near the shroud beside the suction surface of the main impeller blades.

100 70 40 10 —-20 -50
ST W il veloaty (/5] , .

-1 1.2 3.4 5.6 7.8 10

BN reatieTotal pressure ke -

Figure 10. Frontal view of the impeller at 30 g/s showing on plane f (a) contour plot of relative total
pressure (b) relative total pressure contour in one blade passage and relative velocity vectors in the
adjacent one colored by axial velocity.

Japikse [8] highlighted the role of a centrifugal impeller passage in diffusing the high
kinetic energy of the incoming flow to maximize the performance, while failure to do so
results in a penalty in terms of efficiency. As these stall cells occupy a large portion of the
blade passage near the shroud, they reduce the effective blade passage height and, hence,
the net diffusion of the relative flow. Furthermore, as these stall cells increase the non-
uniformity in the flow field (for example, exacerbate the jet-wake structure at the impeller
exit), they also lead to further flow losses within the compressor. This phenomenon of a
part of the blade passage being stalled between planes e and g was first observed at 57 g/s,
which is very close to the peak efficiency regime of the compressor (recall Figure 3b). Now,
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as the mass flow rate is further reduced to 30 g/s, these stall cells grow stronger, and the
compressor efficiency is also observed to decrease quite rapidly (Figure 3b).

While the stall cells, as observed in Figure 8, are present to a lesser extent at 57 g/s,
they are completely absent at 77 g/s. The adverse pressure gradient within the impeller
is far less severe at 77 g/s than in Figure 9a, and because of the increased mass flow rate,
the forward flow momentum is higher, resulting in the absence of any significant reverse
flow within the impeller. Unlike Figure 9c¢, a low-momentum region is not observed on
planes e, f, and g, and thus no stall cells are formed. At 57 g/s, while the reverse flow
is not strong enough to penetrate back into the inlet duct, there is still local recirculation
within the impeller, and the flow field between planes e and g is similar to that at 30 g/s
(recall Figure 9¢).

3.2.2. Analysis of Rotating Stalls

The analysis here focuses on the operating point at 57 g /s, the mass flow rate where the
phenomenon of inducer rotating stall was observed to be most dominant. Figure 11 presents
the dynamic pressure fluctuation on planes a-h (recall Figure 6) at 57 g/s. Alternate cells
of positive and negative pressures are visible near the blade tips and are most prominent
on plane b (inducer plane). While they are still visible on planes c and d, they appear to
become less distinct further inside the impeller.

Dynamic Pressure (Pa)
—4000.0 —2400.0 —800.00 800.00 2400.0 4000.0

Figure 11. Dynamic pressure contours on different cross-sectional planes (a—h) within the impeller
at57 g/s.

A time-resolved animation (created in the laboratory frame of reference) from the
present URANS simulation at 57 g/s portraying how these stall cells on the inducer plane
rotate with respect to the compressor wheel is available online [38]. In the animation (or
Figure 11b), a total number of 13 cells were found to rotate in the same direction as that
of the impeller at about 45% of the impeller blade speed. These were observed to a lesser
extent at 77 g/s on planes c and d and are hardly present at 30 g/s (see Appendix B).

Figure 12a presents the frequency domain analysis of a virtual pressure probe in front
of the blade tips (radial location of 19.6 mm) and 1 mm in front of the inducer plane at 57 g/,
and Figure 12b shows a comparison of the sound pressure level (SPL) distribution versus
frequency at the chosen three flow rates. The rotor order is also presented as an alternate
X-axis (in green) in both Figure 12a,b. A rotor order of 1 corresponds to the synchronous
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frequency of 1.33 kHz and 6 to the blade passing frequency of 8 kHz, respectively. For an
impeller with Z main blades operating at a rotational speed of N rpm, the blade passing
frequency (fppr) can be computed as

N
fopr= g5 X Z. (6)
similarly, the frequency frs corresponding to the rotating stall cells (RS) is
N
frs = % X MRs @)

where Ngg is the rotational speed of the cells in rpm, and mpgg is the number of rotating
stall cells; the frequency of interaction of the RS cells with the rotor or impeller blades

(fr&rs) [39-41] is
fr&Rrs = fBPF — fRs (8)
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5: Noise due to interaction of RS with blades
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Figure 12. From a virtual pressure probe at a radial location of 19.6 mm and an axial location of 1 mm
in front of the inducer plane: (a) predicted sound pressure level versus frequency (or rotor order) at
57 g/s; (b) comparison of predicted SPL versus frequency (or rotor order) at 77 (blue), 57 (orange),
and 30 g/s (yellow).

In the present case with N = 80 krpm and Z = 6, fppr, frs, and frers, computed
using Equations (6)—(8) are 8, 7.8, and 0.2 kHz, respectively. Figure 12a identifies the noise
generated at frs, fpr, their corresponding second harmonics, and also frgrs using black
circles and arrows (labeled 1 through 5). At 57 g/s, where the RS cells were found to be
most dominant among the three mass flow rates, the SPL corresponding to frg is even
higher than that at fgpr. The average sound pressure level over the entire frequency range
of 0 to 20 kHz is also highest at 57 g/s among the three flow rates (Figure 12b). Pressure
probes at the same cross-sectional plane situated at other azimuthal locations in front of the
blade tips were also found to show very similar trends.
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Figure 13a allows the visualization of the tip leakage flow using relative velocity
streamlines at 57 g/s. The dashed black lines show the locations of the seeding points
from which the streamlines are generated. These seeding points were distributed following
the profiles of the main blade tip surfaces, starting from the inducer all the way to the
exducer. Radially, these seeding points are located midway between the blade tip surface
and the shroud, that is, in the middle of the tip clearance region, while following the
main blade tip surface curvature. Thus, the streamlines generated from these seed points
should follow the tip leakage flow. These streamlines in Figure 13a are colored using
axial velocity, where positive values indicate forward flow into the impeller and negative
values illustrate flow directed out of the impeller toward the inlet duct (consistent with
the convention of Figure 4). Figure 13a shows that at 57 g/s, although the streamlines
originating near the inducer tend to initially move back toward the inlet (corresponding
to red colors) and do spill over the leading edges, they do not move out much further
beyond the inducer plane and become entrained back into the impeller due to the shear
caused by the forward moving core flow. This interaction of the tip leakage flow with the
incoming core flow results in a wavy shear layer at the inducer plane (Figure 13b), and the
associated Kelvin—-Helmholtz instability is possibly a major reason behind the unsteadiness
and pressure fluctuations observed on the same plane. This interaction also gives rise to
several vortical structures near the blade tips, which are identified in Figure 13¢ (marked
by red dashed circles/ovals) using iso-surfaces of A, criterion [42,43], a popular vortex
identification technique. Many of these structures also protrude beyond the inducer plane.
Figure 13b shows that the reverse flow forms distinct pockets around the circumference
near the blade tips. A total of 13 such pockets are observed, which is consistent with the
number of stall cells noted earlier in Figure 11b (number of red /blue blobs) or the number
of vortical structures identified in Figure 13c.

(b)

24 6

60 42
B axial Velocity (m/s)

Figure 13. At 57 g/s: (a) streamlines illustrating tip leakage flow; (b) distribution of instantaneous
axial velocity on plane b; (c) iso-surfaces of ) criterion for an iso-contour threshold of Ay = —8 x 108.
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Radial Vorticity, w, Axial Vorticity, wy Tangential Vorticity, wg

While the shear layer shown in Figure 13b generates circumferential (tangential)
vorticity, the region near the blade tips on plane b is characterized by elevated magnitudes
of all three vorticity components (illustrated in Figure 14), including radial vorticity, which
can aid the circumferential propagation of the stall cells. Note that all the streamlines in
Figure 13a eventually turn in the meridional direction and move out through the exducer.
At 77 g/s, unlike Figure 13a, spillage of tip leakage flow beyond the main blade leading
edges is not observed (Figure 15a). This is because the adverse pressure gradient within
the impeller at 77 g/s is less than that at 57 g/s, and the streamlines for the tip leakage
flow become entrained well within the impeller without creating a wavy pattern on the
inducer plane, as observed in Figure 13a. The corresponding interaction creates dynamic
pressure fluctuations at 77 g/s on planes ¢ and d, albeit to a lesser extent than 57 g/s
(see Appendix B). On the other hand, at 30 g/s, the adverse pressure gradient is much
stronger, and the tip leakage flow smoothly moves out of the impeller back into the inlet
duct without becoming entrained by the forward flow near the inducer plane (Figure 15b).
Thus, rotating stall cells are not observed at the inducer or further within the impeller at
30 g/s. Also note that while the rotating stall is the strongest at 57 g/s, the compressor
efficiency at 57 g/s is much higher than at 30 g/s. Thus, the effect of the inducer rotating
stall on compressor isentropic efficiency may not be highly significant in this case.

—-10,000 30,000 50,000

Figure 14. At 57 g/s and plane b: distributions of (a) radial, (b) axial, and (c) tangential vorticity.

In conclusion, the rotating stall was generated due to the interaction of the tip leakage
flow with the incoming core flow and the associated shear layer instability. It was observed
first within the impeller at the highest flow rate of 77 g/s on planes c and d (2.5 and 5 mm
from the inducer, respectively). The phenomenon grew stronger with a reduction in flow
rate and was the strongest on the inducer plane at 57 g/s, a mass flow rate that is just above
the threshold where the tip leakage flow is able to leave the impeller through the inlet and
create a stream of reversed flow. As the reversed flow is generated with a further decrease
in mass flow rate, the tip leakage flow is no longer entrained back into the impeller at the
inducer by the core forward moving fluid, and due to this lack of interaction (entrainment
of tip leakage flow), inducer rotating stall is no longer observed. This observation of the
inducer rotating stall for a turbocharger compressor being strongest near the peak efficiency
region is unique from the literature perspective.
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Figure 15. Streamlines illustrating tip leakage flow at (a) 77 g/s and (b) 30 g/s.
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4. Conclusions

The salient features of this work are summarized as follows:

Three-dimensional CFD predictions were carried out to study the turbocharger com-
pressor flow field at three discrete mass flow rates of 77, 57, and 30 g/s at a fixed
rotational speed of 80,000 rpm. The three operating points are chosen such that 77 g/s
is the maximum mass flow rate at 80 krpm without any flow reversal; 57 g/s is the
operating point near peak efficiency where the reverse flow from the impeller does
not yet reach the inlet duct walls; and the last operating point, 30 g/s, is a flow rate
where the inlet recirculation is well established within the inlet duct. The predictions
agreed well with measurements from the turbocharger stand, including compressor
performance and efficiency. The velocity distributions from the CFD predictions were
also validated against PIV measurements obtained earlier.

The simulations were thereafter used to analyze the compressor flow field with a focus
on the stall instability. The study identified the parts of the turbocharger compressor
map where stationary and inducer rotating stall phenomena are observed. While
stationary stall cells started forming within the impeller near the peak efficiency point
at 57 g/s, they became more pronounced with further reduction in flow rate and were
not observed at all at the maximum flow condition (77 g/s). On the other hand, the
inducer rotating stall was found even at the maximum flow rate of 77 g/s, which
became most prominent near the peak efficiency point (at 57 g/s) and disappeared at
lower flow rates.

The present work also identifies the locations within the impeller where the stationary
stall cells develop. These stall cells were identified near the shroud exclusively between
the suction surface of the main blades and the pressure surface of the splitter blades.
Axially, these were located between 8.78 mm and 12.5 mm from the leading edges of
the main blades, a region where the axial to radial bend of the shroud starts to become
prominent. With a reduction in the compressor mass flow rate from 77 to 57 and then
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to 30 g/s, the incidence angle at the blade tips increases, and flow separation takes
place from the suction surface of the main blades. The strong adverse pressure gradient
inside the impeller pushes this separated fluid back toward the inlet, leading to the
generation of the reverse flow. A part of the core flow within the impeller cannot
follow the axial to radial bend of the shroud against this adverse pressure gradient
and becomes entrained back toward the inlet by the reverse flow and the tip leakage
flow. This creates a region of low-momentum fluid in the wake of the blockage created
by the strong annular reverse flow pattern, giving rise to the stall cells. These cells also
correspond to regions of low relative total pressure. The non-uniformities or gradients
in the distributions of relative total pressure indicate a possible role of secondary flows
in the generation and orientation of the stationary stall cells.

e  The stationary stall cells occupy a significant portion of the blade passage at 30 g/s,
thereby reducing the effective blade height and the diffusion of the relative flow. They
increase the non-uniformities in the flow field, leading to further flow losses. These
effects are reflected in the deterioration of compressor efficiency at this operating point.

e  The study further revealed the presence of rotating stall cells near the blade tips on the
inducer plane at 57 g/s. These manifested as alternating cells of positive and negative
dynamic pressure, which rotated in the same direction as that of the compressor
wheel at about 45% of the inducer tip speed. These were generated mainly due to
the entrainment of the tip leakage flow by the forward-moving core flow, giving
rise to a wavy, unstable shear layer at the inducer plane along with several vortical
structures near the blade tips. These instabilities were observed to a lesser extent
within the impeller at 77 g/s, about 2.5 to 5 mm from the inducer plane, and were
almost completely absent at 30 g/s. The prominence of the inducer rotating stall at
somewhat higher flow rates is relatively rare, and the present paper illustrates the
mechanism that led to its formation and subsequent disappearance at lower flow rates.

e  The study also characterized how the entropy generation (associated irreversibilities)
within the compressor changes at the three flow rates. The entropy generation was
mainly caused by viscous dissipation and increased in strength with a reduction in
compressor mass flow rate. At77 g/s, it was found to mainly occur within the impeller
near the shroud, with the core flow appearing to be almost isentropic. On the other
hand, at 30 g/s, the entire compressor blade passage showed significant entropy
generation, with the peak still being near the shroud. Irreversibilities were also found
to occur in the inlet duct at 30 g/s within the annular reverse flow region and in the
shear layer between the reverse and forward flows. The interaction of the tip leakage
flow with the blades and core flow, along with the production of reverse flow, are
major sources of entropy generation within the compressor.
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Appendix A. Analysis of Entropy Generation at the Compressor Inlet

This appendix provides a brief discussion of how the irreversibilities at the compressor
inlet vary with respect to flow rate. Since the flow field of a centrifugal compressor is
rather complex with a variety of interacting phenomena like boundary layer separation
and inlet recirculation, secondary flow development due to effects of rotation and blade
curvature, tip leakage flow, and possible shock waves, Denton [44] acknowledged that it
is difficult to distinguish the different sources of losses in a centrifugal compressor (for
example, blade boundary layer loss, endwall loss, tip leakage loss), and thus quantifying
the entropy generation is a popular approach that provides a quantitative estimate of the
net loss [44]. While analyzing the efficiency of any thermal system, it is also important
to account for the second law of thermodynamics as reduced entropy generation implies
increased available work or exergy, and hence a possibility for a more efficient system
design [45,46].

In the absence of shock waves within the impeller, the volumetric rate of entropy
generation (S:,let) mainly has two components—a thermal component (S/t/;le,m) which arises
due to heat transfer under a finite temperature difference, and the second is due to viscous

dissipation (S,:..) [47,48]:
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The first terms in Equations (A2) and (A3) represent the contributions from the mean
flow variables, where T denotes the mean static temperature and S;; denotes the mean
strain rate, and the second terms represent the contributions from the fluctuating variables
with T" and Sfj denoting the fluctuating temperature field and the fluctuating rate of strain,
respectively. The variables k and u denote thermal conductivity and dynamic viscosity,
respectively. Since the RANS turbulence model is not ideally suited for exactly determining
the terms based on the fluctuating components [second terms in Equations (A2) and (A3)],
Kock and Herwig [45] outlined a procedure for modeling these quantities in terms of the
mean flow variables, and thus, Equations (A2) and (A3) can be reformulated as
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where a; is turbulent thermal diffusivity and « is the molecular thermal diffusivity, and
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where ¢ is the turbulent dissipation rate and p is the density.
In the present work, ¢ was evaluated by multiplying the specific dissipation rate w
with the turbulent kinetic energy and «; was evaluated using the eddy viscosity y; available
from the RANS model, along with the assumption of the turbulent Prandtl number Pr;

(A5)

equal to 0.9. Figure Ala—c show contours of S::et [recall Equation (A1)] evaluated using
Equations (A4) and (A5) on an axial plane passing through the center of the impeller
at 77,57, and 30 g/s, respectively. The origin (X =0, Y = 0) for these plots is at the tip of the
compressor nut, and £ > 0 corresponds to the PIV investigation domain consistent with, for
example, Figure 4.
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Figure A1. Entropy generation on an axial plane passing through the axis of rotation of the impeller
at (a) 77 g/s, (b) 57 g/s, and (c) 30 g/s.

The present analysis determined that Stherm was more than two orders of magmtude

smaller than Swsc, and so the distributions of Snet are almost identical to those of SmSC.
Figure Ala shows that at 77 g/s, the entropy generation is highest near the shroud in
the blade passage within the impeller, mostly due to the shear between the tip leakage
flow and the forward core flow. While there is also some entropy generation near the hub

surface, S:;/et is almost negligible for the core flow within the blade passage or upstream in

the inlet duct. At 57 g/s, while the qualitative distribution of S;;Igt remains similar to that
at 77 g/s, the zone with elevated entropy generation within the blade passage penetrates
to lower spans from the shroud in Figure Alb as compared to Figure Ala. This is due to
the generation of a recirculation region near the shroud between the annular reverse flow,
which does not yet reach the inlet duct, and the forward-moving core flow. Also, note that

while the region of high S;;/et near the shroud at 77 g/s is entirely within the blade passage,
at 57 g/s, it slightly extends beyond the inducer plane (¢ = —12.7 mm, also the location of
the inlet step) but does not yet reach the outer glass wall. This is because, at 57 g/s, the tip
leakage flow spills over the blade leading edges trying to move out of the inducer plane
and becomes entrained back into the impeller by the forward flow, giving rise to a wavy
shear layer (recall Figure 13a,b) with vortical structures that slightly protrude beyond the
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tips of the blade leading edges (recall Figure 13c). At 30 g/s, the entire blade passage within
the impeller shows strong entropy generation, with the peak still being near the shroud,
where the tip leakage flow and the reverse flow are concentrated (recall Figure 9). As the
reverse flow moves out into the inlet duct, there is considerable entropy generation near the
periphery of the duct within the reverse flow region and the shear layer between the reverse

and forward flow. For the core flow near the center of the duct, Sl,’,’et is still comparatively
low. If the mass flow rate is reduced below 30 g/s, with the further strengthening of the

annular flow reversal, this region of low S:;/et in the core flow is expected to shrink further
with increasing entropy generation within the compressor, as well as the inlet duct. The
present analyses suggest that the tip leakage flow, its interaction with the blades and the
core forward flow, and the generation of reverse flow within the impeller are major sources
of irreversibilities. Thus, there may be scope for further improvements in impeller design,
including optimizations of the blade curvature, axial to radial bend of the hub and shroud,
inducer blade angle distribution, and tip clearance gap, which can not only reduce the
irreversibilities but also improve compressor performance and isentropic efficiency.

Appendix B. Dynamic Pressure Analyses

Figures A2 and A3 present the dynamic pressure fluctuation on planes a-h (recall
Figure 6) at 77 g/s and 30 g/s, respectively. As compared to Figure 11, stall cells are
observed at 77 g/s on planes c and d, whereas they are absent at 30 g/s.

Dynamic Pressure (Pa)
—2400.0 —800.00 800.00 2400.0 4000.0

Figure A2. Dynamic pressure contours on different cross-sectional planes (a—h) within the impeller
at77 g/s.
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Dynamic Pressure (Pa)
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Figure A3. Dynamic pressure contours on different cross-sectional planes (a—h) within the impeller

at30 g/s.
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