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Abstract: Fatigue design is a compulsory topic in education for several engineering specialties,
particularly mechanical engineering. Textbooks on the design of machine elements have included,
since long ago, the treatment of high-cycle fatigue (HCF) according to a classical theory based on the
pioneering work of many researchers such as Carl Richard Soderberg. Perusing textbooks published
over a long period, as well as comparing current ones, leads to the conclusion that the classical
approach is presented with some differences in many of these textbooks, and this raises the need for
some clarification: what are the consequences of the differences found? The present technical note
addresses this problem, starting by presenting the classical approach, emphasising the variations in
presentation identified, and then making a systematic comparison in order to grade the conservatism
of the several variants found.
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1. Introduction

Throughout the years, the classical approach to design under high-cycle fatigue (HCF)
has been presented in a vast number of publications, particularly machine design text-
books. Notwithstanding the development of many improved models in recent decades,
the classical approach continues to be taught in courses such as machine element design,
and Harris and Jur recall that “the long-taught classical methodology is useful and accurate as
both a design and an analysis tool” [1]. A reason for the popularity of the classical approach
is its expeditious use, as compared with more precise approaches developed in recent
decades. This justifies its continued interest, particularly for preliminary design exercises.
The classical fatigue methodology is widely presented in textbooks, e.g., the 2021 edition of
Budynas et al.’s book (the Shigley treatise) [2], the 2021 edition of Childs’ book [3], and the
2021 book by D’Angelo [4]; in sources more practically oriented such as the 2019 handbook
by Childs [5] and publications by Beswarick [6,7]; and in papers such as [8–10]. It is widely
used in industry, for design as well as for failure analyses, where the interpretation of
failure causes and redesign of failed parts are the objectives to be pursued [11]. Early
presentations of the subject are found, e.g., in the works of d’Isa [12], Hall et al. [13], and
Spotts [14].

Milela [15] and Lee et al. [16] present comprehensive overviews of fatigue and discuss
research on biaxial fatigue as experienced in situations of combined bending and torsion
moments, typical of shafts. State-of-the-art approaches for multiaxial fatigue are discussed
in articles by Papuga et al. [17] and Anes et al. [18], among many other sources of informa-
tion; this is, however, out of the scope of the present technical note, which concentrates on
a particular issue of the classical approach—specifically, the differences found in certain
presentations—and their consequences.

Although multiaxial fatigue and, in particular, shaft fatigue are the object of continued
research efforts, the present work is not focussed on those advances; instead, it is focussed
on the classical approach for design under high-cycle fatigue (HCF), seeking to under-
stand the diversity of presentations found in the literature and to evaluate the relative
conservatism of the different presentations of the topic. This matter is of interest to many
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practitioners worldwide who do apply the classical approach, since it is the approach they
learned in their engineering education; they may eventually be puzzled by the differences
found when consulting the literature.

This technical note is organised as follows: Firstly, a presentation of the classical ap-
proach is made, through extensive reference to the relevant literature, particularly several
textbooks. Since the presentation may differ across several editions of a given textbook,
in certain cases several editions will be explicitly mentioned. Secondly, since the problem
of comparison is best carried out parametrically, graphical presentations of relevant pa-
rameters, such as safety factors, are presented for different relevant combinations of input
parameters, using Matlab R2023a. Finally, conclusions are drawn from the presented analy-
ses.

This work is motivated by the large numbers of practicing engineers who were edu-
cated in fatigue design according to classical formulations. Presentations of the topic in
different sources, however, reveal some differences. The present work gives an analysis
of the differences found and a parametric description of the consequences, particularly as
regards the important question of the resulting safety factors.

This technical note aims to alert designers of machine elements to the differences in
published classical fatigue methodologies for biaxial stress fields and help to evaluate and
compare these approaches, particularly as regards the safety factors involved.

2. Review and Background of the Problem

Throughout the years, the classical approach to design under high-cycle fatigue (HCF)
has been taught in courses on the design of machine elements, notwithstanding the emer-
gence, in the last decades, of a variety of more precise approaches to high-cycle multiaxial
fatigue. The reason for the enduring interest in the classical approach is its ease of applica-
tion, and presently, even in cases where sophisticated approaches should be used for final
design, the classical approach retains its interest for quick preliminary design evaluations.
The classical fatigue approach is the object of interest, namely, for failure analyses, e.g.,
Refs. [1,19], and comparative studies, e.g., Refs. [20,21].

Fatigue behaviour is a vast area of science and technology, involving consideration
of the initiation and propagation of damage and final failure. The present technical note
concentrates on design for HCF using the classical approach. Textbooks such as that of
Shigley with its many editions (now under the authorship of Budynas and Nisbett) [22,23]
and Childs [3,5,24], among others such as [25,26], present the topic of classical fatigue
design with a focus on design of machine elements.

As regards standards, the ANSI/ASME B106.1M:1985 standard [27] was withdrawn
in 1994; nevertheless, some organisations continue to use it as a standard; see [28]. It does
not prescribe safety factor (n) values but gives advice: the greater the uncertainties and the
cost of failures, the greater n should be. This technical note, being concerned with safety
factor comparisons, will mention some recommendations from the literature at the end of
this section.

The equation of the straight line commonly known as Soderberg’s criterion is

σa

Se
+

σm

Sy
=

1
n

(1)

where σa and σm are amplitude and mean stress, Sy is yield stress, Se is fatigue strength
under load ratio R = −1, and n is the safety factor. In the above expression, no explicit
reference is made to the parameters influencing fatigue behaviour, such as surface charac-
teristics and especially stress concentration; in the present technical note, these effects are
supposed to be accounted for in the value of Se. In this way, a clearer presentation of the
effects of nominal stresses will be possible. Soderberg’s criterion (Equation (1)) is known as
conservative in the sense that the straight line connecting fatigue strength (in the vertical
axis) with yield strength (in the horizontal axis) may be distant from actual experimental
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fatigue fracture data points. Equation (1) is written for normal stresses but can be used for
shear stresses, with relevant shear endurance and yield strengths.

Childs presents the following approach for shaft fatigue design in the second edition
of Mechanical Design [24]. Consider the cross-section of a rotating shaft, where there is a
bending moment and constant torsion moment. The equation for determining the diameter
for a solid shaft, based upon fatigue considerations, is

d =

32n
π

·

√(
M
Se

)2
+

3
4

(
T
Sy

)2
1/3

(2)

The above equation is commonly known as an ASME equation (e.g., Childs [3]). It is
simple to identify the origin of that equation, through the following steps:

Sy

n
=

32
πd3 ·

√(
Sy M

Se

)2
+

3
4

T2 =

√(
Sy

Se
· σa

)2
+ 3 · τ2 =

√(
σ

eq
st

)2
+ 3 ·

(
τ

eq
st

)2
(3)

Equation (3) represents the von Mises criterion for this situation, where normal stress
σ is cyclic with R = −1 and shear stress τ is constant. Under the root sign of the last line of
Equation (3), there are two summands: the first is the equivalent static normal stress, and
the second is, by its nature, static (in the sense that it is not a function of time). Recall that
multiplying Equation (1) by Sy leads to

Sy
σa

Se
+ Sy

σm

Sy
=

Sy

n
= σ

eq
st = σm +

Sy

Se
· σa (4)

In the above case, σm = 0 (no normal/axial force is assumed); as regards shear stress,

τ
eq
st = τm +

SSy

SSe
· τa (5)

with, in this case of constant torsion moment, τa = 0, i.e., τ
eq
st = τ and SSy being the shear

yield stress and SSe the shear fatigue strength. As mentioned above, it will be assumed
hereafter that stress concentration effects and other relevant parameters affecting fatigue
behaviour (e.g., surface finish) are accounted for in the value of fatigue strength (Se or SSe).

Soderberg presents in [29] an analysis of fatigue under biaxial stress, which requires
the consideration of a volume element in the shaft surface where stresses resulting from
bending and torsion are higher. He considers a cut of that element by a plane whose normal
makes an angle, α, with the shaft axis direction and considers the use of Equation (1) for
the shear stress state in that plane, using the equivalent Tresca stress. After due analytical
manipulation—see [29]—the resulting equation is

y =

[
σm sin(2α) + 2τm cos(2α)

Sy
+

σa sin(2α) + 2τa cos(2α)

Se

]−1
(6)

with the safety factor (n) for a given combination of σa and τm being the minimum of
function y(α). A concise presentation of the approach is also given in a subsequent paper
by Soderberg [30].

Shigley presents in [22,31] a graphical interpretation of Soderberg’s analytical formu-
lation. As mentioned before, this is based upon the stress analysis of a volume element of
the surface of a rotating shaft subjected to constant bending and torsion moments. In that
surface element, the shear stress components ταa and ταm in a plane characterised by angle
α are determined. It is found that, when plotted in a coordinate system with mean shear
stress ταm along the horizontal axis and alternating shear stress ταa along the vertical axis,
the values of ταa and ταm define a quarter of an ellipse. Consider a x, y cartesian coordinate
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system and an ellipse with semi-axes a along x (axis of mean shear stress) and b along y
(axis of alternating shear stress):

x2

a2 +
y2

b2 = 1 (7)

Consider the straight line y = mx + c defined by the points (x = 0, y = SSe/n) and (y = 0,
x = SSy/n), which is tangent to the ellipse

y = − SSe
SSy

x +
SSe
n

(8)

But a tangent to an ellipse is

c = ±
√

a2m2 + b2 → SSe
n

= ±

√√√√a2

(
− SSe

SSy

)2

+ b2 (9)

In this problem, a and b are shown to be a = 16T/πd3 and b = 16M/πd3 ([22,31]);
therefore,

SSe
n = ±

√
a2
(

SSe
SSy

)2
+ b2 → SSe

n = ±
√(

16T
πd3

)2( SSe
SSy

)2
+
(

16M
πd3

)2

d3 =

√
n2

S2
Se

[(
16T
πd3

)2( SSe
SSy

)2
+
(

16M
πd3

)2
]
→ d =

{
16n
π

[(
T

SSy

)2
+
(

M
SSe

)2
] 1

2
} 1

3 (10)

Recall that Ssy and Sse are shear strengths. From the Tresca criterion, Sse = Se/2 and
SSy = Sy/2,

d =

32n
π

[(
T
Sy

)2
+

(
M
Se

)2
] 1

2


1
3

(11)

The above result (Equation (11))—presented, e.g., in [22]—could be obtained directly,
using the concept of equivalent static stress. If the von Mises criterion was used, the
above result would have the form of Equation (2), also presented in the ANSI/ASME
B106.1M:1985 standard [27] among many other literature sources.

For a shaft subjected to a combination of steady torque T and alternating bending M,
Equations (2) and (11) give the von Mises- and Tresca-based fatigue dimensioning. For
shafts, recall the relationships σ = 32 M/πd3 and τ = 16 T/πd3.

Let us now recall the generalisations of those studies (e.g., Ref. [22] using the Tresca
criterion or Refs. [8–10] using the von Mises criterion). The generalisation is

d =

32n
π

[(
Ta

Se
+

Tm

Sy

)2
+

(
Ma

Se
+

Mm

Sy

)2
] 1

2


1
3

(12)

which, if Ta and Mm are null, becomes Equation (11). It is interesting to check the relation-
ship between Equation (12) and the concept of equivalent static stress (Equations (4) and
(5)), assuming Sy/SSy = Se/SSe and using the Tresca criterion:

σeq

2
=

Sy

2n
=

√√√√√σm +
Sy
Se

σa

2

2

+

(
τm +

SSy

SSe
τa

)2

leads to Equation (12), thus demonstrating its origin.
Once some basic aspects of classical fatigue design have been recalled, it matters to

examine the safety factors involved. From Shigley [22], “. . . The methods discussed give
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reliable and conservative results when appropriate factors of safety are used. They can be used for the
great majority of shaft-design problems. . .”. In this reference the formulation “when appropriate
factors of safety are used” seems vague and warrants further examination.

Safety factor (n) values are not prescribed in the withdrawn standard ANSI/ASME
B106.1M:1985 [27], but it recommends that n should be considerably higher than 1 if there
are great uncertainties and the consequences of failure are serious.

According to Zahavi [32], “. . . the ASME equation for transmission shafting [Equation
(11), possibly rewritten to include also a constant axial load] is as conservative as the original
Soderberg diagram [. . .] and, in spite of the acknowledged conservative results, it is widely used in
machine design. . . .”.

As mentioned previously, in the 2019 edition of [5] Childs suggests safety factor values
for shaft design; quoting verbatim,

“1.25 to 1.5 for reliable materials under controlled conditions subjected to loads and
stresses known with certainty,

1.5 to 2.0 for well-known materials under reasonably constant environmental conditions
subjected to known loads and stresses,

2.0 to 2.5 for average materials subjected to known loads and stresses,

2.5 to 3.0 for less well-known materials under average conditions of load, stress, and
environment,

3.0 to 4.0 for untried materials under average conditions of load, stress, and environment,
and

3.0 to 4.0 for well-known materials under uncertain conditions of load, stress, and
environment”.

The above considerations were already included in earlier books by that author, e.g.,
in 2004, [24].

In 2021, Childs [3] states that “. . .. The ASME [. . .] design code for the design of transmission
shafting (ANSI/ASME B106.1M-1985) provided an approach but was suspended in 1995 by the
ASME as improved understanding and more sophisticated methodologies have become available
allowing more precise modeling. The ASME procedure aimed to ensure that the shaft is properly
sized to provide adequate service life . . .” and then recalls that the designer must attend to other
aspects as stiffness, vibration, misalignment, etc., but those other considerations are out of
the scope of the present technical note. Later on, “. . . As noted, the ASME design code has now
been suspended, but this equation is included here due to its relative simplicity, and usefulness on
occasion to provide a starting estimate for a shaft diameter. It should be noted that [Equation (2)]
tends to underestimate the diameter required . . .”.

The above excerpts concerning safety factors are sufficient to show that a variety of
comments concerning safety factors may be found, sometimes expressing contradictory
statements, which does not facilitate the task of the designer looking for an expeditious
preliminary design.

3. The Problem

What is then the problem addressed in this technical note? The problem consists of
an ambiguity in the implementation of the reasoning expressed in the previous sections,
as regards the way to consider the amplitude and mean values of normal stress (σa, σm)
and of shear stress (τa, τm). The procedure involves consideration of an equivalent stress,
based upon the Tresca or von Mises criterion. Bending moments, torsion, and eventually
axial loads must frequently be considered in shaft design, whereby amplitude and mean
values of normal and shear stresses must be calculated for the critical region of the shaft.
Following the classical presentation (e.g., textbooks such as D’Angelo’s [4] and papers such
as [8,10]), the definition of equivalent static stresses as in Equations (4) and (5), leads to the
already-presented Equation (12) (using the Tresca criterion).
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However, a different sequence is found in the literature, firstly by calculating σa
′ and

σm
′ as follows (again in the case of the Tresca criterion),

σa
′ =

√
σ2

a + 4τ2
a ; σm

′ =
√

σ2
m + 4τ2

m (13)

and, only afterwards, by using the Soderberg diagram as follows:

1
n
=

σa
′

Se
+

σm
′

Sy
(14)

A similar approach, using an elliptic equation instead of Equation (14), was adopted
by AGMA for its standard procedure for the fatigue design of shafts [33]. Some other
presentations include alternative criteria for the consideration of mean stress effects, as
Goodman, Gerber and others have, but for conciseness this technical note uses the Soder-
berg criterion only. In the case of the Tresca criterion, this leads to (see, e.g., Childs ([3,5])
and Budynas and Nisbett [23])

d3 =
32n
π

[
1
Se

(
M2

a + T2
a

) 1
2
+

1
Sy

(
M2

m + T2
m

) 1
2
]

(15)

which is to be compared with the previously obtained Equation (12), repeated here for
convenience:

d3 =
32n
π

√(
Mm

Sy
+

Ma

Se

)2
+

(
Tm

Sy
+

Ta

Se

)2

As a summary of the present section, we note that Equation (1) is a key feature of
the classical analysis. The question here is as follows: at which point of the analysis does
it intervene? In some presentations, it intervenes in the stage of defining the equivalent
static σ and τ (e.g., Equation (12)). In other presentations, it intervenes only after amplitude
and mean equivalent stress have been characterised (as was the case in Equation (15)).
Clearly, Equations (12) and (15) are different, and the engineer perusing the literature to
find a prompt answer to dimensioning may not be aware of this diversity. Experimental
data evaluate the accuracy of any criterion. However, for these two widely published
approaches, the aim of the present technical note is to evaluate how different they are, and
which one is more conservative. In the first approach, Equation (1) (Soderberg’s equation) is
used to derive the equivalent normal and shear stresses, which are subsequently combined
according to the von Mises or Tresca criterion, whereas in the second approach, the von
Mises or Tresca criterion is used first to calculate alternating and mean normal stresses,
and only afterwards, Equation (1) is used. The current technical note aims to clarify the
consequences of this difference. This is a question of great practical interest, given the
possible differences in the safety factors involved. The answer to this question is given
through a parametric analysis performed using Matlab, as follows.

4. Parametric Analysis and Discussion

Again, stress concentration and the many other parameters that influence the fatigue
behaviour will not be taken into account in the following analysis and are assumed to be
accounted for in the value of Se. This analysis seeks to identify, ceteris paribus, the influence
of the fatigue model used, i.e., Equation (12) vs. Equation (15). Recall that stresses are
the variables considered, and everything else is assumed constant. In terms of stresses,
Equation (12) becomes

n =

[√
σ2

m + 4τ2
m

S2
y

+
σ2

a + 4τ2
a

S2
e

+
2(σaσm + 4τaτm)

SySe

]−1

(16)
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and Equation (15) becomes

n =

[
1
Se

√
σ2

a + 4τ2
a +

1
Sy

√
σ2

m + 4τ2
m

]−1
(17)

Both previous equations were derived using the Tresca criterion. When using the von
Mises criterion, instead of Equation (16) we have

n =

[√
σ2

m + 3τ2
m

S2
y

+
σ2

a + 3τ2
a

S2
e

+
2(σaσm + 3τaτm)

SySe

]−1

(18)

and instead of Equation (17) we have

n =

[
1
Se

√
σ2

a + 3τ2
a +

1
Sy

√
σ2

m + 3τ2
m

]−1
(19)

To evaluate the consequences of these differences, several cases were studied using
Matlab. In order to cover a variety of relevant situations, several combinations of loads
were considered, with special interest dedicated to those leading to values of safety factors
approximately within the 1 to 3 range, where the consequences of differences are deemed
more critical. Table 1 indicates the combinations analysed: C means constant, and V means
quasi-continuously varying.

In Figures 1–3, the von Mises criterion was used.
The data for Case I are σm = 0, 50, or 100 MPa; σa varying from zero up to 300 MPa; τa

= 0 MPa, τm = 100 MPa, and the assumed material properties Se = 250 MPa and Sy = 350
MPa.

Table 1. Load combinations examined.

Case I Case II Case III Case IV

σm, [MPa] C—three values:
0, 50, 100

C—three values:
0, 25, 50 V C—0

σa, [MPa] V C—100 C—100 V

τm, [MPa] C—100 C—50 C—50 C—100

τa, [MPa] C—0 V C—three values:
0, 25, 50 C—0

Se, [MPa] C—250 C—250 C—250 C—250

Sy, [MPa] C—350 C—350 C—350 C—two values:
300, 400

Figure 1 shows, for this idealised situation, the safety factor obtained using both
approaches. Clearly, in the region of interest (i.e., a safety factor greater than 1), the
approach of Equation (18) [22] returns a higher safety factor, indicating that the approach of
Equation (19) is more conservative because—for exactly the same circumstances (boundary
conditions)—it associates with a lower safety factor. The greater conservativeness of
Equation (19), in this example, is observed looking at the maximum σa value for which the
safety factor is ≥1; the figure indicates that Equation (19) is more restrictive.

For the assumed material properties previously used, Figure 1d shows the relative
difference, defined as

relat.diff. = (n1 − n)/n1 (20)

where n is the safety factor for Equation (19) and n1 is the safety factor for Equation (18),
both derived using the von Mises criterion. In this case, after reaching a peak, the relative
difference shows a decreasing value as σa increases.
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Figure 1a presents the case of a rotating shaft with constant bending and torsion
moments, i.e., σm = τa = 0, a case often found in industrial practice. Equation (2) (which is
the relevant particular case of Equation (18)), giving the higher safety factor in Figure 1a, is
frequently found in the literature, including the ASME standard [27]. Figure 1a highlights
that the alternative procedure, Equation (19), leads to more conservative assessments since,
for the same circumstances, the safety factor is lower.
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properties Se = 250 MPa and Sy = 350 MPa are assumed. As seen in Figure 2d, the relative
difference in safety factors shows a decreasing value as τa increases (with a very minor
exception of σm = 50 MPa, which is rather irrelevant because it already occurs in the region
of n and n1 < 1).

Again, assuming the material properties Se = 250 MPa and Sy = 350 MPa, Figure 3
presents Case III, with τm = 50 MPa, σm varying from zero to 250 MPa, σa = 100 MPa, and
τa = 0, 25, or 50 MPa.
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Figure 3. Case III of Table 1. Effect of σm on safety factor: comparison between Equations (18) and
(19) (von Mises).

In Cases II and III (Figures 2 and 3), the safety factors given by Equation (18) (n1) and
Equation (19) (n) tend to be approximately equal as the load increases. When safety values
lower than one are reached (which is, of course, a situation without practical interest), n is
almost identical to n1. As in the previous cases, the relative difference in safety factors tends
to decrease with increasing loading (which, in this case, means increasing τa). Again, a
very minor exception is found for τa = 50 MPa, which is rather irrelevant because it already
occurs in the region of n < 1).

Figure 4 deals with the situation where σm = 0 MPa with τa = 0 MPa and τm = 100
MPa, corresponding to a rotating shaft subjected to constant torsion and bending moments,
in the absence of axial load. As a consequence, the stress ratio for σ is R = −1. In the
analysis, σa varies from 0 to 250 MPa. Two values of yield strength were considered: 300
and 400 MPa (Case IV).
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Figure 4. Case IV of Table 1. Effect of yield stress Sy on safety factor: comparison between Equations
(2) and (19) (von Mises).

It is interesting to compare the influence of using the Tresca or von Mises criterion in
the evaluation of the safety factor; recall Equations (16) and (18). This was performed for the
following case: σm = 0, σa = 100 MPa, τa = 0, τm varying from 25 to 225 MPa, Sy = 350 MPa
and Se = 250 MPa, as presented in Figure 5.
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Figure 5. Influence of using the Tresca or von Mises criterion on the safety factor, for the case σm = 0,
σa = 100 MPa, τa = 0, τm varying from 25 to 225 MPa, Sy = 350 MPa and Se = 250 MPa.

As mentioned before, Soderberg presents in [30] an analysis of the biaxial problem,
which requires consideration of a volume element in the shaft surface (where stresses
resulting from bending and torsion are higher). He considers a cut of that element by
a plane whose normal makes an angle α with the shaft axis and considers the use of
Equation (1) (now written in terms of shear stresses and strengths) for the shear stress state
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in that plane, using the equivalent Tresca stress. The resulting Equation (6) was mentioned
before. In that equation, the safety factor is the minimum of function y. In a previous
paper [29], the approach is thoroughly explained.

For the case σm = 0, σa = 100 MPa, τa = 0, τm varying from 25 to 225 MPa, Sy = 350
MPa and Se = 250 MPa, Figure 6 presents the function y(α) for several values of τm (50, 100,
and 150 MPa). The minimum of each curve is the safety factor for the case considered. The
values correspond exactly to the points of the Tresca curve of Figure 5.
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procedure [29] (Tresca criterion).

The work of Soderberg is widely mentioned in the technical literature, and the ba-
sic Equation (1) is universally known [34]. Ref. [30] is also included in an ASME book
compiling design data [35]. The very recent (2023) inclusion of [29] in the ASME Digital
Library makes it easily available now. As we saw before, the same content of Soderberg’s
paper [29] is presented by Shigley with a different (graphical) presentation, possibly simpler
to follow [22,31].

We saw that some references state that the ASME approach to biaxial loading may
be conservative (as the uniaxial Soderberg criterion clearly is); see Zahavi [32]. This is
denied, e.g., by Childs [3], who states that the ASME approach—Equation (1)—“. . . tends
to underestimate the diameter required”. The diversity of opinions suggests that the classical
approach should be used in more conservative formulations, and in any case, they should
be taken as preliminary studies, reserving a more precise, detailed analysis using state-of-
the-art methodologies, if advisable, for a subsequent final study.

5. Concluding Remarks

Introductory courses of the design of machine elements always include some treatment
of fatigue design for shafts, which is, in its initial steps, a typical case of biaxial stress
analysis. Although in recent decades several advanced criteria were developed to deal
with that fatigue design problem, those introductory presentations are mostly based upon
the use of some criterion to account for mean stress (Soderberg, Goodman, or other), the
Tresca or von Mises concept of equivalent uniaxial stress, and a consideration of mean and
alternating components of normal and of shear stresses. These considerations are typical
parts of all textbooks on the design of machine elements. In those circumstances, two
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approaches to fatigue design in biaxial stress situations, both widely found in the literature,
were compared in this technical note.

One approach consists of first (i) using the Soderberg line criterion to calculate a static
equivalent to the normal stress and a static equivalent to the shear stress and (ii) finally
use those equivalent normal and shear stresses in the Tresca or the von Mises criterion.
The other approach involves (i) the calculation of mean and amplitude values of normal
stress and of shear stress, (ii) the subsequent calculation of the equivalent Tresca or von
Mises normal mean and alternating stress, and finally (iii) the use of the Soderberg line
criterion, as presented in recent editions of Childs’ or Shigley’s books, for example. Under
the same conditions (i.e., material properties, manufacturing conditions, loads, geometry,
and dimensions), the second approach reveals lower safety factor values and is therefore
more conservative than the first approach. This observation is of relevance in design for
fatigue strength using the classical method as presented in the many sources of information
currently available. Further work involving dedicated experiments may further elucidate
this matter, but the results presented in this technical note, comparing the factor of safety
implicit in two approaches, are of interest to practitioners seeking to achieve higher safety
factors when designing according to the classical procedure.
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Nomenclature

d diameter
M bending moment
Ma amplitude of bending moment
Mm mean value of bending moment
n safety factor
n1 safety factor
R load ratio (max load/min load)
Se endurance limit (R = −1)
Sse shear endurance limit (R = −1)
Ssy shear yield strength
Sy yield strength
T torsion moment
Ta amplitude of torsion moment
Tm mean value of torsion moment
σ normal stress
σa normal stress amplitude (alternating normal stress)
σm mean value of normal stress
τ shear stress
ταa alternating shear stress in a plane characterised by angle α

ταm mean value of shear stress in a plane characterised by angle α

τa shear stress amplitude (alternating shear stress)
τm mean value of shear stress
Acronyms
AGMA American Gear Manufacturers Association
ANSI American National Standards Institute
ASME American Society of Mechanical Engineers
CEMA Conveyor Equipment Manufacturers Association
HCF high-cycle fatigue
NASA National Aeronautics and Space Administration
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